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ABSTRACT

In air-cooled heat exchangers, air-side thermal resistance is usually the largest compared to
conduction and liquid-side thermal resistances. Thus, reducing the air-side thermal resistance
with fin-like structures can greatly improve overall cooling performance. The performance of
these structures is usually characterized by the rate of heat which can be transferred and the
pumping power required. One promising solution is to use a high-thermal-conductivity material
with a large surface per unit volume such as carbon foam. This study presents a method of
utilizing V-shape corrugated carbon foam. The air-side heat transfer coefficient and the pressure
drop across the foam have been investigated using different V-shape foam geometrical
configurations obtained by varying its length and height. Based on design considerations and
availability, the foam length has been chosen to be 25.4, 38.1 and 52.1 mm while its height is
4.4, 6.8 and 11.7 mm, resulting in nine different test pieces of foam with different heights and

lengths.

A total number of 81 experiments were carried out and results show that of the nine V-shape
configurations, the foam with the shortest length and tallest height gives the best performance.
Experimental results are also compared with the results of prior work using different carbon
foam geometries. It is shown that V-shape corrugated carbon foam provides higher heat transfer

coefficient and better overall performance.

Numerical method is performed next. The effect of the foam length and height on thermal and
hydraulic performance is demonstrated and discussed. There is excellent agreement between

numerical and experimental results. An analysis is also made to better understand the transport
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phenomena that occur within the porous matrix. For laminar flow of air, one of the findings is
the high heat transfer effectiveness of the foam which means a foam thickness of 1 mm or less is

sufficient for heat transfer enhancement for air speed of up to 4 m/s.

To demonstrate the feasibility of using carbon foam, an analytical case study of carbon foam heat
exchanger was performed and compared to traditional heat exchanger with the same heat load.
Results show that a volume saving of up to 55% can be obtained by using carbon foam instead of

traditional aluminum fins.

Another attractive carbon-based material is the highly oriented pyrolytic graphite (HOPG) which
has an in-plane thermal conductivity of about 1700 W/m.K and an out-of-plane k of about 8
W/m.K at room temperature. HOPG is a graphite material with a high degree of preferred
crystallographic orientation. HOPG can be very useful in thermal applications when axial
conduction is critical and needed to be minimized as in recuperators used in cryocoolers and
compact power generation. Also, an analysis of HOPG for micro-channel applications shows
that the high in-plane thermal conductivity of HOPG, which is far greater than that of copper and
aluminum, allows a taller height for the micro-channel. This translates to an increase in the heat

flux removal rate by two to three times.
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CHAPTER ONE: INTRODUCTION

Air as a cooling medium is preferred in electronics cooling because it is convenient and readily
available. However, since air has a low thermal conductivity and therefore a low heat transfer
coefficient (HTC), it can be very challenging for researchers and designers to reduce air-side
thermal resistance of heat exchangers and improve their thermal performance in many practical
applications. Reducing the air-side thermal resistance can be achieved by increasing the heat
transfer effectiveness with a fin structure made of a highly conductive material protruding from
the air-side surface. Recently, carbon foam has gained great interest due to its excellent thermal

characteristics.

Carbon foam is one of the materials recently developed by Oak Ridge National Lab. (ORNL) for
heat transfer enhancement. @ The foam has excellent thermal properties (bulk thermal
conductivities of up to 180 W/m.K). This is the first repeatable foam with bulk thermal
conductivities of greater than 50 W/m.K, and the process was licensed to Poco Graphite under

the trade name PocoFoam™ [1].

The pore size of PocoFoam™ ranges from 0.275 to 0.35 mm and its bulk density is between
200-600 kg/m’ [2]. Carbon foam has several distinct advantages over the more traditional
metallic foams such as those made from aluminum. For example, the effective thermal
conductivity of typical carbon foam is in the range 40—180 W/m.K [1], whereas the effective
thermal conductivity of typical aluminum foam is between 2 and 26 W/m.K [3]. The high

effective conductivity of carbon foam, coupled with an open, interconnected void structure with



porosity (75-90%) that yields a large internal surface area per unit volume (5000—50,000 m%/m”),

makes carbon foam an attractive material for air cooling [3].

The effect of metal foams in heat exchangers has been studied in significant details. Mancin et
al. [4] studied thermal and hydraulic performance of five copper foam specimens with different
pore size and porosities. A comparison study based on global and interstitial heat transfer
coefficient was conducted to identify the best foam specimen among the tested group. Chein et
al. [5] studied copper foam heat sinks coated with silver using electroforming with different
porosity, pore density, permeability, and inertial coefficient and compared their thermal and
hydraulic performance with plate-fin and pin-fin heat sinks. As a result, copper foam shows

better performance as compared to standard plate-fin and pin-fin heat sinks.

Aluminum is preferred in electronics cooling because it is light and has relatively high thermal
conductivity. Similar to copper foam, Kim et al. [6] studied heat transfer characteristics of
aluminum foam heat sink and compared their results with a conventional parallel-plate heat sink
with the same size. Results showed that the heat transfer enhancement of aluminum foam heat
sink is 28% or higher than the conventional heat sink. Another comparison between a porous fin
made of 6101 aluminum-alloy and a conventional louvered fin was done by Kim et al. [7]. Their
results showed that the two types of fins have similar thermal performance with the louvered fin

showing a little better performance.

Sertkaya et al. [8] compared thermal and hydraulic performance of aluminum foam (three
different pore sizes) with aluminum fin (three different spacing) using a cross flow heat
exchanger. They concluded that aluminum fin has better heat transfer characteristics as well as

2



lower pressure drop. They claimed that the heat transfer performance is better for the fin than

the foam due to the poor thermal contact between the foam and its substrate.

The air-side heat transfer performance and the pressure drop was investigated by Garrity et al.
[9] for three carbon foam samples. The performance of the three foam samples was compared
with conventional multi-louvered fins. They assumed that the air-side thermal resistance is the
dominant thermal resistance. Performance of samples were evaluated based on the coefficient of
performance (COP, defined as the ratio of the total heat rate removed to the electrical input of the
air blower), compactness factor (CF, defined as the total heat rate removed per unit volume), and
power density (PD, defined as the total heat rate removed per unit mass). Their results showed
that carbon foam samples provide a significant improvement in CF but the COP and PD are

considerably lower than those for conventional multi-louvered fin heat exchangers.

Convective heat transfer coefficient in a channel with different geometries of carbon foam was
experimentally and numerically studied by Leong et al. [10]. Foam geometries tested are block
solid foam (BLK), zigzag foam (ZZG), and baffle foam (BAF). Their results showed that the
solid block foam has the best heat transfer performance at the expense of high pressure drop.
However, they claimed that their proposed configurations could achieve relatively good

enhancement of heat transfer at moderate pressure drop.

Williams and Roux [11] investigated various air cooled base plate channel designs for an array
of generic power amplifier modules. In their study, graphite foam and a micro-fibrous material
were used as mini-heat exchangers to cool the power amplifier modules. Different foam
geometries were tested such as zigzag, U-shape corrugation, and inline PocoFoam. All

3



geometries showed an improvement over the empty channel cooling. They concluded that the
zigzag PocoFoam provides the most improvement in heat transfer coefficient among all other

configurations.

Wu et al. [12] compared thermal and hydraulic performance of a V-shape corrugated carbon
foam, of dimensions of 51x51x19 mm, with the U-shape corrugated carbon foam, pin finned, and
solid carbon foam geometries reported in [1]. PocoFoam with porosity of 75% was used. They
demonstrated that the V-shape geometry is an attractive heat sink for electronics and aerospace
applications. Lin et al. [13] studied the U-shape corrugated carbon foam with wall thickness of
2.5 and 3 mm, they found that about 95% of the heat can be transferred to the fluid (air) within 4

mm of the foam thickness when the average air speed is 4 m/s.

Assessment of the heat sink performance based on thermal characteristics alone is not desirable
because pumping power is also crucial in the selection of heat sink. It is important to keep the
ratio of the heat transfer rate from the heat sink to the pumping power near a maximum while

taking into account other design and selection considerations.

Vanka and Stone [14] discussed different methods to evaluate the improvement in the
performance of several configurations of plate-fin heat exchangers. They provided a
comprehensive review of how to judge and compare the effectiveness of these geometries. One
of these methods was established by Soland et al. [15]. They chose the volumetric heat transfer
coefficient (hy) as a performance parameter to assess the heat transfer process. Pumping power

per unit volume (P/V) was chosen as a pumping power performance parameter.



Due to its high thermal conductivity [1] and high surface area to volume ratio [3], carbon foam is
an attractive material for air-side thermal resistance reduction consideration. V-shape corrugated
carbon foam appears to be a very attractive solution for thermal management [12]. Therefore,
there is a need for more studies to investigate the effect of geometrical parameters on thermal

and hydraulic performance and to exploit this geometry in thermal applications.

In this study, thermal and hydraulic performance assessment of nine V-shape corrugated carbon
foam pieces is introduced. Comparison of performance of the nine V-shape corrugated carbon
foam geometries and the six foam geometries described in [9, 10] will be established. We will
show that the V-shape corrugated carbon foam is a promising geometry which can achieve high

heat transfer coefficient with minimal pressure drop.

Many numerical studies were carried out in order to gain better understanding of the transport
phenomena in porous media. Vafai and Kim [16] mentioned that numerical results based on
Brinkman-Forchheimer extended Darcy equation have been shown to agree well with
experimental results. The equation accounts for boundary layer growth and macroscopic shear
stress, as well as microscopic shear stress and microscopic inertial force. it is also very effective
for studying the motion of the fluid in the region, which is partially filled with porous medium
and partially filled with a regular fluid. This implies that this equation well describes the relation
between parameters of momentum transport through porous media when a free fluid flow is in

the neighborhood.

There are two energy transport models proposed in the literature. The first model is the local
thermal equilibrium (LTE) model where the fluid temperature (T¢) and the solid temperature (Ts)

5



are assumed to be equal and there is only one energy equation. The second model is the local
thermal nonequilibrium (LTNE) model where two distinct temperature fields within the porous
matrix exist. The fluid temperature and the solid temperature are solved by using two distinct

energy equations. The validity of LTE model was discussed in [17-20].

The assumption of LTE may not be valid for high speed flows or high permeability porous media
in which the fluid to solid interaction time or surface area, respectively may not be large enough
to bring the temperature of the fluid and solid phases close enough for LTE to be a reasonable
assumption [17]. Experimental validation of numerical models requires measurement of the
porous matrix temperature. Thermocouple is used to measure only one temperature which is a
temperature between the fluid and solid temperatures. From that prospective, it is more
appropriate to use the LTE model to describe the temperatures field rather than solve for the

solid and fluid temperatures separately and then average them [18].

Kaviany [19] and Mohamad and Karim [20] mentioned that if there is a significant heat
generation occurring in the solid or fluid phase and when the temperature at the interfacial
surface changes significantly with respect to time, then the solid and fluid phases could be far

from the local thermal equilibrium (LTE).

Fluid flow and heat transfer interfacial boundary conditions between the free fluid and the porous
matrix were studied by Alazmi and Vafai [21]. The configuration used in their study is fluid
flow between a porous medium and solid boundary kept at constant temperature. LTE condition
is assumed. Five fluid flow boundary conditions and four heat transfer boundary conditions,
from literature, are summarized and discussed. The effects of Reynolds number and porosity on

6



different types of interface conditions are analyzed. They concluded that results of velocity field,
temperature field and Nusselt number are quite close for all of the fluid flow and heat transfer

models however, small discrepancies could appear for cases where Reynolds number is small.

Numerical study of pressure driven laminar flow of air of uniform inlet velocity and uniform
inlet temperature inside a pipe or channel was established by Mohamad [22]. The conduit is
subjected to constant wall temperature and fully or partially filled with porous medium. The
effects of porous layer thickness on the rate of heat transfer enhancement and pressure drop are
investigated. In his study of energy transport, LTE is assumed based on a previous study of the
author [20] which revealed that the thermal equilibrium assumption is valid as long as there is no
heat generation in the fluid phase or in the solid phase. Moreover, a few tests done using LTNE
assumption and results are not that sensitive to the nonequilibrium condition. Results showed
that the inertia term of the momentum equation, has a significant effect on Nusselt number, but it
is not clear that the correlation of the inertia term is valid for a highly porous. Results also
showed that the heat transfer rate increases by increasing the thickness of the porous material
inside the conduit on the expenses of having higher pressure drop. The optimum thickness of the
porous material or radius ratio is found to be 0.6, where the heat transfer can be enhanced with a

reasonable pressure drop. LTE will be assumed in the numerical part of this study.

Pavel and Mohamad [23] experimentally and numerically investigated the effect of aluminum
porous media inserted in a pipe on the rate of heat transfer and the pressure drop where LTE
model is assumed. The porous media consists of commercial aluminum screens of wire diameter

0.8 mm, density 2770 kg/m’ and thermal conductivity 177 W/m’K, with different outer



diameters and then inserted on steel rods. Twelve different configurations are obtained by
varying the screen diameter and the distance between two adjacent screens. Pressure driven air
flow is allowed into a pipe partially or fully filled with this porous media. The pipe is subjected
to constant uniform heat flux. They studied the effect of porosity, diameter of the porous
diameter, thermal conductivity and Reynolds number (1000 — 4500), on Nusselt number and the
pressure drop. The conclusion is that the heat transfer enhancement can be achieved with larger
diameter screens whose diameters approach the diameter of the pipe. For a constant diameter of
the porous medium, further improvement can be achieved using a porous insert with a smaller

porosity and higher thermal conductivity.

Alazmi and Vafai [24] investigated the effect of variances from literature on constant porosity,
variable porosity, thermal dispersion, and local thermal nonequilibrium (LTNE) models on the
transport process in porous media contained within parallel plate channel. The channel is
subjected to constant heat flux or constant wall temperature boundary conditions. They showed
that the effect of these variances on the presented models is significant on the velocity field and

negligible on the temperature field and Nusselt number.

Alazmi and Vafai [25] studied the effect of variable porosity, thermal dispersion and LTNE on
the characteristics of transport process for free surface flow through porous media. Parameters
such as Reynolds number and the pore diameter are also used to quantify the significance of
these effects. Results show that variable porosity has a significant effect only in the

neighborhood of the solid boundary where no slip condition occurs.



Betchen and Straatman [26] studied the fluid flow and the heat transfer in a block of carbon foam
with variable porosity in the transverse direction to the primary direction of water flow. The
foam base is maintained at constant temperature. LTNE energy equations are used in their
analysis. Results showed that only foam pieces with large porosity variation significantly affects
the heat transfer for flow at relatively high Reynolds number. They found that superior thermal
performance can be achieved by locating the more porous side of the foam adjacent to the heated

surface, resulting in a significant increase in the rate of heat transfer.

Analysis of transport phenomena in porous media is introduced in literature. The analytical
solution is compared to numerical result and closed form solution if any. Analytical
investigation of forced convection flow through a channel subjected to constant uniform heat
flux and filled with a porous media was performed by Marafie and Vafai [27]. Analytical
solutions are obtained for both fluid and solid temperature fields including the effect of various
parameters such as thermal conductivity ratio of fluid to solid, and inertia coefficient (cf). The
analytical solution is compared to the exact solution of LTE model available in the literature as
well as the analytical solution for the LTNE model based on Darcian flow field (no inertia term).
It is demonstrated that the inertia coefficient (Cr) have a small role in determining the validity of

LTE model.

Haji-Sheikh and Vafai [28] analyzed the problem of fluid flow and heat transfer through
channels of different geometries, subjected to constant uniform wall temperature, filled with
porous material. The geometries used in their analysis are parallel plate channels, circular tubes

and elliptical passages with different aspect ratios. Modified Graetz problem based on



Brinkman’s model is introduced. Results are compared to results from another numerical study

based on the method of weighted residuals.

Solid carbon foam has excellent thermal characteristics at the expense of poor hydraulic
performance, namely high pressure drop. Recently, there have been great interests of how to
take advantage of thermal benefits of carbon foam while overcome its drawbacks. One of the
ideas is to change the foam geometry in such way it will keep the same thermal performance and
reduce the pressure drop. Experimental and numerical investigation of fluid flow and heat
transfer in a channel filled with different configurations of graphite foams were carried out by
Leong et al. [10]. Foam geometries tested are block solid foam (BLK), zigzag foam (ZZG), and
baffle foam (BAF). LTNE was assumed and the numerical code is validated by results obtained

from [21].

DeGroot and Straatman [29] proposed a numerical LTNE model for computing fluid flow and
heat transfer with general unstructured, nonorthogonal grids. The major contribution of their
model is its ability to use nonorthogonal grids to discretize complex geometries without affecting
the robustness of the model and having any significant increase on the computational time. They
demonstrated the efficiency of their model on a V-shaped corrugated carbon foam which is

presented by [12].

Due to its high effective thermal conductivity, solid carbon foam has the potential to achieve
excellent heat transfer performance however, the high pressure drop performance is a restriction
on the way of achieving an ideal heat sink. The V-shape corrugated carbon foam can achieve
even better thermal performance with less pressure drop [1].
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CHAPTER TWO: CARBON FOAM EXPERIMENT
Experimental Set-up and Procedure

The experimental setup is shown in Figure 1. Air flows from the reservoir of a reciprocating
compressor through an air hose to a set of four rotameters, OMEGA FL series 2035, 2060, 2061
and 2071, which are connected in parallel to air flow channel. As shown in Table 1, the
rotameters have different full scale values. The maximum accuracy of the air flow measurement
can be achieved by choosing the appropriate rotameter for each run. A single rotameter can be

isolated using manual control valves attached in series to each rotameter as shown in Figure 2.

|
T
T
i
nihn
i

1. Reciprocating compressor 8. AirChannel

2. AirReservoir 9. Mesh screens

3. Hand valve 10. Pressure taps

4. Valve with water separator 11. Testsection

5. Measurement board 12. Thermocouples

6. Rotameters 13. Data Acquisition system
7. Differential pressure gage 14. Personal computer

Figure 1. Schematic of Test Apparatus
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Figure 2. Air volume flow rate measurements a. Frontal view b. Top view

Air enters the air channel from an air hose attached to the side of the channel. It then passes
through two mesh screens (100x100 openings per linear inch, 38.1 mm apart) to ensure a good
distribution of air in all directions. Three sets of the screens with three different heights were
used based on channel and foam heights (4.4, 6.8 and 11.7 mm). A DWYER 167-6 pitot tube,
described in Table 1, was used to verify a good air distribution. Air then flows through a channel

50 mm wide and 38 cm long with three different heights as mentioned before. The 38-cm entry

12



length prior to the test section is provided to ensure a fully developed flow before the test

section. Finally, the air exits from the test section to the atmosphere (pam.). The maximum

uncertainty in the volume flow rate measurements is £10.3% and the average uncertainty is

+5.1% (Appendix A).

Table 1. Measurements and Instrumentation

Experiment Flow range
parameter Instrument Model # (SCFM), Accuracy
Rotameter (R1) OMEGA FL-2035 0.15-1.5 +3% of F.S
Flo Rotameter (R2) OMEGA FL-2060 0.5-5 +3% of F.S
W Rotameter (R3) OMEGA FL-2061 1-10 +3% of F.S
Rotameter (R4) OMEGA FL-2071 3-25 +2% of F.S
Model # Size (mm) Insertg)r?mlgength
Velocity Pitot tube Dwyer 167-6 3.2 152
Model # Rated(\c)\eg) acity Length (mm)
Power Cartridge heater CSH102100/120 100 51
Model # Range (Pa) Accuracy
Differential . .
- 4109
pressure Gage (digital display) Dwyer DM-1108 2491 1% of F.S

Nine different foam geometries with different lengths and heights were tested for their heat

transfer and pressure drop characteristics. Foam lengths were chosen to be 25.4, 38.1 and 52.1

mm and heights to be 4.4, 6.8 and 11.7 mm. These nine foam geometries are listed in Table 2.

Foam wall thickness of 2.5 mm was chosen based on previous work done by Wu et al. [12] and

Lin et al. [13]. The test section consists of the V-shape corrugated carbon foam attached on the

surface of copper block with the same foot print. The different foam geometries and test sections

are shown in Figure 3.
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Figure 3. V-shape carbon foam geometries and test section
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Two cartridge heaters, OMEGA CSH-102100/120 of 100 watt capacity each, shown in Table 1,
are inserted perpendicular to the flow direction in the middle plane of the copper block for the
foam pieces of length 25.4 and 38.1 mm, while three cartridge heaters are inserted in the case of
52.1 mm long foam pieces. Silver-based adhesive material, Pyro-Duct 597A, was used to reduce
the contact resistance between the foam and the copper surface as well as maintaining a good

bond between foam and copper.

Table 2. Foam geometries

. Width Height x Length V-shape vertex # of free Wall thickness
Configuration

(mm) (mm) angle (degrees) channels (mm)
Fl1 50 11.7x25.4 3.76 4 2.5
F2 50 6.8x25.4 3.76 4 2.5
F3 50 4.4x25.4 3.76 4 2.5
F4 50 11.7x38.1 2.26 4 2.5
F5 50 6.8x38.1 2.26 4 2.5
F6 50 4.4x38.1 2.26 4 2.5
F7 50 11.7x52.1 1.66 4 2.5
F8 50 6.8x52.1 1.66 4 2.5
F9 50 4.4x52.1 1.66 4 2.5

Thirteen T-type thermocouples with an average bead diameter of 0.4 mm and average length of
40 cm were used for temperature measurement. The standard method of thermocouple
calibration was performed (Appendix B). The maximum uncertainty in the temperature
measurements is £0.1°C (Appendix A). Two thermocouples located at 51 mm before the inlet to
the test section were used to measure the temperature of the air upstream while four
thermocouples located 2 mm after the test section (Figure 4) were used to measure the
temperature of the air downstream. The maximum difference in the measured air temperature at
outlet is 1.2°C. Four thermocouples were planted 1.5 mm below the copper surface to measure

the average surface temperature of the copper as shown in Figure 4. The maximum difference in

15



the measured temperature of the copper surface is 0.2°C. Two thermocouples were inserted 0.5
mm above the thermal adhesive layer to measure the foam base temperature (Ty). The

maximum difference in temperature measurement between them is 1.4°C.

The average inlet air temperature (Ty;) is the room temperature which ranges from 20.8 to
22.8°C. The Inlet pressure to the test section is the sum of the atmospheric air plus the pressure
drop across the foam (Ap). The average temperature of the inlet air, outlet air and foam base for

a representation of test matrix (F6, 4.4x38.1 mm) is shown in Table 3.

Two pressure taps 10.2 cm apart were installed at 25.4 mm before the inlet to test section. A
DWYER DM-1108 differential pressure gage, described in Table 1, was used to measure the
pressure difference between upstream and downstream. The calibration of the differential
pressure gage is shown in Appendix B. The maximum uncertainty in differential pressure

measurements is +17.2% and the average uncertainty is +10.7% (Appendix A).
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(Four Thermocouples)
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Figure 4. Temperature measurements

A Keithley multimeter/data acquisition system (integra series, model 2700) was used to acquire
data from thermocouples from all measurements points. Cold junction compensation was done
by simulating the cold junction electronically which was stored in the DAQ for T-type
thermocouple. The Model 2700 uses the ITS-90 inverse function coefficients for the polynomial
to calculate thermocouple temperature. The heaters were powered by a variable AC power
supply which enables the control of the voltage input to the heaters and consequently the power

input.



Table 3. Representation of test matrix and uncertainty analysis for (F6)

Ap V Th Ty Tho HTC UAp UV Uy Qin Qloss
Foam #
(Pa) (/s) (C) (O (O (WmK) %) %) % W) (%)
145 02 545 213 529 201 17.2 10.3 6.3 12.7 28
E 270 05 443 213 437 290 9.2 4.9 6.4 12.7 0
o 750 0.8 343 213 34.1 510 33 3.2 6.4 12.7 7
%5 1045 1.0 316 212 314 642 2.4 7.6 6.5 12.7 6
& 1655 1.2 293 21.1 293 808 1.5 6.1 6.6 12.7 6
N 2350 1.5 278 21.1 27.8 987 1.1 5.1 6.7 12.7 7
° 1.7 268 21.0 26.7 1156 4.3 6.8 12.7 8
20 259 209 257 1353 3.8 6.9 12.7 12

Experimental procedures, described as follows, were repeated for each run:

1. Ensure all rotameter valves are closed then open the main air supply valve.

2. Decide which rotameter will be used for measurements based on the highest
measurement accuracy and open the valve slowly until the float reaches the desired flow
position.

3. Turn on the heater power supply and adjust the input voltage to the heaters to the desired
value of the input power.

4. Keeping rotameter level constant, take measurements of all temperatures and differential
pressure every 10 minutes until steady state is reached. Steady state is reached when
measurements are the same for three consecutive measurement times.

5. Save results of this run and prepare for the next experiment by varying the rotameter, the
rotameter float level and/or the heater input voltage to the desired value and repeat

procedure number 4 and 5.
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Calibration of flow meters and differential pressure gage were conducted before starting the
experiments (Appendix B). Rotameters were calibrated using McMillan mass flow sensor

(model 50s, 0-50 //min) and differential pressure gage was calibrated using a U-tube manometer.

The heat transfer coefficient is defined in Equation 1 based on the difference between the
average foam base temperature and the average inlet air temperature.
Q

HTC=————— 1
Ap. (T, — Tpi)

Uncertainty propagation analysis was conducted as described in [30]. Table 3 shows a sample of
the test matrix with corresponding measurements, calculations, and uncertainty analysis. The
maximum uncertainty in the heat transfer coefficient was found to be +7% and the average

uncertainty is £6.5%. All uncertainty calculations are based on the 95% confidence level.

19



Results and Discussion

A total number of 81 experiments were carried out with different air face velocities
(0.7 — 9 m/s) and heat fluxes of (0.5 — 2 W/cm?). Table 2 shows the nine V-shape corrugated
carbon foam pieces which were tested using different heat fluxes applied to the bottom of the
foam and different upstream air velocities. A sample test result for F6 and the uncertainty of the
measurements are given in Table 3. We aim to show thermal and hydraulic performance of the
V-shape corrugated carbon foam. Thermal performance of the foam is assessed by the heat

transfer coefficient. Hydraulic performance is assessed by the pressure drop (Ap).

The performance of turbomachines is usually provided as the relation of the pressure drop, input
power and efficiency as function of the volume flow rate. Thus we found it more useful to plot
the performance parameters of the foam (pressure drop and the heat transfer coefficient) as a
function of the air volume flow rate rather than the average air velocity. This enables the reader
to estimate what the performance of the foam would be when coupled with a given fan or

blower.

The relation between the volume flow rate of the air and the heat transfer coefficient at different
foam heights with the same foam length is shown in Figure 5. For the same volume flow rate,
the velocity is inversely proportional to the foam height (same as channel height). The heat

transfer coefficient is higher for the shorter foam height because the air velocity is higher.
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Figure 5. Effect of foam height on thermal performance

Figure 6 shows the relation between the volume flow rate of air and the heat transfer coefficient
for different foam lengths with the same height. At a fixed inlet air velocity and heat load, the
variation of the base temperature for all foam pieces is small. The base area of the foam is
proportional to the foam length and the heat transfer coefficient is inversely proportional to the
base area of the foam as illustrated in Equation 1. For the same heat load, temperature difference

and air velocity, the shorter the foam length, the higher is the heat transfer coefficient.
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Figure 6. Effect of foam length on thermal performance

Hydraulic performance of the foam is of interest because it determines the pumping power
required to convect the heat away from the surface. The pressure drop across the foam (Ap) can

be characterized as:

1. Pressure drop through variable area channel with porous walls (Ap;).

2. Pressure drop across the foam walls (Ap;).
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Air flowing across the V-shape corrugated carbon foam experiences the two pressure drops (Ap;
& Ap,). The total pressure drop (Ap) along a streamline is the sum of the two components since
they can be considered as two flow resistances connected in series. Since the mass flow rate of
air in one flow passage varies due to the mass transfer through the porous walls, air flow through
the variable area channel could encounter different flow regimes: laminar, transition, and

turbulent.

Figure 7 shows the relation between the volume flow rate of air and the pressure drop across the
foam for different foam heights with the same foam length. For the same volume flow rate of
air, the shorter the foam height the higher the pressure drop which is attributed to higher air flow

velocity.

Figure 8 illustrates the relation between the volume flow rate of air and the pressure drop across
the foam for different foam lengths with the same foam height. It is somewhat surprising that the
total pressure drop across the foam decreases slightly with increasing the foam length. As air is
forced to penetrate the foam wall of thickness of 2.5 mm, the local filtration velocity (v¢)
crossing the foam wall decreases with increasing foam length since longer foam length means
that the wall has larger overall surface area for the air to penetrate the foam. At a given air
volume flow rate, as the foam length increases, the air filtration speed decreases. It appears that
(Apz) drops more than the increase in (Ap;) resulting in the total pressure drop characteristics
shown in Figure 8. There is a competing action between the two pressure components Ap; and

Apz.
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Figure 8. Effect of foam length on hydraulic performance

Garrity et al. [9] examined air-side heat transfer performance and pressure drop three carbon
foam samples L1A, L1 and D1, manufactured by Kopper Inc., with pore sizes of 0.5, 0.6 and
0.65 mm, respectively. The three carbon foam samples were modified by machining 80
cylindrical holes, 6.7 mm apart with diameter of 3.2 mm in the flow direction, as shown in

Figure 9. The bulk densities of the modified carbon foam samples are 284, 317, and 400 kg/m’
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respectively with porosity based on the flow passage of 0.166. The overall dimension for each of

the three foam samples is 15.24x15.24x2.54 cm.

L1A-500um pore diameter [9] BLK - Block foam [10]

D1 -630um pore diameter [9] BAF - Baffle foam [10]

Figure 9. Foam configurations used for comparison with V-shape corrugated carbon foam
(Redrawn from references)

Leong et al. [10] studied the thermal and hydraulic performance of three geometries of
PocoFoam with porosity of 72.8%. The three geometries are block foam (BLK), zigzag foam
(ZZG) and baffle foam (BAF), as shown in Figure 9. All foam configurations have the same

external dimensions of 50 x 50 x 25 mm.

Williams and Roux [11] tested three foam configurations for thermal management of power

amplifiers. The tested geometries are inline, U-shape corrugated, and zigzag. All samples are
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made of PocoFoam with porosity of 75%. The cooling channel was 65.3 mm wide and 3 mm

height. Their measured pressure drop is very high (order of magnitude of 20 kPa).

Different criteria of choosing the appropriate length scale have been selected in [9-11]. In this
study, the length scale used is the hydraulic diameter of the test channel as defined in Equation 2
therefore; recalculation is necessary for comparison. The width of the flow channel is W, its

length is L and with height H.

4A. 2W.H

d = =
b= p, T (W+H)

Figure 10 shows a comparison between the F1 geometry of the V-shape corrugated foam and
other foam geometries. The pressure drop across the F1 geometry is less than BAF, ZZG and
BLK geometries. The pressure drop of L1A, L1 and D1 geometries is small because there are
holes all the way down to the end of the foam. Although air is forced to go through the 2.5-mm
thick porous wall of the F1 configuration (11.7x25.4 mm) the corresponding pressure drop is

comparable to that of L1A, L1 and D1 geometries.

The heat transfer coefficient is highest for F1 geometry of the V-shape corrugated foam. It is
somewhat surprising that heat transfer coefficient is even higher than that of the solid foam. This
was explained in [12] and is due to better incoming air distribution in the V-shape corrugated
foam over the heater section, and the fact that the solid foam needs only 4 mm in length to
complete 95% of the heat exchange with the incoming air when the average air speed is at 4 m/s

or less [13]. This short effective heat transfer length distance is due to its high thermal
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conductivity and the small pore size (0.3 mm).

worse is the average heat transfer coefficient.
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Figure 10. Comparison between V-shape corrugated foam and other foam geometries
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Therefore, the longer the solid foam length, the

The performance of carbon foam geometries can be assessed by the rate of heat transfer from the

heated surface per unit temperature difference (HTC.Ap) with a specified fluid power.
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greater the ratio of the amount of the heat transfer rate per unit temperature difference that can be

rejected to the fluid power is, the better is the foam performance.

To compare and judge the fifteen different foam geometries, we need to eliminate any
geometrical dependency from the pressure drop and the heat transfer coefficient. Soland et al.
[15] introduced the volumetric heat transfer coefficient and fluid power per unit volume as
performance parameters which are defined in Equations 3 and 4. This volume V is defined as

the gross volume of the protruding surface (V=W.H.L).

HTC. A,
P _V.Ap A
vV VvV

Figure 11 shows the relation between the volumetric heat transfer coefficient and the fluid power
per unit volume for the nine foam geometries (F1 to F9) as well as the other foam geometries
(BAF, ZZG, BLK, L1A, L1 and D1). In general, the V-shape corrugated carbon foam shows the
best volumetric heat transfer coefficient for the same fluid power per unit volume. This is
because of the small values of pressure drop across the foam which is attributed to its small wall
thickness (2.5 mm). This small wall thickness of the foam is sufficient to provide an efficient

heat transfer process which leads to high heat transfer coefficient.

There is more than 220% enhancement in the volumetric heat transfer coefficient of the V-shape
corrugated carbon foam when compared to BAF, ZZG and BLK geometries. The enhancement

1s 40% compared to L1A, L1 and D1 geometries.
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Figure 11. Volumetric HTC vs fluid power per unit volume

The fifteen geometries (F1 to F9, BAF, ZZG, BLK, L1A, L1 and D1) are introduced to enhance
the heat transfer rate from flat surface exposed to a gas. Air is used as the working medium and
since the operating temperature ranges in all these experiments are about the same, we can ignore
variation in fluid properties. The relationship between the effectiveness of a heat exchanger (&)
and number of transfer units (NTU), defined in Equations 5 & 6, is monotonic. Therefore, using
NTU as a comparison criterion is appropriate to compare and judge the thermal performance of
the foams. To incorporate the effect of the fluid power, we use the ratio of NTU to the fluid

power as defined in Equation 7.
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The relation between the ratio of NTU to the fluid power with the average air velocity (U) for all
foam geometries is shown in Figure 12 At the same air velocity, all nine V-shape corrugated
carbon foam geometries show a higher NTU per unit fluid power when compared to BAF, ZZG,

BLK, L1A, L1 and D1 geometries.

There is at least 600% enhancement of the ratio of NTU to the fluid power of the V-shape
corrugated carbon foam when compared to BAF, ZZG and BLK geometries. The enhancement

1s 200% when compared to L1A, L1 and D1 geometries.
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Figure 12. NTU per unit fluid power at different average air velocities

32



Conclusion

Thermal and hydraulic performance of the V-shape corrugated carbon foam was investigated.
Nine different configurations of the foam were tested with respect to their height and length. A

total of 81 test conditions were reported.

It was demonstrated that carbon foam is a very effective heat transfer medium because the heat
exchange with air flowing through the foam can be accomplished within a small distance. From
the performance point of view, a V-shape corrugated carbon foam of shortest length and tallest

height gives the best combination.

V-shape corrugated carbon foam shows better performance when compared with other foam
configurations. The benefit of using the V-shape corrugated carbon foam is the ability to obtain
high ratio of the heat transfer rate to the fluid power required to remove the heat. In general, V-
shape corrugated carbon foam shows at least a 40% increase in the volumetric heat transfer
coefficient at the constant fluid power per unit volume. The foam also can achieve at least 200%
increase in the ratio of NTU to the fluid power when compared to other foam geometries at the

same air velocity.
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CHAPTER THREE: CARBON FOAM SIMULATION AND ANALYSIS
Numerical Method

The four geometries of the V-shape corrugated carbon foam under study are illustrated in
Figure 13 and described in Table 4. The effect of the length and the height of the geometry on
the transport process was studied numerically and experimentally verified with respect to fluid

flow and heat transfer parameters.

Figure 13. Geometry under study
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Table 4. Foam geometries

. Width Height x Length V-shape vertex #of free ~ Wall thickness
Configuration

(mm) (mm) angle (degrees) channels (mm)
A 50 11.7x25.4 3.76 4 2.5
B 50 6.8x25.4 3.76 4 2.5
C 50 6.8x38.1 2.26 4 2.5
D 50 6.8x52.1 1.66 4 2.5

The computational domain of any of these geometries can be divided into two domains, as
shown in Figure 14: The free air flow domain, which consists of an empty channel occupied by

air and the porous matrix domain, which consists of carbon foam and air.

Free air flow

68

Porous matrix

o

Figure 14. Computational domain
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Finite Element Method (FEM) is used to solve for velocity, pressure and temperature fields in
the computational domain using COMSOL Multiphysics software. The governing equations are
as follows:

Free Air Flow
Continuity Equation

A steady flow of air with laminar condition occurs in the computational domain. The air density
is function of temperature and pressure both of which varies with the position (x,y,z). Therefore,

the variation of density has been taken into account and the continuity equation would be:

V.(pv) =0 8
Momentum Equation

The air is assumed to be Newtonian fluid and the air flow doesn’t experience any volume force
and the air dynamic viscosity is function of its temperature which changes with the position, the

momentum equation therefore is:

p((v.V)v) =V [—p + (Vv + (V)T — g(v. v)I)] 9
Energy Equation

In the present analysis, the variation in air thermal conductivity due to temperature change has
been considered. With the assumption that the viscous dissipation term is neglected, the energy

equation is:

pcpv. VT = V. (kVT) 10
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Porous Matrix
Continuity Equation

Through the porous matrix, the air velocity is called Darcy velocity or the filtration velocity (vy)
and the air density is affected by the change in pressure and temperature. Therefore, the

continuity equation is:

V.(pve) =0 11
Momentum Equation

The flow in porous media is governed by Brinkman-Forchheimer-extended Darcy equation [16]
in which, the porosity appears in the convective acceleration term, the momentum diffusion term
and the component of the normal stress. Adding the pressure drop from Darcy law and

Forchheimer drag, the momentum equation is:

2
g((Vf. V) %) = —Vp + V. [g {(VVf + VVfT) - § (V Vf)I}] - %Vf - BFVfZ 12

3.5
v150.¢3

Cs.

ke

where By (Forchheimer coefficient) = & Cs (inertia coefficient) =

=

Energy Equation

The air flow is laminar and the filtration velocities as well as the average inlet air velocities are

2. The air flow is

limited to 4 m/s. The permeability of the porous matrix (K) is 1.5x10° m
steady and no heat generation occurs in the solid or fluid phase. Under these conditions, the LTE
model is valid [17, 19, 20]. In this study, LTE condition is assumed and the temperature field in

the energy equation describes the temperature of the porous matrix. Viscous dissipation term is

neglected and the energy equation is:
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pcpVe. VT = V. (KegVT) 13

where the effective thermal conductivity is defined as:

keff = (1 - S)ks + Skf 14
Boundary Conditions

The symmetry of the geometry allows reducing the size of the computational domain eight times,
as shown in Figure 14, which allows reducing the computational time. Laminar flow of air
enters the computational domain with an average of velocity (U) and the bottom is maintained at
constant temperature (Tg) as shown in Figure 15. The boundary conditions used to solve this
problem is tabulated in Table 5 and shown in Figure 15. At the interface between the two
domains, continuity equation must be maintained along the interface, in other words, the mass
flow rate of air enters the interface must be equal to the mass flow rate of air that leaves the
interface. The air temperature and the shear stress are chosen to be continuous at the interface

for both domains [16, 21].

Table 5. Boundary conditions

Symbol Definition Parameter Value
a Inlet Average velocity (U) 0.71 up to 4 m/s
b Outlet Pressure 0
c Wall Velocity 0
d Symmetry A.VT & 1.Vv 0
e Temperature Temperature (Ty;, Tp,) 295 up to 334.4K
f Outflow A.vT 0
g Thermal Insulation A.VvT 0
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Figure 15. Boundary conditions
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Problem Setup and Solution Procedure

Mesh independent solution has been verified for each of the four geometries, A, B, C and D
where the number of mesh elements is 736K, 832K, 880K and 921K. The mesh of any of these
geometries consists of tetrahedral, triangular, edge and vertex elements. The quality of an
element is a value between 0 and 1, where 0 represents a degenerated element and 1 represents a
completely symmetric element. The higher the quality of the mesh element the faster the

convergence is. The average element quality for all geometries is 0.77.

The solution of the equations that governs the transport process of air was started by solving the
continuity and momentum equations with coarse mesh to use the results of velocity and pressure
fields as an initial guess. The next step is to solve for velocity and pressure fields with refined
mesh. The process of mesh refinement was repeated until a mesh independent solution is
reached. Then solving the energy equation coupled with the continuity and momentum
equations to reach the final result of velocity, pressure and temperature fields. Convergence was

considered to be achieved when the solver iterates until a relative tolerance of 107 is fulfilled.
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Numerical Results and Discussion

The post-processing of the numerical data for the foam pieces A, B, C and D focuses on two
parameters. First, the pressure drop across the foam which varies with the foam length and
height. The pressure drop is of interest since it determines the pumping power required to flow
the air through the foam therefore, it is desirable to have the least pressure drop though the foam
to maintain the minimum pumping power. The pressure drop across the foam (Ap) can be

characterized as:

a. Pressure drop through variable area channel with porous walls (Ap;).

b. Pressure drop across the foam walls (Ap»).

Air flowing across the V-shape corrugated carbon foam experiences the two pressure drops (Ap;
& Ap,). The total pressure drop (Ap) along a streamline is the sum of the two components since
they can be considered as two flow resistances connected in series. If laminar air enters the
computational domain, it was found that the air flow in the converging part of the free air flow

domain has to be laminar too.

Second, the heat transfer coefficient which determines the heat rate that can be rejected from unit

base area (Ayp) with unit temperature difference between the base and the air inlet.

Carbon foam has anisotropic physical and thermal properties. Since the maximum height of the
foam pieces under study is 11.7 mm therefore, it is reasonable to assume that the foam has
constant porosity of 0.75, which is given by [10, 11, 31]. Thermal conductivity of carbon foam
is a distinct anisotropic thermal property. The effective thermal conductivity of the foam in the

growth direction of the graphite (kegr) is 180 W/m.K while it is 40 W/m.K in the plane
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perpendicular to the growth direction [1]. The permeability of the foam with air (K) is 1.5¢° m’

while as the inertia coefficient (cy) is 0.44 [32].

Figure 16 shows the numerical results and experimental data for the relation between the average
inlet air velocity and the pressure drop for different foam lengths with the same foam height (B,
C and D). There is a good agreement between numerical results and experimental data. It is
somewhat surprising that the total pressure drop across the foam decreases slightly with
increasing the foam length. As air is forced to penetrate the foam wall of thickness of 2.5 mm,
the local filtration velocity (v¢) crossing the foam wall decreases by increasing foam length since
longer foam length means that the wall has larger overall surface area for the air to penetrate the

foam. The uncertainty in pressure measurement equals to £1% of the full scale value (+ 25 Pa).
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Figure 16. Effect of foam length on hydraulic performance
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Figure 17 shows the relation between the average inlet air velocity and the pressure drop for
different foam heights with the same foam length (A and B). As expected, changing the height
of the foam does not affect the pressure drop. The uncertainty in pressure measurement equals to

+1% of the full scale value (+ 25 Pa).
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Figure 17. Effect of foam height on the hydraulic performance

It is reasonable to say that the base temperature of a heat sink reflects its efficiency of removing
the heat at a same working conditions such as geometry, air velocity and heat load, so the closer
the difference between the base temperature of the heat sink and the air inlet temperature, the
higher the heat transfer coefficient is. From this prospective, the overall heat transfer coefficient
(HTC) is defined based on the difference between the foam base temperature (Tg,) and the inlet

air temperature (Ty;) as follows:

43



Qe 15
Ap. (T, — Tpi)

In some cases under study (B, C and D) where the foam height is 6.8 mm, the air temperature

HTC =

approaches the foam base temperature at the exit section of the porous matrix, which means that
the air picked up all the heat that it can to and the effectiveness (ef) in such cases is at least

98.8% as shown in Table 6.

Table 6. Numerical results

U Tbo Tﬂ, €r
Geometry

(m/s) X X) %
071 339.4 339.6 99.6
1.49 324.9 325.0 99.4
B (6.8x25.4 mm) 226 316.9 317.1 99.2
2.89 312.4 312.5 99.0
3.60 308.3 308.5 98.8
0.71 336.7 3368 99.7
1.49 3228 322.9 99.6
C (6.8x38.1 mm) 226 315.1 3153 99.4
2.89 310.8 3109 99.3
3.60 306.9 307.0 99.1
0.71 335.6 3357 99.7
1.49 3225 322.6 99.6
D (6.8x52.1 mm) 2.6 315.2 3153 99.5
2.89 311.1 3112 99.4
3.60 307.4 307.5 99.3
0.87 3365 3373 98.2
1.68 321.9 322.8 96.6
A (11.7x25.4 mm) 251 3133 314.4 94.5
4 306.5 307.5 92.0

The boundary condition at the foam base is constant temperature which is measured in the
experiment. The validation of the constant foam base temperature model is done by comparing
the total heat rate transferred to the air from experiment and that from numerical results using the

following equation:
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Q = mcy(Tyo — Thi) 16

1
where T,; = 295K & m = ff pvdA & Ty, = ff pc,vTdA

Exit area Exit area

The relation between the average inlet air velocity and the overall heat transfer coefficient for
different foam lengths with the same foam height is illustrated in Figure 18. At a fixed inlet air
velocity and heat load, the variation of the base temperature for all foam pieces is a little, as
illustrated in Table 6. The base area of the foam is proportional to the foam length therefore; the
base area ratio of the foams B, C and D is 1:1.5:2.05. The overall heat transfer coefficient is
inversely proportional to the base area of the foam. For the same heat load, temperature
difference and air velocity, the shorter the foam length, the higher is the overall heat transfer
coefficient. The maximum uncertainty in the overall heat transfer coefficient calculation equals

+7%.
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Figure 18. Effect of foam length on thermal performance

Figure 19 shows the relation between the average inlet air velocity and the overall heat transfer
coefficient at different foam heights with the same foam length. There is an enhancement in
overall heat transfer coefficient of the foam by increasing its height which is attributed to the
increase of the mass flow rate of air at the same air velocity therefore, an increase in the heat
transfer rate at the same foam base temperature as illustrated in Equation 16. The maximum

uncertainty in the overall heat transfer coefficient calculation equals +7%.
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Figure 19. Effect of foam height on thermal performance
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Analvtical Method

Due to the open, interconnected void structure of the carbon foam, the flow through it can be
considered as flow in minichannels connected in parallel. The minichannels have variable cross-
section area therefore, the air velocity changes. Although the velocity changes along the flow
path of air but the mass conservation has to be maintained. As a result, the average flow velocity
through the foam can be defined as the filtration velocity (vy) that satisfies the conservation of

mass for a predefined area and fluid condition.

As air flows inside the minichannel, it picks up heat from the surface. After traveling a distance
(x) on the order of several foam pore size (d, = 300 pm), the air is able to pick more than 99% of
the heat from the surface. This allows the air temperature to approach the surface temperature of

the foam.

For the foam pieces B, C and D, the effectiveness of the minichannel and the foam (e, and €¢
respectively) are more than 98.8% as proven by numerical analysis and experiment, it is
reasonable to assume that the foam base temperature (Tg) equals to the minichannel surface
temperature at a given height (Tg) and equals to that of exit air from the minichannel. From the
energy balance applied to the air inside the minichannel at a given air flow rate; the average

overall heat transfer coefficient (HTC) can be calculated as follows:

mc, (Ty, — Ty Ao c .W.H.c H
HTC = p(Tho b1)=<P c p)U:(p—p>U=p.cp.(—>.U 17
Ay. (Tp, — Tyi) Ay W.L L

We assume that the minichannels have a constant diameter (dn) equals to half the pore size of the

Tbx—Thi

. Control
Tes—Thi

carbon foam (d, = 300 um). The effectiveness of the minichannel is €, =
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volume analysis on the air inside the minichannel defines the bulk air temperature distribution

inside the channel as follows:

_ _ P-X-Hi
(Tfs Tbx) —e <mm.cp> =1- €m 18
Tt — T

where h; is the average interfacial heat transfer coefficient, based on the logarithmic mean
temperature difference after distance (x) from the inlet, for the entrance and the fully developed
regions combined [33] (Equation 19), P is the wetted perimeter, x is the distance measured from
the inlet section to the minichannels and m,, is the mass flow rate of air through one
minichannel.  The temperature dependency of Nusselt number which appears in the
theromphysical properties of air (p, Pr, u and ps), can be taking into account by referring to

numerical and experimental results.

) 3 Nu > 3.66
—  hpd Re.Pr 0-14
Nu = —— = 1.86. (#) ) 0.6 < PJ <5 ,combined regiems 19
S

k @ 0.0044 < (u_s) <9.75

Nu = 3.66, fully developed

Conservation of mass on the air provides the filtration velocity (v¢) in terms of the average inlet

air velocity (U) as illustrated in Equation 20.

. p.W.HU
iy = ————=p-Vra

_Rav-V* _ Ray.LpHt Rpy.LeH

a,  mdyt  mdy

W.H.U W.H.U 4.W.U W.U

Ve = = = =

f= Tha, (RAV. Ly. H) (G.az) Rav Led,  Lee 20

md, /\4°m
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where W and H are the foam width and height respectively, a. is the cross-sectional area of one
minichannel, as is the surface area of one minichannel, n is the total number of minichannels, t is
the foam thickness, Ray is the surface area to volume ratio of carbon foam, Ly is the total length

of the corrugated foam wall and V is the volume of the foam.

The air volume in the porous matrix is the same as in the minichannels therefore, the

minichannel diameter (dy,) is related to the surface area to volume ratio of carbon foam (Rav) by:

. RAv.Lf.H.t TC 2
Ve = n.ac.t— Lf.H.t.S = (Trﬂ)(_dm)t

Rav-dym = 4e & eis the foam porosity = 75% 21

The average interfacial heat transfer coefficient based on the logarithmic mean temperature

difference (Hi) and the average interfacial heat transfer coefficient based on (Tgg — Ty;) (1_1;“ ) are

related by:
_ Tox — Tpi .
h;. -I)\(—_Tl = h{. (Tgs — Tp;)
ln( fs bl)
Tfs - Tbo
_ _ €
h! = h;. —ml 22
In (1 - em)
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Analytical Results and Discussion

Air flows inside the interconnected void structure of the foam which can be considered as a flow
inside conduits with variable cross-sectional area. The principle of hydraulic diameter allows
simplifying this case into a constant diameter pipe (dy). This simplification allows us to have

better understanding of transport phenomena in carbon foam.

A comparison between analytical and numerical results is presented in Table 7. The volume of
the foam (V) is the volume that contributes in the heat transfer process between the air and the
surface. Such volume can be calculated based on the length of the minichannel required to
achieve 99.9% of the total heat transfer rate from the inlet (t99 9¢,) and this length is not the actual
foam thickness (2.5 mm). It turns out that the surface area to volume ratio of the foam is 20000
(m*/m’) for the foam pieces B, C and D. This value agrees with the value range reported in
literature [10, 31]. The corresponding minichannel diameter (d,) can be calculated from

Equation 21, which is found to be 0.15 mm.

It is reasonable to assume that the foam base temperature (Ty,) is the same as the foam surface
temperature (Tg) at any height of the foam since the effectiveness of the foam is greater than
98.8% for the foam pieces B, C and D as shown in Table 6. The effectiveness of the foam piece
(A) ranges between 92% and 98.2%, which means that the variation in the foam temperature

along its height is somewhat significant and therefore, the assumption is not as valid.
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Table 7. Analytical and numerical results

U Rav dn  HTCunanysis HTChumerical:  €m t99.9% h; hj
Geometry

(m/s) (m*m’) (mm) (Wm’K) (W/m’K) (%) (mm) (Wm’K) (W/m>K)

1 20000 0.15 314 348 99.9 0.295 659 95

B 2 20000 0.15 627 568 99.9 0.589 659 95

(6.8x25.4 mm) 3 20000 0.15 941 804 99.9 0.883 659 95

4 20000  0.15 1254 1076 999 1.177 659 95

1 20000  0.15 209 249 99.9 0.198 659 95

C 2 20000 0.15 418 410 99.9 0396 659 95

(6.8x38.1 mm) 3 20000 (.15 627 589 99.9 0.594 659 95

4 20000 0.15 836 809 99.9 0.791 659 95

1 20000 0.15 153 186 99.9 0.146 659 95

D 2 20000 0.15 306 301 99.9 0.291 659 95

(6.852.1 mm) 3 20000 0.15 459 428 99.9 0.436 659 95

4 20000 0.15 612 576 99.9 0.582 659 95

A comparison between the calculated heat transfer coefficient, Equation 17, and numerical
results for the foam pieces B, C and D is shown in Figure 20. The good agreement between the
two results indicates that the heat transfer mechanism and the assumptions made in the analysis
are valid. For the carbon foams with 6.8-mm height (B, C and D), the carbon foam acts as a fin

with efficiency near unity.

Figure 21 shows the variation of the effectiveness along one minichannel for the foam pieces B,
C and D at different face air velocities. As the filtration velocity increases, air needs a longer
length to reach the same effectiveness. It is found that after a short distance from the inlet to the
minichannel = 1 mm, the bulk air temperature reaches at least 99.9% of the foam surface

temperature as shown in Table 7.
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Figure 20. HTC analytical and numerical results

As the average inlet air velocity increases, the filtration velocity increases (Equation 20) and the
average overall heat transfer coefficient increases (Equation 17). The position inside the
minichannel at which 99.9% of the heat rate is transferred to the air varies with the average inlet
air velocity. The variation of this position with the average inlet air velocity is illustrated in

Table 7.

The temperature difference between the foam surface and air is the driving potential of the heat

transfer process. This temperature difference decreases as air marches inside the minichannel.
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Eventually after distance x from the inlet of the minichannel, the effectiveness of the
minichannel approaches unity, therefore this temperature difference approaches zero leaving no

potential for the heat to transfer as illustrated in Equation 16. The relation between the average
interfacial heat transfer coefficient based on (Tg-Thi) (}_1;‘) and the logarithmic mean temperature

difference along one minichannel (}_li) is illustrated in Equation 22 and both values are given in

Table 7.
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Conclusion

Numerical analysis of thermal and hydraulic characteristics of four V-shape corrugated carbon
foam geometries was carried out. The pressure drop and the overall heat transfer coefficient for
the four geometries were calculated. Numerical results were validated by experimental data with
respect to the pressure drop, the heat transfer coefficient and the overall heat balance. For the
given inlet air velocity range (0.71 - 4 m/s), the pressure drop ranges from 53 to 531 Pa and the
heat transfer coefficient ranges from 186 to 1602 W/m®>.K. There is a good agreement between

numerical and experimental results.

An analytical method is introduced by simplifying the flow in porous media into flow in
minichannels connected in parallel. The minichannel diameter is assumed to be 0.15 mm while
the surface area to volume ratio is 20000 m*/m’. The conservation of transport parameters was
maintained in the analysis. Analytical results show that mass conservation requires the total
length of the corrugated foam wall (L¢), the foam width (W) and foam porosity (€) to be known.
Numerical results revealed an important finding about the foam wall thickness required to
achieve 99.9% of the heat transfer process. For the given air velocity range (0.711-4 m/s), It is
found that = 1 mm foam wall thickness is enough to complete the heat transfer process between

the air and the foam.
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CHAPTER FOUR: CARBON FOAM APPLICATIONS

Compact air-cooled heat sink is an essential component for electronics and aerospace
applications. Compared to vapor-compression refrigeration, spray-cooled enclosures, and liquid-
cooled manifolds, air-cooled heat sinks do not rely on the operation of the active pumps and
compressors. Additionally, air-cooled heat sinks are worry-free of coolant leakage and many
other related factors that increase the cost of the systems. In many electronics and aerospace
applications, it is more practical to supply forced air flow to the components directly. Designers,
therefore, would prefer implementing air cooling if its thermal performance could meet their
requirements. For that reason, investigation of forced air convective heat transfer and pressure

drop in a channel filled with V-shape corrugated carbon foams is of particular interest.

In chapter 2 and 3, experiment, simulation and analysis of the V-shape carbon foam demonstrate
that the V-shape corrugated carbon foam is a very promising material for use in air cooling
applications where high heat transfer coefficient with minimal pressure drop is required. In this
chapter we introduce a practical evidence of the feasibility of the V-shape corrugated carbon

foam of reducing the size of a traditional air-cooled condenser at the same heat load.
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Case Study

The traditional air-cooled condenser available is shown in Figure 22 with overall dimensions of
(16.4 cm width x 4.7 cm height x 3.2 cm width). The heat transfer surface area is (16.4 cm x 3.2
cm x 10 surfaces) and air flow area of (16.4 cm x 4.7 cm). The air is supplied to the condenser
by an axial fan Rotron aximax 2. This fan runs at 20000 rpm and is able to provide up to 0.025

m’/s (53 CFM) of air. The shut-off pressure is 685 Pa (2.75 inches of water).

Figure 22. Picture of the traditional air-cooled condenser

The pressure drop has a great interest in this analysis because it has to match the characteristics
of the given fan. In fact, increasing the air face velocity will increase the heat transfer coefficient
and the pressure drop as shown in chapter 2 and 3 however, this is limited to the fan capabilities
and characteristics. The operating point has to be reasonable to supply sufficient air to cool
down the condenser with appropriate pressure drop. The maximum air temperature difference
can be achieved is 9 degrees (ideal case), if the inlet air temperature is fixed at 71°C, therefore to
remove the heat out from the condenser at the rate 105 watts, the fan has to blow the air by at

least 0.012 m*/s (24.6 CFM), as illustrated in Equation 25.
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Figure 23. Attainable region of the fan curve

There is an attainable region for the fan to operate as shown in Figure 23 with the pressure drop
limited to 555 Pa (2.22 inches of water). The foam hydraulic characteristics is measured based
on the air inlet velocity while the fan curve is a relation between the pressure drop and the air
volume flow rate. In the design stage, different operating points can be obtained depending on

the air flow area. The coupling between the fan and the foam is shown in Figure 24.

Q = 105 = rh. ¢p. (Tyo — Tpi) = HTC. Ap. (Tgp — Tpyi) 25
The operating conditions of this condenser are that the refrigerant R236fa is condensing at 80°C

and the inlet air temperature is 71°C, this condenser rejects heat at a rate of 105 W. The
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refrigerant flows inside 31 minichannels of 0.024 inches diameter (= 0.6 mm) as shown in

Figure 22.

For design considerations and availability, the available height to fit the new condenser is 6.1 cm
so the height of the new condenser is limited to 6.1 cm. The objective now is to design a new
condenser with V-shape corrugated carbon foam inserts attached to the surface instead of
aluminum fins to check its feasibility in terms of the size when coupled with the same fan to

remove 105 W at the same working conditions.

Volume Flow Rate (m3/s)

0.000 0.005 0.010 0.015 0.020 0025 0.030
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= I 3
£ 400 g
a F150 &
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Il 050
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0 10 20 30 40 50 60
Volume Flow Rate (CFM)

Figure 24. Fan and foam coupling
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Condenser Analysis and Design

Based on design considerations and performance, the V-shape corrugated carbon foam piece of
6.8 mm height and 25.4 mm length is selected to replace aluminum fins. The height of the
condenser will be fixed at 6.1 cm (2.4 inches) while its width (W*) will be determined based on
the criterion of removing 105 W from the condenser surface. The new condenser with the foam
inserts is illustrated in Figure 25. Air at 71°C flows inside a square duct of 6.1 cm height.
Impermeable packing material is attached to the side bends of the condenser to prevent air
leakage as shown in Figure 25. The refrigerant gas comes from the gas inlet header which is
located at the top of the condenser then through 25 minichannels of 0.024 inches diameter
(= 0.06 mm). Number of minichannels is reduced from 31 to 25 because the width of the
condenser decreased from 32 mm to 25.4 mm. The condensate liquid exits the condenser from

the liquid header at the bottom of the condenser.

HTC is defined based on the difference in temperature between the foam base and the inlet air
(Tw-Tei). This definition of the HTC allows simplifying the problem to one-dimensional heat
transfer problem since the temperature potential is constant along thermal resistances everywhere
within the condenser. Four cases are studied based on the condition of the refrigerant gas at inlet
and the condition of the refrigerant liquid at exit. The calculation detail is shown in Appendix C.

These cases are:

e Case 1: Inlet gas at 40° superheat, condensation at 80°C and liquid exits at 4°C subcooling.
e Case 2: Inlet gas at 40° superheat, condensation at 80°C and no subcooling.

e Case 3: No superheat, condensation at 80°C and liquid exits at 4°C subcooling.
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e Case 4: No superheat, condensation at 80°C and No subcooling.

Assumptions:

1. One — dimensional heat transfer model.

2. Axial conduction is neglected (aluminum channel thickness < 0.5 mm).

3. Conduction resistance is neglected compared to the air side, refrigerant gas,
refrigerant liquid and condensation resistances.

4. The variation of air properties is neglected (ATmax = 9°).

5. The average temperature of the refrigerant gas and the refrigerant liquid will be used
in calculation.

6. Contact resistance is neglected.

Refrigerant gas
inlet header

Refrigerant
/ liquid exit header

Impermeable

packing K
\/ \\ 3 Alr flow
,«“‘ NN
=% \/

o

Figure 25. New condenser with carbon foam inserts
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Results and Conclusion

Table 8 shows the analytical results of the new condenser design. Of the four cases considered
in this analysis, case 2 requires the minimum condenser width (W") which is 71 mm. For all
cases, the new condenser with V-shape corrugated carbon foam inserts beats the traditional
aluminum finned condenser in terms of the overall size of the condenser and even the flow area.
The new condenser is smaller in size than the traditional one by at least by 49%. Also the flow
area is smaller by at least 36%. It is evident that using V-shape corrugated carbon foam can
greatly help decreasing the size of the heat sink at the same heat load or it can help removing

more heat for the same size of the heat sink.

Table 8. New condenser design parameters

g E | 3 2 g S A
D B | 53 ZE ZE E§| 8| 8| < | 58| 2
) =P o= = ~ -
= 5| 5| BS 2% S| S| 5| £ 5| ¢
i 0§ |3 z S < | 2
= = >
=)
% 73.7 74x61x25 32 8 3.6 79.7 -42 -54
@]
)
% 71.1 71x61x25 33 8.8 N/A 80 -44 -55
&)
6.8 25.4 102x47x32
)
z 81.3 81x61x25 45 N/A 4 78.9 -36 -49
&)
¥
§ 78.7 79x61x25.4 47 N/A N/A 79.1 -38 -50
Q
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CHAPTER FIVE: HIGHLY ORIENTED PYROLYTIC GRAPHITE
(HOPG)
Introduction

Natural graphite structure is usually amorphous because of defects and impurities contained
within the structure. Many technologies are developed to prepare perfect graphite samples. Of
these, pyrolysis is the most common and effective technique. Pyrolysis is a thermochemical
decomposition of organic material at high temperatures with the absence of oxygen, water or any
other reagents. It involves the simultaneous change of chemical composition and physical phase.
Highly oriented pyrolytic graphite (HOPG) is a graphite material with a high degree of preferred
crystallographic orientation in the plane perpendicular to the surface of the substrate (z-plane or
out-of-plane). HOPG is obtained by graphitization heat treatment of carbon or by chemical
vapor deposition at temperatures above 2500K then annealed under pressure at approximately

3300K.

The density, parameters of the crystal lattice, preferable orientation in the plane of the surface of
the substrate and anisotropy of thermal and physical properties of the HOPG are close to those of
natural graphite. The crystal structure of HOPG is uniquely characterized by the arrangement of
carbon atoms which are stacked in parallel layers. In each layer, atoms form a grid of exact
hexagons with distance between two adjacent atoms in xy plane (in-plane) equals 0.1415 nm.
The distance between two adjacent atoms in two different layers equals 0.335 nm. [34, 35] as

shown in Figure 26.

Graphite structure by itself is anisotropic, because coupling in xy planes is due to the mutual

strong bonds, whereas in z-planes, coupling is weak. The structural anisotropy results in
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anisotropy of thermal properties like thermal conductivity [36]. HOPG is graphite with more

crystalline perfection due to high temperature and pressure treatment.

0.335 nm

Layer2 ——> <—— Layerl ——> 0.1415 nm\

= (i

Figure 26. Crystal structure of HOPG

The in-plane thermal conductivity ky, of HOPG is about 1700 W/m.K which is four to five times
that of copper and the out-of-plane thermal conductivity k, of about 8 W/m.K at room
temperature. Figure 27 shows HOPG material’s thermal conductivities ky, and k, as function of

temperature and the anisotropy ratio (k«/k,) [37, 38].

Therefore, HOPG is a highly anisotropic material with distinct thermal properties which can be
useful in thermal applications in which axial conduction is crucial and needed to be minimized
such as cryocoolers and recuperators. Due to it high thermal conductivity in xy plane, HOPG

can also be very useful to produce effective micro-channels for high heat flux applications.
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Figure 27. In-plane thermal conductivity k,,, out-of-plane thermal conductivity k, and anisotropy
ratio as a function of temperature

To implement HOPG in thermal management application, machining of the HOPG is required.
Different machining techniques are introduced in literature [39-41]. Park et al. [39] made 100
nm holes on HOPG surface using a metal-coated atomic force microscope (AFM). Song et al.
[40] fabricated various nanostructures on HOPG based on mechanical machining and field
evaporation. The basic idea is to transfer a known pattern into an encoded voltage pulse series
and synchronize it with scanning probe microscopy (SPM). Hole drilling and polishing of
HOPG was performed by Windholz and Molian [41] by a laser beam of a 248 nm wavelength,

23 ns pulse. The depth removed per pulse is 0.3 um.
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HOPG Micro-Channel

Thermal performance of a micro-channel made of thermal conductors like copper and aluminum
will be compared to that made of HOPG at the same working conditions. Fluid flow is allowed
to enter a micro-channel of height H™ and spacing L" between two adjacent walls of thickness t"
and the micro-channel base is subjected to a heat source supplying heat at a rate of Q, as shown
in Figure 28. A key thermal performance factor of micro-channel is the heat transfer rate that
can be removed from the base. Hence we want to put as many fins as possible (meaning we
want to keep t and L” to a minimum, resulting in the maximum number of fins). The number of
fins is usually limited by the pressure drop. At the same time, we like to have the fins as tall as
possible (meaning high H'). However, we need to keep high fin efficiency. Typical high-
performance micro-channels are made of copper, with L'~25 microns, t and H are designed to
have high fin efficiency. t~ L, and H ~ 500 microns or less. HOPG allow H" to be larger,

while keeping t and L" the same.

HOPG

-~ A |

H

Micro-channel base Heat rate (Q)

Figure 28. Micro-channel model
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For design considerations, the wall of the micro-channel can be considered as a long fin with
efficiency (1) since no enhancement is expected to occur in thermal performance by increasing

the wall height.

ar _ /HTC.P,. K.A..8;

M= 4 HTC.P,.H".6,
1| kA
=45+ |HTC. P,

1 k.t*.D
Nf= < & t"«KD

H*"_|HTC.2(D + t*)
_ vk |05t
=1 |HTC

From Equations 18 & 19 with the fact that the t ~ L" << H" & D:

HTC o
L*
NOETAR
H* = Vk———

Nt

For the same fin efficiency (1), micro-channel wall thickness (t") and micro-channel wall

spacing (L"):

-~ H* « vk
Hhope _ Kuorg - 1700 _ 91
Héopper kcopper 4‘00

Hhopa _ Knorg - 1700 _ 99
I_I;1uminum kaluminum 205
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By replacing copper or aluminum with HOPG, the micro-channel height increases 2-3 times at
the same fin efficiency. As a result, more mass flow rate of the fluid is allowed to flow inside
the channel. In return, the heat capacity of the fluid increases 2-3 times. Since the fin efficiency
is the same, fluid outlet temperature is expected to be constant by varying the micro-channel

material, therefore:

. . *
Quopc _ Muopc-Cp-AT  myope  Hiorg

= — = — = =21
Qcopper Meopper: Cp- AT Meopper Héopper
. . *
Quorc _ Mpuope-Cp-AT  tgopec  Huorg 29
= —_ —_ ¥ = .
Qaluminum Malyminum- Cp- AT Maluminum aluminum

This result implies that more heat can be removed efficiently from the HOPG micro-channel.
The high in-plane thermal conductivity of HOPG, which is greater than copper and aluminum,
allows increasing the height of the micro-channel. This translates to an increase of the rate of

heat transfer by two or three times.
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APPENDIX A: UNCERTAINTY ANALYSIS
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Design Stage Uncertainty

Differential Pressure Measurement

U, = 0.5 # resolution = 0.5 * 0.01" = 1.25 Pa
Uc =+/(0.01 * 2491)2 = 24.91 Pa

Ug = Upp = +/(UZ + U2) = /(1.252 + 24.912) = +24.9 Pa (95% confidence level)

Volume Flow Measurement

OMEGA FL-2035

U, = 0.5 * resolution = 0.5 * (2) = 1 CFH
U. =+/(0.03 ¥ 100)? = 3 CFH
3

m
Ug=Uy =+ (12 +32) = +3.16 CFH = £2.49  107° <T> (95% confidence level)

OMEGA FL-2060

U, = 0.5 = resolution = 0.5 = (0.1) = 0.05 CFM
U. =+/(0.03 x5)2 = 0.15 CFM
3

m
Uq = Uy = +/(0.052 + 0.152) = 0.158 CFM = +7.46 * 1075 <T> (95% confidence level)

OMEGA FL-2060

U, = 0.5 * resolution = 0.5 * (0.1) = 0.05 CFM
U, = 4/(0.03 * 10)2 = 0.3 CFM
3

m
Uq = Uy = 1/(0.052 + 0.32) = 0.304 CFM = +14.4 * 1075 (T) (95% confidence level)
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Temperature Measurement

Thermocouples + 2700 Multimeter/Data Acquisition System.:

U, = 0.5 = resolution = 0.5 x (0.001) = 5 % 10~*°C
U, = 0.1°C

Uq = Up = /(0.00052 + 0.12) = +0.1°C (95% confidence level)

Length Measurement

U, = 0.5 * resolution = 0.5 * (0.0254) = 0.0127 mm

U.=0

Ug=U,=U, =Uy =Uy =+1.27 * 1075 m (95% confidence level)
Error Propagation

Foam base area (Ap)

AbZW*L
A, A,
ow o L& Ggr=w

dAp\> Ap\>
Up, = (UW * ) + (UL * G_L) =/(1.27 1075 * L)2 4 (1.27 * 1075 * W)?2

Up, = 1.27 ¥ 1075 % {12 + W2

Cross-sectional area of flow (A,)

A, =WxH
aAC_H % 6AC_W
oW oH

2

0Ac\° oA
Uy, = \/(UW * C) + (UH * aHC) = \/(1.27 * 1075 x H)2 4+ (1.27 * 1075 x W)?2

Up, =127 % 1075 * /H2 + W2
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Average inlet air velocity (U)

ou 1 ou V

WowsH ¥ A Wen)?

Uy = |(u aU)2+(U aU)Z (7~ )2+ USAAY
= oy Sk —— * = _— —_—
v Vv Ac " 9A, W+ H (W * H)2

.2
1 Uz 1.27 105 * VHZ + W2 % V
TWxH| V W * H

Uy

Heat transfer coefficient (HTC)

Q
HTC = Ay (T, — Ty)

JHTC _ Q _ HTC & JHTC _ 1 _ HTC

0A,  AZ(Tp—To)  Ap 0Q  Ap(Tp—To)  Q

JHTC _ Q HTC JHTC _ Q HTC

- — & - _
0Tpi  Ap(Tp, — Tp)? (T — Tpi) 0Ty, Ap (T — Tpi)? (T, — Tpi)

J (U 6HTC>2 N (U aHTc)2 N (U aHTc)2 N <U aHTc)2
= * * —— * — * —
HTC " 9Q Ab " 9A, T " 9T, Toi © 9Ty,

HTC
Q

W x L
F(010 e ) 4 (020 0C Y
dk— P
(T, — Tpi) (T, — Tpi)

2
(1.27 * 1075 » V12 + W2) 0.02
Uy = HTC |a? +

|<(O( * Q) * ) + ((1.27 * 1075 % /L2 + WZ) * AT )

WL (T, — Tpi)?

a is the Wattage tolerance in percent which is determined by the manufacturer 5 to -10%.

Measurements and uncertainties of experimental parameters are shown in the following table:
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$F 2 5 5 SFEIeozogo2 il
69.7 228 62.7 58 0.5 0.9 446 0.1 04 02 429 49 4.9 6.3
514 223 454 126 1.0 1.7 749 02 04 02 198 7.6 7.6 63
S 435 220 374 245 1.5 25 1071 0.2 0.5 03 102 5.1 5.1 6.4
ﬁ. 395 219 337 400 20 33 1364 03 0.5 0.3 6.2 3.8 3.8 6.4
E 36,6 21.6 31.2 630 2.5 42 1665 0.3 0.5 0.3 4.0 3.0 3.1 6.4
g 348 21.6 296 995 28 48 1921 03 0.5 0.3 2.5 5.1 5.1 6.4
= 328 215 279 1730 3.3 56 2425 0.3 0.5 04 1.4 4.4 44 6.4
31.9 215 272 2330 3.8 64 2697 03 0.5 0.4 1.1 3.8 3.8 6.5
31.1 215 265 4.2 72 3041 03 0.5 04 34 34 6.5
71.8 22.6 678 54 0.2 07 271 0.1 04 0.1 46.1 103 103 6.3
51.8 224 484 112 0.5 1.5 454 0.2 04 02 222 49 4.9 6.3
420 22.1 396 211 08 23 668 02 0.5 03 11.8 3.2 32 64
i 37.8 219 354 310 1.0 2.9 840 0.3 0.5 0.3 8.0 7.6 7.6 6.4
% 349 21.8 326 440 1.2 36 1023 0.3 0.5 0.3 5.7 6.1 6.1 6.4
¢ 33.0 21.7 30.8 633 1.5 43 1182 0.3 0.5 0.3 3.9 5.1 5.1 6.4
g 31.2 21.7 292 877 1.7 50 1395 03 0.5 0.3 2.8 4.3 44 6.5
299 215 279 1150 2.0 57 1593 0.3 0.5 04 2.2 3.8 3.8 6.5
29.1 214 27.1 1440 2.2 6.5 1751 03 0.5 0.4 1.7 34 34 6.6
283 214 263 1840 2.5 72 1929 04 0.5 04 1.4 3.0 3.1 6.6
573 213 557 190 0.2 1.1 278 02 0.5 02 13.1 103 102 6.3
412 21.1 404 530 0.5 2.3 496 0.2 0.5 0.2 4.7 49 4.9 6.4
ﬁ: 352 213 344 1115 0.8 35 723 0.3 0.5 0.3 2.2 3.2 32 64
3 325 213 319 1700 1.0 4.5 896 0.3 0.5 0.3 1.5 7.6 7.5 6.5
< 303 212 297 2640 1.2 56 1110 03 0.5 0.3 0.9 6.1 6.0 6.5
2 285 21.1 28.0 1.5 6.8 1343 04 0.5 04 5.1 5.0 6.6
274 21.0 269 1.7 79 1554 04 0.5 0.4 43 4.3 6.7
26.6 20.8 26.0 2.0 90 1742 04 0.5 0.4 3.8 3.8 6.8
67.0 223 574 52 0.5 0.9 326 0.1 04 02 479 49 49 63
492 22.1 420 120 1.0 1.7 576 0.2 0.5 02 208 7.6 7.6 6.3
= 41.1 22.0 352 243 1.5 2.5 877 02 0.5 03 102 5.1 5.1 6.4
3 373 21.8 31.7 400 2.0 33 1144 03 0.5 0.3 6.2 3.8 3.8 6.4
: 349 217 295 590 25 42 1409 0.3 0.5 0.3 4.2 3.0 3.1 6.4
T 33.0 21.6 27.8 940 2.8 48 1748 0.3 0.5 04 2.6 5.1 5.1 6.4
E 31.1 214 262 1540 3.3 5.6 2223 03 0.5 0.4 1.6 44 44 6.5
30.1 214 255 2170 3.8 64 2596 0.3 0.5 04 1.1 3.8 3.8 6.5
294 214 249 4.2 72 2998 0.3 0.5 04 34 34 6.6
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67.9 224 654 47 02 07 196 01 04 02 530 103 103 6.3
50.1 223 489 103 05 15 320 02 04 02 242 49 49 63
407 220 399 188 08 23 477 02 05 03 132 32 32 64
g 362 220 357 278 10 29 623 03 05 03 90 76 7.6 64
E 33,5 21.8 33.0 411 12 36 764 03 05 03 61 61 61 64
¢ 314 217 310 58 1.5 43 920 03 05 03 42 51 51 65
o298 216 294 800 1.7 50 1087 03 05 03 31 43 44 66
287 215 282 1040 2.0 57 1245 03 05 04 24 38 38 6.6
278 215 274 1330 22 65 1400 04 05 04 19 34 34 67
27.1 214 26.7 1650 25 72 1546 04 05 04 15 30 31 638
545 213 529 145 02 1.1 201 02 05 02 172 103 102 63
443 213 437 270 05 23 290 02 05 02 92 49 49 64
g 343 213 341 750 08 35 510 03 05 03 33 32 32 64
3 316 212 314 1045 10 45 642 03 05 03 24 76 75 65
< 293 2I.1 293 1655 12 56 88 03 05 03 15 6.1 60 6.6
° 278 211 278 2350 1.5 68 987 04 05 04 1.1 51 50 6.7
26.8 21.0 26.7 1.7 79 1156 04 05 04 43 43 6.8
259 209 257 20 90 1353 04 05 04 3.8 38 69
61.7 227 524 40 05 09 258 02 04 02 623 49 49 63
458 223 403 90 10 17 439 02 04 02 277 76 76 64
~ 388 220 338 180 15 25 634 03 05 03 138 51 51 64
% 352 218 305 306 20 33 812 03 05 03 &1 38 38 64
T 330 21.6 284 475 25 42 982 03 05 04 52 3.0 31 64
E 31.0 215 267 750 28 48 1200 03 05 04 33 51 51 65
= 294 214 253 1340 33 56 1487 03 05 04 19 44 44 6.6
286 215 247 180 38 64 1687 03 05 04 13 38 38 6.6
279 215 241 2600 42 72 1934 04 05 04 1.0 34 34 67
66.8 225 584 40 02 07 147 01 04 02 623 103 103 6.3
495 223 452 80 05 15 239 02 04 02 311 49 49 63
405 222 380 145 08 23 355 02 05 03 172 32 32 64
fi 365 220 343 226 10 29 449 03 05 03 110 76 7.6 64
E 338 219 318 333 12 36 549 03 05 03 75 61 61 64
¢ 317 218 299 480 15 43 654 03 05 03 52 51 51 65
£ 302 216 285 660 1.7 50 761 03 05 04 38 43 44 65
290 215 274 85 20 57 84 03 05 04 29 38 38 66
28.1 214 265 1111 22 65 975 04 05 04 22 34 34 67
274 213 259 1380 25 72 1069 04 05 04 18 30 31 67
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F9 (4.4x52.1)

533
40.9
34.8
32.1
29.7
28.1
26.9
26.1

21.9
21.8
21.9
21.7
21.6
21.4
21.3
21.2

49.0
394
34.1
31.5
29.4
27.8
26.6
25.8

95
248
510
780
1230
1720

2400

0.2
0.5
0.8
1.0
1.2
1.5
1.7
2.0

1.1
23
3.5
4.5
5.6
6.8
7.9
9.0

155
256
377
472
602
733
877
1002

0.2
0.2
0.3
0.3
0.3
0.4
0.4
0.4

0.5
0.5
0.5
0.5
0.5
0.5
0.5
0.5

0.2
0.3
0.3
0.3
0.3
0.4
0.4
0.4

26.2
10.0
4.9
3.2
2.0
1.4
1.0

10.3
4.9
3.2
7.6
6.1
5.1
43
3.8

10.2
4.9
32
7.5
6.0
5.0
43
3.8

6.3
6.4
6.4
6.5
6.6
6.7
6.8
7.0
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APPENDIX B: CALIBRATION OF MEASUREMENT INSTRUMENTS
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Differential Pressure Gage

The differential pressure gage (Dwyer DM-1108) is calibrated by a U-tube manometer.

Manometer Reading (Inches of WC) DWYER (DM-1108) (Inches of WC)
0 0.02
1 1.05
2 2.03
3 3.04
4 4.02
5 5.02
6 6.05
7 7.03
8 8.03
9 9.04
10 10.08

12

10

U-tube manometer reading (Inches of WC)
(o))

0 1 2 3 4

5

6 7 8 9 10 11

Differential pressure gage (Dwyer DM-1108) (Inches of WC)

Pactual™ 0-9975*pmeasured -0.0248
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Rotameters

Rotameters are calibrated using McMillan mass flow sensor (model 50s, 0-50 //min).

FL-2035 McMillan 50s FL-2060 McMillan 50s FL-2061 McMillan 50s
SCFM Volt ACFM SCFM Volt ACFM SCFM Volt ACFM
0.000 -0.002 -0.001 0.000 -0.002 -0.001 0.000 -0.002 -0.001
0.333 0.920 0.333 1.000 2.733 0.988 1.000 2.535 0917
0.500 1.400 0.506 1.100 3.060 1.106 1.250 3.326 1.202
0.667 1.820 0.658 1.200 3.370 1.218 1.500 4.030 1.457
0.833 2.290 0.828 1.300 3.650 1.320 1.750 4.930 1.782
1.000 2.870 1.038 1.400 3.890 1.406
1.167 3.630 1.312 1.500 4210 1.522
1.333 4.090 1.479 1.600 4.500 1.627
1.500 4.580 1.656 1.700 4.970 1.797

OMEGA FL-2035

1.8
1.6 -
14 /./
g 12 2
5 =
= 1.0
E 0 T
s SPet
0.6
=
o 04
<
0.2
0.0 B~
0.2
0.0 0.2 0.4 0.6 0.8 1.0 1.2 1.4 1.6

SCFM (OMEGA FL-2035)
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OMEGA FL-2060

2.0

1.8

1.6

1.4 -

1.0 2 |

0.8

0.6

0.4

ACFM (Mc-millan 50s)

0.2

0.0 W

-0.2
0.0 0.2 0.4 0.6 0.8 1.0 1.2 1.4 1.6

SCFM (OMEGA FL-2060)

OMEGA FL-2061

2.0

1.8

H.|____

1.6

1.4 : &

1.2

1.0

0.8

0.6

ACFM (Mc-millan 50s)

0.4

0.2

0.0 W

-0.2
0.0 0.2 0.4 0.6 0.8 1.0 1.2 1.4 1.6

SCFM (OMEGA FL-2035)
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OMEGA FL-2035

ACFM = 1.1257*SCFM - 0.0496

OMEGA FL-2060

ACFM = 1.0351*SCFM - 0.0217

OMEGA FL-2061

ACFM = 1.0032*SCFM - 0.032

Thermocouples

Thermocouples are calibrated in boiling water and ice/water bath.
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TC#1 Tactua= 0.9995*T neasured - 0.2267
TC#H2 Tactwa= 0.9973* T neasurea =0.12
TC#3 Tacta= 0.9994* Trncasured -0.09
TC#4 Tactua= 0.9984* T ncasured -0.0033
TC#5 Tactwa= 0.9984* Trneasurea + 0.0233
TC#6 Tactwar= 0.9972* T easurea + 0.0333
TC#7 Tacwa= 0.9967* Trneasurea + 0.13
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APPENDIX C: CONDENSER DESIGN
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Governing Equation:

Q = My. Cp. (Tbo - Tbi) = Mg . (Ahsuperheat+hfg + Ahsubcooling) = AO- UO- (Tsat - Tbi)
= Ac.heondensation: (Tsat — Trp) = Ao HTC. (T, — Tyyy)

where;

m, is the mass flow rate of the air.

mp is the mass flow rate of the refrigerant.

Ay is the total outside surface area of the condenser.

Ay is the refrigerant flow area.

A. is the refrigerant flow surface area of the condenser.

Ahg, is the latent heat of the refrigerant.

Ahgyperneat is specific enthalpy drop of the refrigerant gas.
Ahgypeooled 1S specific enthalpy drop of the refrigerant liquid.

Ty; is the air inlet temperature (71°C).

Ty, is the air outlet temperature.

Th, is the surface temperature of the condenser.

Tat is the condensation temperature of the refrigerant (80°C).
hiondensation 1S the average heat transfer coefficient of condensation.
HTC is the average heat transfer coefficient for the air side.

Uy is the overall heat transfer coefficient based on the total outside surface area of the
condenser (Ag) and (T, — Ty).

L; is the condensation length.

L, is the superheat length.

L; is the subcooling length.
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Case (1): Superheat, Condensation and Subcooling

Allowing the refrigerant gas to enter the condenser at 120°C, Ahgypernear = 454.9 — 410.7 =

K] Toi
442 (k—g)
Q = 105 = my. (hgg + Ahgyperheat + Ahsubcooling) ( 1 )
i A HTC
Psat = 12.5bar = 184 Psi & T, = 80°C
h —41o7<k]) & h —3054<k]) 1t
Theref ( 1 )
cre1ore
Achcondensation
+ 105 = my. [(410.7 — 305.4) + 44.2 + 3.8].103 - my = 0.68 @ ;
sat

Assuming the total number of minichannels (n") is proportional to the width of the condenser and

the old condenser has 31 minichannels:

R LY 5 (L) g5
M1 = Mizs: (1.25) = '(1.25) -

T
The refrigerant flow area (Af) = 25 * i (0.024 % 0.0254)? = 7.3 * 107 m?

Condensation region:

Qcondensation = M- Cp- (Tyo — Tpi) = mi. hfg

=0.68 * 1073.(410.7 — 305.4) 103 = 71.6 W

= Ao-Uo: (Tsat — Toi) = Ac-heondensation (Tsat — Tr)
= Ao. HTC. (be - Tbi)

The specific volume of the gas is (vg) = =0.0112 (m3/kg) — (NIST)

89.33
The dynamic viscosity of the gas is (jg) = 1.3282 * 107> (Pa.s) — (NIST)

mp. Vg
Ag

Therefore during the condensation, the gas side velocity (vg) = = 1.04 (m/s)

86



Vg. d
Re, = = 4263 < 35,000

Ug. Hg
, 025
heondonsation = 0.555 [g' G pg)'kls'hfgl [33]
condensation . ™ (Tsat _ be). d
o K
¢, @80°C = 1.5 (kgT< )~ ausm

kg

m3

0,@80°C = 1138( ) S (NIST)

w
k,@80°C = 0.0573 (ﬁ) S (NIST)

N.s
W @80°C = 0.000143 (F) S (NIST)
Assume that the condenser surface temperature ~ 79°C and we will justify this assumption after

calculating the minichannel length.

, 3 kJ
hf, = heg + g Col (Tsar- —Tpp,) = 105.9 ke [33]

~ h = 3992( w )
** Ylcondensation — m2. K
The actual air velocity can be determined from the foam-fan curve using trial and error. First
assume the air flow velocity. The corresponding pressure drop and HTC can be obtained from

Figures 5-8. In the end after calculating the width of the condenser (W*), the air flow velocity

can be check from the fan-foam coupling graph. These graphs are illustrated in Figure 24.
m
Vactual = 4 (?) @ pressure drop of 560(Pa)

The corresponding air-side HTC for the new area will be:

HTC = 1120( w )
B m2.K
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Ao = 1%0.0254 * L; = 0.0254L, m?
A, = 10 (0.024 % 0.0254) * L, * 25 = 0.048L, m?

Toi
Aolo = [t L
"H0T0 T0.0254L, * 1120 | 0.048L, * 3992
- g+ e 1
~ 128.4L;  191.6L, <A0Uo>
where L, is the condensation length.

Tsat

\'\
o AOUO = 24.8 * L1 (i)

Q = Ap.Up. (Tsat - Tbi)
~71.6 =248+L; x9
~ L= L(one heated surface) = 0.32m

Note: Lone heated surface) 1 the length of the refrigerant tubes as if it is heated from one side

Check for the surface temperature of the condenser:

Ty, = 80 ( Q ) =80 ( 716 ) 79°C
- Achcondensation B 0.048 * 0.32 * 3992 ~

Superheat region:

Toi
k]

CpG@TITl = 1.1322 (kg—K)

kg
p(;@)Tﬁ1 = 83.85 (F) ( 1 )

W A HTC
ke@Ts = 0.02 (ﬁ) Tto

_s (N.s
Cpg- uc,) 1132.2 * 1.36 * 107> Ach,
P = = = U.
e ( ke ( 0.02 077
Tgav) @
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my. Vg < 0.68 x 1073
VG p— p—

Ag 83.85 % 7.3 * 10—6) = 1.11 (m/s)

Re <pG ve. d) B (83.85 * 1.11 * 0.024 = 0.0254
=T /7 1.36 % 105

Absolute roughness for aluminum (gg) = 1.5 * 107 m

) = 4172

Relative roughness for aluminum (eg/d ) = 0.0025 m
f=10.042

é (Reg — 1000)PrG

)

Since (L/d) is greater than 60 therefore:

_ <HG.d> 0042 , (4172~ 1000) » 0.77

0.5 2
1+ (12.7 . (%) (0.77§ _ 1))

=15

~ h —493( w )
T m2.K

where hy is the heat transfer coefficient of the refrigerant superheated gas

AoUp = |~ 4 — B Tbi

070 7 |AQHTC " A hg

PR S S N

8070 = [60254L, + 1120 © 0.048L, * 493 (A 1U)
oYo

where L; is the superheat length.

~ AgUg = [12.9L,] W/K Teav)

quperheat = Aop.Uop. (TG(av.) - Tbi) = Mg. Ahsuperheat
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quperheat = mk-Ahsuperheat = (0.68 * 10_3) * (44.2 103)
~ 30.1 = [12.9L,] * 29

Ly = L(one heated surface) = 0.08 m

Subcooling region: To:
K]
CpL@TrTl = 1.46 (kg—K)
k
pL@Ts = 1160 (—%) ( 1 )
m A HTC
w
kL(@Tﬁ1 = 00584 (ﬁ) be
_4 (N:s
u@Tg = 1.5+ 10 (F) ( 1 >
Cp, . 1460 * 1.5 * 10™* Ach
PrL=(PL HL)= - =3.75 <t
k; 0.0584

_ MRy, 0.68 x 1073
L= A, T \1160% 731075
(pL.VL.d) ~ (1160 % 0.08 * 0.024 * 0.0254> s

1.5%10°4

) = 0.08 (m/s) Tiav)

~ h —4177( w )
COL T " \m2.K

where h; is the heat transfer coefficient of the refrigerant subcooled liquid

-1 Tbi
ApUg = ! + !
070 ™ |AQHTC " A by,
» AU —[ - + - B 1
©P0T0 T0.0254L; * 1120 | 0.048L * 417.7 ( )

AU,

where Ls is the subcooling length.
s~ AgUg = [11.7L5] W/K Ti(av)
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Q = Ao.Up. (Tuavy — Thi) = 105 — 71.6 — 30.1 = 3.3
~33=[117Ls] * 7
Ly = L(one heated surface) = 0.04 m

The total length of single surface condenser is L;+L,+L3; = 0.32+0.08+0.04=0.44 m

Since we are restricted to condenser height of 6.1 cm, with the fact that is the new condenser

have four refrigerant tube passes for foam height of 6.8 mm then:

_ L(one heated surface) L(one heated surface)

L(double surfaces) = Lcondenser = 2(N=1) = 6 = 0.073m = 2.9"

where N is the number of refrigerant tube passes.

Outlet air temperature (T),):

Since the foam base thickness (tram = 2mm) and the refrigerant tube thickness (type = 2mm) are

contributing in the total air flow area then the air mass flow rate is calculated as follows:
m;, = Agow-P-V = ((2-4 — (N * tyype) + (N — 1)tfoam))) - Laouble surface) p.v
where,

N is the number of refrigerant tubes.

twbe 1S the condenser tube thickness.

troam 1S the foam base thickness.

Q =105 = m'a.cp. (Tbo - Tbi)
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105 = (((2.4 ~ ((4%0.079) + (2 +3%0079)) ) » 2.9) " 0.02542> +1%4 %1005
* (Tbo -71)
Ty, = 79.7°C

o W* = Lyouble surface = Lcondenser = 2.9"
Case (2): Superheat and Condensation

Q = 105 = mg. (hfg + Ahsuperheat)
- 105 = mi. [(410.7 — 305.4) + 44.2].10° - my = 0.7 (%)

Condensation region:

Qcondensation = M. Cp. (Tpo — Tpi) = mp. hgg
= 0.7 x1073.(410.7 — 305.4) x 103 = 73.7W
= Ao Uo. (Tsar — Toi)

= Ac-heondensation: (Tsat — Ti)

= Ag. HTC. (Tg, — Ty;)

The specific volume of the gas is (vg) = =0.0112 (m3/kg) - (NIST)

89.33
The dynamic viscosity of the gas is (jg) = 1.3282 * 107> (Pa.s) — (NIST)

mg. L
—R 8 = 1.07 (m/s)

Therefore during the condensation, the gas side velocity (Vg) =
f

AL d B
Re, = = 4387 < 35,000
Ug. Hg

0.25

g.p1-(p1 — pg)- ki h%gl

h¢ondensation = 0.555 l ™ (Tsat — be). d

o K]

¢, @80°C = 1.5 <kg7< )~ ausm
o kg

0,@80°C = 1138 (ﬁ) S (NIST)

w
k,@80°C = 0.0573 (ﬁ) S (NIST)

N.s
W @80°C = 0.000143 (F) S (NIST)
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assume that the condenser surface temperature ~ 79°C and we will justify this

assumption after calculating the minichannel length.

, 3 k]
hfg = hfg + § Cpl' (Tsat' —be) = 105.9 k_g

w
hcondensation = 3992 (mz. K)

The actual air velocity can be determined from the foam-fan curve using trial and error:

m
Vactual = 4 (?) @ pressure drop of 560(Pa)

The corresponding air-side HTC for the new area will be:

HTC = 1120( w )
N m2.K

Ag = 1%0.0254 * L, = 0.0254L m?

A. =1 *(0.024 * 0.0254) * L; * 25 = 0.048L m?
1 1 -

0.0254L; * 1120 + 0.048L, * 3992]

~AoUp = [

1 1 1
= |35t * Totec]
28.4L, 191.6L,
w
=~ AgUp = 24.8 % L, (K)

Q = Ao.Up. (Tgar — Tpi)
£ 737 =248%L, %9

Ly = L(one heated surface) = 0.33m

Check for the surface temperature of the condenser:

T, = 80 ( Q ) =80 ( 737 ) 79°C
o= Aheondensation’ 0.048 = 0.33 » 3992/
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Superheat region:

k]
Cpe @Tr = 1.1322 (kg K)

kg
W
kG@)Tﬁ1 =0.02 (ﬁ)

_g (N.s
He@Tg = 1.36 % 10 <_m2>
Chg. uG) 1132.2 % 1.36 % 1075
Prg = = =0.77
e ( ke ( 0.02

mpg. Vg 0.7 %1073
= =1.14
Ag <83.85 x7.3 %1076 (m/s)

Re <pG V6. d) _ (83.85 * 1.14 % 0.024 * 0.0254
=T /T 1.36 * 105

Absolute roughness for aluminum (gg ) = 1.5 * 107 m

Vg =

) = 4298

Relative roughness for aluminum (eg/d ) = 0.0025 m
f=0.042

é (ReG — 1000)PI‘G

IEEECD)

Since (L/d) is greater than 60 therefore:

_ (hed 0'%42 * (4298 — 1000) * 0.77
Nu=Nu=< >= =15.6

kG 0.5 2
1+ (12.7 * (0'%#) (0.77§ - 1))

-h —513( W)
e = mZ.K

where hy is the heat transfer coefficient of the refrigerant superheated gas
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AoUo = |——— 4 —= B
070 ™ |AQHTC ' A.hg

1 N 1 -1
0.0254L, * 1120 * 0.048L, * 513

o AOUO = [

where L; is the superheat length.

~ AgUg = [13.2L,] W/K

Q = Ao.Uo. (Teav) — Toi)
~ 105 —73.7 = 31.3 = [12.3L,] * 29

oLy = L(one heated surface) = 0.088 m

The total length of single surface condenser is L1+L> = 0.33+0.088=0.42 m

_ L(one heated surface) L(one heated surface)

L(double surfaces) = Lcondenser = 2(N—1) = 6 =0.07m = 2.8"

Outlet air temperature (T),):

m, = Agow-P.V = ((2-4 - ((N * ttube) + 2(N - 1)tfoam))) - Ldouble surface) -p.v

Q =105 = m'a.cp. (Tbo - Tbi)

105 = (((2.4 —((4%0.079) + (2% 3+ 0.079))) " 2.8) x 0.02542> «1%4 %1005
* (Tpo — 71)
Ty = 80°C

~ W* = Lgouble surface = Lcondenser = 2.8"
Case (3): Condensation and Subcooling

Allowing the refrigerant liquid to exit the condenser at 76°C, Ahgypcooling = 3-8 (11:—;)

Q = 105 = mg. (hfg + Ahsubcooling)
g

~ 105 = my. [(410.7 — 305.4) + 3.8].10° > my = 0.96 (g)

95



Condensation region:

Qcondensation = M- Cp- (Tpo — Tpi) = mg. hfg
=0.96 * 1073.(410.7 — 305.4) * 10° = 101.3 W
= Ao-Uo. (Tsar — Tpi)

= A¢-heondensation- (Tsat - be)
= Ao. HTC. (be - Tbi)

The specific volume of the gas is (vg) = =0.0112 (m3/kg) - (NIST)

89.33
The dynamic viscosity of the gas is (g) = 1.3282 * 107> (Pa.s) — (NIST)

mg.L
—R 8 — 147 (m/s)

Therefore during the condensation, the gas side velocity (Vg) =
f

Re, = ved) _ 6036 < 35,000
g - - )
Ug. Ug

g1 (p1 — pg)- ki h%gr'zs

Ncondensation = 0.555 l 1. (Toge — Tpp). d

0 K]

¢, @80°C = 1.5 (k;;T( )~ ausm
o kg

0,@80°C = 1138 (F) S (NIST)

w
k,@80°C = 0.0573 (ﬁ) S (NIST)

N.s
W @80°C = 0.000143 <F) S (NIST)
assume that the condenser surface temperature ~ 79°C and we will justify this

assumption after calculating the minichannel length.

, 3 k]
hfg = hfg + § Cpl' (Tsat' —be) = 105.9 k_g

w
hcondensation = 3992 (mz. K)

The actual air velocity can be determined from the foam-fan curve using trial and error:
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m
Vactual = 4 (?) @ pressure drop of 560(Pa)

The corresponding air-side HTC for the new area will be:

HTC = 1120( w )
N m2.K

1 1 -1
S AAUAL =
0o [0.0254L1 ~1120 © 0.048L, * 3992]

1 1 1
= |55ar; + Toter
28.4L, 191.6L,
w
=~ AgUp = 24.8 % L, (E)

Q = Ao.Up. (Tgar — Tpi)
~101.3=248%*L; %9

Ly = L(one heated surface) = 0.45m

Check for the surface temperature of the condenser:

be=80—< 0 )=80—( 1013 >z79°c
Achcondensation 0048 * 045 * 3992
Subcooling region:
c, @Tyz = 1.46 (i>

PL= kg. K

kg
pL@T; = 1160 (F)

k, @T, —00584<W)
L="m — m. K

N.s

_ (Cpp- uL) _ (1460 x 1.5+ 107*\
Pr = ( ki ) < 0.0584 =375

_ mRp.uy, < 0.96 * 1073

) = 0.11 (m/s)

L= A, T \1160% 731075
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pL.VL.d) _ (1160 *0.11 * 0.024 * 0.0254

R =
oL ( m 15+10-2

)=534

1 N 1 -1
0.0254L; * 1120 © 0.048L; * 417.7

~AoUp = [

where L3 is the subcooling length.

~ AgUg = [11.7L5] W/K

Q = Ap.Up. (TL(av.) — Ty;)
£105—101.3 = 3.7 = [11.7Ls] * 7
* L3 = L(one heated surface) = 0.05m

The total length of single surface condenser is L1 +Ls = 0.45+0.05=0.5 m

_ I-‘(one heated surface) L(one heated surface)

L(double surfaces) — Lcondenser = Z(N — 1) = 6 = 0.082m = 3.2"

Outlet air temperature (T),):

m, = Apow-p.V = ((2-4 - ((N * tegpe) T (2(N — 1)tfoam))) - Laouble surface) -p.v

Q =105 = m'a.cp. (Tbo - Tbi)

105 = (((2.4 — ((4 *0.079) + (2 * 3 * 0.079))) * 3.2) * 0.02542) *1 x4 %1005
* (Tpo — 71)
Tpo = 78.9°C

“ W* = Lgouble surface = Lcondenser = 3.2"
Case (4): Condensation

Q = 105 = mg. hg,

- 105 = my. [410.7 — 305.4].10° > my = 1 (%)
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Condensation region:

Qcondensation = Ma- Cp. (Tpo — Tpi) = my. heg
=1%1073.(410.7 — 305.4) * 103 = 105.3 W
= Ao Uo. (Tsar — Tpi)

= Ac-heondensation: (Tsat — Ti)

= Ay.HTC. (Tg, — Ty;)

The specific volume of the gas is (vg) = =0.0112 (m3/kg) - (NIST)

89.33
The dynamic viscosity of the gas is (g) = 1.3282 * 107> (Pa.s) — (NIST)

mg.V
Therefore during the condensation, the gas side velocity (Vg) = % = 1.53 (m/s)
f

Re. = (&%) = 6272 < 35000
g - - )
Ug- Hg

g1 (p1 — pg)- ki h%gr'zs

Ncondensation = 0.555 l 1. (Toge — Tpp). d

0 K]

¢, @80°C = 1.5 (k;;T( )~ ausm
o kg

0,@80°C = 1138 (F) S (NIST)

w
k,@80°C = 0.0573 (ﬁ) S (NIST)

N.s
W @80°C = 0.000143 <F) S (NIST)
assume that the condenser surface temperature ~ 79°C and we will justify this

assumption after calculating the minichannel length.

, 3 k]
hfg = hfg + § Cpl' (Tsat' —be) = 105.9 k_g

w
hcondensation = 3992 (mz. K)

The actual air velocity can be determined from the foam-fan curve using trial and error:
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m
Vactual = 4 (?) @ pressure drop of 560(Pa)

The corresponding air-side HTC for the new area will be:

HTC = 1120( w )
N m2.K

1 N 1 ]‘1
0.0254L, * 1120 = 0.048L, * 3992

~AoUp = [

1 1 1
= |55ar; + Toter
28.4L, 191.6L,
w
=~ AgUp = 24.8 % L, (E)

Q = Ao.Up. (Tgar — Tpi)
~ 1053 =248xL; %9

Ly = L(one heated surface) = 0.47 m

Check for the surface temperature of the condenser:

T, = 80 ( Q ) =80 ( 1053 ) 79°C
- Achcondensation B 0.048 * 0.47 » 3992 -

The total length of single surface condenser is L1 =0.47 m

_ L(one heated surface) L(one heated surface)

L(double surfaces) — Lcondenser — Z(N — 1) = 6 = 0.078m = 3.1"

Outlet air temperature (T),):

my = Aﬂow- p.v= ((2-4 - ((N * ttube) + (Z(N - 1)tfoam))) . Ldouble surface) -p.v

Q =105 = m'a.cp. (Tbo — Tbi)

105 = (((2.4 ~ ((4+0.079) + (2 *3%0079)) ) » 3.1) ' 0.02542> +1%4%1005
* (Tpo — 71)
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