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SUMMARY

The design and optimization of the thermal compressor for small-capacity
ammonia-water absorption chillers was conducted. In an initial investigation, a complete
absorption chiller, driven by natural gas and based on microscale heat exchanger
technology, was designed, fabricated and tested. Experiments validated the scalability of
microscale heat exchangers and their application to small-capacity absorption chillers.
Optimization of the thermal compressor was identified as a key research objective for
further development of this technology, which is the core work of the present study.
Ammonia-water desorption and rectification components are the main elements of the
thermal compressor, dictating performance and size. A quantitative thermodynamic
framework for thermal compressor performance was developed and guided design
concepts for desorption and rectification. These are based on diabatic distillation
principles and include a microchannel based desorber and rectifier as well as a gas-
coupled desorber to address a range of applications. The framework was used to develop
a data-driven thermodynamic model for the development of a thermal compressor
module. Two optimal desorption temperatures were identified to maximize energetic and
exergetic performance, respectively.

A hydrodynamic study was conducted to validate the feasibility of the proposed
design concepts. Liquid-vapor countercurrent flow limitations were addressed through a
hydrodynamic design methodology devised in this study. This allowed for the
specification of geometric features of the proposed designs. High-speed video analysis

was conducted to quantify hydrodynamic parameters relevant for the development of a

XXi



coupled heat and mass transfer model. These parameters included characteristic size of
vapor structures, vapor structure velocity, liquid-vapor interfacial area and heat transfer
area.

Heat and mass transfer models were developed, incorporating hydrodynamic data.
A modular modeling approach was used, whereby physical consistency of various heat
and mass transfer processes is achieved while reducing model complexity. Various pool
boiling and binary mixture correction correlations available in the literature were
compared. Model results show that highly compact, lightweight desorption and
rectification components can be realized.

A test facility was constructed to simulate operation of the thermal compressor
within an absorption heat pump and conduct an experimental investigation to validate the
performance of the proposed design concepts. Prototype desorption and rectification
components were fabricated for a nominal system cooling capacity of 3.5 kW. Two types
of heat source coupling were tested. A thermal oil coupling fluid was used for the
microchannel based desorber and an exhaust gas simulator was used for the gas-coupled
desorber concept. A range of desorption pressures from 1300 kPa to 2600 kPa was
investigated. Each desorption pressure was tested for a range of concentrated solution
ammonia mass fraction ranging from 37% to 52% as well as a range of desorption
temperatures that included model predictions for optimal desorption temperatures.
Optimal exergetic and energetic thermal compressor performance could be demonstrated,
validating the thermal compressor concept.

Data were analyzed to determine heat and mass transfer coefficients. Desorption

heat transfer coefficients were found to range from 1500 to 3500 W m™? K™. A mass

xXii



transfer correction correlation was developed for use with pool boiling correlations from
the literature. Good agreement was achieved with average and absolute average deviation
of 2.7% and 13.6%, respectively. Component level results for overall heat transfer
coefficient and vapor purification efficiency were determined. For the microchannel
design concept, the former ranged between 600 W m? K™ and 1100 W m? K™ while the
latter was shown to be relatively constant at approximately 93%. Gas-side pressure drop
limitations governed the overall heat transfer coefficient for the gas-coupled design
concepts. Gas-side heat transfer coefficients of 100 W m? K™ were measured at a
maximum pressure drop of 1200 Pa. Very high purification efficiency of greater than
95% could be demonstrated in the direct-coupled desorber design concept. Vapor heat
transfer coefficients in the partial condensation process of the rectifier were found to
range between 70 and 170 W m? K. A sensible vapor heat transfer correlation was
developed for use with an equilibrium heat and mass transfer correction scheme and was
shown to have excellent agreement with experimental results. A comparative assessment
between direct gas-coupled and microchannel desorber designs was made. It was shown
that the choice of desorber configuration strongly depends on the specific application.
Finally, a data-driven control strategy for the thermal compressor was developed
and experimentally validated. The thermodynamic model is applied in combination with
system specific operating data to enable the variable thermal compressor control scheme.
Solution pump speed modulation and active desorption temperature control allow for
highly flexible system operation while maintaining optimal performance over a wide
range of operating conditions. Effective response to changes in capacity, ambient

temperature, and evaporator temperature was demonstrated.
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CHAPTER 1. INTRODUCTION

The widespread and successful application of refrigeration and space conditioning
technologies can be attributed, in part, to the fact that the commonly employed vapor
compression cycle is simple and allows for compact, small capacity machines that can be
economically produced at high volume. Also, the development of an electric grid
facilitated the widespread use of these machines (Cooper, 2002). While vapor
compression technology benefits from the use of well optimized compact systems, their
reliance on high-grade electrical energy has led to interest in alternative technologies for
some applications. In general, thermally driven systems replace electricity as the main
energy input with low grade thermal energy, which can be in the form of waste heat.
Benefits include a more efficient overall energy system, flexible use of energy sources
and avoidance of environmentally deleterious synthetic refrigerants. Specifically, the
vapor absorption cycle has been in use for over a century. But due to typical component
size requirements for absorption systems, the proliferation of vapor compression
machines relegated absorption systems to large capacity industrial applications (Briley,
2004). However, recent developments in microscale heat and mass exchangers enables
research and development efforts on small capacity machines for residential, mobile and

light commercial applications (Garimella, 2003).

1.1  The Thermal Compressor

Figure 1.1 (left) shows a single-effect ammonia-water absorption cycle. The left
side of the cycle, i.e., condenser, evaporator and recuperative heat exchanger (optional),

closely resembles the corresponding portion of a vapor compression cycle. In the vapor

1
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Figure 1.1: Simple absorption cycle (left), conceptual representation of thermal
compression cycle (right)

absorption cycle, however, the mechanical compressor is replaced with a set of heat
exchangers and a pump. The objective of this part of the vapor absorption cycle is to
produce high pressure refrigerant vapor while receiving low pressure refrigerant. Thus,
the concept of the thermal compressor as shown in Figure 1.1 (right) can be applied to
provide a qualitative analogy to the vapor compression cycle. Its main energy input is
low-grade thermal energy in contrast to high-grade mechanical or electric energy
required by a mechanical compressor.

Compact thermal compressors can be integrated with a wide range of applications
throughout the thermal energy chain. Heat recovered from engine exhaust in the
transportation sector can be used for cabin air-conditioning. Energy required for cargo
cooling in the refrigerated trucking industry can be provided in the form of exhaust heat,
reducing overall fuel consumption in the transportation sector. Small-capacity stationary
power generation is another potential application. For example, military applications can
particularly benefit from this technology. Waste heat recovery from diesel generators

deployed in field operations results in better utilization of fuel delivered to conflict zones.



Finally, heat pump water heating is an example of the use of the existing natural gas
infrastructure to increase energy utilization. Specifically, replacing conventional natural
gas driven water heaters with small-capacity absorption heat pumps can contribute to a
meaningful reduction of residential energy use Keinath et al. (2017).

Heat input to the thermal compressor is used in a thermal separation process of a
mixture consisting of an absorbent and a refrigerant. The latter is the more volatile
constituent, allowing for separation from the absorbent during phase change. This process
occurs in the desorber component shown in Figure 1.1. The refrigerant-depleted
absorbent (dilute solution) is expanded to a low pressure at the absorber inlet. Refrigerant
from the evaporator and, if used, the refrigerant precooler, is absorbed into that stream in
the absorber component. This process is exothermic and requires heat rejection. The
incompressible solution of refrigerant and absorbent (concentrated solution) requires very
little pump work compared to the energy input required in the desorber. While pump
work is typically provided in the form of electricity, only approximately 1% of the total
energy input is required by the solution pump (Herold et al., 1996).

Many working fluid combinations have been considered in the literature for use in
vapor absorption systems (Boman et al., 2017), but only the working pairs of ammonia-
water and lithium bromide-water are currently considered to be commercially viable.
Lithium bromide-water is not suitable for operation below freezing temperatures as water
is the refrigerant. Further, crystallization concerns limit the range of operating conditions.
Moreover, low working pressures and a high specific volume of the refrigerant limit the
use of microchannel heat exchangers for this working fluid pair due to pressure drop

constraints. Ammonia as a refrigerant has favorable transport and thermodynamic



properties and is suitable for refrigeration and low-temperature applications. In addition,
the specific volume of ammonia vapor at typical operating pressures is sufficiently small
to enable the use of microchannel heat exchangers without excessive pressure drop
requirements. Therefore, ammonia-water is selected as the working pair for the thermal
compressor.

The ammonia-water working fluid pair poses several challenges (Bogart, 1982).
The vapor pressure of water during the thermal separation process in not negligible and
reduces refrigerant purity of the vapor leaving the desorber. The presence of water in the
refrigerant causes system performance degradation due to an excessive temperature
increase during evaporation. This reduces the amount of latent heat available to meet
evaporator cooling load below a certain temperature. The decrease in the amount of
refrigerant that can be effectively used for cooling necessitates increased vapor
generation rates and heat input requirements to meet a specific cooling load. This directly
results in COP reduction. Figure 1.1 shows the use of a solution cooled rectifier to purify
the vapor stream through partial condensation. VVapor purification requires heat and mass
transfer area to achieve a target ammonia mass fraction. This contributes significantly to
overall system size and weight (Fernandez-Seara et al., 2003). Therefore, optimization of
the vapor desorption and purification stages are key objectives for the development of
thermal compressors for small capacity applications. Component size reduction also
addresses the concern of exposure to ammonia. Specifically, working fluid inventories
are reduced with the use of highly compact components. This, in turn, reduces risk of

exposure to ammonia in the event of a system leak.



The ability to utilize low-grade thermal energy is accompanied by constraints
such as capital cost and component size. Thermal compressor components consist
primarily of heat and mass exchangers. While conventional heat exchangers can be used
in large-scale, centralized applications with sufficient economic justification, size, weight
and economic constraints have prevented small-capacity thermal compressor
developments. Many low-grade heat sources such as waste heat including engine exhaust
are, however, dispersed. The current state of commercially available, thermally activated
chillers and heat pumps does not provide a feasible solution for the widespread utilization
of these resources.

Thermal compressor optimization enables the development of compact and
efficient absorption systems. The results can be applied in techno-economic analyses to
accurately identify applications with highest economic feasibility. It should be noted that
the replacement of vapor compression systems is not the primary objective of the
development of small-capacity absorption systems. Rather, the optimal utilization of
thermal energy is the overarching goal. In some situations, this may result in the
replacement of conventional vapor compression systems, while in other cases, it may lead
to a combined use of vapor absorption and vapor compression systems to meet cooling
and heating demands and maximizing thermal energy utilization. Detailed techno-
economic analyses for specific applications are beyond the scope of this study. However,
the results of this study could lead to favorable techno-economic metrics by enabling the

development of high performance compact vapor absorption systems. The analysis tools



developed in this study for thermal compressor characterization simplify vapor

absorption cycle analysis and, therefore, facilitate techno-economic analyses.

1.2 Research Scope and Obijectives of the Present Study

The first objective of this study is to demonstrate the feasibility of small-capacity
ammonia-water absorption systems. This is accomplished with a system level
investigation of the development of a 7 kW cooling capacity chiller. Scale-up of
microchannel heat exchanger design concepts and monolithic component integration is
demonstrated. It is shown that further progress at the system level requires research
efforts that focus on thermal compressor optimization.

An optimal thermal compressor for small-capacity applications has the following
characteristics:

e Minimization of temperature required for heat input

e Minimization of thermal energy required

e Minimization of component size and weight

e Production of high purity vapor

e Wide range of application and use of various heat sources

e Ability to respond to demand variation and operating conditions while

maintaining optimal performance

The approach taken in this study is shown in Figure 1.2. Findings from the system
level investigation are applied to individual areas of investigation. First, a thermodynamic
framework for the thermal compressor is developed. This extends the concept of the

thermal compressor from a qualitative descriptor to a quantifiable entity with
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Figure 1.2: Outline of research approach in present study
performance metrics. It is shown that desorption and rectification components are critical
to achieving optimal thermal compressor objectives. The thermodynamic framework is
used to guide component designs for a wide range of applications as well as optimal
control strategies.

Thermodynamically optimized desorption and rectification design concepts are
developed and their feasibility is established in a hydrodynamic investigation that
addresses liquid-vapor countercurrent flow limitations. The hydrodynamic investigation
also includes high-speed flow visualization to evaluate parameters that are relevant for
the development of heat and mass transfer models.

A principal objective of this study is to further the understanding of binary
mixture heat and mass transfer during phase change. This allows for the design of highly
compact and effective desorption and rectification components. Detailed heat and mass
transfer models are developed for the proposed desorption and rectification components.
These models are used to optimize component designs and provide further insight into
optimal system control.

Results from the system level investigation as well as from other aspects of this
study are applied to develop an effective control strategy that enables flexible and

efficient thermal compressor control.



Finally, an experimental investigation is conducted for the evaluation of the

thermal compressor as well as performance of desorption and rectification components.

Heat and mass transfer models are refined based on experimental results. The proposed

control strategy is validated through testing of thermal compressor response to variation

in capacity demand and operating conditions.
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Dissertation Organization

The organization of subsequent chapters is as follows:

Chapter 2 presents the results of a system-level investigation. Recent advances
in absorption technology are applied to model, design, fabricate and test a 7-
kW cooling capacity ammonia-water absorption chiller.

Chapter 3 presents thermodynamic considerations for thermal compressor
optimization.

Chapter 4 presents two novel desorption designs and one rectification design
based on the findings in Chapter 3. Results of a hydrodynamic investigation
are presented.

Chapter 5 describes the development of a heat and mass transfer model for
desorption and rectification components.

Chapter 6 describes the development of a test facility and presents
experimental results for the thermal compressor. An assessment of a

quantitative thermal compressor framework is made.



Chapter 7 presents experimental results for microchannel desorption and
rectification components. These results are compared to predictions of the
heat and mass transfer model developed in Chapter 5.

Chapter 8 presents the development and experimental validation of a direct-
coupled desorption concept where the heat source is a gas stream.

Chapter 9 presents a control strategy for the thermal compressor.
Experimental validation of the control strategy is shown.

Chapter 10 summarizes important conclusions and major findings of this

study. Recommendations for further research work are made.



CHAPTER 2. SMALL-CAPACITY ABSORPTION CHILLER

DEVELOPMENT

2.1 Introduction

Thermally activated space conditioning and refrigeration has several advantages
over conventional vapor compression machines. The ability to use versatile low-grade
thermal energy instead of high-grade electricity has been increasingly recognized as a
critical feature. Widespread adoption of the technology reduces grid electricity demand
and leads to operating cost reduction in many climatic regions. In the developing world, it
can provide improvements to the living standard without excessive increase in electricity
demand. Additionally, these systems use environmentally benign refrigerants in contrast
to synthetic refrigerants, which may have high global warming potentials. The use of
absorption systems has been limited to large capacity machines in industrial and district
energy applications. However, advances in miniaturization of heat exchangers allow for
the development of small capacity absorption systems for residential applications
(Garimella, 2003). The development and testing of a 7 kW cooling capacity absorption
chiller delivering chilled water at 7.2°C is presented here. Recent developments in
microchannel heat exchanger technology, component design and controls are reviewed.
The most promising advances are applied to develop a fully integrated, standalone

system.

10



2.2  Technology Review

While the literature offers a large number of thermodynamic and cycle modeling
studies, very few small-capacity ammonia-water absorption systems are available. The
realization of small capacity systems requires the development of compact components
with simple geometries. A general overview of the development of microscale heat
exchangers and their potential for a wide range of application in thermal and process
engineering is provided by Schubert et al. (2001). They present various heat and mass
exchanger types and report heat transfer coefficients of up to 54,000 W m? K™ and heat
transfer rates of up to 200 kW. Specifically for ammonia-water absorption systems,
Garimella (1999) developed a microchannel falling-film absorber designed for residential
applications. Meacham and Garimella (2002) validated that design experimentally and
showed high heat and mass transfer rates. The same design was shown by Determan and
Garimella (2011) to effectively operate as a desorber. A forced-convective plate-plate
type microchannel absorber was developed by Nagavarapu and Garimella (2011). The
plate-plate microchannel design was extended to a monolith concept by Determan and
Garimella (2012). This monolith encapsulates all core components of the absorption
system. It further reduces system size by eliminating external fluid routing and facilitates
cost effective fabrication. The proof-of-concept prototype was shown to deliver 300 W of
cooling. Delahanty et al. (2015) extended the plate-plate microchannel concept to the
development of a compact desorber-analyzer-rectifier unit. Keinath et al. (2015)
validated the performance of this Vapor Generation Unit (VGU) for systems with cooling
capacities of up to 3.5 kW. Few complete small-capacity system studies are available.

Priedeman et al. (2001) presented the results of a natural gas fired machine with 17.6 kW

11



cooling capacity at Air Conditioning, Heating and Refrigeration Institute (AHRI) test
conditions for residential and light commercial applications. A Generator-Absorber-Heat
Exchange (GAX) cycle was employed and a COP of 0.68 was achieved at full capacity.
The system was reported to be limited by high pressure drops between evaporator and
pump inlet, lower-than-design combustion efficiency, and limited internal heat exchanger
effectiveness. Zetsche et al. (2010) present the results of the development of a 10 kW
solar thermal system. The complete system includes ice thermal storage to decouple the
system from time-varying availability of solar thermal energy. The core system is
integrated into a packaged system that is coupled to a separate ambient air heat sink. A
complete system design with integrated ambient heat rejection was presented but not
constructed and tested. The non-integrated core system was tested for wide range of
evaporator temperatures, i.e. -11°C to 14.5°C. Heat sink temperatures for absorber and
condenser were reported to range between 27°C and 29°C. Heat source temperatures
varied between 85°C and 120°C. Cooling capacity ranged from 2.29 kW to 10.33 kW
while a COP range of 0.31 to 0.72 was reported. The reported heat sink temperature
range is comparatively low and limits the applicability of the system to climatic regions
with moderate temperatures. The same researchers report results for high heat sink
temperatures of up to 45°C. However, cooling capacity declined to 3.6 kW and
evaporator temperatures were set to 14.5°C to maintain a COP of 0.52. Moser and
Rieberer (2006) report the development of a 15 kW heating capacity prototype heat pump
for use with biomass as the heat source. Conventional plate-plate heat exchangers were
used for all components except for the column type desorber and rectifier. No overall size

or dimensions were reported and an external secondary fluid coupling was used,
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including for desorber coupling. The reported COP in heating mode ranged from 1.4 to
1.5 for condenser/absorber temperatures between 32°C and 40°C and evaporator
temperatures between -3°C and 7°C. The cooling mode COP ranges between 0.45 and
0.55 for condenser, absorber and evaporator conditions identical to the heating mode. The
ability to use absorption systems for refrigeration, space heating and cooling as well as
domestic hot water heating has led to the concept of the modular thermal hub as
presented by Determan and Garimella (2012), where all utilities are envisioned to be
provided by a centralized absorption heat pump system.. An intermediate scale, 3.5 kW
cooling capacity packaged system for standalone operation was also developed and
reported by Garimella et al. (2016). In addition, a small capacity, standalone absorption
heat pump hot water heater has been demonstrated by Keinath et al. (2017).

Zotter and Rieberer (2015) and Imroz Sohel and Dawoud (2006) present
developments of thermally driven, and gravity assisted solution pumps, respectively.
These are examples of research efforts to eliminate auxiliary electricity consumption.
However, given that these efforts are still in the developmental stage, the fact that
electricity consumption of the solution pump is marginal (Herold et al., 1996), and that
additional auxiliary power consumption is required by the ambient air fan, only
motorized pump options are considered for the present study.

Thermally driven chillers and heat pumps provide the potential to integrate
distributed electricity generation. This further increases the need for the development of
compact and economical small capacity systems. For example, Rossa and Bazzo (2009)
describe the thermodynamic modeling of a 5 kW ammonia-water absorption chiller

integrated with a 28 kW, microtubrine. Modeling results predict an overall thermal
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efficiency of 41% which is reported to be a 67% improvement over the individual turbine
efficiency.

This technology review reveals that significant progress has been made in
miniaturization of individual heat pump components. This enables the development of
small capacity systems for various applications. The wide range of potential applications
creates the opportunity for highly efficient integrated and cascaded thermal systems.
However, limited complete system developments are available, which necessitates further

research that addresses associated challenges.

2.3 Cycle Design

The ammonia-water working pair was selected for this development. While a
large number of working pairs have been identified as potentially suitable for absorption
systems, the only two working pairs that can be currently considered as viable for a
residential or commercial system are lithium bromide-water and ammonia-water (Ziegler,
2002). Due to its relatively low specific volume, the ammonia-water working pair allows
for more compact heat and mass exchanger design. There are no crystallization and
freezing concerns, which enable the ammonia-water absorption system to be operated as
a heat pump at very low ambient temperature or for refrigeration applications. The ability
to use solar thermal as a heat source in combination with ice thermal storage to buffer
variations in heat source availability is an example of these advantages. However,
ammonia absorption has its unique challenges (Bogart, 1982), some of which complicate
reduction of system capacity and size. Particularly, refrigerant purity due to the volatile

absorbent has significant implications for system performance (Fernandez-Seara and
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Sieres, 2006), and requires additional components and, therefore, additional space and
weight.

Many cycle designs with varying degrees of complexity exist (Kang et al., 2000).
While some configurations can provide meaningful performance improvements (Engler
et al., 1997), their implementation also adds complexity, size and weight, and additional
controls challenges. Small-capacity heat pumps must be fabricated economically, have
low weight and a small footprint, and their operation must be robust and reliable. Given
the current state of the technology, a single-stage, single-effect cycle is considered most
appropriate for the present application. However, future developments could consider
advanced cycle designs.

Internal heat recovery leading to better performance can be achieved with two
recuperative heat exchangers, the solution heat exchanger and a refrigerant pre-cooler.
While both heat exchangers yield performance improvements, the benefit from
incorporation of the solution heat exchanger is most significant (Herold et al., 1996).

The final configuration consideration pertains to the desorber, rectifier, and
refrigerant vapor purity. (Fernandez-Seara et al. (2003)) conducted a comparative study
of several common approaches to purification. In general, the use of a partial
condensation rectification method was identified as thermodynamically favorable
compared to full condenser reflux. The authors recommend rectifier cooling with
concentrated solution leaving the absorber. They also conclude that the use of an
adiabatic stripping section, termed analyzer, improves system performance significantly.

Therefore, a concentrated solution-cooled rectifier is used here in addition to an analyzer.
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Based on the preceding considerations, a schematic of the cycle used in the present study
is shown in Figure 2.1.

The coupling of all heat flows to and from the cycle is also specified in Figure
2.1. Chilled water is used to couple cooling from the evaporator to conditioned spaces as
it minimizes the possibility of refrigerant leaks into the conditioned space. It also
provides versatility with respect to the distribution of chilled water without affecting
system performance. In general, the use of microchannel heat exchangers in combination
with hydronic coupling fluids allow for the design of highly compact core components
with very low working fluid volume, which reduces the total charge of refrigerant in the
system (Garimella, 2003). Therefore, a single air-coupled heat exchanger is used as the
combined heat sink for the condenser and absorber in combination with a hydronic
coupling fluid loop. This also allows for operation as a heat pump through simple

switching of hydronic fluid valves.
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Figure 2.1: Cycle schematic
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A coupling fluid loop using heat transfer oil (ParathermTM NF) in combination
with a natural gas combustion module was selected as the system heat source. This
allows for construction of a complete self-contained working fluid part of the system. It
also maintains versatility of application as the combustion module can be replaced with a

waste heat recovery heat exchanger.

2.4 Thermodynamic Model

A thermodynamic model was developed to completely define each state point,
determine flow rates and obtain UA-value requirements for each heat exchanger. The
cycle model results also provide performance predictions and information about the
sensitivity to changes in operating conditions and individual heat exchanger UA-values.
Table 2.1 lists global inputs to the model. The model also requires initial assumptions
about heat exchanger performance and certain thermodynamic states, which are listed in
Table 2.2.

The model is implemented in Engineering Equation Solver (EES) (Klein, 2015).

Ammonia-water property routines are based on the work of (Ibrahim and Klein (1993)).

Table 2.1: Model inputs

Input Value
Ambient Temperature, (Tamb) 35°C
Evaporator Chilled Water Inlet Temperature, o

12.8°C

(Tevap,CF,in)
Evaporator Chilled Water Outlet Temperature, (Tevap, 790C
CF,out) .
Heat Source Temperature, (Tgescr.in) 180°C
Evaporator Temperature Glide (4 7evap,glide) 3K
Refrigerant Concentration (Xer) 0.9985
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Table 2.2: Thermodynamic model assumptions

Assumption Value
Solution Heat Exchanger Effectiveness (esux) 0.8
Refrigerant Pre-cooler Effectiveness (erpc) 0.8
Absorber Closest Approach Temperature (CATaps) 3K
Concentrated Solution Subcooling in Absorber (Tsup abs) 2K
Condenser Closest Approach Temperature (CATcon) 3K
Refrigerant Subcooling in Condenser (Tsyp,con) 2K
Evaporator Closest Approach Temperature (CATevap) 3K
Analyzer Vapor In-equilibrium Temperature (Tineg,vap) 75K
Rectifier Reflux In-equilibrium Temperature (Tinegrec) 3K
Condenser Closest Approach Temperature (CAT ges) 25 K
Dilute Solution State at Desorber Outlet Saturated Liquid
Refrigerant State at Rectifier Outlet Saturated Vapor

Conservation equations for mass, species and energy are applied to each component and
solved iteratively. The refrigerant mass flow rate required to achieve an evaporator
cooling capacity of 7 kW with an evaporator temperature glide, ATevap glide IS determined
to establish design values for concentrated and dilute solution flow rates. Specifically, the

evaporator refrigerant inlet temperature is determined using CATevap and Tevap,cr-out @S

specified in Table 2.1 and Table 2.2. Thus, m,; can be determined. Circulation ratio,
CR =m, / M can be determined through Eq. 2.1 which then fixes values for M, and

My -

CR = ref — Xds

Xes ~ Xas 21
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Key state points, flow rates and component heat duties are listed in Table 2.3. The
combination of mass flow rates, CAT assumptions and component level energy balances
allows for the determination of all state points in the system as well as heat duty values
for every component. UA-values for each component are determined based on the
component duty and its LMTD.

For design purposes, it is important to evaluate off-design conditions. The effect
of varying ambient temperature on the system is shown in Figure 2.2A. System

performance monotonically degrades with rising ambient temperature, which is expected.

Table 2.3: Thermodynamic model results

Component or State Point Value
Evaporator Duty 7.03 kW
Evaporator UA-value 1.70 kW K™
Desorber Duty 11.14 kKW
Desorber UA-value 0.29 kW K*
Rectifier Duty 1.83 kW
Rectifier UA-value 0.06 kW K*
Absorber Duty 11.47 kW
Absorber UA-value 1.07 kw K™
Condenser Duty 6.76 kW
Condenser UA-value 1.10 kw K™
SHX Duty 491 kW
SHX UA-value 0.21 kW K™
RPC Duty 0.69 kW
RPC UA-value 0.07 kW K™
Refrigerant Flow Rate 6.17 x 10% kg s™
Concentrated Solution Flow Rate 19.09 x 10° kg s*
Dilute Solution Flow Rate 12.92 x 10° kg s*
Cycle COP 0.63
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Figure 2.2: (A) COP and component duty for varying ambient temperature, (B)
sensitivity of COP to variation of component UA-values

System high-side pressure increases substantially for the same ambient temperature
range. This determines maximum expected operating pressures and sets component
design pressure requirements. Additionally, several sensitivity studies were performed
with this cycle model. Each heat exchanger UA-value was varied by + 20% and the
resulting effects on cycle COP were studied. COP sensitivity to final component UA-
value is shown in Figure 2B. COP is most strongly affected by variations in solution heat
exchanger size. However, overall COP variation is minimal in response to size variation

of any heat exchanger.

2.5 Heat exchanger design

Individual segmented models were developed for each heat exchanger to
determine physical size based on thermodynamic modeling results. A typical cross-
section of the microchannel heat exchanger geometry is shown in Figure 2.3.
Conservation equations for mass, species and energy are applied in combination with a

resistance network for each segment. Nagavarapu and Garimella (2011) present a
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Figure 2.3: Microchannel cross-section geometry

methodology for the idealization of the microchannel geometry as a thermal resistance
network of the metal sheets with the walls of the microchannels represented as fin arrays.
Binary mixture effects during phase change must be considered to accurately quantify the
total thermal resistance. For example, the Colburn and Drew (1937) approach as
implemented by Price and Bell (1974) was applied for desorber and absorber design
while the method presented by Silver (1947) and (Bell and Ghaly (1973)) was applied for
condenser and rectifier designs. The UA-LMTD method as shown in Eq. 2.2 then
determines the heat duty for each segment from which the physical size of the heat

exchanger is obtained through consideration of the total heat duty as shown in Eq. 2.3.

Q =(U xA). xLMTD, 2.2

Qtotal = ZQu 2.3

The overall cross-sectional area for fluid flow in the heat exchanger is defined by
specification of the number of parallel channels, including channels per sheet, and the
total number of sheets. Design criteria for this choice include total pressure drop of the

component, heat and mass transfer rates, and fabrication considerations. The pressure
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drop of each component was limited to 25 kPa to avoid adverse effects on system
performance. Component pressure drop is obtained from segmental frictional pressure
drop modelling. For example, two-phase flow frictional pressure drops are calculated
using the Lockhart (1949) correlation with the coefficients based on the work of
Chisholm (1967). The flow regime in two-phase flow is affected by the number of
parallel channels, and it is desired to maintain relatively high velocities to facilitate heat
and mass transfer for two-phase flows. Additionally, homogenous flow distribution in all
channels is desired. As the width of the component increases, the potential for
maldistribution increases. Therefore, long and narrow components are preferred, which is
in conflict with low pressure drop requirements. Finally, fabrication considerations favor
fewer numbers of plates. Therefore, the individual component design goal is to minimize
the number of plates and component width, and extend the channel length as much as
tolerable given the pressure drop limit.

Desorber, analyzer and rectifier components are based on the VGU design
presented by Delahanty et al. (2015). Here, a liquid-vapor countercurrent flow
configuration is wused to realize thermodynamic advantages. Hydrodynamic
considerations such as countercurrent flow limitations (CCFL) prevent the use of
microscale geometries on the working fluid side. However, the coupling fluid side
employs microscale geometries leading to a compact component design. The present
work seeks to achieve capacity scale-up from the 300 W cooling capacity heat pump
monolith concept presented by Determan and Garimella (2012) and further scale-up from
the development of a 3.5 kW cooling capacity system presented by Garimella et al.

(2016). For this scale up, and considering the different criteria that govern the vapor
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generation unit and the other components in the system, it is subdivided into two
monolithic blocks.

In addition to the design considerations for individual components, integration of
the components into these monolithic blocks presents additional constraints. These
include the overall dimension of the monolithic block and the sheet stacking pattern. The
latter constraint arises because the stacking pattern of individual components may not
necessarily be the same for all components. Pressure drop constraints may lead to
components that require multiple coupling fluid sheets for every working fluid sheet or
vice versa. This may not be required for all components but has to be accommodated in
the monolith design. The designs were optimized to accommodate individual heat
exchanger as well as component integration requirements. The evaporator coupling fluid
required two sheets for every refrigerant sheet due to pressure drop limitations. This
resulted in a final monolith design with four different sheet designs to accommodate the

component stacking order. The core monolith consisted of 66 total sheets. A sample sheet

et
vaporator
Condenser P Precooler

=
Solutlon
Heat Exchanger

Figure 2.4: Monolith sheet layout
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Figure 2.5: Bonded core monolith assembly

with labeled components is shown in Figure 2.4. The sheets were fabricated from 304
stainless steel with a photochemical etching process as described by Determan and
Garimella (2012). A recurring subassembly of sets of five sheets is used to achieve the
required stacking order.

Sheets for the absorber solution, evaporator refrigerant, and solution heat
exchanger dilute solution have periodic gaps in the microchannel geometry perpendicular
to the direction of flow. These features were used to mitigate maldistribution and promote
inter-channel mixing. Larger mixing sections are located closer to the inlet to address
potential maldistribution in the header region. An understanding of flow distribution in
such geometries has been developed by the work of Hoysall et al. (2017). A hybrid
brazing and diffusion bonding process yielded the final assembly with dimensions of 710
mm x 315 mm x 50 mm as shown in Figure 2.5. The hybrid bonding process is a
transient liquid phase diffusion bonding process where a brazing alloy is applied in a high

pressure, high temperature atmosphere.
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Figure 2.6: Vapor Generation Unit (VGU), individual plates (left) and bonded
assembly (right).

The VGU geometry presented by Delahanty et al. (2015) was modified for
required vapor generation rates. The complete assembly consists of 12 solution side
sheets, 24 heat source coupling fluid sheets, and 12 rectifier coupling fluid sheets. The
solution side sheets were milled while the coupling fluid sheets were fabricated using
photochemical etching. Both sheets are shown in Figure 2.6 (left). Vacuum brazing
produced the final assembly with dimensions of 400 mm x 250 mm x 130 mm as shown

in Figure 2.6 (right).

2.6 Auxiliary Components

Several additional components were required for integration into a complete
system. The combustion module consists of a standard fin-tube coil in combination with a
flat-plate burner, and provides continuous turndown control. A positive displacement
gear pump provides circulation of a coupling fluid to the VGU. A conventional, custom
fabricated copper/aluminum, finned-tube heat exchanger was designed to accommodate

the unique geometry required for optimal packaging. Thermal communication between
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Table 2.4: System instrumentation

Instrument Manufacturer/Model Value Accuracy
Thermocouple Omega® T-type -250 — 300°C +0.5°C
Omega® J-type 0-—750°C +1.1°C
Pressure Transducer | Omega® 4-20 mA Output 0 — 1000 kPa +0.03%
0 — 3500 kPa Range
Mass Flow Sensor | Endress+Hauser® Promass | 0— 0.556 kg s™ +0.15%
80F Coriolis
Coolant Mass Flow MicroMotion® Coriolis | 0—0.6056 kg s* +0.1%
Sensor Sensor
Electronic Carel® 480 motor steps —
Expansion Valves E2V Series
Data Acquisition and National Instruments® — —
Control c-RI10 9024
Gas dial meter American Meter Company - —

the monolith block and the ambient heat sink is provided through and hydronic coupling
loop with a compact centrifugal pump. A low-profile, light-weight automotive radiator
fan was selected to deliver heat sink air flow. A compact piston pump was developed to
deliver low concentrated solution flow rates at high differential pressure, which is
characteristic for ammonia-water absorption systems. Finally, two control valves were
installed for refrigerant expansion into the evaporator and dilute solution throttling.
Proportional electronic positioning valves compatible with ammonia-water were chosen.
Unlike thermostatic expansion valves, this allows direct control of valve position,
relevant

allowing implementation of various control algorithms. A list of all

instrumentation is provided in Table 2.4.

2.7 Control System

A standalone packaged heat pump requires an intelligent control system. The
main objective is to identify all relevant control loops and provide instrumentation to

operate these loops. It is further desired to establish a control frame work for stable,
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reliable and independent operation. Figure 2.7 shows the control loops that were
identified as necessary to accomplish these tasks. Three internal control loops are shown,
namely evaporator temperature glide control, dilute solution valve control and
concentrated solution pump speed. Temperature glide control in the evaporator is one
strategy for ammonia-water absorption systems whereby the temperature difference
between evaporator refrigerant inlet and outlet is measured and used as the process
variable. A feedback loop then uses this value to regulate valve position. The temperature
glide set point is fixed at a nominal value of 3°C. However, this value can be modified
and could be used as a dynamic variable for further system optimization. The temperature
glide also depends on refrigerant purity and increases as water mass fraction increases.
Excessive temperature glides lead to refrigerant temperatures above target chilled water
temperatures. This causes an increasing fraction of latent heat in the refrigerant vapor to

be unusable for cooling. Maintaining a lower temperature glide at poor refrigerant vapor
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purity requires excessive refrigerant mass flow rates which, in turn, degrades
performance due to the additional heat input necessary to generate the refrigerant. Direct
control of valve position allows the controller to disable feedback loop control to provide
a fixed valve positon during severe transients and start-up/shut-down situations.
Concentrated solution is directly controlled through the speed of the constant
displacement pump in an open loop. Solution flow rate can be set as a function of several
variables including cooling load, operating conditions and start-up/shut-down routines.
The dilute solution valve is also operated in an open loop and is controlled based on
solution pump speed and operating conditions to maintain a liquid level in the desorber
without causing flooding of solution into the condenser. Two external control loops are
identified. Continuous modulation of gas input to the combustion module controls the
desorber inlet temperature set-point through a feedback loop. An open loop for heat
source coupling fluid flow rate is implemented with variable speed control of a positive
displacement gear pump. The desired heat input to the desorber and a target temperature
profile is achieved by combining both controls. Both, heat source coupling fluid flow rate
and combustion module heat input were modulated during testing to achieve a target
desorption temperature at the dilute solution outlet of the desorber.

Safety related control features were implemented in the controller. Specifically,
several permissive checks are continuously verified without which combustion is
disallowed. The permissive checks include flow verification for chilled water and
desorber coupling fluid, system high side pressure, evaporator minimum temperature and
desorber coupling fluid maximum temperature. All auxiliary components, i.e., ambient

air fan and heat sink coupling fluid pump are simple on/off controllers. The control
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system was implemented with a process automation controller (PAC). Additionally,
multiple pressure transducers and thermocouples for relevant system state points were
installed for experimental evaluation. The level of implemented instrumentation is much
greater than that needed for a stand-alone, commercial product due to experimental
nature of this work, which will provide the potential for further space and weight

reduction in an eventual packaged commercial system.

2.8  System Assembly and Experimental Results

The VGU and the monolith containing the other ammonia-water components
form the core of the absorption chiller. Auxiliary equipment was arranged to minimize
total system volume. Consideration was given to the fact that an experimental prototype
development requires additional space for instrumentation and access for potential in-situ
modifications. The prototype chiller was constructed based on complete system CAD
modelling that optimizes packaging of components and minimizes unit footprint. The
final assembly is shown in Figure 2.8. Overall, dimensions of the packaged unit are 0.66
m x 0.66 m x 0.66 m. It should be noted that during construction of the packaged unit, a
small internal leak in the absorber section of the core monolith developed. It was
therefore necessary to add a set of falling-film type absorbers to the packaged system.
These were two custom fabricated shell-and-tube heat exchangers, with a shell outside
diameter of 0.0762 m and a height of 0.51 m, installed in a series flow configuration
while the microchannel absorber was isolated. Experimental results reported in this study
were consequently obtained with the falling-film type absorbers. Additional space

requirements were minimal.

29



S—

-~
M—
—~—

i1y

(IECCC

({

il
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A chilled water cooling load simulation loop was fabricated to provide design
temperature and flowrates for the evaporator. Relevant instrumentation is listed in Table
2.4. The load simulation loop included a set of electric heaters, capable of deliver
maximum heating capacity of 9 kW, a centrifugal pump and a Coriolis type mass flow
meter. A 10 wt% propylene-glycol solution was used for the chilled water loop. Inlet and
outlet chilled water temperatures at the evaporator were monitored and recorded to
determine system cooling capacity. Natural gas flow rate was measured periodically with
a dial meter to determine total heat input. Data were recorded with the controller every
second for periods of 15 minutes and averaged to represent a data point.

Autonomous control of the system was accomplished to a high degree at steady
state operation. Desorber coupling fluid temperature control operated in a completely
automatic mode including system start-up. Solution pump speed modulation was
identified as an effective control variable for capacity control by varying concentrated

solution mass flow rate. Relatively fast capacity changes can be accomplished with this
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strategy and it should be included in further development of absorption system control
strategies. The CCFL in the VGU (Delahanty et al., 2015) dictated the allowable
concentrated solution flow rate increases and solution pump speed control. While the
open loop controller operated in manual mode, automation of this loop as a function of
capacity and operating conditions is considered feasible. A simultaneous increase in
desorber coupling flow rate through pump control was required to provide the
commensurate increase in heat input with capacity. This controller is based on the
temperature difference between concentrated solution inlet and desorber coupling fluid
outlet. The automatic feedback controller for natural gas supply to the combustion
module maintained a target heat source temperature set point at the coupling fluid inlet of
the desorber. This set point was varied as the control variable in a cascaded feedback loop
that achieves a set point temperature of dilute solution temperature leaving the desorber.
This last feature of the control algorithm added significant consistency and stability to
system operation. In this study, dilute solution temperature was maintained at a constant
value to match thermodynamic model inputs but this study shows that it is a variable that
can be actively controlled to not only maintain system stability but also respond to
changes in operating conditions, e.g., ambient temperature variation. Therefore, effective
capacity control can be achieved with concentrated solution flow rate control, desorber
heat input control and refrigerant valve control. Minimal dilute solution valve control was
needed, which was done in manual mode. An open loop model based control of this valve
could be implemented based on desorber-absorber pressure differential, system load and
system operating conditions, e.g., evaporator temperature and ambient temperature. The

refrigerant valve was set at a fixed position during start-up, but was switched to
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Figure 2.10: Cooling capacity and chilled water temperature

automatic control during steady state with a nominal set-point of 3°C. Stable refrigerant
flow and evaporator performance was achieved at steady state. The developed framework
for system control and the identified control loops were validated and provided
significant guidance for continued control algorithm developments. Further refinement
and algorithm development is required to achieve robust automation that accommodates

start-up/shut-down and system transients due to changing operating conditions.
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Successive operational optimization was conducted to maximize capacity and test
system limitations. Figure 2.9 shows a plot of data collected during system optimization.

It shows increases in cooling capacity up to a maximum of 6.9 kW. Operating conditions

Table 2.5: Comparison of thermodynamic model and experimental results

State Point Model Experiment
Chilled Water Inlet Temperature, °C 12.8 13.1
Chilled Water Outlet Temperature, °C 7.2 7.9
Chilled Water Flow, kg s™ 0.32 0.32
Cooling Duty, kW 7.0 6.9
Natural Gas Heat Input, KW 13.4 15.8
Combustion Efficiency, % 83.4% 84.6%
System COP, [-] 0.53 0.44
Cycle COP, [] 0.63 0.51
Condenser Pressure, kPa 2087 2003
Evaporator Pressure, kPa 501 447
Evaporator Refrigerant Inlet Temperature, °C 4.2 4.8
Evaporator Refrigerant Outlet Temperature, °C 7.2 7.14
Desorber Coupling Fluid Inlet Temperature, °C 180 183
Desorber Dilute Solution Outlet Temperature, 155 156
C%ndenser Refrigerant Inlet Temperature, °C 62.1 59.4
Condenser Refrigerant Outlet Temperature, °C 49.0 40.0
Condenser Coupling Fluid Outlet Temperature, 48.0 51.3
Ack:)sorber Solution Outlet Temperature, °C 41.0 42.5
Absorber Coupling Fluid Outlet Temperature, 52.0 51.03
Cct:)upling Fluid Inlet Temperature, °C 40.0 39.4
SHX Concentrated Sol. Inlet, °C 62.7 70.5
SHX Concentrated Sol. Outlet, °C 104.2 118.2
SHX Dilute Sol. Outlet, °C 70.5 71.8
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were approximately constant during these tests as shown in Figure 2.10. The details of a
representative data point are shown in Table 2.5. While the majority of state-point
temperatures are in very close agreement with thermodynamic modeling results, the
system COP is somewhat lower than design values. The COP is defined as shown in Eq.
2.4. Cycle COP accounts for combustion efficiency and provides a value independent of
heat source losses for general comparison as shown in Eq. 2.5.

Q

COP, ., = —+ 2.4

system Q
gas

Qevap

comb X ans

COPR, .. = 2.5

cycle

It was found that temperature glide in the evaporator required a lower set-point
than the nominal value of 3°C to maximize capacity. It can be deduced that limitations in
the evaporator require a greater LMTD. Also, the inlet temperature to the evaporator was
consistently 0.5-1°C higher than its design value, suggesting that refrigerant purity was
slightly lower than design values. This adversely affects evaporator LMTD and requires
additional refrigerant mass flow. This required increased heat input to the desorber,
thereby adversely affecting COP. The solution temperature increase across the rectifier
was greater than the design value, indicating greater-than-design rectifier loads. Any
rectifier load will lead to lower thermal compressor efficiency and increased heat input
requirement. In addition to these observations, heat loss from the desorber, combustion
module and coupling fluid loop explain the greater-than-design heat input and lower-
than-design system COP. The solution pump capacity limit was reached at maximum

cooling loads, which ultimately limited further capacity increases. An increase in dilute
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solution temperature at the desorber outlet suggests insufficient solution flow. However,
given the indication of greater-than-design refrigerant flow rates, improved VGU and
evaporator performance at constant circulation ratio will require lower solution flow
rates. This suggests that pump capacity is sufficient for the cooling capacity of this

prototype.

2.9 Conclusions

The development of a compact standalone 7 kW cooling capacity, residential
scale ammonia-water absorption chiller was presented. Microscale heat and mass
exchangers integrated into two monolithic blocks formed the core of the chiller. Space
and weight requirements for these core chiller components are only a small portion of the
entire system volume, owing to highly compact heat and mass exchangers. A controls
frame work that identified effective control loops was developed and implemented. The
system was tested at AHRI conditions and achieved cooling near design capacities. A
system cooling COP of 0.44 was achieved, which corresponded to a cycle COP of
0.51.The scale-up of the monolithic microchannel heat pump concept (Determan and
Garimella, 2012) from proof-of-concept and an intermediate 3.5 kW cooling capacity
scale (Garimella et al., 2016) to residential scales demonstrates the feasibility of small
capacity ammonia-water absorption systems. This chiller can also readily function in
heating mode, increasing the functional utility of the system as a complete space-
conditioning unit. Several areas of continued research needs can be identified to advance
this technology. The discrepancy between predicted and measured COP can, in part, be

explained by less than optimal operation of the VGU and the evaporator. The challenge

35



of combining the most compact heat exchanger designs with high purification
requirements and best possible component efficiencies has to be addressed. Further
development of the refrigerant generation and purification components, i.e., for the
desorber, analyzer and rectifier is needed to reduce weight and size and to improve COP.
Improved designs for highly compact evaporators should be investigated. Heat and mass
transfer performance of the microchannel absorber component at design microscale
geometries should be validated. Further development of the control loops within the
identified framework is required to reliably provide transient, start-up/shutdown and turn-
down response. Finally, high volume manufacturing methods of microchannel heat
exchangers should be investigated for viable economical fabrication of small capacity

absorption machines.
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CHAPTER 3. THERMODYNAMIC CONSIDERATIONS

3.1 Introduction

In contrast to vapor compression cycles, thermally activated chiller and heat pump
cycles require more detailed thermodynamic modeling. The concept of the thermal
compressor (TC) is commonly used in the literature as a qualitative descriptor to provide
an analogy to the vapor-compression cycle. However, these efforts have typically not
been developed further to yield a quantitative TC characterization for absorption cycles.
If the complexity of the analytical modeling of the TC can be reduced to approach that of
vapor compression cycles, it can facilitate design and analysis of absorption heat pump
technology. This approach can readily provide accurate design level data and
performance predictions for stand-alone systems as well as for integration in complex and
cascaded thermal systems. Additionally, the concept can be applied to provide an
effective link between the physical machine and its control system allowing for optimal
control, fast response and diagnostic capability.

Several modeling approaches for absorption systems have been reported in the
literature. On one side of the spectrum of these studies is the rigorous thermodynamic
model which requires a large amount of detailed information and provides a large number
of detailed results. On the other end of the spectrum is the black-box model, which
requires very few inputs and provides only few results. Ultimately, the purpose of the
model dictates the required type. The level of detail in a complete thermodynamic model
is required at the design stage of an actual machine, which allows for optimal

development of heat and mass exchangers. However, this level of detail may not be
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needed for predicting the behavior of an existing system or for high-level thermal system
screening and design. In fact, if the purpose is integration into a control system,
unnecessary detail may require excessive computational power and may limit the efficacy
of the model to provide optimal system control. Thermodynamic modeling as the initial
design stage of an absorption heat pump has been demonstrated by Herold et al. (1996).
To facilitate thermodynamic simulations, Grossman (1994) developed the modular
ABSIM software with several enhancements and application to an advanced absorption
cycle presented by Garimella et al. (1996). A second-law model is an extension of the
first law thermodynamic model to address some of its limitations. A general overview
and illustration of the application of the exergy method to thermal systems is given by
Kotas (2013). Ataer and Gogiis (1991) and Aprhornratana and Eames (1995) provide
representative exergy studies for absorption systems. Conventional second law analysis
has its own limitations (Tsatsaronis, 1999). This led to the development of advanced
exergetic analyses, which overcome some of these limitations by splitting exergy
destruction into four components (Morosuk and Tsatsaronis, 2013). Endogenous and
exogenous parts of a specific component distinguish between irreversibility due solely to
that component and the remainder of the system. Further splitting into avoidable and
unavoidable exergy destruction allows for incorporation of realistic technological
limitations, which aids the identification of opportunities for improvement. Specific
application of the method to an ammonia-water absorption refrigeration machine was
presented by Morosuk and Tsatsaronis (2008). Efforts to develop a generalized approach
to modeling absorption machines that only requires a minimal number of inputs, e.g.,

mainly operating conditions have been reported in the literature. Gordon and Ng (1995)
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apply cycle energy and entropy balances, accounting for entropy generation due to losses
in each component. Hellmann and Ziegler (1999) apply the characteristic equations
method and offer two simple algebraic equations that capture the thermodynamic state of
the system. However, they found that actual relations between this characteristic
temperature and COP and cooling load are not linear as predicted in the two-equation
model. A modified approach presented by Kiihn and Ziegler (2005) uses an arbitrarily
defined characteristic temperature function for use with the two-equation model proposed
by Hellmann and Ziegler (1999). A multiple linear regression analysis for experimental
or manufacturer data is then required to complete the model. Puig-Arnavat et al. (2010)
compare the latter approach to the original two-equation model and confirm that
predictive ability of the regression based model is significantly better. Chen et al. (2006)
present a four-temperature model with the assumption of a linear heat transfer law while
Qin et al. (2007) remove that assumption and extend the model to a general non-linear
heat transfer law. Successive removal of assumptions leads to increasingly complex
models. While this may lead to incremental improvements in accuracy, the merit of the
model must be determined by its application, which would dictate the required balance
between accuracy and simplicity.

The development of the TC framework seeks to combine advantages of all
modeling approaches discussed above. Detailed first-law modeling provides accuracy,
while exergetic considerations address first-law limitations for thermodynamic
optimization. The purpose of this framework is to provide a high-level TC module for
design and control. A detailed thermodynamic model approach is used in combination

with statistical analyses to maintain accuracy of the former while providing the simplicity
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and ease-of-use of a black-box model. The need for explicit specification of desorption
temperature is eliminated, thereby reducing the number of model inputs.

A single effect ammonia water absorption cycle is compared with the TC-simple
cooling cycle (SCC) representation in Figure 3.1. By separating the TC from the SCC,
endogenous effects on performance due to variations in operating parameters and cycle
implementation can be quantified without reliance on specific SCC information. In this
investigation, a modeling framework for the TC of a single-effect, ammonia-water
absorption system is developed. Two appropriate figures of merit are defined. With the
application of justified assumptions, a quantitative TC characterization requiring only
two inputs, ambient temperature (Tamp) and evaporator temperature (Tiow) IS established.
Common cycle configurations are considered and compared using this framework,
arriving at an optimal configuration. The framework is applied to generate and analyze a
large data set for a wide range of operating conditions. Statistical methods, i.e., regression
and artificial neural networks (ANN) are used to predict performance accurately and also

identify optimal heat source temperatures. The suitability of both methods is compared.
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Figure 3.1: Simple absorption cycle (left), conceptual representation of thermal
compression cycle (right)
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3.2  Thermal Compressor Configurations

While many advanced cycle configurations are available, the target applications
of this model are small-capacity systems for which the single-effect cycle is most
suitable. The components that are included in the thermal compressor are the absorber,
solution heat exchanger (SHX), desorber, and a refrigerant purification stage. The
desorber and purification stage have several configuration options. Traditionally, a
distillation column is employed in combination with a generator and complete
condensation reflux from the condenser. The column consists of a stripping section below
the concentrated solution feed point, also termed analyzer, as well as a rectification
column above the concentrated solution feed point. The column requires a specific
amount of reflux of condensate which depends on the vapor purity requirement and
column efficiency. Various column configurations, including the conventional distillation
column approach, were studied by Fernandez-Seara et al. (2003). They include a partial
condenser where vapor is purified by preferentially condensing sorbent rich solution. It
was shown that partial condensation leads to COP improvements if concentrated solution
is used as the heat sink. Fernandez-Seara and Sieres (2006) quantified the effect of vapor
purification on system performance. They recommend a high efficiency stripping column
for all conditions while the importance of the rectification column becomes less
significant at high evaporator, low lift operating conditions. An additional configuration
considered here is the diabatic distillation column. In the diabatic desorption column, heat
transfer is integrated into the stripping column while the diabatic rectification column
integrates partial condensation stages with the rectification column. The advantages of

diabatic distillation have been discussed in the literature. An instructive description of its
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merits is provided by Kotas (2013) . Further quantification and experimental validation of
the reduction of exergy destruction is provided by de Koeijer and Rivero (2003).

Based on the review of the literature, three rectification types are selected as
shown in Figure 3.2. Type A is the conventional adiabatic column with complete
condensation reflux. Type B employs solution cooled partial condensation with vapor-
liquid co-flow, while type C is a solution-cooled diabatic column with liquid-vapor
counter flow purification and the integration of heat rejection. Three configurations for
the desorber-analyzer section as shown in Figure 3.2 are selected. Desorption Type 1 is a
kettle type generator in combination with an adiabatic analyzer. Type 2 also employs an
adiabatic column, but uses a counter-current heat source with liquid-vapor co-flow. Type
3 is a diabatic column where liquid-vapor counter flow purification is combined with
counter-current heat transfer to the desorber. This leads to a combination of nine

configurations that are compared.
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3.3  Thermodynamic model and figures of merit

A thermodynamic model for the thermal compressor is developed, including two
figures of merit for performance characterization. First, the delineation of the thermal
compressor from the remainder of the cycle is established. Low-side and high-side
pressure values are determined through a combination of inputs and assumptions.
Concentrated solution ammonia mass fraction is determined through evaporator and
absorber temperatures. Dilute solution temperature leaving the desorber, Thot, is
identified as a suitable independent variable to identify optimal desorption temperatures.
The behavior of thermal compressor figures of merit is investigated for a range of Thot
values. The thermodynamic model includes detail to investigate the difference between
various desorption and rectification configurations discussed above. Inputs and
assumptions are listed and explained below.

The following model inputs are used:

e T,m=35°C
e Tiw=0°C
®  Thotmin < Thot < Thot,max
o M, =1kgs™
e X =0.9985
The following model assumptions are used:
o ATyps=5°C
o AT, n=8°C

e SsHx =0.85
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Moump = 70%

L] gad = 05

Complete state point definition of TC inlet and outlet is required and can be
obtained from SCC analysis. This requires a set of assumptions and definitions to arrive
at a two temperature TC model. A constant refrigerant ammonia mass fraction of 99.85%
is specified. This value combines achievable purity for small capacity systems (Keinath
et al., 2015) and high SCC performance, i.e., low evaporator refrigerant glide. The
evaporator inlet temperature is defined as Tio. Pressure at this state point is calculated
from saturated liquid assumptions. It is shown below that this assumption is justified at
high ammonia concentrations. Absorber saturation pressure is obtained by assuming
negligible pressure drop from the evaporator. Assuming a 5°C temperature difference
between Tamp and the saturated liquid temperature in the absorber, ammonia mass fraction
is obtained. High-side pressure is obtained by assuming a 8°C CAT between the saturated

liquid state and heat sink inlet temperature. High side pressure TC connection is made by
assuming negligible pressure drop in the desorber. A constant SHX effectiveness, &gy ,

of 0.85 is assumed. Pump work requires electrical input, i.e., pure exergy, and cannot be
neglected. A pump efficiency of 70% is assumed for this analysis. It should be
emphasized that CAT and subcooling assumptions are implemented for the specific TC
example presented here. In a generalized form of a TC model, known deviations from
these assumptions can be accommodated through adjustments of the Tamp input to the
model. The development of a characteristic relationship between an optimal generator

operating temperature, Tiow and Tamp removes the requirement of an explicit input for
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generator temperature. Exergy supply to the generator depends on its temperature, which
IS not necessarily constant. A weighted average temperature, Tges, as shown in Eq. 3.1 is
used to account for temperature variation between diabatic stages. It is assumed that each

heat transfer stage control volume is well mixed, leading to a constant pool temperature.

Tdes = Nng 3'1
27

Two figures of merit are identified and compared. First, a second law efficiency is
considered for the TC control volume shown in Figure 3.1. An energy based efficiency
value requires knowledge of heat rejection from the absorber. However, heat rejection in
the absorber is considered lost exergy and contributes to exergy destruction in Eq. 3.2. It
can therefore be eliminated from the definition of exergetic TC efficiency, n;c, as

defined in Eq. 3.3.
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An alternative figure of merit is defined as the specific heat input, qges, 1.€., the
heat input required per unit mass of refrigerant as shown in Eg. 3.4. This value is
primarily determined by TC configuration, component specification, and operating

conditions. The SCC has very little effect on qqes and affects primarily the refrigerant
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flow rate and extensive generator heat input. Therefore, this figure of merit provides a

better quantification of endogenous TC performance.

qdes = Q'des 34

ref

Global desorption and rectification control volumes are divided into diabatic and
adiabatic control volumes. For example, desorption Type 3 and rectification Type C, i.e.,
the diabatic distillation column configurations have a control volume arrangement as
shown in Figure 3.3. Reflux is produced and vapor flow is reduced in every diabatic
section of the rectifier through partial condensation. It combines with reflux leaving the

adiabatic section above to enter the adiabatic section below. Some minimal net vapor
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generation occurs in each adiabatic section as reflux is heated by vapor from below. The
combined reflux on the bottom of the rectification column enters the top adiabatic section
of the desorber where it combines with concentrated solution. VVapor purification in each
adiabatic section causes a minimal amount of vapor generation as solution is heated with
hotter vapor from lower trays. Vapor generation occurs in each diabatic section in the
desorber with no reflux generation as vapor from lower sections bypasses the current
diabatic section. A well-mixed pool is assumed in each diabatic section with vapor
generated at this mixed temperature. Configuration A-1 consists of a single diabatic and
adiabatic control volume for desorption and rectification, respectively. Conservation
equations for mass, species and energy are applied to each control volume as well as to
the global control volume of the component. The model is based on equilibrium
thermodynamics in combination with a Murphree efficiency, eaq, in the adiabatic control
volume to account for liquid-vapor non-equilibrium (Fernandez-Seara et al., 2003). Eq.
3.5 and Eq. 3.6 provide the definition of the Murphree efficiency for the desorber and
rectifier adiabatic sections, respectively. The limiting flow rate in the desorber is that of

the vapor, while liquid flow rate governs the rectifier.
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Conservative values for ., —05 are used for all configurations (Zavaleta-

Aguilar and Sim&es-Moreira, 2012). For configuration C-3, uniform heat input (desorber)

and uniform heat rejection (rectifier) is assumed. Thus, the global component energy
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balance is used to divide heat input and rejection at each diabatic stage, Qi into equal

values. This circumvents the need for the specification of CAT between working fluid and
heat source/sink at each diabatic stage. While the heat source temperature can be chosen
based on a CAT assumption, heat sink temperature in the rectification stages is dictated
by the concentrated solution temperature at any given operating condition. A minimum
CAT of 3°C is used to ensure that no temperature pinch-point occurs. For design C-3, this
pinch-point is avoided at all operating conditions and the corresponding rectification load
requirements and solution temperatures. However, for rectifier design B, a maximum
value for T is encountered when rectification loads exceed available heat sink capacity,
and a pinch-point occurs. Values for Ty are therefore limited to rectification loads lower
than maximum solution heat sink capacity. While alternative heat sinks such as ambient
air could be used, this situation demonstrates that rectification type C is the preferred
design as discussed below.

The resulting system of equations is solved iteratively on the Engineering
Equation Solver (Klein, 2015) platform. The number of stages in the diabatic distillation
configuration has to be specified to provide closure. A single stage represents the
combination of a diabatic section and adiabatic section in Figure 3.3. Rectification Type
A and Desorption Type 1 represent a single adiabatic and diabatic stage, respectively.
The number of stages can be specified for configuration C-3. A single stage represents
Desorption Type 1 and Rectification Type A. Significant performance improvements are
achieved as the number of stages is increased at low stage numbers, while at large
numbers, the improvement is marginal. (Model results for thermal compressor

performance of configuration C-3 or a stage count between one and ten at Tam, = 35°C
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and Tow = 0°C are shown in Figure 3.4.) This is to be expected for two reasons: first, a
high stage number approaches a continuous temperature gradient, which reduces the
grade of required heat input. Secondly, the fixed value for &, increases overall
purification efficiency with higher stage number. This reduces heat rejection in diabatic
rectification sections and thereby improves TC performance. Both effects are
marginalized as the number of stages is increased. In particular, if design considerations
include highly compact component size as well as economical fabrication, an upper limit
of stage numbers is expected. Marginal increases in operational performance do not
justify increased component size and fabrication cost at higher stage counts. While a
detailed exergoeconomic analysis can provide more detailed justification for optimal
number of stages, a stage count of ten for desorption type 3 is chosen here for the

remainder of the analysis.
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Figure 3.4: Thermal compressor performance versus diabatic stage count
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3.4  Configuration Study Results

Results for all nine configurations are compared for nominal operating conditions of
Tamp = 35°C and Ty = 0°C and a range of dilute solution temperatures leaving the
desorber, Thot. This temperature was chosen as a characteristic parameter as it can be
easily measured and is a suitable control variable. It also provides information about heat
source temperature requirements. Figure 3.5 shows TC efficiency as well as specific heat
input for Desorption Type 1 in combination with all three rectification types. A distinct
maximum of TC efficiency is shown for all configurations, with Rectification Type C
providing the greatest value. This optimum temperature increases slightly from
Rectification Type A to C. Minimum heat input is observed for all configurations at a
specific temperature, which is consistent with maximum COP values observed in
previous studies (Engler et al., 1997). Minimum specific heat input decreases from

Rectification Types A to C. The optimal temperature for minimum heat input is much

0.50 7000
i ® R Qdes l'|.|.c

0.45 Rectification A —B-- —(—
> Rectification B —a- —— |a000
2 Rectification C —e@-- —o—
S 040
B :
5 035 5000 -~
& o)
) I X
@ =
“w 0.30 x
5 i TO— |4000 F
E 025 - 3
o -
© [ -
£ 020 > 3000
™
o L
ﬁ 0.15 ]

. ===R==E e T e ——e T *———"|2000

0.10

80 90 100 110 120 130 140 150 160 170

ThOt:' °C

Figure 3.5: Rectification comparison for desorption Type 1
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less pronounced for Rectification Type C than it is for type A. This is due to excessive
purification requirements of vapor leaving the kettle-type desorber at high temperatures.
Rectification Type B has a maximum temperature beyond which solution cooled partial
condensation cannot provide sufficient purification to achieve the required refrigerant
concentration. This poses a limitation on Ty for this configuration. The sudden change in

slope for both, . as well as qqes, indicates that the saturated liquid state is reached in the

solution cooled rectifier, underlining significant heat rejection requirements. Rectification
Type C is considered optimal and used in combination with various desorption types.
Liquid-vapor countercurrent flow prevents heat sink limitations and avoids excessive heat
rejection requirements at high Tges values. Figure 3.6 shows a distinct maximum TC
efficiency with Desorption Type 3 having the greatest value. Exergy destruction in Type
1 is greatest due to lack of temperature glide matching. Exergy destruction for Type 2 is
somewhat greater than that for Type 3 despite temperature glide matching in both types.
This is due to greater heat input requirements for Type 2. Specific heat input is also
lowest for Desorption Type 3. It should be noted that these trends in heat input are due to
the better purification achieved by Desorption Type 3. While the exergetic advantage of
Types 2 and 3 cannot be obtained with Type 1, a large analyzer section, i.e., greater
values of &,4, for Type 2, can achieve energetic and exergetic performance similar to that
of Type 3. However, this will lead to greater size, weight and vapor generation
requirements. The results show that the optimum temperatures are generally somewhat
higher for configuration C-3. Nevertheless, the performance of configuration C-3 at

slightly lower values of Ty that optimize other configurations is still greatest. In other
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Figure 3.6: Desorption comparison for rectification Type C

words, the performance of C-3 is greater than that of any other configurations at their
respective optimum temperatures.

While more detailed heat and mass transfer modeling is required to provide an exact
size comparison, the amount of vapor generation required per unit mass of refrigerant
delivered to the SCC is considered. The total amount of required vapor generation in the
diabatic segment for configuration A-1 is compared to that of all diabatic segments in C-3
at their respective minimum heat inputs. The ratio of total diabatic vapor generation
requirements for both configurations is shown in Figure 3.7 for a range of Tamp and Tiow.
At high temperature lift conditions, the discrepancy is greatest. Here, configuration A-1
requires almost 1.5 times the vapor generation rate as configuration 3-C. This leads to the
requirement of larger diabatic sections for vapor generation and larger adiabatic sections

to provide vapor-liquid interaction to achieve comparable purification. Therefore, it can
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Figure 3.7: Vapor generation rates in diabatic sections

be concluded that TC configuration C-3 is optimal, particularly for small capacity

machines where component size and weight reduction is important.

These results showed that 7, is maximized for values of Ty less than those for

which gges IS minimized. This result can be generalized by invoking Eg. 3.2 and taking
the derivative with respect to Tho. Given that minimizing exergy destruction maximizes
TC efficiency, Eq. 3.7 reveals that a value for Ty that allows an extremum for both
figures of merit would result in a trivial solution for ggs. This shows that these events
must occur at distinctly different temperatures, leading to the definition of Top,

(minimization of qges) and Topt, (Maximization of ;). Eq. 3.8 is based on Eq. 3.7 and

shows the slope of the curve for gqs at the point where an extremum for exergy

destruction occurs. This value is shown to be negative in Eq. 3.8 . In both equations, it is

assumed that e >1, which is justified based on the definition of Tgs in Eq. 3.1. If it is

hot
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known that only unique and distinct values of qges and 7. exist, Eq. Eq. 3.8 implies that
the minimum value for gqes occurs at a value for The that is greater than Tope, 1.€., Topts >
Toptni- This result is expected from the definition of 7y¢. For Taes > Topt, both gges and its
associated exergy increase cause a decrease in ny¢. FOr Tges < Topt1, @ SMall increase in
Jaes Can be compensated for with a reduced exergy input due to lower Tges Values, which
further increases ny¢ for temperatures between Tope i @nd Topei. At values of Tes < Topt,
this effect is no longer sufficient to compensate for increases in gges, Which causes ny to

increase as well.

[ ol J :(1_h]%+qdes-&\_§m8—|—des 3.7

aThOt Tamb  Tiow TdeS aThot Tdes aThot

(%j — _Qd Tamb ( Tdes j aTdes 3.8
aThOt Tamb + Tiow Thit Tdes - Tamb a-I-hot

In the preceding analysis, heat source coupling to the desorber was omitted to
develop a general TC model. Exergy destruction in the desorber due to heat source
coupling depends strongly on the specific application, with corresponding variation in 7,
. As a representative case, a heat transfer coupling fluid was integrated with the
thermodynamic model. A pinch-point temperature of 5°C was used. The addition of heat
source coupling did not cause meaningful changes in values of Qgen, Topt, @nd Toptn1, ONly

causing a reduction of 7, . and thereby ensuring the generality of this framework for

various heat source applications. Pinch-point location varies for operating conditions as
shown in Figure 3.8, where temperature profiles of solution and coupling fluid at

respective Top, are shown. Introducing a distribution, fi, which is the fraction of total

54



desorber heat input at stage i, Eqg. 3.1 is recast as Eq. 3.9. Profiles shown in Figure 3.8 are
obtained for f; = 1/N, i.e., uniform distribution. The variation in temperature profiles
suggests that temperature profile adjustment through non-uniform heat input distribution
unctions could maximize benefits of temperature glide matching. Investigations of heat
distribution for diabatic tray columns were reported by de Koeijer et al. (2002) and de
Koeijer et al. (2004), who compare various approaches to finding optimal distribution
functions. In this study, several non-uniform distribution functions were applied to
investigate the potential for optimization. However, only marginal performance
improvements were achieved. Moreover, these improvements are not consistent for
various operating conditions, causing slight performance decrease for some. Based on the
results of the present investigation, heat distribution function optimization is not likely to
result in meaningful and consistent component performance improvements. Therefore, a

uniform distribution function may be applied at the design stage.
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Figure 3.8: Desorber temperature profiles at various operating conditions
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Ty =D 61T, 3.9

The sensitivity of TC performance to variations in the SCC was investigated
by comparing TC performance over a range of refrigerant pre-cooler (RPC) effectiveness
values. This provides variation of TC inlet conditions that could be caused not only by
RPC effectiveness, but also by variations of temperature glide in the evaporator. It was
found that the values of Ques, Topt,y and Top, are virtually unaffected, while slight
variations in . occur as shown in Figure 3.9.

The following conclusion about the applicability of TC figures of merit can
be made: The value of either Top, Or Topui IS relevant, depending on the specific design
purpose. The qualitative behavior shown in these figures suggests that values of

Toot <Toi 1€8d o rapid performance degradation due to excessive circulation ratios,

CR=m /m, . Hence, Toxn Can be employed as a practical minimum Tpe design
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Figure 3.9: Thermal compressor exergetic performance versus RPC effectiveness
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temperature. The range between Top i and Topt could be regarded as the design range for
Thot- Absolute values of 7. depend on heat source coupling and somewhat on SCC
configuration. Therefore, this figure of merit provides utility in determining the value of
Toptu. Its absolute value may be interesting by itself, particularly for true thermodynamic
comparisons to other cycles, but it has to be determined for the specific application and
SCC configuration under consideration.

The optimal design as informed by thermodynamics has been established and
an exergetic comparison between the conventional TC configuration, A-1, and the
optimal configuration, C-3, is shown in Figure 3.10. For this comparison, heat transfer

fluid coupling with a CAT value of 5°C is integrated into both configurations. Values are

determined for nominal operating conditions of T, =30°C and T, =0°C at maximum

low

thermal compressor efficiency, which corresponds to 98°C for configuration A-1 and
104°C for C-3. Exergy destruction values are reported per unit mass of refrigerant
generated, m,, . Total exergy destruction is significantly reduced from 245 kJ kg™ to 192

kJ kg™, which can be attributed to the optimization of the desorber and the rectifier.
Exergy destruction in the absorber increased for configuration C-3. This is caused by a
shift of heat rejection from the condenser to the absorber due to solution cooled
rectification. The solution cooled rectifier increases the concentrated solution temperature
at SHX inlet temperature, which causes an increase in dilute solution temperature at the
absorber. This shows that the presence of the solution heat exchanger allows for some
recuperation of rectification heat rejection while a meaningful fraction of it still has to be

rejected to the ambient. However, the total heat rejection from the absorber is still less for
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Figure 3.10: Component exergy destruction comparison for configurations A-1 and
C-3

configuration C-3 than that for C-1. Absorber heat rejection is 1901 kJ kg* for

configuration A-1compared to 1841 kJ kg™ for configuration C-3.
3.5  Thermal Compressor Module Development

The above analysis presents the framework for developing a thermal compressor

model. Top, is identified as the target operating condition of the desorber, i.e., T, =T,

opt,I *

Tot =T CaN be considered a practical minimum temperature for operation of the

absorption system. Values of 7, <T,,, cause excessive circulation ratio values and lead

pt, Il

to rapid performance degradation. The range T, <T,. <T,

w1 Can be treated as a practical
operating range for the desorber. The analysis was illustrated for fixed values of Tamp and
Tiow and assumptions for condenser and absorber approach temperatures. A generalized
thermal compressor module was developed to estimate the variation in performance over
a wide range of operating conditions. Configuration C-3 was determined to be the most

optimal desorption-rectification combination and is selected for the TC module

development. In addition to Top, and Topu, the following variables are identified as
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relevant parameters: Desorber heat input at Top; and Topt1, 1.€., Qopt,1 &N Qopt,i1. The lowest
temperature in the desorber, the temperature of solution entering the desorber, Treeq, IS
also of interest. Its value can be used in combination with a nominal approach
temperature to determine the lowest possible temperature of the heat source leaving the
desorber. In combination with T: and a nominal approach temperature assumption, these
values are particularly useful for exact heat source specification and the design of
cascaded thermal systems.

A statistical approach is applied in combination with the detailed thermodynamic
model developed for the thermal compressor in this study. A large data set is generated
for a range of ambient temperature between 25°C and 55°C (46 values) and a range of
Tiow Of -10°C to 10° (21 values). For these 966 combinations of Tamp, and Tiow, Model
results for 50 values of Ty are obtained. Tho: ranges from 5°C above the theoretical
minimum to 5°C below the theoretical maximum. Theoretical maximum and minimum
values for Tho are determined for each combination of Tamn and Tiow based on the
resulting concentrated solution ammonia mass fraction, xcs and high side pressure, Phign.
The minimum value is the saturated liquid temperature of concentrated solution, i.e.,
infinite values for CR. As T IS reduced and approaches the concentrated solution
saturation temperature, refrigerant vapor generation decreases and CR escalates. The
maximum value for Ty is taken as saturated liquid temperature of dilute solution leaving

the desorber with zero ammonia mass fraction, i.e., complete desorption, x, =0. This

produced a data set of 48,300 values. Data for each combination of Tam, and Tiow Were

scanned to find the maximum values for qges and 7, to determine Topt and Tope, i resulting

in 966 values for optimal first and second law desorber heat input temperatures. The data
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set also provides values for all other relevant variables identified above. Statistical
characterization of these data maintains the benefits of a detailed thermodynamic model
without the number of assumptions required to produce a feasible analytic model. This
approach also has the benefit of black-box type models in that simple, algebraic
correlations for the identified variables are developed. Two statistical methods are
applied to the data set. Results for regression analyses are compared with Artificial
Neural Networks (ANN) results. The latter is obtained with the Neural Network
Toolbox™ by MATLAB® (2017) where 10 hidden layers are used with 70% of the data
set used for training and 15% for validations and 15% for testing.

Tamb, Tiow are the independent variables that determine Top; and Topeu In the
illustrative example discussed in this study. However, the utility of the thermal
compressor module is increased if absorber and condenser approach temperature
assumptions are isolated. Therefore, Xcs and Phigh are used as independent variables. Xcs
depends on the combination of Tam, and Tiew While Ppign depends on the condenser heat
sink temperature, e.g., Tamp. Results from the regression analysis are shown in Eq. 3.10
through 3.15 for relevant variables with their associated R? values. A comparison between
regression and ANN results for Topti, Topti, Qoptl, Jopt,i 1S Shown in Figure 3.11. ANN
results provide slightly better accuracy of data prediction. However, regression results are
also very accurate and only marginal improvement is achieved with ANN for these

parameters.

Topts =—9.96x10" +2.8x1072 B, +8.5x10 RS —2.54x10° Ry, +1.9x10%x 3.10
~5x10°x§ +3.67x10°x3 (R*=99.88%) '
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Oges, =5.98x10° —2.87x10 "Ry, +1.22x107* R —1.44x10° B3 —1.65%10* X

3.11
+2.32x10% %% ~1.26x10* x5, (R?=99.98%)
Tieeay =1.8x10% +4.3x1072 Ry, —4.42x107° RS, —4.27 x10% X, +2.41x10° x5, 312
(R?=99.98%) '
Topn =2.19x10% +4.41x10 7R, , —3.68x107° P2, —5.04x10% X, +2.77x10° X2, 313
(R?=99.90%) '
Oges,n =5.74x10° —2.68x107 Ry, +9.84x10° P2y, —1.21x107° RS, —1.39x10% X, 314
+1.70x10*x& —8.25x10°xZ, (R?=99.92%)
Treea. 1 =1.67x10° +4.35x1072 B, —4.42x107° P2 —3.97 x10% X, +2.25x10° x5, 3.15

(R2:99.99%)

Finally, it is of interest to determine values for Qgen and Tred at non-optimal

operating conditions. The independent variables Xcs, Phigh and Thoe are selected. The

regression analysis for T, = f(Thot,ch,Phigh)produced a relatively complex expression

with a coefficient of determination of 99.90%. No satisfactorily accurate expression (

R?>90%) fOr Gy = 0(To: X5 Puign ) COUID be found. However, the ANN analysis could

provide acceptable results with R? values of 99.74% and 99.99% for Odes anNd Treeq
respectively as shown in Figure 3.11 E and F.

The independent variables chosen in the analysis above only implicitly account
for Tamp and Tiow. These variables, however, are the main input parameters for system
level modeling and must be related to xcs and Phigh Used in the statistical analyses to
provide useful thermal compressor characterization. X.s depends on evaporator pressure,
Piow, and saturated liquid solution temperature in the absorber. In a single constituent

fluid, Piow can be directly correlated to Tio,. Figure 3.12 shows how temperature varies
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throughout the evaporation process, with a temperature rise at high qualities. At low

qualities, the effects of refrigerant concentration, for realistic values of X, and quality

changes are minimal. Moreover, typical quality values at the evaporator inlet are ~0.1-

0.15, not exceeding 0.2. This suggests that binary mixture effects during the evaporation

process can be ignored in the evaporator inlet region in order to directly correlate
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evaporator inlet temperature, Tioy t0 pressure, Pi. Using nominal and fixed values for
quality and concentration of 0.1 and 0.99, respectively, Tiow can then be used as a proxy
variable for Py, when determining X In combination with the saturated liquid

temperature in the absorber, Tapssat, @ data set was generated to develop an expression for

Xes = f (Towr Tapst ) With  R®=99.99% as shown in Eq. 3.16 for a range of

20°C < T <55°Cand -20°c < T, <20°C . Tapssat IS related to Tamp by Eq. 3.17 where the

value of ATy, depends on specific system characteristics. A nominal value, e.g., 5-7°C

can be taken as an estimate for system-level modeling efforts.

Xes = 7.72x107 +9.80x107°T,,,, +2.67x107°T 2 ~9.03x107° Ty, ., +3.44x107°T?

bs,sat

3.16
—6.26x 1075T|0wTabS,Sat

Tabs,sat = Tamb + ATabs 3.17
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Similarly, Eq. 3.18 provides an expression for Phigh as a function of saturated

liquid temperature in the condenser for range of 2scc<T_ <60°C (R?=99.99% ). Tcon iS

con —

correlated to Tamp by Eq. 3.19.

+4.68x107'T2, 3.18

con,sat

Pigh =5.64x10° +5.64T,

T

con,sat

=Ty + AT 3.19

Finally, an approach temperature between T, and the chilled medium in the

evaporator is used as shown in Eq. 3.20.

T =T +AT, 3.20

evap,CF ,out low evap

Egs. 3.17, 3.19 and 3.20 provide coupling between external variables and system
internal independent variables for the thermal compressor module. Moreover, Tamp does
not need to be the same for both equations. That is, a series heat sink configuration can be
readily modeled by prescribing separate heat sink temperatures with Egs. 3.17 and 3.19.
This corresponds to a four-temperature model for the thermal compressor. However, with
the definition of Ty, as the target operating condition, the value for The is implicitly
determined with Tamp and Tiow. This suggests that Tot can be effectively eliminated as an
input parameter, reducing a three- or four- temperature model to a two- or three-
temperature model, respectively. This provides a meaningful advantage over previous

modeling approaches.

Both regression and ANN techniques provide accurate characterization of optimal
thermal compressor performance. ANN are slightly more accurate but regression results

have the advantage of providing simple and explicit algebraic equations. This facilitates
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implementation of the thermal compressor module without the need to incorporate ANN
and is particularly useful for the development of a model-based control algorithm in a
microcontroller.

While the model in the present study can be readily applied at the design stage, a
model-based controller is likely to require additional inputs and system-specific
characterization data. Specifically, heat exchanger performance varies during operation
of an actual heat pump. This can be addressed by replacing fixed approach temperatures
in the condenser, absorber and evaporator, i.e., Egs. 3.17, 3.19 and 3.20, with a system
characterization. If high-side pressure is measured directly in an actual system, Egs. 3.18
and 3.19 can be eliminated from the model-based controller. Calculation of gges may

require an additional model input and retraining of the ANN model to account for the
variation of &gy , for example.

The comparison between both methods further shows that both have the same
level of physical insight, i.e., both use input variables that are informed by physical
reasoning, thereby limiting the number of inputs and model complexity. However, this
study also shows that the non-ideal, three input model requires ANN for acceptable
model results. This suggests that advanced statistical methods such as ANN are required
for general predictability of non-ideal behavior with more than two input variables. Other
advantages of ANN include the ability to “re-train” the model for accuracy improvements
with additional or modified data and the need to specify terms for an explicit expression

is eliminated.

The set of equations presented above provides a method to model a thermal

compressor for the simulation of absorption heat pump systems. Accurate specification of
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heat source requirements allows for integration into cascaded thermal systems and waste
heat recovery applications. With this technique, the analysis of the absorption cycle can
be conducted in a simple manner similar to that used for vapor compression cycles. A
particularly useful application of this thermal compressor model is system control.
Results from this study can be implemented in a model-based control algorithm for
optimal absorption system control. Combining a statistical black-box approach with a
detailed thermodynamic model maintains the level of detail of the internal system
complexity while minimizing and isolating assumptions. Internal configurations and
assumptions can be modified if required and the underlying data set can be readily
updated to produce a revised model in an automated fashion. This accommodates
variations of system internals while maintaining a methodology to provide accurate

model predictions.

3.6 Conclusions

Various TC configurations for a single-effect cycle were compared through
thermodynamic modeling. Two figures of merit were established and used for
comparison of different configurations for the vapor generation in a TC. Diabatic
distillation was identified as the optimal design approach for both, desorption and
rectification. It was found that energy based performance occurs at greater value of Tpo
than exergy based optimization, leading to two distinct optimal TC temperatures, Topt,
and Topti1. Thot Was found to be a critical variable for TC modeling and design as well as
for an optimized control algorithm. It was shown that these values as well as specific TC

heat input are independent of SCC. The definition of these optimum temperatures
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eliminates the need for explicit specification of Ty, which can be obtained through
specified values of Tamp and Tiow. Additional important TC parameters, e.g., heat input,
were identified and statistical analyses, i.e. regression and ANN, yield accurate thermal
compressor models for a wide range of operating conditions. It was shown that regression
is able to provide concise algebraic equations for optimal thermal compressor
performance, while ANN are required to provide general, non-ideal performance
prediction. This modeling approach combines benefits of exergetic and exergetic
analyses with benefits of detailed thermodynamic modeling and black-box type
modeling. Results of this study can be applied to system level modeling, including
cascaded thermal systems. These results can also form the foundation of model-based
control algorithms for optimal thermal compressor control. Future work includes
experimental validation of optimal performance and the development of a model-based
controller with experimental validation. Eventually, the TC concept could be extended to

include more complex cycle configurations and working pairs other than ammonia-water.
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CHAPTER 4. HYDRODYNAMIC CONSIDERATIONS

4.1 Introduction

In thermally activated vapor absorption cooling and refrigeration cycles, the
mechanical compressor of the vapor compression cycle is replaced with a set of heat and
mass exchangers and a liquid pump. This is commonly referred to as the thermal
compressor. Its key components are the absorber, the desorber and a recuperative heat
exchanger, the solution heat exchanger. In the case of ammonia-water absorption systems
(AAS), an additional vapor purification stage, i.e., a rectification stage, is added to the
desorber. Research focus on improved absorber designs has resulted in increased heat and
mass transfer fluxes and more compact components (Nagavarapu and Garimella, 2011)
that address the limitations of the absorber to the overall system, i.e., the system
“bottleneck™ (Beutler et al., 1996). However, additional research focus on the desorber
and rectifier components is required to ensure optimal design and operation of the

thermal compressor based on the following design criteria:

1. Optimal exergy utilization of heat input

2. High purity vapor generation

3. Compact component size

4. Flexible and reliable operation and control

The first criterion ensures optimal utilization of the driving heat source, allowing
applications with low heat source temperatures and optimal primary energy utilization.
Refrigerant vapor purity is of critical importance for many applications of AAS (Bogart,

1982). Fernandez-Seara and Sieres (2006) quantify the detrimental effect of reduced
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purification performance of the desorber and rectifier on overall system performance.
Hence, optimal thermal compressor design must allow for highest possible overall AAS
performance, which requires delivery of high purity refrigerant to the remainder of the
cycle, the simple cooling cycle (SCC). Highly compact components with simple
geometries designed for manufacturing feasibility are of particular importance for small
capacity applications. This enables economically feasible system designs with low weight
and small envelopes (Garimella, 2003). Optimal thermal compressor design must also
accommodate a range of operating conditions and reliable operation with flexible control
schemes at part load operation.

Typical AAS designs use a conventional fractioning columns approach for
desorption and rectification. Bogart (1982) provides an overview of this approach as
applied to AAS and identifies typical hydrodynamic challenges such as liquid
entrainment and carry-over into the SCC. Anand and Erickson (1999) present a design
methodology for adiabatic sieve-tray columns applied to small capacity AAS to
determine hydrodynamic limits and mass transfer efficiencies. Fernandez-Seara et al.
(2002) developed a coupled heat and mass transfer model for a packed column and Sieres
and Fernandez-Seara (2007) present an experimental investigation of mass transfer
characteristics of a structured packing in an AAS adiabatic column. Few deviations from
the conventional column design have been reported. Various rectification column
configurations in combination with the conventional reboiler and stripping sections are
compared by Fernandez-Seara et al. (2003). Partial condensation with internal heat
recovery through the concentrated solution was shown to be thermodynamically most

favorable. More recently, designs that deviate from conventional kettle type reboiler
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designs have been developed for small capacity applications. Determan and Garimella
(2011) present a small capacity falling film type desorber and a coupled heat and mass
transfer model with experimental validation. Delahanty et al. (2015) present a design that
employs heat source coupling through microchannels for application in 3.5 kW cooling
capacity AAS.

Further development of the desorber is presented here with the introduction of
two novel, highly compact design options that remove the need for a separate stripping
section and address all of the design criteria discussed above. A wide range of
applications is addressed by developing two designs for various types of heat source
integration, e. g., direct gas coupled, and coupling through the use of a heat source
coupling fluid flowing through microchannel geometries. A microchannel based design
concept for the rectifier component is also presented. It is suitable for close-coupled
integration with both desorber concepts discussed here.

Successful implementation of these designs depends on the feasibility of specific
hydrodynamic flow conditions, i.e., liquid-vapor countercurrent flow, which have
inherent limitations such as flooding and weeping. In contrast to conventional
hydrodynamic evaluations of adiabatic columns, the distribution of vapor generation
along the height of the diabatic column results in significant variation of vapor flow rates.
Therefore, relevant geometric variables are identified for each design and a
hydrodynamic design methodology is developed to specify optimal geometries. An
experimental evaluation is conducted and hydrodynamic feasibility of the proposed
designs is demonstrated. In addition, parameters relevant for the development of a

detailed heat and mass transfer model are identified and quantified through a high-speed
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video analysis of flow visualization experiments. The results of this investigation can be

applied to the development of components based on the proposed design concepts.

4.2  Design Concepts

In the concepts considered here, diabatic distillation is employed, where the heat
source and vapor generation are integrated with vapor purification stages. The
thermodynamic advantage of this approach is discussed in general terms by Kotas (2013).
The benefits of this design approach to AAS was shown in Chapter 3. Exergy destruction
caused by temperature differences between the heat source and the working fluid can be
minimized through targeted distribution of heat transfer area that achieves matching of
the heat source temperature profile to that of the zeotropic mixture undergoing a boiling
process. This also reduces heat source temperature requirements. Integration of vapor
purification within each heat transfer stage allows for the lowest possible vapor

temperatures leaving each stage, which is determined by the tray efficiency. Proper

Coupling Fluid Subassembly| [Solution Side Subassembly|

(Exploded) [Coupling Fluid Subassembly|

Local Vapor @ Downcomer
———=> Solution Flow @ Bubble Region
Pass-through vapor @ Pool Region

Solution Tray with
Adiabatic Plate Vapor Orifices

Microchannel Plate A| [Microchannel Plate B|

Figure 4.1: Design Concept A, component assembly (left), target flow pattern (right)
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design allows for a close approach of vapor temperature leaving the desorber to that of
the concentrated solution feed in the top tray. This eliminates the need for an analyzer
section, i.e., no dedicated stripping column is required. This approach is therefore
conducive to highly compact component designs.

The first design, Concept A, is a microchannel based desorber as shown in Figure
4.1. A coupling fluid delivers heat from a generic heat source to the component through a
microchannel assembly. The solution-side assembly consists of liquid-vapor
countercurrent flow paths formed by trays. Each tray has three distinct regions:

1. A downcomer where liquid from the tray above is accumulated.

2. Liquid then enters the bubble region. Here, hotter vapor from below is
injected through orifices to facilitate liquid-vapor interaction and vapor
purification.

3. Liquid then enters the pool region of the tray without vapor injection
before it enters the downcomer of the tray below.

This pattern is repeated in each tray. Relevant geometric features are the number of
orifices in each tray, their size, and the spacing of each tray.

Concept B is developed for direct-coupled heat source applications, e.g., exhaust
gas heat recovery or integration with combustion systems. This application is not
conducive to the use of microchannel geometries due to gas-side pressure drop
limitations; therefore, conventional gas tubes are used in this concept. In the proposed
flow pattern, shown in Figure 4.2, a downcomer feeds liquid from above onto the pool
side of the tray. Hot gas tubes are sealed to the tray to provide an extended heat transfer

surface area and to ensure liquid build-up against a weir plate. Liquid enters the bubble
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Figure 4.2: Design Concept B, component assembly (left), target flow pattern (right)

side of the tray over the weir where it develops liquid-vapor interaction with hot vapor
from below. This is the result of annular gaps that are formed between the tray and hot
gas tubes through which vapor injection occurs. Liquid then enters the downcomer to
feed the pool side of the tray below. The dimensions of the annular gap as well spacing
between trays are relevant geometric features.

A rectifier design concept is shown in Figure 4.3 where microchannel geometries
are applied for the heat sink. It is particularly suited for integration with desorption
design Concept A into a single vapor generation unit. It can also be readily employed
with design Concept B as a compact standalone component in a close-coupled
arrangement. The vapor cavity can contain a random or structured packing. Vapor
leaving the desorption stage enters at the bottom and partial vapor condensation
continuously produces reflux. Reflux flows in a gravity driven, countercurrent flow path.
This arrangement promotes liquid-vapor interaction as continuous vapor purification

occurs. High effectiveness of liquid-vapor interaction results in more efficient thermal
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Figure 4.3: Rectifier design concept

compressor operation. In such a geometry, reflux leaves the rectifier at a temperature

close to that of the inlet vapor.

4.3 Hydrodynamic Design Methodology

The design concepts considered here rely on hydrodynamic behavior that satisfies
all the design criteria enumerated above. Liquid-vapor countercurrent flow is inherent to
these designs and is governed by two hydrodynamic limitations. At high vapor flow rates,
countercurrent flow limitations (CCFL) cause liquid entrainment and component
flooding. At low vapor flow rates, liquid weeping through vapor orifices prevents tray
activation in the desorber, i.e., formation of a liquid level in the bubble region of the tray,
reducing purification efficiency. CCFL have long been the subject of research efforts due

to their significance to many applications, e.g., nuclear reactors, distillation columns, and
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gas-liquid fossil fuel pipelines. The approach presented byWallis (1969) is most widely
used for CCFL predictions, particularly for small fluid passages (Ghiaasiaan, 2007). The
general correlation shown in Eq. 4.1 was developed where the parameters m and C are
empirically determined values that depend on the specific geometry and fluid properties.
Modified superficial velocities are defined in Eq. 4.2 where k corresponds to the gas or

liquid phase. Here, j, =V, / A, is the superficial velocity where v, and A. correspond to

volumetric flow rate and characteristic cross-section, respectively.

jo+m-\[i; =C 4.1
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Significant further development of CCFL models occurred over the last decades
(Deendarlianto et al., 2012). However, given that more advanced CCFL models are
increasingly specific to particular geometries and fluid properties, the basic Wallis
approach is applied for CCFL characterization of the novel geometries considered here.
Moreover, a Wallis-type model is also commonly applied for weeping limitations in
countercurrent liquid-vapor contactors (Thorat et al., 2001) and is therefore employed
here to characterize tray activation. The characteristic length scale, D¢, in Eq. 4.2 is the
hydraulic diameter of the vapor passage in the bubble region of both designs. This is the

orifice diameter in Concept A and the hydraulic diameter of the annulus, b, =D, -D,, for

Concept B. A hydrodynamic Wallis characterization of a tray for a specific geometry is
shown schematically in Figure 4.4 (left). A flood line delineates the ideal operating

region from CCFL where liquid entrainment compromises proper operation of the
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Figure 4.4: Conceptual Wallis-type graph of flooding and activation (left),
corresponding flow pattern for each operating region (right)

component and the entire AAS. An activation line describes flow rates at which liquid
build-up in the bubble region is achieved. A visualization of the flow pattern associated
with flooding, onset of activation and the target operating flow pattern is also shown in
Figure 4.4 (right). Figure 4.5 depicts the actual operating field of a specific tray geometry
for a range of flow rates that correspond to a load from 33% to 100%. Each line
corresponds to a position within the component. Liquid and vapor flow rates vary from
the top tray to the bottom tray, and also for various loads. This is captured by various
lines in the operating field. It can then be compared to the CCFL and activation lines for
that specific geometry, i.e., Figure 4.5 can be superimposed onto Figure 4.4. The actual
operating field shown in Figure 4.5 varies with changes to its geometry, e.g., hole
diameter or number of holes. Preferably, the operating field falls within the ideal
operating region shown in Figure 4.4. At low liquid and vapor flow rates, below
activation, tray efficiency is reduced and heat transfer mechanisms differ. However,

sufficient heat transfer may still occur in inactive trays due to falling film wetting of the
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Figure 4.5: Hydrodynamic operating field for specific component geometry
heated wall. At part load operation and tray positions toward the bottom of the desorber,
inactive trays may be accommodated if tray activation at higher desorber positions
provides sufficient purification. Therefore, some interference between the operating field
and activation line may be tolerated, which qualifies the region below the activation line
in Figure 4.4 as partially acceptable. The operating field can be established with
knowledge of tray geometry, fluid properties and flow rates. Flood and activation lines
must be determined experimentally. Results for each considered geometry are used to
properly design trays throughout the component. This accommodates high variation of
vapor flow rates within the component while optimizing hydrodynamic behavior.

Beyond CCFL and activation, hydrodynamic behavior in the bubble region affects
tray purification efficiency. Knowledge of this efficiency allows the use of an equilibrium
method, e.g., the Ponchon-Savarit method (Zavaleta-Aguilar and Simdes-Moreira, 2012),
which greatly simplifies design and analysis. Factors that influence tray efficiency are

interfacial area, bubble size and mass transfer rates (Akita and Yoshida, 1974). While
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much research has been dedicated to the evaluation of these parameters for working
fluids and column dimension commonly encountered in industrial processes (Gandhi et
al., 2009), very little work relevant to small capacity AAS is available. However,
implementation of a heat and mass transfer analogy as demonstrated by Lee et al. (2008)
eliminates the need for explicit mass transfer data. Therefore, a detailed heat and mass
transfer model can be developed with knowledge of a characteristic length scale for vapor
structures, a characteristic velocity and liquid-vapor interfacial area. This diabatic design
requires quantification of heat transfer area, which can be further categorized into the
type of flow to apply an appropriate heat transfer coefficient, e.g., single-phase flow,
liquid pool, or two-phase flow. These parameters are determined in this investigation

through flow visualization as discussed below.
4.4  Experiments

4.4.1 Experimental Facility

A test facility for air-liquid experiments was designed and constructed to simulate
the hydrodynamic behavior expected in a small-capacity AAS. Figure 4.6 shows the
experimental facility, which utilizes either pure distilled water (EQ) or a mixture with
60% ethanol (E60). This ethanol concentration provides surface tension and density
values similar to those encountered in AAS (Vazquez et al., 1995). E60/EO ratios for

dynamic viscosity, density and surface tension are 2, 0.85 and 0.36, respectively. Both
the Morton number, Mo =(gqup)/(pfoa), and Ohnesorge number,Oh =y, //p oL,
capture these properties. Assuming negligible variation in length scale, the E60/EOQ ratios

for Mo and Oh are 385 and 4.4, respectively. Dye is added to the liquid to facilitate
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Figure 4.6: Experimental facility
visualization of hydrodynamic behavior. Compressed air is used to pressurize a tank that
provides liquid flow to the test section. Air is drawn from the top of the tank to simulate
vapor flow in the test section. Vapor and liquid flow rates are controlled to target values
with metering valves. Turbine flow meters are used for Test Section A with flow ranges
of 0.33-3.33x10° m® s* and 0.17-1.75x10° m® s* for gas and liquid flow,
respectively. The uncertainty associated with these flow meters is 1% and +3% of full
scale for liquid and gas flow, respectively. A set of rotameters with an uncertainty of
+4% of full scale is used for Test Section B. Two liquid flow meters with ranges of
0.53-5.25x10° m® s* and 2.10-26.3 x 10° m® s are used for low and high liquid
flow rates, while two vapor flow meters with ranges of 1.57 - 17.3 x 10-5 m*® s and
3.1-47.2 x 10-5 m® s™ are used for low and high gas flow rates. Flow meter calibration
was conducted for both liquids. A differential pressure transmitter with a range of 25 kPa

(uncertainty of £0.01 kPa) is used to measure pressure drop across each test section.
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4.4.2 Test Sections

Two desorber test sections were designed and fabricated for evaluation of both
design concepts as shown in Figure 4.7 and Figure 4.8. Test section A was fabricated
from ABS plastic as a single part with additive manufacturing. This test section includes
all proposed geometric features. The depth of the working fluid cavity is 6.3 mm. Each
tray has four orifices with a diameter of 2.5 mm. Geometric modification of the tray is
limited to variation of the number of orifices by successively sealing individual holes. A
clear plastic cover with a gasket seal is used to provide visual access to the internal flow
patterns. The assembly is compressed with a set of bolts to ensure proper internal and
external sealing. Test Section B is an assembly of machined stainless steel plates. A total
of three trays is used in combination with transparent sections of clear plastic tube (D, =
114 mm) that form the shell of the assembly and provide visual access to internal flow

patterns. Stainless steel tubes (D, = 12.7 mm) are used to simulate heat source passages.
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Figure 4.7: Test section for design concept A
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Figure 4.8: Test section for design concept B
They are sealed to the tray in the pool region and form annuli with the tray in the bubble

region. Both regions are separated through a weir plate that is sealed to the tray. A
stainless steel tube (D, = 19 mm) is used as a circular downcomer in each tray and is
sealed to the tray in the bubble region. Geometric modification of the trays is limited to
variation of the annulus size.

Hydrodynamic behavior of the rectifier packing was investigated using a random
packing. Stainless steel wire gauze (type 304) was used in the test section as shown in
Figure 4.9. The geometric feature of interest is the specific surface area, i.e., the surface
area of packing divided by the empty volume the packing occupies. This parameter can
be modified through variation of the number of layers of gauze that are packed in the
casing. Given material specification and gauze geometry, the specific surface area can be
established for various packing layers. In this investigation, two, four and six layers of
wire gauze are used, the last being the highest density of gauze that can readily be
inserted into the test section cavity. This corresponds to packing specific surface area

values of 350, 700 and 1050 m?/m® respectively. Porosity values for two, four and six
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Figure 4.9: Rectifier test section (left) and wire gauze packing (right)
layers are 99, 98 and 97% respectively. High porosity values in combination with high
specific surface area values are typical, indeed desirable, for a random packing and tend
to result in a low pressure drop penalty for a significant increase in transfer area Kolev et

al. (2006).

4.4.3 Experimental Procedure and Flow Visualization

Four versions of Test Section A, with one to four holes per tray are investigated.
Three annulus sizes are investigated for Test Section B, i.e., values for D, of the tray
bubble side holes are 13.7 mm, 14.0 mm and 14.2 mm, while maintaining a constant
value of D, for the gas tubes, i.e., annulus D; of 12.7 mm. Flood and activation lines are
established for each geometry with EO as well as E60 fluid. This results in eight flood
lines and eight activation lines for Test Section A and six flood lines and six activation
lines for Test Section B. Both, activation lines and flood lines, are established for a range
of liquid flow rates that correspond to the operating field. For each liquid flow rate, the
vapor flow rate is slowly increased until tray activation is observed. At this point, all gas

flow passes through the bubble tray allowing build-up of a liquid-vapor region on the
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bubble side of the tray. Gas flow rates are further increased until component flooding is
observed. Flooding may be caused through excessive liquid build-up in the downcomer
due to increased backpressure of vapor flow through tray orifices. Liquid can thereby
escape through the vapor outlet port of the component, a condition called downcomer
flooding. Also, entrainment of droplets into the vapor stream at high vapor flow rates
may occur, a condition called entrainment flooding.
Further flow visualization is conducted for Test Section A. The shallow depth of
6.3 mm justifies the assumption of a two-dimensional flow pattern. High-speed
videography is used to quantify parameters that are relevant for the development of a heat
and mass transfer model:
e Working fluid heat transfer area: Liquid, vapor and two-phase regions
e Characteristic length scale for vapor structures
e Characteristic vapor structure velocity
e Liquid-vapor interfacial area
All four geometric variants of Test section A are investigated for the complete
operating field. Videos are recorded for three positions within the component, i.e., top
(100% vapor generated), center (60% vapor generated), and bottom (25% vapor
generated), as well as for three load points: 100%, 67% and 33% of full capacity. This
provides a test matrix of nine points for each liquid (EO and E60), i.e., 18 points for each
desorber geometry. Only test points that resulted in fully activated tray operation without
component flooding were analyzed.
A high-speed camera (Photron FASTCAM Ultima 1024 with a Nikon Micro-

NIKKOR 105 mm lens) was used and recordings were taken at 250 frames per second

83



Step 1. Calibration image Step 2-b: Raw flow image

@ x

Step 2-a: Greyscale

Step 4-a: Fluid distribution

I Step 5: Fluid distribution

D Liquid pool region
. Two-phase region
. Vapor region

Figure 4.10: Sequence of video analysis

with a resolution of 512 x 512 pixels. A recording duration of 10 seconds was used to
appropriately capture all hydrodynamic features. Videos are processed using the
algorithm shown in Figure 4.10. A calibration reference image of the test section filled
with dyed liquid is taken prior to flow testing. Air bubbles trapped in the calibration
image are removed through an automated algorithm. The flow video is analyzed on a
frame-by-frame basis to obtain raw flow images as shown in Step 2-b. Both, the
calibration image, as well as the raw flow image, are converted to grayscale as shown in
Step 2-a and compared. User defined threshold settings are then applied to differentiate

liquid and gas regions. This produces the processed flow image shown in Step 3 that
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differentiates vapor (white) from liquid (red). Subsequently, a time averaged fluid
distribution image is produced from all individual binary processed flow images in a
recording as shown in Step 4-a. Here, every pixel in the domain is monitored for its
binary state, i.e., liquid or vapor throughout the duration of the recording. The average
phase state is depicted and ranges from 0% to 100% liquid. This can then be used to
define phase regions as shown in Step 5. The liquid region is defined as an average phase
state of > 95% liquid, while the vapor region is defined as an average phase state of < 5%
liquid. Regions within these thresholds are classified as the two-phase region.
Furthermore, the Canny edge detection algorithm is applied to the processed flow image
to identify the vapor-liquid interface for each frame as shown in Step 4-b. The results
produced by processing of the flow images are then converted to length and area
dimensions through a reference geometry and can be used to quantify parameters relevant
to heat and mass transfer modeling. User defined greyscale thresholds were carefully
determined for liquid-vapor differentiation by comparing raw flow images with processed
flow images. Nevertheless, a degree of subjectivity is introduced through manual
selection of these thresholds. The associated error is determined by Eq. 4.3. Here, ® is a
generic variable obtained from video processing, e.g., liquid area. The threshold is
modified by +10%. This range was used because at these threshold variations, noticeable

deviation of the processed flow image from the raw flow image can be observed.

Eo = \/(AG,MO% )2 +(A@,90% )2 4.3

It should be noted that hydrodynamic parameters determined in this this study are

estimates and are based on several idealizations. This includes the assumption that three-
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dimensional effects can be neglected. It is likely that some bubbles are not detected due
to three-dimensional effects. In particular, the vapor injection region in the bubble region
may include undetected vapor given that orifice diameters are smaller than tray depth.
Moreover, the experiments conducted in this study were not conducted with ammonia-
water at typical operating conditions with integrated vapor generation. It is expected that
variation in fluid properties and local vapor generation may affect the hydrodynamic
parameters studied somewhat. The threshold sensitivity investigation discussed above
addresses these effects. The threshold variation caused visual distortion of the processed
image compared to the actual flow image shown in Figure 4.10. Visual comparison at the
maximum threshold variation determined that the processed flow imaged could not be
considered to be an acceptable representation of observed flow patterns. However, the
calculated values of hydrodynamic parameters did not result in excessive variation. For
example, interfacial area only varied by +5.3% as a result of this threshold variation.
Given the low sensitivity of calculated values, the results obtained here can be considered
reasonable estimates for hydrodynamic parameters within the proposed geometries and at

actual operating conditions.

Detailed quantitative flow visualization analysis for Design Concept B was not
performed. Flow patterns are inherently three-dimensional and complete visualization is
obstructed by internal tubes of the trays, thereby preventing full visual access required for

image analysis. However, qualitative assessments and parameters estimates are reported.
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45 Results

45.1 CCFL and Activation

Representative results for flooding and activation for Test Section A are shown in
Figure 4.11. Results for a single-orifice tray are compared with those for a four-orifice
tray for E60 liquid. A shift in the operating field can be seen clearly. While volumetric
flow rates are maintained constant for both cases, the reduced vapor passage area in the
single-orifice tray results in higher superficial velocity values, causing the shift in
operating field. The operating field of the single-orifice tray shows significant
interference at high capacity and at desorber positions toward the top of the component.
Activation is achieved for most of the operating field. In contrast, component flooding for
the four-hole tray does not interfere with the operating field for this geometry at all.
However, tray activation is limited at lower component positions and low capacities.
These plots illustrate the design methodology developed in this investigation. For

example, a single-orifice tray is an appropriate choice for the bottom section of the
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Figure 4.11: CCFL and activation results examples for design concept A with 60%
ethanol liquid. Four orifice tray (left) and single orifice tray (right)
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desorber, but not for the top section, as flooding is likely to occur. The four-orifice tray is
an appropriate top section choice as flooding is avoided and activation is ensured for a
wide capacity range. The lack of activation at low capacities is acceptable, because
somewhat reduced heat and mass transfer areas can be accommodated at reduced
component duties. Results for two-orifice and three-orifice trays fall between the results
shown in Figure 4.11 and are used to guide geometry selection throughout the
component. These results provide hydrodynamic validation of desorber Design Concept
A.

Analogous results for flood and activation lines were obtained for Design Concept
B and the effect of annulus dimensions in the bubble tray could be established. Results
were compared with the operating field for Design Concept B and appropriate annulus
dimensions for the bubble region of each tray in the component were determined. Thus,
these results also validated the hydrodynamic feasibility of Design Concept B.

Results for EO liquid did not provide significantly different results. For both
design concepts, the operating field is shifted lower on the Wallis-plot as non-
dimensional superficial gas velocities are reduced due to a greater liquid density. Tray
activation was achieved at somewhat lower gas flow rates for both test sections. This
caused a slightly lower activation line, i.e., slightly less interference with the operating
field. Likewise, flooding occurred at somewhat lower gas flow rates for both designs.
However, the differences in the results with EO compared to those with E60 do not
require different design solutions. Flooding prevention can be ensured for both liquids
with the proposed designs through judicious tray geometry distribution across the

component. The qualitative difference of hydrodynamic behavior due to variation in
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surface tension and density was shown through these experiments. Thus, greater
resilience to CCFL and greater activation gas flow rates were observed for E60 liquid.
Separate Wallis parameters, m and C, in Eqg. 4.1 can be found for each flood and
activation line, but depend on geometry and fluid properties. Limited research is
available on surface tension effects on CCFL (Ousaka et al., 2006) and quantification of

fluid property effects is challenging. This is further complicated by the unique geometries

investigated. Zapke and Kroger (2000) propose Froude number(Frk :pka/(gLCApk))

and Ohnesorge number dependencies for simple geometries and show greater resilience
to CCFL at low values for Oh.. However, the opposite trend is observed in this
investigation given that Ohggo/Ohgy = 4.4. This could be attributed to the unique
geometries where different CCFL mechanisms take place compared to simple tube
geometries typically investigated in the literature.

CCFL results for wire gauze packing are shown in Figure 4.12. Similar to
desorber CCFL results, the test section experiences flooding at slightly lower gas flow
rates with EO liquid than with E60. A reduction in permissible gas flow rate with
increased packing density is shown, which is expected. As local vapor and liquid flow
rates increase due to higher specific surface area, flooding is initiated. Here, the
characteristic length scale used in Eq. 4.2 is the width of the test section according to
Osakabe and Kawasaki (1989) who investigated CCFL in rectangular geometries with
dimensions similar to those of this test section. The same authors proposed a Wallis-type
model with factors of m = 0.8 and C = 0.58 for their data. The model, as applied to this
test section, is shown in Figure 4.12. The present results provide a more conservative

prediction of CCFL. Different injection and distribution of liquid and vapor could explain
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Figure 4.12: Flood lines for packed rectifier

the discrepancy in flood line despite similar geometries. While the investigated vapor
flow rates are representative of small capacity AAS, liquid flow rates that cause flooding
are significantly greater than typical reflux rates in a corresponding partial condenser.

Therefore, it can be concluded that the proposed rectifier design is not CCFL limited.

4.5.2 Pressure Drop

Pressure drop data were collected for both test sections at flow rates
representative of their operating fields. The maximum pressure drop observed for Test
Section A is 350 Pa per tray at the highest liquid and gas flow rates that avoid component
flooding. Implementation of Design Concept A for small capacity systems is expected to
require less than 10 trays, limiting total expected pressure drop to 3.5 kPa. The maximum
pressure drop for design concept B at flow conditions close to component flooding is 270
Pa per tray. Less than 12 trays are expected to be required in an actual component,
limiting pressure drop to less than 3.2 kPa. Projected pressure drops for either design

solution are well within acceptable limits for desorption components in AAS. This is due
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to relatively large flow areas required for liquid-vapor countercurrent flow. These low
expected pressure drops eliminate the need for further modeling and minimization of

pressure drop in the proposed geometries.

45.3 Flow Visualization

Hydrodynamic parameters relevant for heat and mass transfer were listed above.
The most coherent and consistent trends for these parameters were observed with bubble
tray superficial gas velocity, jc. The choice of jg as the primary independent variable for
hydrodynamic characterization is consistent with the literature on bubble columns as
shown by Chaumat et al. (2005) and Kantarci et al. (2005). Akita and Yoshida (1973)
showed that the isolated effect of liquid flow rate on hydrodynamic behavior is negligible
in typical bubble columns. The results of this study are used to develop relationships for
the relevant parameters that can be readily incorporated in a heat and mass transfer model
for Design Concept A. The power law form, shown for a generic hydrodynamic
parameter, ©, in Eq. 4.4, is commonly used in the literature. Shah et al. (1982) present it

as a general formulation for gas holdup correlations.

®=A1j} 4.4

A power law can be applied to correlate interfacial area to superficial velocity (Schumpe
and Deckwer, 1982). The liquid property dependent bubble size correlation presented by
Pohorecki et al. (2005) is also of this form. Table 4.1 summarizes the results for all

hydrodynamic parameters considered in this study, which are discussed below.
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Table 4.1: Hydrodynamic parameter estimation for design concept A
Component or State Point EO E60 EO0 & E60

Gas Holdup, &, 0.18-jg* | 03-jg* | 0.24-jg™

Specific Interfacial Area, A, m*m’ 500- j3* | 840-j2° | 600- j2*
No discernable liquid

L 4.2-j™
Length Scale, L, mm property dependence Jo
Velocity, g, ms™ 65-j¢° | 52-j¢° | 58-jg°
Liquid tray area fraction ~0.42 ~0.38 ~0.4
. No discernable liquid .0.25
- 0.85-
2-phase tray area fraction oroperty dependence Js
Downcomer liquid fraction je™ 0.8-jo" | 0.9-jg™*

Separate results are presented for EO and E60 if a discernable effect of liquid
properties could be observed. A single power law correlation is provided if liquid
properties did not affect results for a hydrodynamic parameter. The results presented in
Table 4.1 omit the effect of injection geometry, i.e., number of vapor orifices in the tray.
Variation of this parameter depends primarily on CCFL as discussed above. A slight
effect of injection geometry could be observed for some parameters. However, its effects
were sufficiently small to justify the choice of js as the only dependent variable in
combination with appropriate adjustment of the power law for liquid properties. This
provides a general quantification of important hydrodynamic parameters for the specific
design proposed with Concept A. The error defined in Eq. 4.3 was quantified by
repeating the analysis with the upper and lower threshold values. The average error for
heat transfer area and interfacial area are +1.7% and +5.3%, respectively. For U, and Lc,

the average errors were £6.0% and £2.9%, respectively.
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Interfacial Area and Gas Holdup: This parameter can be determined with
results for interfacial length and vapor face area as shown in Steps 3 and 4-b of Figure
4.10. Only the two-phase region of the tray area is considered to determine interfacial
area and gas hold-up values. It is assumed that a thin liquid film exists between the wall
and the vapor in that region. This is a justifiable assumption given the stochastic behavior
of vapor flow within the liquid pool. If the thickness of the liquid film is known, the
depth of the vapor structure can be determined. Film thickness in the two-phase region is

not measured directly but the liquid mass flux independent length scale proposed by (Hu

13
and Jacobi (1996)), 0 = (vf / g) , 1S used to estimate its value. Vapor depth can then be

multiplied by interfacial length and added to vapor face area results to complete the
interfacial area calculation. A more common figure of merit for liquid-vapor contactors,

however, is specific interfacial area, a_ = A _ /v, ., Which is used for further analysis.

ray

Results for interfacial area are shown in Figure 4.13 and the positive trend with jg is
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Figure 4.13: Specific interfacial area as a function of superficial vapor velocity
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consistent with the literature (Kantarci et al., 2005). Results for specific interfacial area
are also in general agreement with experimental values available in the recent literature
(Gomez-Diaz et al., 2008). A slight dependence of aj; on geometry can be observed.
Geometries with a larger number of orifices tend to produce slightly greater interfacial
area. This is expected as the injection region in the tray is widened as the number of
orifices is increased. This results in an increased number of vapor streams entering the
bubble region, causing an increase in interfacial area. No discernable effect of tray
geometry on gas holdup was observed. Liquid properties appear to have a slight effect,
because E60 produces somewhat greater aij,; values. This is suggestive of an inverse
relationship of aj; to Ohnesorge and Morton numbers. Figure 4.13 also shows the
combined EO-E60 model results as listed in Table 4.1.

Gas holdup, &g, is defined as the ratio of vapor volume to total volume in a region
of interest and is used to determine vapor velocity as discussed below. If spherical vapor
bubbles can be assumed, &g can be related to ai by &, =6&; /Dy, where Dg is the
diameter of a spherical bubble (Winterson, 1994). In the present study, vapor structure
dimension is a calculated variable and the spherical shape assumption is not justified.
Therefore, ai,; and &g, are both determined independently with available image data. Lau
et al. (2010) investigated shallow columns with low height-to-diameter ratios. The trend
and values for gas holdup in the present study are in good agreement with their results for
similar ranges of jc.

Characteristic Length Scale: Various methods can be used to quantify

characteristic length scales of vapor structures. The Sauter diameter, D, is a common

length scale used in liquid-vapor contactors (Schafer et al., 2002) and is selected as the
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characteristic length scale, i.e., Lc = Ds. For the data obtained in this investigation, it is
defined as shown in Eq. 4.5. Here, the vapor volume in the two-phase region is used with
interfacial area results for each video frame analyzed. Table 4.2 lists four bubble size
correlations found in the literature. Results from these correlations are used as alternative

values for L¢ for the analyzed data.

N

2.V
iA

D, =6

4.5

Figure 4.14 shows characteristic length scale results vs. jg including results for
the proposed model correlation listed in Table 4.1. A relatively constant value of

L. =5mmcan be established for the range of superficial velocities considered here. Only a

slight increase in Lc with decreasing jg is observed The effect of liquid properties is not
clearly discernable. Also, geometric variation does not cause noticeable effects. A
comparison with the literature reveals that bubble size estimates provided by Blass (1990)
and Pohorecki et al. (2005) show reasonable agreement with the results of the present

study, while the dependence on superficial velocity in the classic Davidson and Schiiler

Table 4.2: Vapor structure length scale comparison with literature

Study Expression for Lc
. ) 12,,-06\/3
Davidson and Schiler (1960) (2.63QG g )
Akita and Yoshida (1974) 1.88U¢3.0 7 d e
Blass (1990) 137
2\ g (,OL ~ P )
Pohorecki et al. (2005) 0.289p %4 "™
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Figure 4.14: Characteristic length scale comparison
(1960) and Akita and Yoshida (1974) models causes significant deviation at higher
velocities. The effect of liquid properties is more pronounced in the literature. The lower
effect in the present designs may be because the particular geometry and flow pattern of
the proposed design mitigate the effect of liquid properties.

Vapor Structure Velocity: Vapor structures are non-liquid regions in the two-
phase region of each tray. These include bubbles and other irregular shaped vapor areas.
Direct determination of vapor structure velocities is very challenging for the given flow
patterns. Constant vapor bubble break-up and coalescences make tracking of individual
vapor structures infeasible. Without direct tracking of vapor structures, their velocity
cannot be calculated directly. Therefore, approximations are made for average vapor
velocity. Given the unique geometries and flow patterns in Design Concept A, two

definitions for average vapor structure velocity, g_, are proposed and compared.
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Definition 1 is the average vapor velocity estimated as the average of inlet and outlet

vapor velocities of the bubble region of the tray as shown in Eq. 4.6. u_, is the vapor

injection velocity to the tray. The average cross sectional vapor area at the outlet of the

bubble region of the tray is determined from image data to determine Ug out.

- 1
Us, =§'(UG,in +UG,out) 4.6
- V
Us,i =—2 4.7
Acs

Definition 2 as shown in Eq. 4.7 is based on volumetric gas flow, Vv, , and applies

a cross-sectional area (Ay) reduction in the bubble region of the tray by using gas holdup
results. This definition is the interstitial gas velocity within the bubble region of the tray
and is equivalent to the mean rise velocity of bubbles in a swarm (Shah et al., 1982).

Results for both definitions are shown and compared in Figure 4.15 (left). The results for

both definitions are in general agreement and are proportional to js. However, Ug

results show a more coherent dependence on jg with a slightly discernable dependence on

liquid properties. The average velocities for E60 are slightly lower than those for EO. This

is a direct result of the definition of Ug, and the liquid property dependence of gas

holdup in the tray, as discussed above. Neither velocity definition reveals a consistent

effect of tray injection geometry. No discernable liquid property dependence is observed

for the results of UGJ , and its variation for a given value of jg is much greater than that of

Usi. Therefore, Uy is considered the preferred definition for g_ for the Design

Concept A.
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Figure 4.15: Vapor velocities. Left: comparison of two definitions. Right: comparison
between literature and proposed model

Many correlations for bubble rise velocity can be found in the literature (Kulkarni
and Joshi, 2005). However, a direct comparison of the results in the literature with the
proposed velocity definitions is not applicable. Bubble rise velocities are typically based
on terminal velocities of the vapor structure in a vertical path through a liquid column.
The proposed geometries are significantly different from typical bubble columns, which
results in significantly different flow patterns than those encountered in bubble columns.

Bubble rise velocities in columns are only indirectly related to jo and a dependence on

bubble diameter is typical. Ug  is compared with two bubble column rise velocity

methods as shown in Figure 4.15 (right). Here, a wave analogy presented by Mendelson

(1967) and the method of Clift et al. (1978) are compared. Correlations in the literature

provide consistent results with each other but values for UG],, deviate significantly due to

the stronger effect of jg on UG’” . Higher average vapor velocities produced in this design

are favorable as they promote increased heat and mass transfer coefficients. Figure 4.15
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also shows the velocity estimates based on the correlation developed in this study and
shown in Table 4.1.

Heat Transfer Area: Design Concept A utilizes the entire wall area of the tray as
heat transfer area. However, its effectiveness depends on hydrodynamics. Specifically, as
shown in Figure 4.10 (step 5), the distribution of fluid over the wall area of the tray can
be differentiated as vapor, liquid and two-phase. An optimal design aims to minimize the
vapor region due to low heat transfer coefficients expected in that region. The liquid
regions in the dowcomer and the tray can be treated as the pool region and appropriate
heat transfer correlations for ammonia-water solutions are available in the literature
(Téaboas et al., 2007). The area of the two phase region in the tray is delineated from the
liquid region because the heat transfer mechanisms may be different and appropriate flow
boiling correlations may be required (Ghiaasiaan, 2007). If a modification to a pool
boiling correlation is required, Taboas et al. (2010) offer an overview of suitable
expressions for ammonia-water solutions.

Figure 4.16 (left) shows heat transfer area distribution as a function of superficial
vapor velocity for all three regions. Here, the fraction of total tray area covered by the
respective phases is shown. Liquid coverage is relatively constant throughout the range of
jo. A slight increase at low velocities can be explained with increased tray activation and
liquid holdup in the tray until a steady liquid holdup is reached. The two-phase region
fraction increases with velocity, which is to be expected. Given the relatively constant
value of liquid fraction, the vapor fraction behaves inversely to the two-phase fraction.
The effect of liquid properties is only slightly discernable where E60 produces slightly

greater vapor and lower two-phase fractions. This is expected with a decrease in surface
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Figure 4.16: Heat transfer area as fraction of total area. Left: tray area distribution.
Right: downcomer distribution.

tension and density. An increasing number of orifices cause an increased two-phase
fraction and slight reduction of vapor and liquid fraction. This is also expected as a
greater number of tray orifices results in a wider gas injection region.

Figure 4.16 (right) shows results for the downcomer liquid fraction. A positive
correlation to js can be observed, which is expected as downcomer liquid fraction
represents the hydrostatic head developed in the gas chamber upstream of the tray. The
effect of liquid properties is pronounced, and a noticeable reduction in liquid area is
shown for E60. This is consistent with the results for gas holdup in the tray. E60 produces
greater gas holdup values, which results in a reduction of the effective density of the two-
phase region. This in turn lowers the backpressure of the tray, and the liquid area in the
downcomer region provides hydrostatic pressure approximately equal to tray back
pressure. No definite conclusion about the effect of the number of holes in the bubble tray
can be made.

Design Concept B: High-speed video analysis was also conducted for design

concept B. However, the realistic reproduction of the proposed design concept B for
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CCFL studies led to an inherently three-dimensional test section. Tubes that simulate the
heat transfer area form the vapor annulus of the bubble tray and cause visual obstructions
that eliminate the possibility of a computational image analysis process. Instead, the
hydrodynamic behavior of the observed flow patterns is first assessed qualitatively before
some estimates for bubble velocity, bubble size and gas holdup are made based on
available measurements. A variation of flow rates according to the test matrix for Design
Concept A was applied and EO as well as E60 were used as the liquid. Observation of the
flow patterns shows that primarily isolated vapor structures emerge from the annulus
rather than consistent coalescence of bubbles, which is only observed sporadically. A
bubble forms at a segment of the annulus and results in a spherical or an ellipsoidal
shape. Figure 4.17 shows a sequence of bubble movement from its formation at the
annulus to its exit at the pool surface. A semispherical cap is formed prior to necking and
detachment. Bubble growth can be observed until vapor leaves the surface. The formation
of this particular bubble occurred toward the outside edge of the tray, which allowed for
unobstructed visibility.

Bubbles with unobstructed visual access were measured as approximately 5 mm
in diameter. Bubble velocity could be determined through the time required for a bubble
to rise through the liquid pool in combination with the height of the pool as shown in
Figure 4.17. Pool height varied slightly with flow rate and ranged from ~12 mm to ~15
mm. Bubble velocities were determined to range from 0.14 m s™ to 0.18 m s™. No clear
effect of bubble size on velocity could be established. Liquid properties did not cause
obvious effects on any parameters. Geometry variation, i.e., change in annulus size had

slight effects similar to vapor flow rate variation in that it caused variation of pool height.
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Figure 4.17: Design concept B flow visualization

However, once full activation was established, no clear effects of annulus size could be
discerned.

Typically, bubbles in bubble columns accelerate to their terminal velocity as they
rise and exhibit bubble growth (Shah et al., 1982). To better understand the combined
effects of bubble entrance and exit from a liquid pool, Lau et al. (2010) investigated
shallow bubble columns, i.e., low height-to-diameter ratios as encountered in Design
Concept B. At very low ratios, they observed a reduction in average bubble size. The
average bubble size estimate in the present study is also slightly lower than comparable

results in the literature (Polli et al., 2002). Lau et al. (2010) suggest that the presence of a
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liquid surface enhances bubble breakup. Disturbances in the continuous liquid by a
leaving bubble cause break-up of other vapor structures within the liquid, which leads to
lower bubble size. Also, the lack of liquid height prevents bubble coalescence, further
contributing to lower average bubble size. These authors also report a significant increase
in gas holdup and found that rise velocity decreased with height-to-diameter ratio
reduction. They found velocity values around 30 — 40 cm s, while velocity results in the
present study are considerably lower, which could be attributed to confinement effects of
this particular tray design. Given an estimate for bubble velocity, gas holdup can be
estimated with the interstitial velocity definition in Eq. 4.7. These values range from 0.31

to 0.41. Finally, specific interfacial area can be estimated using the common bubble

column relationa,, =6&, / D, . These values range between 365 — 470 m* m>,

4.6 Conclusions

Novel design concepts for the desorber and rectifier components of AAS were
presented. Design criteria for optimal thermal compressors were identified and it was
shown how the proposed designs optimize heat source utilization, allow for highly
compact component design and accommodate flexible operation and reliable system
operation. The proposed designs also span a wide range of applications by providing a
solution for direct gas coupled desorption as well as microchannel based heat source fluid
coupling. A hydrodynamic design methodology was developed to address countercurrent
flow limitations. Air-liquid experiments that simulated flow conditions of actual AAS
were conducted to validate feasibility of these designs and provide geometric

specification for full component development. High-speed video analysis provided
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additional experimental results to quantify hydrodynamic parameters that are needed for
the development of a component level heat and mass transfer model. The results of this
study can be used to develop compact and effective desorber and rectifier components for

optimal thermal compressors in AAS.
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CHAPTER 5. HEAT AND MASS TRANSFER MODEL

5.1 Introduction

Thermally driven cooling and refrigeration provides an alternative to conventional
vapor compression systems. The requirement for high-grade mechanical or electrical
energy can thereby be replaced with low-grade thermal energy such as waste heat,
allowing for the development of energy systems with increased overall efficiency.
Ammonia-water absorption systems are an example of thermally driven cooling systems
with the potential for widespread adoption. Conceptually, the mechanical compressor of a
vapor compression system is replaced with a thermal compressor that primarily consists
of a set of heat exchangers. Among the key thermal compressor components of an
ammonia-water absorption system are the desorber and rectifier. The desorber utilizes
heat input to separate ammonia vapor from an ammonia-water solution, while the
rectifier is required to ensure high ammonia purity (Fernandez-Seara and Sieres, 2006).
Typically, conventional distillation columns are implemented in combination with
various rectification options (Fernandez-Seara et al., 2003). As these components
contribute significantly to overall system size and weight, further development of
efficient and highly compact desorption and rectification components is required,
particularly for small capacity systems. Several previous studies have reported alternative
desorber designs, such as those by Delahanty et al. (2015), Keinath et al. (2014) and
Determan and Garimella (2011). The concept of diabatic distillation, the integration of
external heat transfer with vapor purification, has been shown to be thermodynamically

advantageous compared to other thermal separation processes (Kotas, 2013) but has not
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been developed for ammonia-water absorption systems. This approach optimizes thermal
compressor performance, reduces exergy destruction and facilitates further component
size reduction (Chapter 3). In this study, design concepts for a microscale desorption and
rectification component based on the diabatic distillation principle are reviewed and
underlying hydrodynamics are discussed. A coupled heat and mass transfer model is
developed for the processes encountered in the proposed geometries. Overall component
sizes, refrigerant generation rates, and heat input requirements are determined. A
parametric study is conducted to validate performance over a wide range of operating
conditions. Finally, reduced order design values for vapor purification efficiency and
overall heat transfer coefficient are determined to facilitate design and sizing of these

components.

5.2  Design Concept and Hydrodynamics

The desorber design concept is shown in Figure 5.1 (left). Heat is continuously
applied to the ammonia-water solution through a microchannel plate. This facilitates the
use of a generic heat source through a coupling fluid. The working fluid side is gravity
driven, entering from the top of the component. Trays are placed in an alternating pattern
for continuous solution flow over each tray with simultaneous vapor generation. Vapor is
forced through orifices in each tray to create the flow pattern depicted in Figure 5.1
(right). Vapor from the lower trays experiences liquid-vapor interaction with colder
solution in the bubble region of each tray. This leads to vapor purification in combination
with simultaneous vapor generation in a given tray. Achieving this flow pattern is
governed by two hydrodynamic limitations. At low liquid and vapor flow rates, excessive

weeping of solution through orifices prevents liquid build-up in the downcomer as well
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Figure 5.1: Design Concept A, component assembly (left), target flow pattern (right)
as the formation of a bubble region. Conversely, at high liquid and vapor flow rates,
excessive liquid build-up in the downcomer and bubble region of the tray causes liquid
entrainment into the refrigerant vapor stream, which results in an unacceptable reduction
of ammonia purity, leading to poor system performance. A detailed discussion of this
design concept and investigation of hydrodynamic behavior was presented in Chapter 4.
A design methodology was developed and applied to the specific geometries of this
design to accommodate both hydrodynamic limitations. Additionally, high-speed
videography was employed in a flow visualization study to quantify hydrodynamic
parameters relevant to heat and mass transfer. These parameters are single-phase and
two-phase heat transfer areas, liquid-vapor interfacial area, vapor structure size and
velocity as well as total liquid and vapor hold-up in a tray. Estimates of these parameters
were quantified with correlations as a function of superficial vapor velocity. These

expressions can be readily implemented in a heat and mass transfer model.
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Figure 5.2: Rectifier design concept

The design of a microchannel based rectifier that uses the diabatic distillation
concept as shown in Figure 5.2 was also presented in Chapter 4. The refrigerant vapor
side consists of a cavity with wire gauze packing where partial condensation occurs.
Generated reflux is gravity driven and countercurrent to the vapor, and the reflux flows to
the top of the desorber. The presence of the wire gauze enhances vapor-side heat transfer
and provides surface area for liquid-vapor interaction to facilitate the diabatic distillation
process. Liquid flooding is the only hydrodynamic limitation and the design concept was
included in the hydrodynamic design study to ensure proper component operation at the
expected flow rates. Concentrated solution leaving the absorber is the preferred

recuperative heat sink on the microchannel side.

108



5.3  Coupled Heat and Mass Transfer

The processes in the proposed designs rely on simultaneous heat and mass
transfer of ammonia-water solution and vapor. Detailed modeling of these phenomena is
required to ensure proper component design with optimal performance. Given the novel
geometry and the limited body of work in the literature on coupled liquid-vapor heat and
mass transfer of ammonia-water, a non-equilibrium model that addresses such
countercurrent geometries is developed. The results of this study can be used to provide
equilibrium estimates for reduced order modeling. This facilitates future implementation
of this design concept at various scales and can guide assumptions in overall system
models and dynamic models where accurate model order reduction is required for
computational feasibility.

A generic diabatic distillation control volume is shown in Figure 5.3. Here, two
main processes are identified. Local vapor generation is the coupled heat and mass
transfer process of binary mixture boiling, while the process termed pass-through vapor
is the heat and mass transfer process experienced by vapor that is not locally generated in
a given segment but is introduced from the bottom of the segment. The resulting coupled
heat and mass transfer process leads to the purification of pass-through vapor. In the
proposed design, these two processes may occur simultaneously in some regions of a
given tray, while the binary mixture boiling process may occur individually in other
regions. Additionally, single-phase vapor heat transfer may occur in unwetted wall
regions of a tray. Single-phase liquid heat transfer is not considered in this design, as

realistic system operating conditions lead to saturated liquid or two-phase flow of
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Figure 5.3: General diabatic distillation control volume

concentrated solution entering the desorber. Both these primary processes are modeled

individually so that they can be combined and implemented in a modular approach.

5.3.1 Binary Mixture Boiling

In the absence of mass transfer, an ideal heat transfer coefficient can be
determined based on the molar weighted average of pure component nucleate boiling
coefficients as shown in Eqg. 5.1. However, given that the ammonia mass fraction in the
vapor phase is significantly greater than that in the liquid phase, a net mass transfer of
ammonia from the bulk liquid to the vapor occurs. The non-equilibrium process results
in the local depletion of ammonia at the liquid-vapor interface, which causes an increase
in the local saturation temperature. As this effectively reduces the wall superheat
temperature, the actual heat transfer coefficient of this process is lower than the ideal one.
Typically, a correction factor, shown in generic form in Eq. 5.2, is applied to Eg. 5.1 to

account for the effect of mass transfer on heat transfer.
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Nucleate boiling correlations for both, ammonia and water, as well as a suitable
mixture correction correlation, must be identified. The pool boiling correlations
developed by Mostinski (1963), Stephan and Abdelsalam (1980) and Gorenflo (1993) are
considered as they are suitable for both ammonia and water (Taboas et al., 2007). The
following binary mixture correction correlations are considered: Stephan and Korner
(1969), Schliinder (1982), Thome and Shakir (1987), Taboas et al. (2007). While the first
correlation was suggested by Inoue et al. (2002), the second and third were compared by
Taboas et al. (2007). The same authors developed the last correlation specifically for
ammonia-water mixtures. Application of different boiling and binary mixture correction
correlations can significantly affect model results. Therefore, different correlations are

compared in this study and an assessment of their effect on model predictions is made.

5.3.2 Pass-through Vapor Model

Vapor generated in lower sections of the component may enter a given control
volume and experience liquid-vapor contact with colder solution in the control volume.
The resulting temperature and concentration profiles of this interaction are shown in
Figure 5.4. The coupled heat and mass transfer process leads to a temperature reduction
and purification of vapor, i.e., an increase of ammonia mass fraction in the vapor. The

modeling technique presented by Price and Bell (1974) implemented the film theory
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Figure 5.4: Profiles for temperature and ammonia concentration
framework of Colburn and Drew (1937) and has been applied to ammonia-water
absorption and desorption modeling by several investigators, e.g., Determan and
Garimella (2011) and Nagavarapu and Garimella (2011). This approach is adapted to the
geometries and processes presented in this study.

The molar flux across the liquid-vapor interface can be derived analytically by
assuming local equilibrium at the interface and integration over the concentration
boundary layer in both, the vapor phase and the liquid phase (Hewitt et al., 1994). This is
shown in Egs. 5.3 and 5.4. Here, X, is the equilibrium molar concentration at the
liquid-vapor interface and g . is the bulk molar concentration of liquid and vapor. The

quantity 7 is the molar concentration of the condensing flux in binary mixture

condensation and is defined as 7 —=n, /n, -

n. =-4,C. In£;j 5.3

Z- X\/,bulk
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Heat transfer at the liquid-vapor interface from the vapor phase is governed by

Eqg. 5.5. Here, the Ackermann correction factor (the term in parentheses in Eq.5.5), is

defined with the parameter 4, as shown in Eq. 5.6. The correction factor couples vapor
phase heat transfer to mass transfer, providing a correction for the effect of latter on the
former. Similarly, heat transfer between the liquid-vapor interface and bulk liquid is
governed by Eq. 5.7 with the correction factor defined as in Eq. 5.8.

i

1-e*

0 -a g

4 - 5.6
o,
- ¢4 LMTD 5.1
QL —aL *ﬂ_ Ant L .
1-e
¢L = (n§H3C~va,NH3)+(n|’;20C~p'L’HZO) 5.8

a.

Implementation of the preceding coupled heat and mass transfer model requires

knowledge of interfacial area values as well as transport coefficients, i.e., heat and mass
transfer coefficients o, , 3, B, . If one of the transport coefficients is known, its heat
or mass transfer counterpart can be determined through a heat and mass transfer analogy

(Mills, 1995) as shown in Eq. 5.9. Vapor Nusselt number, Nu=al. /K, is related to its
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mass transfer counterpart, the Sherwood number, Sh=pgL./D,, where D,, is the

binary diffusion coefficient of ammonia and water in solution or vapor mixture, and L is

the characteristic length scale of the vapor structure. Values for characteristic length scale
as well as interfacial area of a typical vapor structure for this design were determined in
the hydrodynamic investigation mentioned above (Chapter 4). Heat and mass transfer
inside bubbles was investigated by Colombet et al. (2013) who suggested a Sherwood

number value of 18 for vapor flow rates and bubble dimensions expected in the present

study. This provides direct quantification of the mass transfer coefficient, /3, ; the heat
and mass transfer analogy is then invoked to determine the value of «, . The sensible
liquid heat transfer coefficient, &, , of a vapor structure is estimated using the idealization

of forced convective flow over a single sphere by Whitaker (1972). The liquid phase

mass transfer coefficient, B, is the then determined through the analogy.

( hj [ jﬂs
Nu Pr .
5.3.3 Rectifier Model

Liquid flow rates of reflux condensate in the rectifier are expected to be very low.
This causes high uncertainty of liquid-vapor interfacial area which makes a non-
equilibrium framework unsuitable. As an alternative, the equilibrium method presented
by Silver (1947) and Bell and Ghaly (1973), known as the Silver-Bell-Ghaly (SBG)
model, is applied. Here, equilibrium is assumed throughout the vapor and liquid phases.

The effect of mass transfer is accounted for by comparing sensible heat transfer of

114



saturated vapor to overall heat transfer of the condensing vapor. Given that a pure
substance does not experience sensible temperature variation during the condensation
process, this approach has been widely accepted as a suitable alternative to non-

equilibrium models and has been shown to be conservative for vapor Lewis numbers of

less than unity (Webb et al., 1996). An effective heat transfer, &y is defined as shown in

SBG — Qsensible

Eq. 5.10 where the term Zg, is defined as z /Q, , which is the ratio of vapor

sensible heat transfer to overall rectifier duty. Both quantities can be readily determined if
vapor inlet and outlet states of the rectifier are specified. The ideal condensation
coefficient, &, , IS determined using mixture properties at the operating conditions, and

the effective heat transfer coefficient can then be determined for overall component

design.

L _ 1 Zwe 5.10

Qg &

ideal v

5.4  Model Development and Implementation

The binary mixture boiling and pass-through vapor models are building blocks
that are integrated into an overall heat and mass transfer model. First, the model topology
is defined based on actual flow patterns expected in the component. Then, a suitable
segmentation of each tray into regions is presented, and finally, conservation equations

are applied to each region to obtain all states in the component.
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5.4.1 Model Topology

Figure 5.5 shows a flow visualization image of a single tray that is fully activated
and not flooded, i.e., without experiencing hydrodynamic limitations. The flow
visualization study presented in Chapter 4 provided quantification of various heat transfer
areas as a function of vapor and liquid flow rates. Furthermore, downcomer liquid level
height and liquid-vapor interfacial area values were determined. Delineation between
liquid-only, two-phase and unwetted area in the core tray allowed for the quantification
of their respective areas. Based on those results, each tray is segmented into several
regions to accurately model the heat and mass transfer processes specific to that region.
Region sizes are variable and dependent on vapor velocity at the inlet of a given tray as

well as the number of vapor orifices in that tray.

5.4.2 Bubble Tray Region

In the bubble region of the core tray, region 1 in Figure 5.1, both main heat and
mass transfer processes, nucleate boiling and the pass-through vapor process, occur

simultaneously. Liquid-to-wall area, as well as interfacial area, are known from the

. 5/outiet
{é]‘ Connector |;

PIAMMIES (1[oubble egion

Downcomer

["] Unwetted wall: Single-phase vapor

Downcomer : o B Nucleate boiling

[T Nucleate boiling + pass-through vapor

Figure 5.5: Idealization of hydrodynamic phenomena in model topology
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results of the hydrodynamic study. The states for vapor and liquid inlet are determined
from a complete tray analysis of the tray below and above, respectively. The nucleate
boiling process as modeled with Egs.5.1 and 5.2, as well as the pass-through vapor
process modeled with Egs. 5.3 - 5.8, are added to a set of equations used for modeling of
the bubble region. Conservation equations for mass, species and energy are then added to

the equation set as shown in Egs. 5.11 - 5.13.

rﬁL,in + rf‘l\/,in = rﬁL,out + rﬁ\/,out 5.11
n-’]L,inXL,in + n.‘.l\/,inX\/,in = rhL,outXL,out + rh\/,outX'\/,out 5.12
rhL,inhL,in + rh\/,inh/,in +Qext = rﬁL,outhL,out + rf‘l\/,outr‘l\/,out 5.13

External heat input to the region is determined through Eq. 5.14. Here, the total
resistance includes wall and coupling fluid resistances. Its value, as well as the

logarithmic mean temperature difference, can be determined as discussed below.

.1
Qext = R_ LMTDCF,WF 5.14

T

System pressure is typically determined through saturation conditions in the
condenser and can be treated as an input variable for this model. The final assumption
required for closure is a saturated liquid state for the liquid leaving a region. This
assumption is justified through the externally diabatic design and the fact that
concentrated solution entering the desorber can be approximated as saturated liquid in a
system at realistic operating conditions. This set of equations then fully defines the state

of the working fluid in the bubble region of each tray.
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5.4.3 Pool Region

The pool region is assumed to be well mixed and the only process considered is
ammonia-water nucleate boiling. The area of the region is known from the hydrodynamic
study, and the inlet state of the liquid is known from the solution of the bubble region.
Therefore, vapor inlet terms in mass, species and energy equations can be eliminated and

the system can be solved without considerations of vapor heat transfer.

5.4.4 Downcomer Regions

Overall downcomer height is known from the hydrodynamic study, which allows
for division of the downcomer into two equally sized regions. A bottom region is defined
to be identical to the pool boiling region described above. This assumes that no vapor
inlet flow occurs at the bottom of the downcomer. This assumption is justified for fully
activated tray operation. A second region at the top of the downcomer is defined to model
the effect of purification of vapor generated in the bottom downcomer as it rises. The
bottom downcomer region can be modeled in identical manner to the pool region
discussed above. The liquid outlet stream at the bottom of the downcomer provides the
fully defined solution inlet stream for the tray below. The top downcomer region is
modeled similarly to the bubble region in the core tray. However, liquid-vapor interfacial
area is not known directly from hydrodynamics. In order to determine this value, the
bubbles size model by Idogawa et al. (1987) in its modified form presented by Oyevaar
and Westerterp (1989) is applied. Using the average mass flow rate of vapor and its

properties in this region, the number of bubbles and, consequently, the total liquid-vapor
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interfacial area can be determined. The system can then be solved in a manner similar to

that used for the bubble region of the core tray.

5.4.5 Connector and Outlet Region

The connector region feeds vapor generated in the downcomer to the core tray
region and liquid from the core region to the downcomer. Liquid flow over the tray into
the downcomer is modeled using the Francis weir equation, which is commonly used to
model hydrodynamics in adiabatic column trays (Wijn, 1999). Given the liquid height of
the downcomer and overall geometry of the tray, the unwetted wall area can then be
determined in this region. There is sensible heat transfer between the dry wall area and

the vapor. Vapor flow in this region is expected to be laminar, and the Nusselt number for
a rectangular cross-section with aspect ratio of 3, i.e., Nu, =4.69, is selected (Incropera

and DeWitt, 1996) to determine the vapor-side heat transfer resistance. Nucleate boiling
heat transfer is applied to the liquid portion in this region. While in other regions, the
major fraction of external heat transfer to solution is from the heated wall, in this region,
the tray itself forms the major portion of the external heat transfer area. In all regions, the
heat transfer area contribution from the actual tray is determined by applying an extended
surface methodology for a rectangular fin (Mills, 1995). A representative fin efficiency
value for an extended tray surface in this study is 75%. The coupled heat and mass
transfer process described in Egs. 5.3 - 5.8 is applied to the liquid-vapor interface.
However, given the small liquid region, it is assumed that the liquid phase in the

connector is well mixed, which eliminates the need to use Egs. 5.7 and 5.8.
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In the outlet region, vapor streams from the downcomer, the bubble region and
pool region are combined and are exposed to a single-phase vapor heat transfer process
with the unwetted wall as described in the discussion of the connector region. The
unwetted wall area is known from the hydrodynamic investigation. The combined outlet
vapor stream serves as the inlet vapor stream for the tray above.

It is desirable to minimize unwetted wall regions to maximize nucleate boiling
heat transfer area, mitigate vapor superheat, and reduce overall component size.
Hydrodynamic constraints dictate the amount of unwetted wall in this design. However,
the contribution of superheat is small, and unwetted wall area primarily causes

underutilization of heat wall area for overall component duty optimization.

5.4.6 Coupling Fluid Integration

The desorption heat duty is supplied using a coupling fluid stream flowing
through microchannels. A detailed modeling approach for microscale heat and mass
exchangers in absorption systems is given by Nagavarapu and Garimella (2011). They

determine the total heat transfer resistance of the coupling fluid side by modeling the

Working Fluid
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[Fin]
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[Fin]
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[Fin]
640 um
24
(24 ga)
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Figure 5.6: Cross-section of coupling fluid passages
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channel geometry as a fin-array in combination with a laminar convection correlation for
semi-circular duct geometries (Sparrow and Haji-Sheikh, 1965). This approach is slightly
modified for the presented design. Here, an adiabatic partition plate is used to separate a
set of two coupling fluid plates as shown in Figure 5.6. The correlation for laminar flow
in a circular sector duct with an adiabatic straight side (Hong and Bergles, 1976) is
applied. Additionally, a heat transfer oil is used as the coupling fluid, which results in

comparatively high Prandtl number values (Pr=v/ a). This leads to a non-negligible
thermal entrance length and the Nusselt number (Nu=hD, /k) value is determined by

integration over the thermal entrance length (Hong and Bergles, 1976). Eq. 5.14 can then

be determined completely, providing model closure.

5.4.7 Model Implementation

The model is implemented on a modular basis. Separate stand-alone modules for
pool boiling, pass-through vapor, connector and outlet region were developed to
characterize the distinctly different heat and mass transfer processes. Consequently, each
tray is modeled with two pool boiling modules, two pass through vapor modules, and one
connector and outlet module. Each module includes hydrodynamic characterization data
to accurately determine heat transfer area and volume. The solution-side heat transfer

coefficient is used in combination with the coupling fluid model discussed above to
determine the total heat transfer resistance in Eq. 5.14, Ry =Ry +R,, +Ree. Fully

defined thermodynamic states and mass flow rates of all inlet streams including coupling
fluid are required for each module and determined in an iterative manner that provides

the LMTD value for each module.
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Table 5.1: Specification for desorber and rectifier operating conditions

Operating Conditions

Operating pressure, kPa 1878
Concentrated solution flow rate, g s™ 115
Concentrated solution ammonia mass fraction 0.47
Target vapor mass flow rate leaving rectifier, g s™ 3
Target dilute solution temperature leaving desorber, °C 137
Heat source coupling fluid mass flow rate, kg s™ 0.14
Rectifier heat sink inlet temperature, °C 42
Rectifier vapor outlet ammonia mass fraction 0.9985

Operating conditions and geometric data are specified for both components. Table
5.1 lists operating conditions for the desorber and rectifier. The rectifier vapor outlet flow
rate of 3 g s is typical for a system with a cooling capacity of about 3.5 kW. Given the
operating pressure and concentrated solution ammonia mass fraction, a dilute solution
temperature is specified. The value of 137°C is based on thermodynamic optimization. A
unique optimum dilute solution temperature exists for every combination of concentrated
solution mass fraction and operating pressure as shown in Chapter 3. The resulting value

of system circulation ratio, cr =rm_ /m,, , IS 3.8. Table 5.2 lists geometric parameters

ref !
for both components. Heat source coupling fluid inlet temperature is determined based on
the required dilute solution outlet temperature.

In addition to the five regular desorber trays, a bottom section consisting of pool
boiling modules is included, with a downcomer region at the inlet of the component that
feeds the first tray. The complete model consists of five trays with six modules each as
well as four bottom section modules and two inlet section modules. The 36 module

assembly can be solved iteratively with overall boundary conditions specified as shown
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Table 5.2: Specification for desorber and rectifier designs

Operating Conditions Desorber Rectifier
Material 304 stainless steel | 304 stainless steel
Number of working fluid plates 8 8
Number of coupling fluid plates 16 8
Number of regular trays 5 N/A
Number of coupling fluid channels 1344 400
?Jf{/?/ll B‘;f”rﬁom”e”t dimensions 220x124x74 170x76x58
Overall component weight, kg 9.3 3.1

in Table 5.1. The model can accommodate two-phase inlet conditions of concentrated
solution as expected in realistic operating conditions. Adiabatic liquid-vapor separation
of two-phase flow at the inlet will result in liquid-vapor separation, whereby inlet vapor
is combined with vapor generated in the desorber. However, in the present study, the
solution inlet is assumed to be saturated liquid.

Rectifier reflux mass flow rate, ammonia mass fraction and temperature are
obtained iteratively with results from the rectifier model. Reflux is combined with liquid
concentrated solution at the inlet of the top tray. The complete model is implemented in
Engineering Equation Solver (Klein, 2015) using ammonia-water property routines of

Ibrahim and Klein (1993).

5.4.8 Rectifier Model

Ammonia mass faction of the vapor leaving the rectifier is specified as 0.9985 to
ensure high refrigerant utilization in the evaporator with low temperature glide. In
combination with a specified pressure and saturated vapor assumption, the vapor outlet

state is fully defined. Vapor inlet to the rectifier is specified through desorber model
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results. The state and flow rate of condensate reflux leaving the rectifier is determined in
this model and used as an input to the desorber model. The partial condensation process
requires a heat sink. In this study, concentrated solution from the absorber serves this
purpose. In contrast to heat rejection to the ambient, the solution cooled rectifier provides
partial heat recovery of the rectifier heat load. Total solution flow rate, inlet temperature
and ammonia mass fraction are specified. Given all global rectifier inputs, a segmented
equilibrium heat and mass transfer model is developed based on the SBG approach
discussed above. Figure 5.7 shows a conceptual depiction of the rectifier cross-section.
Vapor enters each segment from the bottom, while reflux enters from above for all

segments except the top segment. Diabatic distillation is realized by the multiple layers of

Solution Reflux

Q. Wall
Packing

Center
Packing

1V
Vapor !Ceg!)e?rLine
I1(Adiabatic)

Figure 5.7: Rectifier cross-sectional view
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packing. In this design, four layers of wire gauze are placed between parallel plate
channels carrying working fluid liquid-vapor countercurrent flow. Both center layers act
as an adiabatic liquid-vapor contactor in parallel to the partial condensation process on
the wall and the packing layer adjacent to the wall. It is assumed that reflux from a higher
segment is distributed at the inlet of the current segment. The partial condensation
process causes additional reflux to be formed in each segment that is combined with
reflux generated at higher segments. In addition, the concentration of reflux generated in
the current segment can be accurately estimated as the saturated liquid concentration of
the average vapor temperature. A mass and concentration balance for vapor and
generated reflux provides mass flow rates of vapor leaving the segment and locally
produced reflux. Finally, the system can be solved completely with a temperature
assumption of reflux leaving each segment. Due to liquid-wall contact, liquid is expected
to be somewhat subcooled. However, center packing layers allow for adiabatic liquid-
vapor contact with high interfacial area and low liquid flow rates, which results in a
portion of the reflux being in the saturated liquid state. Thus, a reflux temperature value
between the saturated liquid temperature (vapor temperature) and the wall temperature is
expected. An average of wall temperature and saturated liquid temperature, i.e., vapor
temperature is used. Given very small reflux mass flow rates, deviation from this
assumption should not lead to appreciable error in the segment energy balance and model
results. The total heat transfer rate for each segment can then readily be determined while
sensible vapor heat transfer can be calculated with local vapor properties as shown in Eq.

5.15. A vapor sensible heat transfer coefficient as well as an ideal condensation
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coefficient needs to be determined to determine the effective heat transfer coefficient in

Eq. 5.10.

Qsensible = m\/Cp (TV,in _TV,out) 5.15

The wire gauze packing does not only facilitate liquid-vapor interfacial contact
but it also provides vapor heat transfer enhancement. Sensible heat transfer is modeled
with the packed bed correlation provided by Mills (1995) and shown in Eq. 5.16 where
the hydraulic diameter of the unpacked vapor passage is applied. The ideal condensation
coefficient is estimated with the correlation by Rose et al. (1999) as shown in Eq. 5.17.
With the effective working fluid side heat transfer determined through the SBG method

shown in Eq. 5.10, a resistance network is calculated and used to determine the total area

of each segment and provides the total required rectifier length.

Nu,, =(05,[Rep, +0.2Red?)Prt 5.16
Cigear =Ty °[5+0.63(T, ~ T,y ) | 5.17
Concentrated solution flowing through the plates with microscale passages serves

as the coolant for the rectifier as shown in Figure 5.2. Coupling fluid and wall resistance

are determined using the methodology presented by Nagavarapu and Garimella (2011).

55 Results

The dimensions of the desorber and rectifier to achieve the specified refrigerant
vapor production rates and purity are shown in Table 5.2. These dimensions and the

number of working fluid and coupling fluid plates can be specified such that the desorber
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Figure 5.8: Temperature profiles and comparison of heat source temperature
requirements for different pool boiling correlations

and rectifier can be integrated into a single unitary structure, which leads to a compact
geometry and lower fabrication costs.

Results for baseline operating conditions are investigated by comparing the effect
of the choice of pool boiling and binary mixture correlations as well as the effect of
desorber mass transfer effectiveness. This is followed by a parametric study to investigate
the effect of the variation of several operating parameters on system performance and to

provide representative reduced order results.

5.5.1 Temperature Profiles and Correlation Comparison

Component internal temperature profiles for the desorber-rectifier assembly are
shown in Figure 5.8 and Figure 5.9. The former compares the effect of the choice of pure

substance pool boiling correlation, while the latter compares the effect of the choice of
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Figure 5.9: Temperature profiles and comparison of heat source temperature
requirements for different binary mixture correction correlations

binary mixture correction correlation. Working fluid conditions are held constant and
heat source coupling fluid flow rate is fixed. Consequently, the pool boiling heat transfer
coefficient and the effect of a mass transfer correction are translated to variation in heat
source temperature required to achieve identical working fluid temperatures and flow
rates specified in Table 5.1. Figure 5.8 reveals that the selected pool boiling correlations
provide very similar results with little effect on heat source requirements and, therefore,
overall component performance. The pool boiling correlation by Mostinski (1963) is
selected for the final model based on the comparative study by Taboas et al. (2007).
Figure 5.9 shows that the effect of the choice of binary mixture correction correlation is
more pronounced. The correlation by Stephan and Kérner (1969) is the most conservative
and the correlation by Taboas et al. (2007) results in the lowest heat source temperature
demand. The former requires a heat source temperature that is 8°C greater than the latter.

However, given that it is a more recent correlation and its development is based on a

128



Mass flow, g s™
0 1 2 3 4 5 6 7 8 9 10 11 12 13 14

s ;
Concentration Mass Flow
450 Rectifier reflux —— ==
Rectifier vapor —o— -—0--
£ 400 Desorber vapor —H— ---
Desorber solution —H— --F-
£ .
.. 350 Q ° q
£ 2 o
2 3008 E Pad -
2 2505‘ 2 o~ ]
E % [ n o‘. O F
£ 200 s ;- H,b »
g | p [
g 150 Jod /-/ o ¥
S 10| . H ;
O 100 ﬁ /. Fo /.
50 - . I "
b :
oL . u , P

00 0.1 02 03 04 05 06 07 08 09 1.0
Ammonia mass fraction

Figure 5.10: Component profiles for mass flow rates and ammonia mass fraction

comparative assessment of experimental data, the latter correlation is selected for the
final model.

Mass flow rate and concentration profiles for solution, vapor and reflux at the
design operating conditions are shown in Figure 5.10. The target vapor flow rate of 3g s™
as well as the target vapor ammonia mass fraction of 0.9985 is achieved at the outlet of
the rectifier. The rectifier is required to provide vapor purification from an inlet ammonia
mass fraction of 0.9718 and partial condensation generates reflux throughout the rectifier.
However, the cumulative reflux flow rate is very small, i.e., ~ 0.2 g s™, and the vapor
mass flow rate decreases accordingly. Clearly, vapor inlet concentration to the rectifier
must be maximized to minimize rectifier heat duty and additional vapor generation
requirements in the desorber as shown below. A continuous decrease in solution mass

flow rate and solution mass fraction is shown in the desorber as vapor is generated
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throughout the component. Vapor ammonia mass fraction increases toward the top of the
component as vapor is generated at lower temperatures and purified through liquid-vapor
contact as it flows upward.

Figure 5.11shows desorber solution and heat source temperature profiles as well
as resulting local and cumulative rates for heat input and exergy destruction. An exergy
balance, including the heat source stream, is used to determine the exergy destruction rate

as shown in Eq. 5.18. The physical flow exergy for each stream is defined as shown in

Eq. 5.19 where the reference state is chosen to be T, =293K and P, =101.325kPa.

I = Z miﬂWin _Z Iﬂhoutl//out 5.18
i i

w=h-h-T,(s-s,) 5.19
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Figure 5.11: Desorber heat input and exergy destruction
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Working fluid properties are determined from the ammonia-water property
correlations by Ibrahim and Klein (1993). Heat source coupling fluid is specified as
Paratherm™ NF heat transfer fluid. The change of physical flow exergy can be
determined using Eq. 5.20 and manufacturer supplied data for specific heat capacity, c,.

The average value, <, is calculated at the average heat source temperature, T .

_ T
Ayee =T, [(TCF,out _TCF,in)_To In[MD 5.20

CF,in

For the given temperature profile, local heat input rates decrease toward the
bottom of the component due to the progressively lower solution ammonia mass fraction
and decreased heat source temperature differences. The local increase in heat input at the
bottom is due to a greater heat transfer area in the bottom segment compared to regular
trays. Local and cumulative exergy destruction scales with heat input for the given
temperature profile. However, exergy destruction in a diabatic distillation column
depends on the temperature profiles of heat source and working fluid as (de Koeijer et al.,
2002; de Koeijer et al., 2004). Variation of heat source coupling fluid flow rate and inlet

temperature and its effect on system performance are investigated below.

5.5.2 Vapor Purification

A high degree of internal vapor purification is required in the desorber to optimize
system performance. Staged vapor generation along a solution temperature profile in
liquid-vapor countercurrent configuration ensures relatively high baseline vapor ammonia
concentration values compared to a kettle-type desorber. Further purification is achieved

through liquid-vapor contact in each tray. A qualitative assessment of the purification
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Figure 5.12: Vapor purification tray efficiencies comparison between
Sh=18and Sh=6

performance in an adiabatic distillation tray can be made using the Murphree tray
efficiency (Zavaleta-Aguilar and Simdes-Moreira, 2012). In contrast to conventional and
larger dimensioned adiabatic trays, the proposed tray design does not result in a well-
mixed pool. Local vapor generation and the pass-through vapor process do not occur
within solution of the same temperature as shown in Figure 5.1. Therefore, an appropriate
reference temperature and concentration has to be determined and a modified purification

efficiency is proposed as shown in Eq. 5.21.

npur _ X\i,out - Xv,in 521

Xv,out - Xv,in

Here, the reference concentration,x:,iout, IS assumed to be the saturated vapor

concentration at the temperature of liquid solution entering the tray. This approach is
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Figure 5.13: Desorber vapor purification efficiency and rectifier heat rejection vs.
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justified given that solution inlet to the tray feeds the bubble region where the majority of
liquid-vapor contact occurs. In a well-mixed liquid tray, this modified definition provides
slightly lower tray efficiency values, and the application of results from this study must
be used with the definition provided here. Tray efficiency values are convenient reduced
order results for vapor purification performance that facilitate system level modeling or
dynamic modeling of this design.

Similarly, an overall desorber purification performance value can be determined
where the reference concentration is based on concentrated solution entering the desorber

and the value of x,, is taken to be the saturated vapor concentration at the temperature of

dilute solution leaving the desorber. Figure 5.12 shows individual tray efficiencies and
overall component efficiency at design operating conditions with a Sherwood number of
18. The figure provides a comparison of tray purification and overall purification

efficiency for a Sherwood number value of 6. For both cases, purification efficiency
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decreases toward the top of the component as vapor mass flow rates increase. A bubble
internal Sherwood number of 18 was assumed based on the study by Colombet et al.
(2013) at design conditions. Tray efficiencies are significantly lower for Sh=6. While a
Sherwood number variation is used to illustrate the effect of mass transfer resistance,
similar results are obtained if interfacial liquid-vapor area is varied. Figure 5.13 shows
the overall desorber purification efficiency as a function of mass transfer effectiveness.
The figure also depicts the link to rectifier heat duty requirements and thus lower system
performance for lower mass transfer effectiveness. Thus, hotter vapor leaving the
desorber results in a greater demand for vapor mass flow rate leaving the desorber for the
same refrigeration load, causing greater rectifier heat duty due to purification by partial

condensation.

5.5.3 Heat Source Flow Rate and Temperature

Heat source coupling fluid flow rate was fixed in the previous analysis and its
inlet temperature was determined to meet design conditions in Table 5.1. However, heat
source flow rate variation provides another degree of freedom and its effect on
component performance is investigated in a parametric study where heat source coupling
flow rate is varied from 0.03 kg s™ to 1 kg s™. Figure 5.14 shows temperature profiles for
both extremes of the flow rates. As expected, the pinch point changes from the bottom of
the component for a high flow rate to the top of the component for a low flow rate. This
variation in temperature profile causes a variation in the distribution of internal
temperature profiles due to the shift in heat input from the top of the component to the
bottom. Specifically, vapor leaving the desorber is hotter for high heat source coupling

flow rates due to most of heat transfer occurring toward the top of the component, which
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Figure 5.14: Temperature profile comparison for high and low heat source coupling
fluid flow rate

reduces internal vapor purification. Conversely, a low coupling fluid flow rate produces
vapor predominantly toward the bottom of the component, which facilitates component
internal vapor purification. This results in a reduction of rectifier heat duty as is shown in
Figure 5.15. While this suggests that a low flow rate is more favorable, Figure 5.15 also
shows that much greater inlet temperatures are required to achieve a noticeable reduction
in rectifier heat duty. Therefore, the active control of heat source coupling fluid flow
allows for system optimization given available heat source temperatures or downstream
temperature requirements of the coupling fluid. Indeed, the heat source inlet temperature
curve in Figure 5.15 can be understood as a heat source demand curve that captures the
trade-off between temperature and flow rate. A heat source demand curve can be
determined for every target operating condition and can be contrasted to a heat source

supply curve such as a waste heat temperature vs. flow rate profile of an engine.
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Figure 5.15: Heat source temperature variation and exergy destruction versus heat
source mass flow rate

Figure 5.15 also shows how desorber exergy destruction is affected through the
manipulation of component temperature profiles by coupling fluid flow rate variation. A
distinct minimum can be observed, which is achieved at a flow rate that results in a
relatively even temperature profile, i.e., the temperature difference between heat source
and working fluid is approximately the same at the top and the bottom of the component.
If minimization of exergy destruction is part of the objective of an optimal control
scheme, this analysis shows that active coupling fluid flow rate control can be applied to

accomplish that.

5.5.4 Variation of Ammonia Mass Fraction

The concentrated ammonia mass fraction in an actual system depends on
operating conditions and is subject to variation. The sensitivity of component

performance is investigated with a constant value of circulation ratio of 3.8 to maintain
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consistent vapor mass flow rates leaving the desorber for the baseline concentrated
solution flow rate of 11.5 g s™. Dilute solution temperature and heat source demand are
varied. Maintaining a circulation ratio of 3.8 results in dilute solution temperatures near
optimal thermodynamic operation (Chapter 3). Heat source coupling fluid flow rate and
heat source inlet temperature requirements are determined by meeting a process variable

set point defined in Eq. 5.22.

Ter o =T
ATRCF — CF,out cs 5.22
CF,in _Tds

It is the ratio of the temperature difference between coupling fluid and working fluid at
the solution inlet to the temperature difference at the solution outlet. In this study, a fixed
value of ATRce = 3 is applied. This value is consistent with baseline operating conditions

shown in Table 5.1. As demonstrated in the previous section, heat source temperature

900 : 1600

890 A —m—Desorber overall heat transfer coefficient
880 \ —aA—Rectifier heat duty 1400

870 \\ 1200

860

840 e
T

800
830

Rectifier heat duty, W

820

L 600
810 ‘\‘\.\
| A

800 400
035 037 039 041 043 045 047 049 051 053 055

Concentrated solution ammonia mass fraction

Overall heat transfer coefficient, W m2 K

Figure 5.16: Desorber overall heat transfer coefficient and rectifier heat duty vs.
solution concentration
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profile variation can result in meaningful changes in component performance. Thus,
maintaining constant ATRcr values allows for the assessment of the effect of individual

parameters investigated in this study without other confounding influences. Figure 5.16

shows the effect of ammonia mass fraction, X, on desorber overall heat transfer
coefficient,U ., and on rectifier heat duty,o, . Desorber heat duty requirements

increase as X Is decreased due to the increase in heat input required to maintain constant

refrigerant vapor mass flow rates. The overall heat transfer coefficient is relatively
constant. A slight increase from 815 W m? K™ to 840 W m? K™ is shown as s is reduced
from 0.52 to 0.37. This can be attributed to an increase in heat flux, a positively
correlated variable in pool boiling correlations. Heat flux increases as desorber heat input

increases to maintain a constant refrigerant generation rate. Rectifier heat duty increases
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Figure 5.17: Desorber temperatures and purification efficiency vs. solution
concentration
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significantly as X is decreased. This is primarily due to higher vapor temperatures and

mass flow rates leaving the desorber while maintaining constant rectifier vapor outlet
flow rates and purity as shown in Figure 5.17. Decreased vapor purity entering the
rectifier results in an increased vapor generation requirement in the desorber due to the
partial condensation process in the rectifier. Overall desorber purification efficiency is
very constant at a value of 0.95. Relatively constant values for desorber purification
efficiency and the overall heat transfer coefficient are useful reduced order results that

can be applied as assumptions in overall system models and dynamic models.

5.5.5 Capacity Variation

The effect of capacity variation is investigated through variation of solution inlet

flow rate while maintaining a constant dilute solution outlet temperature. The use of
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Figure 5.18: Desorber overall heat transfer coefficient and purification efficiency vs.
solution mass flow rate

139



concentrated solution flow rate as an effective control variable for system capacity was
reported by Dincer and Dost (1996). Constant circulation ratio and thermodynamic
performance is achieved by maintaining a constant dilute solution temperature leaving
the desorber. Therefore, if rectifier duty is controlled to maintain constant vapor outlet
conditions, rectifier vapor outlet flow rates scale directly proportionally with
concentrated solution flow rate. Figure 5.18 shows desorber overall heat transfer
coefficient and purification efficiency. Overall heat transfer coefficient increases from
648 W m? K™ to 830 W m? K™ as heat duty is increased from 1.6 kW to 6.1 kW. This is
due to reduced heat flux at part load operation and the inverse relationship of the pool
boiling heat transfer coefficient to heat flux. Overall vapor purification efficiency
increases from 0.957 to 0.991 as refrigerant vapor generation rate is reduced to 26% of
design capacity, and a commensurate decrease in vapor temperature leaving the desorber
is observed. This trend is expected. While interfacial liquid-vapor area in each tray
increases somewhat with increased vapor flow rates (Chapter 4), it cannot adequately
compensate for the increased mass transfer requirements at higher vapor flow rates.
Figure 5.18 also shows rectifier overall heat transfer coefficient as capacity is
varied. Its value decreases from 254 W m? K™ to 107 W m? K™ as rectifier vapor inlet
mass flow rate decreases from 3.2 g s to 0.8 g s*. The vapor Nusselt number
dependence on Reynolds number shown in Eg. 5.16 explains this trend. However, the
vapor-side heat transfer degradation at part load can be easily accommodated given the
available heat transfer area required for full capacity performance. The directly
proportional increase of rectifier heat duty with concentrated solution mass flow is shown

in Figure 5.19. This figure also depicts the diversion ratio of the rectifier heat sink. In this
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Figure 5.19: Rectifier heat duty and heat sink control vs. desorber solution mass flow
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solution cooled rectifier, a portion of Mis diverted to the rectifier as heat sink flow. The

balance of mgbypasses the rectifier and is recombined with the rectifier heat sink flow

downstream of the rectifier. The ratio of concentrated solution mass flow rate required as
rectifier heat sink flow to the total flow rate is the diversion ratio. It can range from very
small values (very low rectification loads) to 100% at very high rectification loads. Thus,
it can be used as an effective control variable to manipulate rectifier vapor outlet
temperature and thereby rectifier outlet vapor ammonia mass fraction, X This approach
can be used to maintain optimal X values to maximize system performance while
avoiding over- or under-rectification. The same control mechanism can accommodate

variation in heat sink temperature and desorber operating conditions.
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5.6 Conclusions

Novel configurations for desorption and rectification, incorporating the principle
of diabatic distillation for small-capacity ammonia-water absorptions system, were
presented. Based on previous assessment of hydrodynamic limitations and evaluation of
key variables encountered in liquid-vapor countercurrent flow, a detailed non-equilibrium
model was developed to predict heat and mass transfer performance. Desorption due to
various mechanisms such as nucleate and film boiling, vapor-liquid mass transfer, and
other relevant mechanisms were modeled as building blocks for the design and analysis
of the desorber and rectifier. Results show that highly compact components can be
realized for small-capacity ammonia-water absorption systems. The selection of pool
boiling correlation for the ammonia-water mixture was shown to have little effect on
overall component performance, while binary mixture correction correlations were shown
to produce appreciable variation. Results of a parametric study emphasized the
importance of mass transfer effectiveness for overall system performance. The variation
of heat source temperature and mass flow rate was investigated. Heat source temperature
profile manipulation to minimize desorber exergy destruction, reduce rectifier heat duty,
and improve overall system performance was demonstrated. The concept of a heat source
demand curve was introduced and the heat source temperature and mass flow rate were
identified as effective control variables. Finally, the parametric study investigated the
effect of operating conditions on component performance through variation of solution
concentration and refrigerant vapor production rates. The results from this study also
provide quantification of reduced order component design parameters such as vapor

purification efficiency and overall heat transfer coefficient. While the novel desorption
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and rectification component designs presented in this study are modeled in the context of
ammonia-water absorption systems, diabatic desorption and rectification are relevant for
a large range of applications. These designs and modeling framework can be readily
applied to develop thermodynamically optimized components for many thermal
separation processes. Examples include, but are not limited to, applications in the

chemical processing industry as well as thermally driven desalination.
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CHAPTER 6. THERMAL COMPRESSOR EXPERIMENTS

6.1 Introduction

Thermally activated cooling and refrigeration systems provide the opportunity to
increase the overall efficiency of energy systems by utilizing low-grade heat sources
instead of high-grade electricity. However, low-grade heat sources such as waste heat are
typically available in dispersed form, which requires the use of small-capacity systems.
Ammonia-water absorption systems have been in use for many decades, but their
widespread application is limited by heat exchanger size requirements, relegating their
application to large-scale and centralized high-capacity industrial applications. Recent
advances in microscale heat and mass exchangers, however, enable the development of
small-capacity ammonia-water absorption systems for light commercial, residential and
mobile applications (Nagavarapu and Garimella, 2011). This enables the distributed use

of thermally activated systems and better utilization of low-grade energy sources.
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Figure 6.1: Thermal compressor analogy
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A quantitative framework for the performance assessment of the thermal
compressor in a single-effect ammonia-water absorption system as shown in Figure 6.1
was presented in Chapter 3. It was shown that optimal desorber operating temperatures
exist for energetic and exergetic performance, i.e., Top, and Topn, respectively. It was
also established that Top, 1 > Top,u. Furthermore, it was shown that diabatic distillation
designs for desorption and rectification maximize both performance metrics and yield
highly compact components.

The desorber and rectifier produce and purify refrigerant vapor, and could
contribute significantly to overall system performance, size and weight. A detailed
review of the literature on ammonia-water desorption and rectification components was
provided in Chapter 4. The same study presents the design of two diabatic distillation
concepts for small-capacity ammonia-water absorption: a direct-coupled, gas-fired
design, and a microchannel-based design that requires a heat source coupling fluid. An
investigation of the hydrodynamics of these designs was conducted to validate their
feasibility under hydrodynamic constraints imposed by liquid-vapor countercurrent flow.
Chapter 5 presented the development of a heat and mass transfer model for the
microchannel-based design concept that was applied to determine component sizes and
performance predictions for a target refrigerant vapor generation rate of 3 g s with
ammonia concentration, Xrr, of 0.9985 at an operating pressure, Phigh, Of 1878 kPa. The
design concentrated solution ammonia mass fraction, X, was 0.47. This corresponds to a
small-scale absorption chiller with a cooling capacity of 3.5 kW.

In the present study, these highly compact desorber and rectifier components are

successfully fabricated. In addition, the desorber and rectifier are tested in integrated
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fashion over a range of expected operating conditions in a test facility that simulates the
thermal compressor of an absorption system. The thermal compressor framework is
assessed and its performance metrics defined in Chapter 3 are investigated. Specifically,
values for measured optimal desorption temperatures, Top; and Top,i are compared with
model predictions for a range of operating conditions. Energetic and exergetic thermal
compressor performance is compared with model predictions for a range of desorption

temperatures at each operating condition.

6.2  Component Design and Fabrication

The desorber and rectifier designs investigated in this study are shown in Figure
6.2 and Figure 6.3, respectively. Both designs incorporate microscale geometries for heat
source and heat sink coupling fluid. Concentrated solution in the desorber enters the
component at the top and flows over a series of alternating trays. Vapor is generated

continuously through heated walls, rising toward the top of the component where it is

[Solution Side Subassembly |

Coupling Fluid Subassembly|
(Exploded) [Coupling Fluid Subassembly|

Local Vapor @ Downcomer
———=> Solution Flow @ Bubble Region
Pass-through vapor @ Pool Region

Solution Tray with
Adiabatic Plate Vapor Orifices

Microchannel Plate A| [Microchannel Plate B|

Figure 6.2: Design Concept A, component assembly (left), target flow pattern (right)
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Figure 6.3: Rectifier design concept

separated from the solution and exits the desorber. Orifices in each tray allow for the
formation of bubble regions where vigorous liquid-vapor contact facilitates purification
of hotter vapor from the lower desorber sections.

The working fluid liquid-vapor countercurrent flow required for the effective
operation imposes hydrodynamic limitations not conducive to the use of microscale
geometries. Chapter 4 investigated hydrodynamic limitations inherent to liquid-vapor
counter flow geometries. Unlike conventional distillation columns, in this application, the
vapor flow rate varies dramatically throughout the component from very low mass flow
rates at the bottom of the component to a much higher flow rate leaving at the top. Based
on the results of the hydrodynamic investigation of the desorber, the internal tray
geometry, i.e., the number of orifices per tray, is varied to accommodate these changing

vapor-phase flow rates and ensure proper operating conditions at each tray location. The
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Table 6.1: Specification for desorber and rectifier operating conditions

Operating Conditions

Operating pressure, kPa 1878
Concentrated solution flow rate, g s™ 115
Concentrated solution ammonia mass fraction 0.47
Target vapor mass flow rate leaving rectifier, g s™ 3
Target dilute solution temperature leaving desorber, °C 137
Heat source coupling fluid mass flow rate, kg s™ 0.14
Rectifier heat sink inlet temperature, °C 42
Rectifier vapor outlet ammonia mass fraction 0.9985

target operating flow conditions are shown in Figure 6.2 (right). The design operating
conditions for the system are listed in Table 6.1. A detailed heat and mass transfer model
for these designs was presented in Chapter 5. The model was used to determine
component size requirements to achieve target vapor production rates at the specified
purity. Component geometry specifications are listed in Table 6.2.

Microchannel plates were fabricated from 304 stainless steel with a thickness of

0.635 mm. A photochemical etching process was used to create design channel

Table 6.2: Specification for desorber and rectifier designs

Operating Conditions Desorber Rectifier

Material 304 stainless 304 stainless steel
steel

Number of working fluid plates 8 8
Number of coupling fluid plates 16 8
Number of regular trays 5 N/A
Number of coupling fluid channels 1344 400
Qe omponent GIEnsions | 5p0x120x74 | 170<76x58
Overall component weight, kg 9.3 3.1
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geometries, similar to the techniques described by Nagavarapu (2012). As shown in
Figure 6.2, the component subassembly consists of two microchannel plates that are
separated with a blank adiabatic sheet. The geometries for both microchannel plates are
identical, but mirrored. Figure 6.4 shows a photograph of a fabricated microchannel plate
with adiabatic partition.

Given the hydrodynamic limitations of liquid-vapor countercurrent flow,
microchannel geometries cannot be applied to the working fluid side of the component. A
working fluid depth of 6.3 mm is created with a machined frame that lines the perimeter
of microchannel plates. Individual trays with the same depth are distributed throughout
each working fluid assembly as shown in Figure 6.5. Tray geometry varies from the
bottom of the component to the top, increasing the number of tray orifices with

increasing vapor flow rate.

Figure 6.4: Desorber microchannel plate and adiabatic partition sheet
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Figure 6.5: Working fluid side subassembly — machined frame with trays

Microchannel plate fabrication for the rectifier is identical to that of the desorber.
The component subassembly consists of one microchannel plate, one microchannel cover
plate and one working fluid frame. Countercurrent flow limitations must also be
considered on the working fluid side geometry of the rectifier. Similar to the desorber, a
machined frame lines the perimeter of the microchannel plate assembly. Wire gauze
packing is inserted in the working fluid side cavity to enhance liquid-vapor contact while
continuous heat transfer is provided from the walls of the microchannel assembly. It also
facilitates greater vapor-phase heat transfer coefficients, which increases overall
component effectiveness. Figure 6.6 shows microchannel and working fluid components
for the rectifier. A close-up image of the wire gauze packing with dimensions is shown in
Figure 6.7. Evaluation of the hydrodynamic characteristics of this packing, specifically
flooding limitations, was also investigated in Chapter 4. Based on those results, four

layers of wire gauze packing are inserted in the working fluid side cavity.
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Figure 6.6: Rectifier assembly parts

The desorber and rectifier are sealed using back and front cover plates, where the
front plate features integrated connections for fluid routing of the component. Finite
element analysis was used to confirm that material thicknesses selected are sufficient for
a design pressure of 500 kPa. Strategically placed structural features as shown in the
header regions in Figure 6.4 were added to accommodate a safety factor of 1.25. A
brazing process was used to bond the heat exchanger assembly. This process and its
application to microscale heat exchangers is described in detail by Nagavarapu (2012).

Both outside layers of the wire gauze packing in the rectifier are brazed to the walls of

.
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Figure 6.7: Wire gauze packing ith dimensions
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Figure 6.8: Desorber with intra-component instrumentation ports

the microchannel subassembly, which provides an extended surface effect.

While the desorber and rectifier are presented here as discrete components, they
can be integrated into a unitary assembly with minimal modification of both components.
This provides further size reduction advantages by eliminating fluid routing between both
components. The completed assembly of the desorber with additional instrumentation

and measurement ports is shown in Figure 6.8.

6.3 Experimental Facility and System Operation

A schematic of the experimental facility is shown in Figure 6.9. The system is
designed to operate with two pressures (representative of high and low side pressures) in
a regular absorption system. This enables the evaluation of the refrigerant vapor
production rates and required energy and exergy demands under realistic operating
conditions. Figure 6.10 shows a photograph of the test facility.

In addition to the desorber and rectifier, a shell-and-tube absorber, a microchannel

condenser, and a microchannel solution heat exchanger are installed in the system to
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Figure 6.9: Schematic of experimental facility

complete the cycle. Working fluid reservoirs are installed at the outlet of the condenser
and absorber to enable accurate adjustment of solution concentration and system
pressures. Electronic control valves (Carel® E2V Series with 480 motor steps) are used
for the expansion of refrigerant and throttling of dilute solution. A positive displacement
diaphragm pump (Hydra-Cell® P100, maximum volumetric flow rate of 0.1 m* hr'*) with
a variable frequency drive is used for concentrated solution flow rate. Sight glasses are
installed to provide visual access to the vapor streams leaving the desorber and the
rectifier to verify that no flooding or entrainment of liquid into the vapor stream occurs.
Auxiliary components include system heat source and sink. A mineral oil heat source
coupling fluid (Paratherm™ NF) is used to couple the desorber to an 8 kW electric
immersion heater (Watlow® FON Series). A hydronic loop with distilled water is used as
the absorber and condenser heat sink. This loop has a centrifugal pump coupled to a
brazed plate heat exchanger, which is in turn coupled to a high capacity, laboratory

chilled water loop.
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Instrumentation for temperature, flow rate and pressure measurements is included

Figure 6.10: Photograph of etf

as shown in Figure 6.9 to directly measure or infer these variables for all relevant state
points. A list of relevant instrumentation is provided in Table 6.3. At the subcomponent
level, thermocouples for liquid and vapor are included at each tray for one working fluid
side plate as shown in Figure 6.8. Heat source coupling fluid temperature is measured at
six locations within one coupling fluid plate. A data acquisition and control system was
developed within the National Instruments™ LabVIEW® platform implemented in a
National Instruments™ CompactRIO® cRIO 9024 Process Automation Controller (PAC).
System control includes continuous speed modulation of the heat source coupling fluid
pump with a variable speed drive, which provides accurate heat source mass flow rate
control. Similarly, speed control of the concentrated solution pump is implemented for

continuous and accurate control of solution flow. The expansion and throttling valves can
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both be continuously modulated with the control system. Pulse-width-modulation (PWM)

control of the electric mineral oil heater is used to control heat input to the system.

6.3.1 Test Points

Test conditions simulate a range of system level operating conditions, i.e.,
ambient temperature, evaporator temperature and system capacity. However, the effect of
these conditions on internal operating parameters is system specific and requires
assumptions such as heat exchanger closest approach temperature (CAT) values.
Therefore, system internal parameters that are directly affected by operating conditions
are identified and varied during experiments. Ambient temperature, i.e., heat rejection
temperature for the absorber and condenser, directly affects high-side pressure, Phign,
through saturation conditions in the condenser. Under the assumption of a nominal CAT

value between saturated liquid in the condenser and the ambient temperature, i.e., 5°C, a

Table 6.3: List of test facility instrumentation

Instrument Manufacturer/Part Range Accuracy
Thermocouples Omega® T-type -250 — 300°C +0.25°C
Pressure transmitter Rosemount™ 3051T | 0-3000kPa | +1.5kPa
(high side pressure)
pressure transmitter Rosemount™ 3051T | 0—1000kPa | 05 kPa
(low side pressure)

Mass flow rate Micromotion™ 1 .

(concentrated solution) CMFS010M 0-129s *0.1%

Mass flow rate Micromotion™ 1 .

(dilute solution) CMFS010M 0-10gs *0.1%

Mass flow rate Micromotion™ 1 .

(concentrated solution) CMFO010H 0-339s *0.1%

Volumetric flow rate

(heat source coupling AW-Lake JVS-30 | 0—1.6 m*hr? +0.5%

fluid)

Working fluid reservoir ®

level Gems = Sensors CT- | 5 _ 590 mm +1%
: . 1000

(solution and refrigerant)
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representative value for Ppigh can be calculated. For a set of ambient temperatures of 25,
37 and 50°C, Ppign is 1310, 1878 and 2617 kPa, respectively. Similarly, representative
values for concentrated solution mass fraction, X, are determined. These values are
affected by the concentrated solution liquid saturation temperature in the absorber at a
specific pressure. Absorber saturation temperature is determined with a CAT value of 5°C
for the range of ambient temperatures under consideration. Absorber pressure directly
affects refrigerant temperature in the evaporator. Therefore, a representative range of
refrigerant evaporator inlet temperatures is used for each ambient temperature to
determine the range of x.s values to be tested. Hence, combinations of Phigh and xcs reflect
specific operating conditions for ambient temperature and evaporator refrigerant inlet
temperature. However, CAT values cannot be assumed constant and depend on system
load and specific heat exchanger designs. Thus, direct control of Phigh and Xcs provides a
more consistent and widely applicable data set. For each test condition, the dilute solution
temperature leaving the desorber, Ty is varied. Tgs IS used as a representative value for
desorption temperature and an effective process variable for system optimization as

shown in Chapter 3. The range of Ty is specific for each operating condition but includes

Table 6.4: Test Matrix

ey 1300 kPa 1900 kPa 2600 kPa
pressure, Phiqh

s MaSS 1042047 052|037 | 042 | 0.47 | 052 [ 0.37 | 0.42 | 0.47

raction, Xcs
Tas= Toptai - 10°C X X X X

Tas= Toptl X X X X X X X X X X
Tas= Topty- 10°C X X X X X X X X X X

Tas= Toptl X X X X X X X X X X
Tas= Toprn +10°C X X X X X X X X X X
Tys= Toptn + 20°C X X X X X X X X X X
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two optimal desorption temperature values, Top and Topen, as discussed above. The

resulting test matrix is summarized in Table 6.4.
6.3.2 System Operation and Control

A constant concentrated solution mass flow rate, M, is maintained (9 g s1) for

this set of experiments. Solution flow rate is controlled through solution pump speed
modulation. Target Pnigh Values are achieved through manipulation of condenser heat sink
temperature. Using the common heat sink temperature for the absorber, Py, is controlled
through an automatic feedback control loop with the refrigerant expansion valve as the
control variable. This automatically adjusts X to achieve a specified steady state value of
Piow. The set point for Py, depends on target x.s values. Adjustments to the absorber and
condenser heat sink flow rates are made individually to achieve exact target values for X
and Phigh.

Heat source temperature is adjusted through a feedback control loop to achieve a
target value for Tg. The PAC uses a PID controller with PWM for on/off control of the
electric heater to modulate heat source inlet temperature to the desorber. Heat source
mass flow rate is adjusted to maintain relatively constant temperature profiles for all test

points. Specifically, the ratio of temperature differences between solution and coupling

fluid of desorber top and bottom location, ATR, as define in Eqg. 6.1 is maintained at a
value of approximately ATR.z =3 for all tests. The effect of variation of ATR-¢was

discussed in detail in Chapter 5 and a target value of ATR.- =3was suggested, which is

maintained is this study.
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ATRCF — TCF,OUt _TCS 6_1
CF,in _Tds
Finally, the heat sink of the solution cooled rectifier, i.e., concentrated solution
flow to the rectifier, is controlled with a manual bypass valve to manipulate refrigerant

vapor temperature leaving the rectifier. This maintains a target refrigerant ammonia mass

fraction.

6.4 Data Reduction

To completely define the thermodynamic state of the ammonia-water binary
mixture, three independent properties must be known or assumed. All relevant
temperature values are measured directly. System pressures are directly measured at the
absorber and rectifier outlets. It is assumed that pressure drop of the working fluid in the
absorber, desorber and rectifier does not have an appreciable effect on working fluid
properties and can therefore be neglected. A third variable is required, and quality or
ammonia mass fraction is typically used. Ammonia mass fraction is challenging to
measure directly with low uncertainty and may be inferred from available data and
assumptions. For some state points, a saturated liquid or saturated vapor assumption is
justified. Dilute solution leaving the desorber is assumed to be saturated liquid, while the
vapor streams leaving the desorber and the rectifier are assumed to be saturated vapor.
Mass and species balances can then be applied to determine all state points completely.
Concentrated solution and dilute solution mass flow rates are measured and used to
determine refrigerant mass flow. Direct measurement of refrigerant vapor mass flow

leaving the rectifier was used only to validate steady state conditions.
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The Engineering Equation Solver (EES) software (Klein, 2015) platform is used
for data reduction and analysis. Built-in thermodynamic property routines (lbrahim and
Klein, 1993) are used to determine all state points. Liquid thermal conductivity is
determine based on the correlation of Cuenca et al. (2013). Liquid-phase viscosity and
surface tension are evaluated based on the correlation of Conde (2006). Liquid-phase
binary diffusion is based on the data of Frank et al. (1996). Vapor-phase transport
properties are determined through the Chapman-Enskog Kinetic Theory (Mills, 1995).
Collected measurements are assumed to be uncorrelated and random variables with
manufacturer specified uncertainties. Propagation of uncertainties in calculated variables
is based on the method of Taylor and Kuyatt (1994) and is determined with a built-in tool

in Engineering Equation Solver (Klein, 2015).

6.4.1 Heat Duties and Losses

Overall heat input to the thermal compressor can be determined through heat
source coupling fluid temperature and flow rate measurements as shown in Eg. 6.2 where
specific heat, cpcr is temperature dependent and an average value based on inlet and

outlet temperatures is used.

QCF = mCFép,CF (TCF,in _TCF,out) 6.2

Rectifier heat duty is determined through direct measurements of flow rate and

temperatures of concentrated solution. Rectifier duty is controlled with partial diversion
of concentrated solution as shown in Figure 6.9. Given direct measurement of M,

solution inlet temperature and the temperature of re-combined concentrated solution
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downstream of the rectifier are used to determine an enthalpy difference and heat duty as

shown in Eq. 6.3.

Qrect = mcs (hcs,out o hcs,in) 6.3

For both, desorber and rectifier, coupling fluid heat duty is compared with
working fluid enthalpy changes for the component, determined through thermodynamic
states and measured flow rates. A mismatch is expected due to losses but with
consideration of properly calculated losses, good agreement of the energy balance is
achieved with an average error of less than 3%.

Three heat loss values are estimated: overall thermal compressor heat loss,

Qioss 1 » desorber heat 10ss, Q. 4es » and rectifier heat 10ss, Qg e - This allows for the

determination of net heat input values for the desorber and rectifier, as well as the overall
thermal compressor. For example, the net heat input to the thermal compressor is shown

in Eq. 6.4.

QTC = QCF _Q.Ioss,TC 6.4

The total thermal compressor heat loss is comprised of component and fluid routing
losses that are determined individually. Desorber heat loss is shown in Eq. 6.5, where the

ambient temperature, Tamp, IS measured continuously for all tests and the average heat

source coupling fluid temperature, Tcr , is assumed to drive heat losses.

- Ter —Tam
Qloss,des = % 6.5

loss,des
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The resistance to heat 10ss, Rjossdes 1S determined using Eq. 6.6 and includes a thermal
resistance from insulation and resistances at the insulation surface in parallel due to
convection and radiation. Here, the radiation heat transfer coefficient, a,qq is defined as in

Eq. 6.7 (Bergman et al., 2011).

th 1
i ) (_] X 6.6
loss,des kA ins (acom, + Xpag ) ’%ur
2 2
Ay = €0 (Tsur + Tamb )(Tsur +Tamb) N

6.5  Thermal Compressor Analysis and Results

Two figures of merit for thermal compressor performance were proposed in
Chapter 3. The specific heat input is defined as shown in Eq. 6.8.
% 6.8

qdes =
ref

It denotes the required heat input per unit mass of refrigerant produced by the thermal
compressor and can be readily calculated using the measurements discussed above. The
second figure of merit is thermal compressor efficiency as shown in Eq. 6.9, which is

based on second law considerations.

Mgt (l/jout _‘/jin)

3 6.9
Mcr (‘//CF,in ~WeF out ) — EXjoss. e

The =

Given that the primary energy input to the thermal compressor is heat, an exergy based

efficiency value is appropriate. The numerator in Eq. 6.9 is determined from the
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definition of flow exergy at thermal compressor inlet and outlet conditions as shown in
Eq. 6.10. The denominator, i.e., exergy input is calculated from the change in exergy of

the heat source coupling fluid, also applying Eq. 6.10.

v =(h—h)-To(s—5y) 6.10

Heat source exergy input is discounted by the exergy lost due to heat loss from the
thermal compressor to maintain generality of these results irrespective of specific system
insulation. In this study, both figures of merit are evaluated without the consideration of
pump work. This provides results with general applicability because the energetic and
exergetic cost of high grade energy to drive the pump, e.g., electricity may differ for
various applications. Moreover, it should be noted that pump work is marginal and on the
order of 1% of heat input, which justifies the omission of pump work from the evaluation

of thermodynamic performance (Herold et al., 1996).

6.5.1 Thermal Compressor Heat Input Results

Results for specific thermal compressor heat input, qges, are shown in Figure 6.11
as a function of Tgs for three x¢s values at an operating pressure, Phigh, 0f 1900 kPa with
the corresponding modeling results (Chapter 3). A minimum for gges can be observed in
the model predictions as well as the experimental results. The minimum measured heat
input temperature, Top,, IS within approximately 10°C of the predicted value. The
prediction of the absolute value of qqes agrees well with the experimental results for xcs
values of 0.52 and 0.47, with an average error of less than 10%. Deviations from model

predictions are noticeable at lower concentrations and higher desorption temperatures.
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Figure 6.11: Specific thermal compressor heat input at Ppigh = 1900 kPa
Also, the experimental value of Top, is more distinct compared to the equilibrium model
at higher desorption temperatures and lower concentration values. This behavior is due to
the component performance assumptions, e.g., solution heat exchanger effectiveness and
internal vapor purification efficiency of the desorber, being maintained constant in the
equilibrium model, while they vary in an actual system. Examination of required
rectification loads provides insight into this trend. The diabatic distillation desorber
targets reduction of vapor temperatures leaving the desorber to values that approach those
of concentrated solution entering the desorber. As desorption temperatures and vapor
flow rates increase, vapor purification performance of the desorber is reduced.
Concentrated solution flow rates are maintained at constant values while Tgs is varied,
which results in increased vapor flow rates at higher desorption temperatures.
Consequently, vapor temperatures leaving the desorber increase as Tgs increases.
Therefore, a relative increase of heat rejection from the rectifier compared to the

equilibrium model predictions (Chapter 3) implies a relative increase in Qges. Figure 6.12
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Figure 6.12: Rectifier specific heat input, model predictions and experimental results

compares experimental results for rectifier heat duty with predictions from the

equilibrium model. Here, specific heat duties are reported, i.., Gyer = Qrect / Myes -

Experimental results for x,s = 0.52 are in good agreement (within 5%) of model
predictions. An increase in rectifier heat duty and deviation from the equilibrium model
can be seen at higher desorption temperatures and lower xs values. This can be explained
by a reduction of desorber purification performance at lower concentrations and higher
desorption temperatures. As a consequence, rectifier vapor inlet temperatures are higher,
requiring an increase in rectifier duty to maintain constant s values.

The effect of different operating pressures on qees and Top, IS explored in Figure
6.13 and Figure 6.14. Figure 6.13 compares various X vValues at a fixed pressure of 1300
kPa, while Figure 6.14 compares heat input at three different condenser pressures at a
fixed xcs value of 0.47. Again, both model and experiment show a distinct value for Top,.

Agreement of measured Tou; within 10°C of the predicted value shows that the
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Figure 6.13: Specific desorber heat input at Ppjgh = 1300 kPa

previously developed equilibrium model (Chapter 3) can be applied for prediction of
Topti. Deviation of actual values of gges from equilibrium model predictions >10% are
also observed at higher desorption temperatures and lower concentrations, and can be
explained with the same reasoning as discussed above. For all operating conditions,
thermal compressor performance consistently improves with increasing X, and

decreasing Phigh regardless of Tgs, which is expected.

6.5.2 Thermal Compressor Efficiency

The concept of thermal compressor efficiency was introduced above as an appropriate
figure of merit given that both energy quantity and grade demands are dependent on
operating conditions. Thermal compressor efficiency as defined in Eg. 6.9 was evaluated
with the thermodynamic equilibrium model (Chapter 3) and for experimental data in this

study. Figure 6.15 compares experimental results with equilibrium model predictions for
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Figure 6.14: Specific desorber heat input for various pressures at X¢s = 0.47

a range of Tgs at a value for Phigh of 1900 kPa. The equilibrium model predicts a distinct
maximum for all four xs values investigated. The value of Tgs at which #rc is maximized
is defined as Top,i, Suggestive of its origin based on second law considerations. The
predicted efficiency maximum is more pronounced at higher concentration values.
Indeed, at high concentration values, experimental results show a distinct maximum for
ntc. A weak maximum is somewhat discernable for both of the lower solution
concentration values. Model predictions show that the efficiency peak is less distinct at
lower X, values. Given the trend in the data, it is reasonable to expect that further
reduction of Ty at lower X values will be accompanied by a reduction of thermal
compressor efficiency. However, as discussed below, further reduction of Ty also results
in much higher circulation ratios. Experimental limitations did not permit further increase
in circulation ratio while maintaining consistent experimental conditions in the remainder

of the system. These results show that predicted values of Ty, are within 10°C of the
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Figure 6.15: Thermal compressor efficiency at Pnigh = 1900 kPa

data. Absolute values of experimental #rc values are within 10% of predicted values.
Deviations from model predictions for #rc are significantly greater at higher Ty, values.
This is due to fixed values of assumptions for solution heat exchanger effectiveness and
internal desorber vapor purification efficiency, as previously discussed.

Results for a different operating pressure, Phigh = 1300 kPa, are presented in
Figure 6.16. The range of tested values for Tgys at this pressure did not include values
below the predicted Top:,i. However, given the experimental validation of the existence of
a maximum value for nrc in Figure 6.15 and good agreement of zrc with model
predictions (less than 10% maximum error) in Figure 6.16, it is reasonable to expect
maximum thermal compressor efficiency values near predicted Top Values. Similarly,
Figure 6.17 compares thermal compressor efficiency at various operating pressures for a
fixed x¢ value of 0.47.

This set of thermal compressor results shows that, unlike results forq,, an

increase in concentration or reduction in pressure does not necessarily result in
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Figure 6.16: Thermal compressor efficiency at Pnigh = 1300 kPa

performance improvement. For example, if Tpy IS held constant at 140°C, thermal
compressor efficiency decreases as concentration is increased or pressure decreased. This
is indicative of a greater than required grade of energy input at higher concentrations and

lower pressures.

6.5.3 Assessment of the Thermal Compressor Concept

Experimental results show that performance optimization for (ges exists at a
specific temperature, Top,, as predicted by thermodynamic models. It was shown that Tgs
is an effective process variable for the assessment of thermal compressor performance. It
can be measured easily is therefore a suitable process variable for feedback control. The
prediction of a desorption temperature that optimizes system level performance, i.e., COP
has been discussed in the literature (Engler et al., 1997). Minimization of Qges iS

analogous to COP maximization at the system level. It can be explained with increasing
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Figure 6.17: Thermal compressor efficiency at X¢ = 0.47

circulation ratio, as defined in Eqg. 6.11, at decreasing desorption temperatures. This

causes increasing sensible heat rejection through increased dilute solution mass flow.

6.11

At temperatures greater than Top,, increases in vapor temperature result in greater

rectification requirements that lead to performance reduction as discussed above.

Quantitative thermal compressor characterization presented here provides an intermediate

level, sub-system level, approach. It is shown that factors that affect Toy, can be reduced

to two internal parameters, Phigh and Xe. This allows for concise characterization of

optimal performance as a function of these two variables.

This study also provides experimental validation for optimal desorption

temperature that has not been reported in the literature. The existence of Tqy, was

validated and it was shown that its value can be predicted accurately and reliably through
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thermodynamic equilibrium models. In addition to specific thermal compressor
configuration, some system specific assumptions, refrigerant outlet purity, solution heat
exchanger effectiveness, desorber vapor purification and reflux heat recovery in the
rectifier, are still required for the thermodynamic model. It was shown that variation of
system capacity and operation can affect desorber vapor purification, which results in
relatively small discrepancies between absolute values of gqs and model prediction.
However, generally reasonable agreement suggests that results from a thermodynamic
model can be used as good estimates for gqes. Therefore, it can be concluded that both,
Toptt @S Well as gqes Can be accurately characterized as functions of Xcs and Phign through
modeling alone. The existence of a maximum for thermal compressor efficiency, i.e.,
exergetic optimization, was validated experimentally and its predictability through
thermodynamic models was shown. It was also shown that thermal compressor efficiency
IS maximized at lower Tgs than minimization of Qges, 1.€., Topti > Toptn. This raises the
question of what the purpose of these two different performance metrics is.

Results show that further reduction of Tgs below T, Causes a dramatic decrease
of nrc, accompanied by a dramatic increase in Qges. This performance degradation is due
to excessive circulation ratios at low desorption temperatures. An illustration of this
effect is shown in Figure 6.18. As Ty approaches the saturation temperature of
concentrated solution entering the desorber, CR values escalate. Thermodynamically,
there is no justification for system operation at Tgs < Topru. A lack of heat source
temperature availability could necessitate that state. However, experimental system
operation revealed that meaningful vapor generation rates at Tgs < Topt,i1 are limited by the

capacity of the solution pump. This suggests that operation at Tgs < Top,u IS practically
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Figure 6.18: Circulation ratio vs Tgs for various concentrations

infeasible. Therefore, Ton,i IS @ suitable parameter for a minimum required desorption
temperature. While a minimum operating temperature, or ‘“cut-in” temperature, is
mentioned in the literature, a thermodynamically justified definition has been elusive.
Topt,n Can be readily characterized as a function of xcs and Phigh With a thermodynamic
model. Top, can be applied at the design stage to adequately size the solution pump and
assess the viability of absorption systems for particular heat sources at specific operating
conditions. In a control system, the temperature range Topt.in < Tas < Topt,1 Can be treated as
the target operating range for heat source temperature control. Finally, the results for #rc
emphasize the true thermodynamic penalty of operating at desorption temperature greater
than Topt,. While gqes increases are moderate for Tgs > Topt,, reduction in #rc is much more
drastic, which supports the notion of an ideal operating range, i.e., Toptn < Tas < Topt,-
Exergy destruction in the desorber depends strongly on the type of heat source coupling

and downstream utilization of the heat source stream. Therefore, the absolute value of #+c
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is highly application dependent and the main quantitative merit for thermal compressor
efficiency is the characterization of Top Which is not significantly affected by heat
source variation.

Direct control of Ty for system optimization is different from previous control
strategies where desorption temperature is used as an active control variable for capacity
regulation (Goyal et al., 2015). Therefore, the results of this study can be considered for
the development of control strategies that seek to continuously optimize system operation

at all operating conditions.

6.6 Conclusions

The thermal compressor concept and figures of merit were investigated in this
study. Desorption and rectification designs that are based on diabatic distillation
principles and optimize thermal compressor performance were fabricated to yield highly
compact, small-capacity components for ammonia-water absorption systems. Thermal
compressor performance and its optimal operation were investigated over a range of
conditions. Experimental results agreed well with results from the thermodynamic
equilibrium model. Optimal desorption temperatures were validated for a wide range of
operating conditions. These experimentally validated models could also be used to

develop modules of simple algebraic equations for optimal thermal compressor control.
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CHAPTER 7. HEAT AND MASS TRANSFER EXPERIMENTS

7.1 Introduction

Novel design concepts for desorbers and rectifiers in small-capacity ammonia-
water absorption systems were presented in Chapter 4. These designs apply diabatic
distillation principles, which facilitate thermodynamic optimization and compact
component design (Chapter 3). A depiction of the microchannel design concept and the
desired liquid-vapor countercurrent flow pattern is shown in Figure 7.1. The rectifier is
shown in Figure 7.2, where wire gauze packing is inserted on the working fluid side to
facilitate liquid-vapor contact. Both designs utilize microchannel geometries for the
coupling heat source/sink. The development of a heat and mass transfer model for these
components was presented in Chapter 5. The model uses hydrodynamic parameters

required for heat and mass transfer modeling such as liquid-vapor interfacial area and

Coupling Fluid Subassembly [Solution Side Subassembly |

(Exploded)

[Coupling Fluid Subassembly|

Local Vapor @ Downcomer
———> Solution Flow @ Bubble Region
through vapor @ Pool Region

. K Solution Tray with
) Adiabatic Plate Vapor Orifices
Microchannel Plate A| [Microchannel Plate B|

Figure 7.1: Design Concept A, component assembly (left), target flow pattern
(right)
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Figure 7.2: Rectifier design concept

heat transfer areas, which were reported in Chapter 4.

Component and system level performance of these designs was demonstrated
experimentally in Chapter 6. That study provided a detailed description of the test
facility. A schematic of the facility is shown in Figure 7.3 and a photograph is provided
in Figure 7.4. In the present study, this test facility is used to heat and mass transfer
characteristics of the desorber and rectifier over a range of realistic operating pressures
and temperatures in detail. High side pressure, Phign, and concentrated solution ammonia
mass fraction, x., are effective system parameters to simulate variation of operating
conditions such as condenser and absorber heat sink temperature and evaporator
temperature (Chapter 6). Table 7.1 and Table 7.2 show the test matrix for this study in
terms of these parameters, which spans a range of Xcs and Phign Values that represent a

wide range of absorption system operating conditions. Each combination of values for Xcs
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Figure 7.3: Schematic of experimental facility

and Phignh includes a range of desorption temperatures. Here, the dilute solution
temperature leaving the absorber, Ty, represents desorption temperature and was
identified as an effective process variable for performance optimization (Chapter 3). They
showed that optimal temperature values for Ty exist that optimize energetic and exergetic

system performance, i.e., Top, ) and Topeu, respectively. In Test Matrix I, shown in Table

7.1, a constant concentrated solution mass flow rate of m =9 gs™ is maintained, while

Table 7.1: Test Matrix |
1300 kPa 1900 kPa 2600 kPa

Condenser
pressure, Phiqh
NHs mass
fraction, Xcs

0.42|0.47|052]0.37|0.42|0.47 | 052]0.37 | 0.42 | 0.47

Tas= Toptn - 10°C X X X X
Tas= Topt.i X X X X X X X X X X
Tas= Topty- 10°C X X X X X X X X X X
Tas= Toptl X X X X X X X X X X
Tdas= Toptn + 10°C X X X X X X X X X X
Tas= Toptn + 20°C X X X X X X X X X X
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in Test Matrix Il, shown in Table 7.2, a range of solution flow rates for various values of
Xcs 1S investigated. The desorption temperature for Test Matrix Il is maintained at Topt,.
For both test matrices, the desorber heat source temperature profile is maintained
constant. The heat source profile is controlled with desorber heat source coupling mass
flow rate. The temperature difference ratio between heat source coupling fluid and

solution temperatures at the bottom and top of the desorber is defined as shown in Eq. 7.1

ATRCF — TCF,OUt _TCS 7.1
CF.in _Tds

A constant value of ATRcr was targeted throughout the study. This approach minimizes

the effects of temperature profile variation on average heat transfer coefficients.
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Table 7.2: Test Matrix 11

Condenser pressure, Phigh 1900 kPa
NHs; mass fraction, X, | 0.42 | 0.47 | 0.52
M. =11.5gs" x x x
i =995s” x x X
T =6.505" X x X
T =40s” X x X

The results from these experiments are used to obtain heat and mass transfer
characteristics of the desorber and rectifier, which are compared with corresponding
predictions from the literature. In addition, correlations for liquid mass transfer
coefficient and binary mixture correction factor are developed to improve heat and mass
transfer predictions for the geometries under consideration. Component level results, e.g.,
overall heat transfer coefficient and internal component purification efficiency, are
discussed and their utility for application at the cycle design stage and to dynamic system

modeling are discussed.

7.2 Data Reduction

A detailed description of the experimental facility was provided in Chapter 6.
Mass flow rates of concentrated solution entering the desorber, dilute solution leaving the
desorber, and vapor leaving the rectifier are measured directly. However, the last
measurement is only used during testing to validate steady state conditions by ensuring
that the difference in solution mass flow rates equals vapor leaving the rectifier, thereby

minimizing uncertainties in the calculated results.

7.2.1 Concentrated Solution Ammonia Mass Fraction

Direct measurement of x.s with low uncertainty is challenging and impractical.

The working fluid inventory of a small capacity system is relatively small, and repeated
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Figure 7.5: Control volumes used for data reduction

sampling of solution leads to inadvertent charge adjustments, and could also induce
undue transients. Moreover, a separate process is required to determine x.s from a sample.
This prevents fast adjustments of temperatures and flow rates based on X.s feedback to
meet target values. A more practical approach is a mass and species balance for a control
volume (CV) containing the desorber and rectifier as shown in . Here, X¢s can be readily
determined if saturated vapor and liquid states are assumed for rectifier vapor outlet and
desorber solution outlet, respectively.

CV 2 in Figure 7.5 is used to determine mass flow rates between desorber and
rectifier. The x¢ value determined above is used to establish the state of solution entering
the desorber/rectifier control volume. Typically, a recuperative solution heat exchanger
(SHX) is used for heat recovery from the dilute solution leaving the desorber to the
concentrated solution. At some operating conditions, this could result in a two-phase state

of solution entering the desorber. This vapor quality can be determined by accounting for
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the liquid-vapor split at the inlet of the desorber, where vapor produced in the desorber is
combined with vapor entering with concentrated solution. While reflux flow rates from
the rectifier are small, they cannot be neglected as noticeable errors in mass balance and
transfer coefficients would be incurred. Therefore, rectifier reflux is included by
combining it with liquid solution entering the desorber. The rectifier vapor outlet state is
fully defined and the rectifier inlet state can be determined by applying the saturated
vapor assumption in combination with locally measured temperature and pressure. With
rectifier vapor inlet and outlet states fully defined, reflux concentration can be estimated
using the average concentration of saturated liquid at rectifier inlet and outlet
temperatures. This assumption linearly averages reflux generation along the length of
rectifier, which provides computational simplicity and a reasonable approximation based
on segmented modeling results in Chapter 5.

Egs. 7.2 through 7.5 list the mass and species balance for CV 2 in Figure 7.5.
Additionally, mass and species balance for the rectifier working fluid side are added to
the equation set with Egs. 7.6 and 7.7 to match the number of unknown variables.
Simultaneous solution of these conservation equations provides the remaining mass flow
rates needed to exactly determine all liquid and vapor flow rates for the desorber and

rectifier.

n.’]L,des,in =My (1_ Ocs ) + Meetiux 7.2
Ith,des,inXL,des,in = rht:sxcs,L (1_ Ocs ) + My gt1ux Xreflux 7.3
r‘h\/,rect,in = mcsqcs + rh\/,des,out 7.4
I’h\/,rect,in)«/,rect,in = rT']csxcs,v qCS + m\/,des,outx\/,des,out 7.5

179



rr\/,rect,out = m\/,rect,in - mreflux 7.6

n'\/,rect,outx\/,rectout = m\/,rect,inx\/,rect,in - mreﬂuxxreﬂux 1.7

7.2.2 Heat Transfer Coefficients

Working fluid heat transfer coefficients are determined through a heat transfer
resistance network as shown in Figure 7.6 for the desorber. Of primary interest is the
solution heat transfer coefficient during binary mixture boiling, a.. Total system heat
input, Q. , is determined from the measured coupling fluid flow rate and its temperature
change. Accounting for heat losses as described in Chapter 6, a net desorber heat input is

determined as shown in Eq. 7.8.

Qdes = QCF _Qloss,des 7.8

This value is used to determine the component heat transfer conductance, UAges, as

shown in Eq. 7.9.

Ques =UA, - LMTD 7.9

QTotaI,SensibIe QV,SensibIe

>
) ( QV,Latent

QTotal,Latent

Coupling Fluid  wall Solution

R, =1/(0,A,) R, =th/k, R =1/(0-A

WF)

Figure 7.6: Desorber thermal resistance network
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This provides a value for the total component thermal resistance, Rges as shown in Eq.

7.10, where all temperature are measured.

— =UA,, 7.10

Given the resistance network shown in Figure 7.6 the contribution of the solution-side

heat transfer resistance to the overall resistance is determined using Eq. 7.11.

LMTD
R =—% —R.. —R 7.11
Qdes
Finally, o can be determined using Eq. 7.12.
o = L 7.12
RL ’ AL

Given the geometries and hydrodynamic behavior of the tested desorber design, the value
of the solution-side heat transfer area, A, is variable and depends on liquid and vapor
flow rates. A hydrodynamic investigation of these geometries was conducted as shown in
Chapter 4. Air-water flow visualization experiments were conducted to obtain estimates
for hydrodynamic parameters relevant to heat and mass transfer, including liquid heat
transfer area as well as liquid-vapor interfacial area for the range for volumetric liquid
and vapor flow rates encountered in this study. Moreover, each desorber tray is bonded to
heat source plates. This provides additional active heat transfer area of the tray itself,
which is incorporated in the overall area calculation as an extended surface idealized as

rectangular fin (Mills, 1995).
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Figure 7.7: Cross-section of desorber microchannel geometry

Wall and heat source coupling fluid resistances, Rcg and Ryan, are determined
using the methodology of Nagavarapu and Garimella (2011), in which microchannel
geometries of the coupling fluid, shown in Figure 7.7 are modeled as a fin array. The
approach is modified for semicircular shapes with an adiabatic base, with non-negligible
thermal entrance lengths (Hong and Bergles, 1976) due to the relatively high Prandtl
numbers (Pr = 40-60)of the Paratherm™ NF coupling fluid. Typical coupling fluid
convection coefficients in this study are approximately 1200 to 1300 W m™ K. Figure
7.7 shows design dimensions of the microchannel side of the desorber.

Component level heat transfer parameters are also obtained to facilitate
incorporation of this design in cycle models as well as dynamic system modeling efforts.
Overall heat transfer conductance values, UAges, are used to determine an overall heat
transfer coefficient, U. A nominal area value, i.e., the sum of the face area of each heated

wall, is used to determine U.
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7.2.3 Mass Transfer Coefficients

Non-equilibrium effects cause concentration gradients from the liquid-vapor
interface to the vapor and liquid bulk. Liquid mass transfer resistance causes a local
depression of the concentration of the more volatile component leading to an increase in
saturation temperature at the liquid-vapor interface. The resulting reduction in heat
transfer coefficient is commonly addressed with a correction factor applied to the ideal
pooling coefficient (Taboas et al., 2007). The ideal pool boiling coefficient can be
calculated as the molar average of pure substance coefficients and can be compared with
the experimentally determined liquid heat transfer coefficient obtained from Eq. 7.12.
This ratio, i.e., the binary mixture correction factor can be compared with correlations
from the literature. The non-equilibrium framework presented by Price and Bell (1974)
based on the work of Colburn and Drew (1937) is used to deduce mass transfer
coefficients, g, from the data. The total desorption flux can be expressed as shown in Eq.
7.13 where Z is the molar concentration of the desorption flux as defined in Eq. 7.14
while X, ;,, and X .5 are liquid molar concentration at liquid-vapor interface and in the

bulk liquid, respectively.

5 PL Z_XL,int
e =/ (N . J 7.13
LML Z =X pulk
n
7= 7.14
fi;

The bulk concentration is the average of inlet and outlet liquid concentrations. Liquid

interface concentration is determined by assuming saturation conditions at average liquid
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inlet and outlet temperatures. Similarly, vapor conditions at the interface are determined
by applying the saturated vapor assumption at the average liquid temperature. The
interface conditions are used to determine the desorption flux concentration as follows.
Following the procedure by Hewitt et al. (1994), Egs. 7.15 and 7.16 are used to obtain Z,

the ammonia mole fraction of the desorption flux.

hlatent = h/ jint — hL,int 7.15
hlatent =z hIatent,NH3 +(1_ Z) ’ hIatent,HZO 7.16
The total mass flow rate of vapor generated in the desorber was determined using the

control volume analysis in Figure 7.5. This value is now applied to determine the total

molar flux across the liquid-vapor interface as shown in Eq. 7.17.

. r'h\/OUt
e A =7 ot 717
' (z.MH20+(1—z)MNH3)

Thus, the liquid mass transfer coefficient can be determined using Eq. 7.13.
Similarly, the mass transfer coefficient is evaluated using Eq. 7.18 in combination
with results from the equation set above.

. Z_)?v int
m=ma{7f;—j 7.18
Z— X pulk

Here, Ct is the total vapor molar concentration. Vapor conditions at the liquid-vapor
interface were determined above and vapor bulk conditions are determined through the
saturated vapor state at an average vapor temperature in the desorber. Vapor outlet
temperature is measured directly and the highest vapor temperature in the desorber is

assumed to be that of dilute solution leaving the desorber. This is a justifiable assumption
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as vapor generation from solution occurs continuously throughout the component.
Finally, a value for interfacial liquid-vapor area is required in Eq. 7.17. This value is
variable and depends on liquid and vapor flow rates. As discussed above, results provided
in Chapter 4 are used as estimates for liquid-vapor interfacial area.

Mass transfer coefficients determine the internal vapor purification performance
of the desorber, a key objective of this component. Overall vapor purification efficiency

with respect to the hottest, least pure vapor generated can be defined as shown in Eq. 7.19
where X, ot ges IS the ammonia mass fraction of saturated vapor at the temperature of

dilute solution leaving the desorber.

77pur _ X\g/(,out,des - Xv,in,des 719

XV,out,des - X'\/,in,des

X\j,out,des is the ammonia mass fraction of saturated vapor at the temperature of

concentrated solution entering the desorber, i.e., the highest possible refrigerant
concentration of vapor leaving the desorber. This component level result can be
calculated from the data. Purification purity and overall heat transfer coefficient, U,
provide effective component performance results that can be readily applied for high

level design, cycle modeling and dynamic system modeling.
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7.2.4 Rectifier Heat and Mass Transfer

Reliable estimates for liquid-vapor interfacial area in the rectifier are not feasible
given the relatively very low mass flow rates of liquid reflux generated. Therefore, the
non-equilibrium framework used for the desorber cannot be used for the rectifier. The
equilibrium method of Silver (1947) as further developed by Bell and Ghaly (1972),
commonly referred to as the Silver-Bell-Ghaly (SBG) method is used. This analysis is
used to compare working fluid side sensible heat transfer coefficient with suitable
correlations in the literature and to investigate the effect of mass transfer on overall
rectifier heat transfer coefficients.

As shown in Figure 7.5, the rectifier heat sink is concentrated solution that is split
in a bypass control arrangement to achieve target vapor outlet conditions. Rectifier heat
duty is established by conducting an energy balance of the working fluid side given the
information determined above. Alternatively, the enthalpy difference on the solution side
can be established with available measurements and the value of x.s determined above.
Accounting for heat losses from the rectifier and bypass lines, both values were
determined to be in good agreement (less than 5% error) for all test points. A UA-LMTD
analysis with a resistance network analogous to Eq. 7.11 is used for rectifier
microchannel geometries. The rectifier working fluid side heat transfer coefficient, oyect ,
is then determined based on an ideal condensation heat transfer coefficient and a sensible

vapor heat transfer coefficient as shown in Eq. 7.20.

1 _ 1 Zge

acond

7.20

a (24

rect sens
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According to the SBG methodology, the Zsgs term accounts for the contribution of
sensible heat transfer to the overall heat transfer resistance. Given that partial
condensation of this zeotropic binary mixture is accompanied by a reduction in
temperature, this approach approximates the effect of mass transfer on overall heat
transfer resistance by considering the proportion of sensible heat duty to overall heat

duty. The weighting factor Zsgg is defined as shown in Eq. 7.21.

Z — Q:SSHS 7 21

SBG —
Qtotal

The ideal condensation coefficient is determined using the correlation of (Rose et al.

(1999)) in Eq. 7.22.
Aigeal :-r\/o,'rgect [5+0'63(-r\/,rect _-rwall,rect )} 7.22

It should be noted that the choice of ideal condensation correlation has little impact on
the overall result if the second term on the right hand side of Eqg. 7.20 is dominant.
Finally, the sensible vapor heat duty calculated as shown in Eq. 7.23 is used to obtain the

sensible vapor heat transfer coefficient.

Qsens = rTT.l\/,rectqo (TV Jrect,in _TV Jrect ,out) 7.23

7.3 Results

These data were analyzed as discussed above on the Engineering Equation Solver
(EES) software platform by Klein (2015). Data for the design operating point are first

compared with model predictions. The development of a heat and mass transfer model for
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Figure 7.8: Temperature profile comparison of experiment and model
the desorber and rectifier designs investigated in this study was presented in Chapter 5.
Concentrated solution inlet conditions as well as rectifier vapor outlet and dilute solution

temperatures, and heat source coupling fluid mass flow rate are provided as inputs to the

model. For a case with By, =1900kPa, X =0.47 and m, =11.5gs™, Figure 7.8 shows

model and experimental temperature profiles for the desorber and rectifier. Measured
solution temperatures are higher than the model predictions in the upper region of the
desorber. The subsequent temperature increase in the center section of the desorber is
similar for model and experiment. However, a greater increase in solution temperature is
predicted by the model in the bottom segment of the desorber. The solution inlet region
contains an adiabatic inlet tray. The model assumes that no external heat transfer occurs
in this tray; however, this tray is likely to experience some longitudinal conduction from

the heat source stream which exits the desorber just below the inlet tray. Also,
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hydrodynamic behavior in the component could be different from the assumptions in the
model. Specifically, large-than-expected liquid-vapor interfacial area causes increased
heat recovery from the rising vapor stream to the solution, increasing its temperature. The
vapor temperature profile in that region, i.e., a relatively large decrease in vapor
temperature, supports this explanation. Favorable hydrodynamics also leads to a larger
solution heat transfer wall area.

Vapor temperatures are very close to model predictions but solution-vapor
temperature differences are noticeably smaller in the experiments. This could be
explained based on the measurement technique and tray geometries. Vigorous, liquid-
vapor interaction causes the formation of a bubble region in each tray. Thermocouples
were positioned in vapor-only regions based on flow visualization investigations for this
desorber design (Chapter 4). However, given the relatively small tray geometries, a slight
increase in the bubble region size could cause intermittent contact of the thermocouple
with the solution and could thereby reduce the measured temperature. Ultimately, vapor
temperature leaving the desorber is of primary interest, irrespective of component internal
solution and vapor temperatures. Vapor exit temperatures determine rectifier load and
overall system performance. Based on these results, model predictions are very close, i.e.,
within 1°C, to the measured vapor temperature leaving the desorber.

A noticeable difference can be seen in the heat source temperature profile.
Experimental heat source temperature values entering and leaving the desorber are
approximately 4°C lower than model predictions. This is indicative of an overall lower
heat transfer resistance, requiring lower LMTD values for similar heat duties. The lower

heat transfer resistance is likely due to a greater solution-side heat transfer coefficient
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compared to model predictions, which used an ideal heat transfer coefficient based on
Mostinski (1963) with a binary mixture correction factor recommended by Téboas et al.
(2007). The experimental heat source temperature profile is not as smooth as the model
prediction. This is likely due to some measurement inconsistencies. Repeatable
thermocouple insertion depth in microscale geometries is challenging. Particularly, with a
laminar temperature profile present in the microchannel, these variations result in
measurement variations. However, the inlet and outlet temperatures are measured in a
larger diameter line for the entire heat source mass flow stream. This ensures accurate
inlet and outlet heat source temperature measurements.

Rectifier temperature profiles are in very good agreement, which is indicative of
an accurate model. A more detailed investigation of heat and mass transfer coefficients
on the working fluid side provides better insight into the entire data set to generalize and

explain the results obtained in this study.

7.3.1 Desorber Heat Transfer Results

Overall heat transfer conductance results are shown for the entire data set in
Figure 7.9. Uncertainties are consistently very low, with values of less than + 20 W m™
K™ or +2%. The source of uncertainty is primarily solution and heat source coupling fluid
outlet temperatures. A clear difference in the trends for the two test matrices is seen. Test
Matrix | results show no clear sensitivity of overall heat transfer conductance to heat flux,
whereas a clear positive correlation is observed for Test Matrix Il. A very similar trend is
observed, indicating that variations in overall heat transfer coefficient are primarily

caused by variations in solution-side heat transfer coefficient.
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Figure 7.9: Overall desorber heat transfer coefficient vs heat flux

It is expected that increasing heat flux causes an increase in pool boiling heat
transfer coefficient (Ghiaasiaan, 2007). Therefore, the invariance of overall conductance
with heat flux for Test Matrix 1 is explored in more detail by analyzing other factors that
influence solution-side heat transfer coefficient. Ammonia mass fraction also strongly
affects pool boiling heat transfer coefficients (Taboas et al., 2007). Values of Xcs and Xgs

are varied in this study. For Test Matrix I, the average solution ammonia mass fraction in

the desorber, x

sol —

1 .. .
E(xCs +Xgs ) » decreases as Tgs is increased. As Tgs is increased, heat

flux increases, given thatm, is maintained at a constant value. An increase in solution heat
transfer coefficient is expected with an increase in heat flux. However, relatively constant
heat transfer coefficients are observed. This suggests that average solution ammonia mass
fraction and heat flux are competing factors that result in relatively constant solution heat

transfer coefficients. Specifically, for the range of xs values investigated in this study
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Figure 7.10: Solution heat transfer coefficient comparison vs heat flux for test matrix
1

(0.22 < Xg01 < 0.45), a decrease in ammonia mass fraction results in a negative effect on

heat transfer coefficients.

In Test Matrix 11, on the other hand, Tgs is maintained constant while My is varied
for a particular value of x.. Therefore, heat flux is controlled directly and vapor
generation rates vary proportionally to heat flux. Hence, the positive trend of &, with heat
flux is consistent with what is expected from typical pool boiling correlations. Figure

7.10 shows the variation of a; with heat flux for three different values of x.s investigated

in Test Matrix Il. A two-fold trend can be discerned: increase in ¢ with increasing heat

flux, as well as increasing values of Xcs.
Comparison of experimental solution heat transfer coefficients with the literature
provides guidance for the selection of appropriate correlations for the design of the

components investigated in this study. Results shown in Figure 7.10 include ideal heat
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transfer coefficients for experimental heat flux values. Here, the ideal heat transfer
coefficient is the molar average of pure component pool boiling coefficients at the same

temperature and pressure as shown in Eq. 7.24.

1

X 1-X

_ sol sol
INH,  PH0

The pool boiling correlation by Mostinski (1963) is applied based on the recommendation
by Taboas et al. (2007). As expected, experimental results are lower than ideal pool
boiling values. A binary mixture correction coefficient can then be applied to the ideal
heat transfer coefficient to account for the effect of mass transfer during boiling as shown

in Eq. 7.25.

a, = igeal 7.95

(1+K)"

Taboas et al. (2007) also provide a correction factor correlation based on results from the
literature. Figure 7.10 shows reasonable agreement between their correlation and
experimental results from this study. While good agreement between experimental results
and the predictions of Taboas et al. (2007) is also shown for Test Matrix | in Figure 7.11,
this comparison also reveals a different effect of xs,. Instead of the positive effect of
increasing Xsoi values on heat transfer coefficient, Taboas et al. (2007) predict the
opposite trend.

The comparison with the literature is extended in Table 7.3 where various
combinations of pool boiling and binary mixture correction factors are applied to the

entire experimental dataset. Significant variation in the agreement between experimental
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Figure 7.11: Solution heat transfer coefficient comparison vs average ammonia mass
fraction for test matrix |

results and correlations from the literature is seen, suggesting that there is a strong need
for further understanding of binary mixture boiling in general and for the ammonia-water
pair specifically. This comparison also supports the results of Taboas et al. (2007), who
proposed a binary mixture correction correlation in combination with the pool boiling
correlation by Mostinski (1963). The binary mixture correction coefficient by Thome and
Shakir (1987) in combination with the pool boiling correlation of either Mostinski (1963)
or Gorenflo (1993) also perform relatively well in predicting the experimental results

from the present study.

7.3.2 Mass Transfer Results

Experimentally determined liquid mass transfer coefficients are presented and
compared with values determined through the heat and mass transfer analogy as well as

with two correlations from the literature. The first approach, the heat and mass transfer
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Table 7.3: Average deviation (AD) and absolute average deviation (AAD) between
experimental results and literature

Pool boiling correlations Stephan and
_(columns) vs._blnary Mostinski (1963) | Gorenflo (1993) Abdelsalam (1980)
mixture correction (rows)

) AD = -10.6% AD = -23.6% AD = 14.7%
Taboas et al. (2007) AAD = 22.7% AAD =26.1% | AAD =32.5%

) AD = 115.3% AD = 26.5% AD = 212%

Stephan and Korner (1969)|  \np - 11530, | AAD=418% | AAD = 212%
) AD = 50.1% AD = 36.5% AD = 77.0%
Schldnder (1982) AAD = 51.8% AAD =39.2% | AAD = 77.9%

. AD =5.9% AD = -7.6% AD = 32.8%
Thome and Shakir (1987) | \ A5 -74306 | AAD=22.8% | AAD = 40.6%

analogy shown in Eq. 7.26, is used with experimental solution heat transfer results to

determine the mass transfer counterpart.

sh _[ S 7.26
Nu; Pr;

The two correlations selected for comparison are Calderbank and Moo-Young (1961) and
Akita and Yoshida (1974). The former was developed for several designs of liquid-vapor
agitators and contactors in chemical process engineering. The latter was specifically
determined for bubble column mass transfer. Given the design of this desorber
component, the target application for both correlations makes them suitable for
comparison with the results from this study.

Figure 7.12 shows sensitivity of these results to liquid Reynolds number. Both
correlations from the literature are in strong agreement with each other and with large
portions of experimental data. A consistent positive trend with Reynolds number is
shown. But correlations predict a small liquid mass transfer decrease with increased
average solution concentration. Consequently, both correlations somewhat under predict

liquid mass transfer at higher average ammonia mass fraction. Nevertheless, both
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Figure 7.12: Liquid mass transfer coefficient versus liquid Reynolds number
correlations can be recommended to provide somewhat conservative design guidance for
this desorber design. Results for the heat and mass transfer analogy under predict
experimental liquid mass transfer significantly and cannot be recommended for
component design. The discrepancy can be explained by vigorous liquid-vapor
interaction in the bubble region of the tray that facilitates liquid mass transfer. The
analogy to a less agitated liquid pool cannot be made. Moreover, typical values for liquid
Prandtl number, Pr, range between 0.7-0.9 while typical Schmidt numbers, Sc, range
between 9-10. The large difference between Pr and Sc may lead to deviations from the
heat and mass transfer analogy. This contributes to the large difference between
experimentally determined liquid mass transfer coefficients and predictions using the heat

and mass transfer analogy.
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Vapor mass transfer results are compared with the literature in Figure 7.13. Here,
the correlation by Onda et al. (1968) was developed for packed bed liquid-vapor
contractors, which is similar to the present bubble tray geometry. Colombet et al. (2013)
provide results of a numerical investigation of bubble internal heat and mass transfer and
recommend a Sherwood number value of 18 for the conditions encountered in this study.
Vapor mass transfer predictions by Colombet et al. (2013) are generally lower than those
by Onda et al. (1968). Experimental results for x.s = 0.30 in test matrix 11 show excellent
agreement with Onda et al. (1968). Deviation from experimental results occurs
increasingly as Xcs IS increased, with greater mass transfer performance observed
experimentally in this study. Better than predicted vapor mass transfer performance is
likely due to specific hydrodynamics of liquid-vapor interaction for the geometries

investigated.
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Figure 7.13: Vapor mass transfer coefficient versus vapor Reynolds number
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Finally, results for overall desorber vapor purification efficiency as defined in Eq.
7.19 were evaluated. Experimental values for this efficiency are relatively constant and
fall largely between 0.90 to 0.94. These values are recommended as component level

estimates for #pur.

7.4  Proposed Correlation

Comparison of experimental results with the literature showed relatively good
agreement for solution heat transfer coefficient and reasonable agreement for mass
transfer coefficients. Further improvement of predictive accuracy of heat and mass
transfer performance can be achieved with a new correlation for the binary mixture
correction factor. The ideal pool boiling correlation by Mostinski (1963) is used to
develop a binary mixture heat transfer correction, K, as shown in Eqg. 7.25. Several
correlations are in the format shown in Eq. 7.27 (Thome and Shakir, 1987; Fujita and

Tsutsui, 1997; Inoue et al., 1998).
K =2l (1-exp( -4 )) ATy 7.27
q

Here, the temperature glide is the difference in bubble- and dew-point
temperatures. The value of A is either an empirical constant (Inoue et al., 1998), a
combination of thermodynamic and transport properties (Thome and Shakir, 1987) or a
combination of both (Fujita and Tsutsui, 1997). An inverse dependence of A on the liquid
mass transfer coefficient is included in most correlations available in the literature.

However, a fixed value is assumed for most, e.g., Thome and Shakir (1987). Based on the

somewhat stronger variation of f, observed in this study, the liquid mass transfer
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coefficient can be correlated to Re. and Xso as shown in the results of a regression

analysis in Eq. 7.28.

B =0.471-Re -, 7.28

Figure 7.14 shows good agreement between values predicted with this expression and the

data: AD and AAD values are 3.5% and 11.1%, respectively, with 94.6% of predicted

values falling within £25% of experimental results. The proportional dependence of 3, on
Re, and X, found in Eqg. 7.28 is used in combination with the inverse dependence of A

on A commonly applied in the literature to develop and empirical correlation for A. The

resulting expression is shown in Eq. 7.29 and its application with Eq. 7.27 allows for the
determination of a binary mixture correction factor that implicitly accounts for the

variation of liquid mass transfer.
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Figure 7.14: Binary fluid mixture boiling heat transfer coefficients
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162x10° 2.03x10° 105x10° 1.32

A=-7.28x107 + — >
ReL Xsol ReL Xsol XsoI ReL

7.29

Using this result to determine binary mixture pool boiling coefficients with
Mostinski (1963) for the ideal boiling coefficients, Figure 7.14 shows reasonable
agreement with experimental results. Values for AD and AAD are 2.7% and 13.6%,
respectively, with 86% of predicted values falling within £25% of experimental results.
This is a significant improvement from the capabilities of the correlations from the
literature shown in Table 7.3. Uncertainty values for o, are also shown in Figure 7.14.
They are relatively high and are governed primarily by the +25% uncertainty assigned to
the convective heat transfer coefficient on the coupling fluid side (Hong and Bergles,

1976)

75 Rectifier Performance

The partial condensation process in the rectifier is limited by sensible vapor heat
transfer. Design of the component included wire gauze packing to facilitate both, liquid-
vapor interaction, as well as an increase in sensible vapor heat transfer. The Nusselt
number correlation for packed beds by Mills (1995), shown in Eq. 7.30, was used for
modeling this component(Chapter 5). A strong vapor Reynolds number dependence is

expected.

Nup, =(05-,[Re,, +0.2-Ref?)Pr” 7.30
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Figure 7.15: Rectifier Nusselt number comparison to experimental results

provides the sensible heat transfer coefficient. Using the unpacked hydraulic diameter of
each vapor passage in the rectifier, the Nusselt number is determined and compared with
the correlation by (Mills (1995)). Figure 7.15 shows good agreement between the
correlations from the literature and experimental results from the present study.
Uncertainty values are relatively small and are primarily due to temperature
measurements. Accuracy of the Nusselt number prediction for this design is further

improved with a proposed correlation obtained from a regression analysis of the data as

Nup

h

~ ( 4477

= = Re, jPr“3
100 "
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Figure 7.15 shows that this correlation provides accurate Nusselt number predictions for
the proposed rectifier design. These results demonstrate the suitability of the SBG

method in combination with an appropriate sensible vapor heat transfer correlation.

7.6 Conclusion

An experimental investigation of the heat and mass transfer performance of a
diabatic distillation desorber and rectifier for small capacity ammonia-water absorption
systems was presented. Results show good agreement with predictions of heat and mass
transfer models. Measured heat and mass transfer coefficients show reasonable
agreement with some correlations from the literature. Increased predictive accuracy is
achieved with the proposed new correlations for liquid mass transfer and binary mixture
correction coefficients in the desorber and vapor sensible heat transfer coefficient in the
rectifier. These results validate and refine the models developed for these components.
Component level results presented in this study facilitate cycle modeling and dynamic
system modeling efforts. The experimental validation of heat and mass transfer
performance of these highly compact components increases the feasibility of ammonia-
water absorption systems for small capacity applications.

The results of this study add to the limited number of experimental investigations
on the boiling of ammonia-water binary mixtures in the literature. The comparative
assessment of various correlations from the literature provides insight into the suitability
of these correlations to ammonia-water desorption. The correlations developed in this
study are particularly suitable for applications in similar geometries. Moreover, trends

observed in the data contribute to the understanding of binary mixture boiling. In
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particular, the functional dependence of the binary mixture correction coefficient on Re
and Xso1 provides guidance for future binary mixture boiling investigations.

Results for rectification validate the suitability of an equilibrium modeling
approach for binary mixture condensation of ammonia-water at typical operating
conditions. The Silver-Bell-Ghaly approach simplifies modeling of rectification
components while maintaining predictability of component performance. Furthermore, it
is found that the vapor-phase heat transfer correlation for packed beds is applicable for

diabatic ammonia-water rectification components utilizing this type of packing.
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CHAPTER 8. DIRECT-COUPLED DESORBERS

8.1 Introduction

Heat sources for absorption chillers and heat pumps are often available in the
form of hot gas, e.g., waste heat streams. For some systems, it is beneficial to directly
couple the hot gas stream with the desorber, i.e., the component in the absorption system
that utilizes heat to generate refrigerant vapor. This facilitates system size and weight
reduction as well as minimization of exergy destruction. Small-capacity systems, in
particular, require the development of novel and compact heat exchangers to ensure their
technological and economic feasibility. Waste heat is inherently dispersed and its sources
are often small-capacity systems. Engine waste heat recovery for refrigerated trucking or
diesel generator exhaust utilization for space conditioning in military forward operating
bases are representative examples. While waste heat recovery is a strong motivation for
the development of compact and effective direct-coupled desorption components, direct-
fired systems also benefit. Absorption systems that are directly driven by the combustion
of a fuel such as natural gas or biofuels rely on both, radiative and convective heat
transfer. The former takes place in the combustion chamber but the latter requires a
relatively large heat transfer area and dictates the size and weight of the combustion-
desorption assembly. Effective gas-coupled desorption concepts can be adapted to
include a close-coupled combustion chamber and reduce overall system size and weight.

Studies in the literature are typically limited to steady-state simulations and focus
on the thermodynamic feasibility of waste heat utilization. Cao et al. (2015) provide a

summary of recent and representative investigations related to waste heat recovery from
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shipping vessels. Talbi and Agnew (2002) offer a comparative simulation study of
various configurations of cooling use from an absorption system driven by diesel engine
waste heat. It was found that a combination of engine cooling and space conditioning
optimizes waste heat recovery and emphasizes the potential of small-capacity absorption
systems.

Very few experimental studies of waste heat driven absorption systems are
available in the literature. Horuz (1999) coupled a commercially available 10 kW cooling
capacity, natural gas fired ammonia-water absorption system to a 6 L diesel engine. Only
minor modifications to the desorber were required for waste heat utilization. While the
feasibility of waste heat utilization was demonstrated, the investigation showed that
engine performance was reduced due to increased backpressure and additional control
capability is required to respond to variation in waste heat availability. Kren (2006)
provides a comprehensive study of flue gas-fired absorption chillers, which includes an
experimental investigation of a large-capacity water/lithium bromide system with a gas
burner capacity of 315 kW. The balance between gas-side pressure drop and gas-side heat
transfer coefficient is discussed and an optimization criterion is proposed as shown Eqg.
8.1. It is suggested that geometric variation of a heat exchanger design concept will result

in a local maximum of this criterion, which can guide optimal heat exchanger design.

o= Fos 8.1

In the present study, a gas-coupled desorber concept for ammonia-water
absorption systems is presented. The design uses diabatic distillation for small-capacity

applications, i.e., cooling capacities less than 10 kW. Design considerations and
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parameters on the gas side and solution side are discussed. A heat and mass transfer
model is developed for performance prediction. A prototype desorber is fabricated and
performance is evaluated in an ammonia-water absorption test facility. Results show
better-than-predicted component performance and validate the suitability of this design
for small-capacity ammonia-water absorption applications. The application of this design
for a packaged waste heat recovery chiller for military application is discussed as an

example case.

8.2  Design Concept, Considerations and Conditions

The proposed design uses diabatic distillation, which is thermodynamically
favorable compared to conventional ammonia-water desorption designs, including
separate heat input and adiabatic distillation stages (Kotas, 2013). In this approach, heat
input is distributed throughout the component and integrated with vapor purification
stages. This also allows for the design of more compact components compared to the
conventional design of a reboiler in combination with an adiabatic column. Figure 8.1
shows the conceptual component layout and flow pattern. The design relies on
liquid/vapor countercurrent flow. Concentrated solution enters the column at the top and
dilute solution leaves the column at the bottom. Vapor is generated throughout the
component. Hot gas tubes span the height of the component for heat source distribution.
The component consists of a multitude of trays with pool boiling and bubble regions.
Liquid enters the pool region through the downcomer. Trays in the pool region are joined
to the hot gas tubes to create a liquid pool and provide heat transfer area. Solution flows
over the weir into the bubble region, where vapor from lower trays passes through annuli

formed between the tray and gas tubes. Bubbling of vapor through built-up liquid
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Figure 8.1: Direct-coupled component assembly (left), target flow pattern (right)

achieves vapor generation and purification. A more detailed review of desorber designs
and a description of the proposed design was shown in Chapter 4.

Several design considerations govern the optimal configuration. Gas-side
optimization is particularly important and is the focus of this paper. The primary
objective is to minimize pressure drop while maximizing heat transfer coefficients. The
key independent parameters are gas-side tube diameter and number of tubes. The design
problem is further constrained with the secondary objectives to minimize the number of
tubes to reduce tube-wall joints, improve economic viability and facilitate fabrication.
However, the bubble region of the tray relies on liquid-vapor interaction in the annuli
formed between the tubes and trays. This necessitates a larger number of tubes to
minimize the possibility of flooding and flow reversal. Also, the lowest feasible
component shell size is sought. This reduces shell wall thickness requirements given the
linear relationship between shell diameter and hoop stress. Finally, it is advantageous to

minimize overall component height to limit overall system size.
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Table 8.1: Design conditions for a single desorption column

Design Conditions
Operating pressure, kPa 1760
Concentrated solution flow rate, g 5™ 6
Concentrated solution ammonia mass fraction 0.47
Concentrated solution inlet temperature,®C 96
Target dilute solution temperature leaving desorber,°C 137
Target vapor mass flow rate leaving rectifier, g s™ 1.6
Maximum available heat source inlet temperature,°C 440
Target heat source outlet temperature,°C 215
Maximum heat source pressure drop target, Pa 1000
Rectifier vapor outlet ammonia mass fraction 0.9985
Target heat transfer rate, KW 3.2

Solution-side design is based on the component geometry determined by the gas-
side constraints. Solution-side considerations include number of trays, weir height, and
cross-sectional area of tube-tray annuli in the bubble region of the tray. The solution-side
design methodology and associated hydrodynamic limitations were discussed in Chapter
4.

Desorber operating conditions are listed in Table 8.1. Typical pressure and
concentrated solution conditions are chosen. Dilute solution temperature is based on

thermodynamically optimal performance (Chapter 3).

8.3  Gas-Side Design

A gas-side heat transfer and pressure drop model is developed to conduct a
parametric study, varying tube count and tube diameter to determine the geometric
parameters. Gas-side flow pattern is shown in Figure 8.2. A solution-side model is not
required at this stage because it is assumed that the heat transfer resistance on the solution

side is significantly smaller than that on the air side, i.e. Fgas Agas < LA, - This

assumption is justified as expected gas-side heat transfer coefficients are ~100 W m? K™
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[Vapor outlet| | Solution inlet |

Figure 8.2: Heat source gas flow pattern
while solution side heat transfer coefficients are expected to be > 1000 W m™? K™
(Chapter 5). Heat transfer areas are comparable for both sides.

Both gas passes shown in Figure 8.2 are treated separately using the UA-LMTD
method, but the length for both passes is constrained to have the same value. The
Churchill (1977a) correlation is used to determine the convective gas-side heat transfer
coefficient. The flue gas header is considered as additional heat transfer area. Here, an
impinging jet correlation for an array of circular nozzles (Martin, 1977) is applied to
model the heat transfer coefficient for the upper wall of the header. The area of the

header is determined from the diameter of the shell, which, in turn, is determined from
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the number of gas tubes. Here, a constant longitudinal and transverse tube spacing in a
staggered arrangement is used and the smallest possible shell size available in the North
American NPS standard is used. For example, 11 gas tubes per pass (22 gas tubes in the
shell) are used with a 4 inch NPS pipe (114 mm outside diameter).

The heat transfer rate is then calculated in combination with energy conservation

for each pass and the header as shown in Egs. 8.2 and 8.3.

Qi = agas,ip\gas,i ) I-MTDi 8.2

Q =My CpiAT, 8.3

Closure is provided with the overall heat duty requirement as shown in Eq. 8.4 and the
required tube length is determined for every combination of tube count and tube
diameter. Heat source inlet and outlet temperatures are maintained at constant values as

shown in Table 8.1 during the parametric study.

27.5 10000
25.0 l

22.5
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Pressure drop, Pa
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Number of gas tubes

Figure 8.3: Gas pressure drop as a function of tube count and tube diameter
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. 3 .
Qtotal = ZQ| 8.4
i=1

With the tube length, tube count and diameter established, the frictional pressure
drop in the tubes and the header is calculated using the Churchill (1977b) correlation.
Additionally, minor losses due to sudden contraction and expansion at the inlet and outlet
of each pass, respectively, are considered. Properties for atmospheric air at average gas
temperatures are used to determine thermophysical gas properties. The analysis is
conducted on the Engineering Equation Solver software (Klein, 2015) platform.

Figure 8.3 shows a contour plot of pressure drop as the number of tubes and the
tube diameter are varied. As expected, an increase in tube number and diameter results in
a decrease in pressure drop. The 1000 Pa pressure drop limit curve indicates that only
tube count/diameter combinations to the right of this line are permissible. Figure 8.4

shows a contour plot of tube length for the same independent variables. For a given tube

I 0.9055

~ 0.5152

Pass length, m

Tube diameter, mm

7.5 Diube = 9.5 MM ——-Dyype =12.7 mm
—e—AP Limit = 1000 Pa 0.1259

5.0
12 3 4 5 6 7 8 9 10 11 12 13 14 15 16 17 18 19 20

Number of gas tubes

Figure 8.4: Required gas tube pass length as a function of tube count and tube
diameter
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Figure 8.5: Optimization criterion by Kren (2006) as a function of tube count and tube
diameter

diameter, a minimum tube length is observed as tube count is varied. Limiting the choice
of tubes to standard diameters and wall thicknesses, with the objective of minimizing the
number of tubes (reduction of shell size and tube-wall joints), yields the combination of
11 tubes at an outside diameter of 12.7 mm with a wall thickness of 0.9 mm. Finally, the
contour plot in Figure 8.5 shows the results of the criterion by Kren (2006) as a function
of tube count and diameter. While good agreement with the geometry selected here is
shown; however, it can be seen that the criterion might need modification to determine

the optimal geometric design for a given application.
8.4  Solution-side and Component Model

A hydrodynamic investigation of this component geometry was conducted in
Chapter 4, in which hydrodynamic limitations such as flooding and weeping were

addressed through variation of the vapor annulus size, tray spacing and weir height.
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Figure 8.6: Solution heat and mass transfer model regions

Estimates for bubble size, bubble velocity and bubble density were obtained. These
results are used here to develop a heat and mass transfer model. Three regions are
identified in Figure 8.6. Liquid in the pool region experiences pool boiling of the binary
mixture, while pool boiling and liquid-vapor interaction occurs in the bubble region.
Modules for each region based on the approach by Colburn and Drew (1937) and Price
and Bell (1974) developed (Chapter 5) for the modeling of a microchannel desorber with
similar processes are adapted for the present geometry. The pure substance pool boiling
correlation of Mostinski (1963) in combination with the binary mixture correction
coefficient proposed by Taboas et al. (2007) was shown to have good agreement with
experimental results (Chapter 7) and is used here. The vapor region module is modified
and a single-phase heat transfer correlation for flow over staggered tubes by Zukauskas

and Ulinskas (1985) is used for the vapor phase.
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Figure 8.7: Adiabatic analyzer section with integration into diabatic column

An adiabatic analyzer section shown in Figure 8.7 is integrated with the column to
maximize vapor purity leaving the column. A hydrodynamic investigation was conducted
to ensure tray activation and ensure the absence of flooding (Chapter 4). The modeling
approach by Colburn and Drew (1937) as applied by Price and Bell (1974) mentioned
above is also used to model liquid-vapor contact in the analyzer. The gas hold-up
correlation applicable for bubble columns by Hikita et al. (1980) is used in combination

with bubble size estimates by Pohorecki et al. (2005).

8.5  Fabrication and Testing

The component dimensions obtained based on the modeling described above are
shown in Figure 8.8A. Additional details on tray design can be found in Chapter 4 and
the desorber fabricated using a combination of welding and brazing is shown in Figure

8.8B.
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Figure 8.8: Component design specifications and fabricated test unit

A test stand was designed to operate as a two-pressure absorption system without
the use of an evaporator. This allows for simulation of representative operating
conditions in an absorption system. A rectifier was installed and operated during testing
to achieve a nominal vapor ammonia-mass fraction of 99.85%, which allows for vapor
conditions that correspond to realistic absorption system operation. Additional details on
the test facility and the rectifier were presented in Chapter 6. The test stand was modified

to incorporate a hot gas heat source simulator as shown in Figure 8.9. The simulator is an

215



assembly of air blower, electric heater and air flow measurement. Feedback control of the
electric heater is used to provide target gas temperatures and a variable frequency drive is
used to modulate blower speed for gas mass flow control. An orifice plate with
differential pressure measurement, located upstream of the electric heater and air blower
is used to determine heat source mass flow. A summary of test facility instrumentation
and heat source simulator details is provided in Table 8.2.

The system was operated at a constant pressure of 1760 kPa. Given an ammonia
vapor mass fraction of 99.85%, this corresponds to a condenser saturation temperature of
44.5°C, which is representative of ambient temperatures of ~37°C. Three concentrated
solution ammonia mass fraction conditions were investigated. Ammonia mass fraction of
the concentrated solution is determined from a combination of evaporator and ambient
temperatures. Evaporator temperature determines low side pressure, Pjow, and the ambient

temperature sets the saturated liquid temperature in the absorber. The combination of

Test facility

—
Vg

Figure 8.9: Photograph of test facility
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pressure and saturated liquid temperature in the absorber then determines ammonia mass
fraction of the concentrated solution. A range of solution flow rates was tested to
investigate the effect of working fluid flow rates and demonstrate capacity variation, i.e.,
component turn-down. At target operating conditions, the highest solution flow rate
corresponds to an evaporator cooling capacity of approximately 1.75 kW. Circulation
ratio as defined in Eq. 8.5 is maintained at approximately constant values. This is because
active control of dilute solution temperature to maintain optimal operating conditions, as
discussed below, results in relatively constant CR values. Thus, variation of solution flow

rate corresponds to a commensurate variation in vapor generation and cooling capacity.

I‘ﬁref
CR= 8.5

3.

For all test points, a target dilution solution temperature, Tqgs, is imposed. This
temperature was identified as a suitable control variable for heat input control (Chapter
3). It was shown that an optimal Ty value exists that minimizes energy input per unit
mass of refrigerant generated. This value is defined as Ty and depends on Phigh and Xcs.
For this test matrix, Top, values for xcs values of 0.42, 0.47 and 0.52 are 155°C, 137°C
and 119°C, respectively. This results in an approximately constant circulation ratio value
of CR = 3.9. Gas mass flow rate was modulated to achieve a target gas outlet temperature
at all operating conditions. The inlet gas temperature was varied to some extent during
testing of various capacity conditions, i.e., solution flow rates to achieve the target Tgs

value.
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8.6 Data Reduction and Results

Desorber heat input is determined with gas mass flow data in combination with
gas inlet and outlet temperatures. The average gas temperature is used to determine
thermophysical properties of the heat source. Gas side pressure drop is measured directly
with a differential pressure transmitter as shown in Table 8.2. Flow rates of the
concentrated solution, dilute solution, and vapor leaving the rectifier are measured. A

mass balance error of less than 1% was maintained. Working fluid temperatures were

Table 8.2: List of test facility instrumentation and heat source simulator

Instrument Manufacturer/Part Range Accuracy
Thermocouples Omega® T-tme 250 — 300°C +0 25°C
fﬁ?jﬁ”sﬁg‘;‘,?jgfﬁg Rosg(r;goﬁtm 0-3000kPa | +L5kPa
ety | o™ | o o | sk
(con'(\:/leilsti;tlggv S(r)allhetion) Méﬂoprggggr,\‘,lm 0-12gs* +0.1%
(gﬂiﬁfeflﬁmitﬁ) Mgiﬂ.";‘;gﬁ;gﬁﬂm 0-10gs* +0.1%
(con'(\:/leﬁi;tlggv s{){jllrjetion) MICCIr\(/JIr:(());I(;):I 0-33gs” +0.1%

Volumetric flow rate

; : AW-Lake JVS-30 0-1.6mhrt +0.5%
(heat source coupling fluid)

Working fluid reservoir ®
level Gems ™ Sensors CT- 0 - 200 mm +1%
. : 1000
(solution and refrigerant)

Air blower (regenerative) Rotron® 105 Schl_IYI:l, (max), -
Electric heater Sylvania 18 KW -
0,
Air flow orifice plate Dwyer® OP-F-1 50 SCFM (ftﬁ(l).s?:gole)
Differential pressure ™
transmitter Rosemount 0— 20000 Pa 1%
- 3051T
(Orifice)
Differential pressure ™
transmitter Rosemount 0 — 1500 Pa 1%

3051T

(Test section)

218




collected throughout the column and several assumptions are made about working fluid
states. Dilute solution leaving the column is assumed to be saturated liquid while all
vapor states in the test section are assumed to be saturated vapor. Working fluid pressure
was measured at the top of the column. It is assumed that working fluid pressure drop is
sufficiently small to ignore its effect on properties. This assumption was validated in the
hydrodynamic investigation presented in Chapter 4. With all relevant thermodynamic
states determined, control volume analyses are conducted on the desorber and rectifier to
determine flowrates between both components as well as concentrated solution ammonia
mass fraction values, X.s. A more detailed description of this methodology was given in
Chapter 7.

Vapor purification efficiency for the diabatic column as well as the overall
column (including analyzer section) is determined. Here, a modification of the classic
Murphree efficiency (Murphree, 1925) is proposed for diabatic columns as shown in Eqg.
8.6. It is defined with respect to the least pure vapor in the column, i.e., vapor at the
temperature of dilute solution leaving the column. This vapor ammonia mass fraction,
Xvindes Can be determined from pressure and temperature data. The highest possible

ammonia mass fraction is determined as saturated vapor at the temperature of solution

entering the column, X; ., 4 » Which can also be determined from the measured pressure
and temperature.

Mpur = X\:,out,des — XV in,des 8.6

XV,out,des - XV,in,des

The average gas side heat transfer coefficient is determined using a heat transfer

resistance network in combination with a UA-LMTD analysis. Two analyses are
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conducted simultaneously; one counter-current and one parallel flow, for the first and

second gas pass, respectively, as shown in Egs. 8.7 and 8.8.

Ql :Uaverage Agas . LMTDl 8'7
QZ :Uaverage Agas - LMTDZ 8'8

In combination with energy conservation for each pass, analogous to Eq. 8.3, the average
overall heat transfer coefficient is determined. It should be noted that the header heat
transfer resistance is lumped into the overall average heat transfer resistance. The overall
heat transfer resistance is given by Eq. 8.9, and the average gas-side heat transfer

resistance is determined using Eqg. 8.10.

1
Rtotal = 8.9
Uaverage Agas
Ritar = Ruan + R+ Rgas 8.10

If wall and solution side resistances are known, the gas-side heat transfer

coefficient, _ , can be calculated using Eq. 8.11.

1

gas 8.11
agas Agas

Values for o, cannot be reliably determined from the data in this study. To
evaluater in Eqg. 8.10, a value for Rgss has to be estimated. However, correlations
predicting _, have high uncertainties (+25%) and the values for __ are at least an
order of magnitude smaller than those for o, . Therefore, a small variation in A gas values

leads to excessive variation in o values and the uncertainty in __ leads to

220



unacceptably large uncertainties in the results for o . Therefore, only values for, _are
determined from the data, and R, is estimated using correlations for binary mixture pool

boiling and estimates for solution area. The latter is determined with estimates for liquid
height in each tray (Chapter 4). The extended surface effect in the pool region of each
tray due to the tube-tray joints is also accounted for. The tray is modeled as hexagonal
fins around each tube (Perrotin and Clodic, 2003), with typical fin efficiency values of
approximately 30%. These low values are due to the relatively high solution-side heat

transfer coefficients, , . The pure substance pool boiling correlation of Mostinski (1963)

in combination with the binary mixture correction correlation proposed by Taboas et al.
(2007) was shown to provide reasonable prediction of heat transfer coefficients (Chapter

7), and is used here to estimate values for o, with an assigned uncertainty of +25%. Wall

resistance is determined from the tube thickness and material thermal conductivity.

Mass transfer coefficients are determined for the liquid and vapor phase with the
methodology described in Chapter 7. VVapor generation rates are determined from mass
flow measurements. Liquid and vapor mass transfer coefficients are determined using the
methodology of Colburn and Drew (1937) and Price and Bell (1974). These analyses
were conducted using Engineering Equation Solver software (Klein, 2015).

A comparison of the predicted and measured temperature profiles at the test
conditions corresponding to the design operating conditions is shown in Figure 8.10.
Measured vapor temperatures show a closer approach to solution temperature throughout
the column, but particularly in the analyzer. Liquid temperatures are slightly higher
throughout the component compared to model predictions, while vapor temperatures are

significantly lower. This result can be explained by better-than-expected internal liquid-
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Figure 8.10: Measured and predicted temperature profiles
vapor heat recovery, and indicates high column and overall vapor purification
efficiencies. The heat source temperature profiles shows that the actual required heat
source temperatures are lower than those predicted by the model. This is because actual

o Vvalues are slightly higher than predicted values, with an absolute average deviation
gas

of 2.2%. Therefore, total heat input requirement is commensurately lower than model
prediction as discussed below. Also, the better vapor purification observed in the
experiments leads to a slight reduction in vapor mass flow rate and enthalpy leaving the
component, which results in a lower heat input requirement. The reduced heat input due
to the better internal vapor purification also decreases the rectification load, with these
combined influences leading to an increase in system COP. It should be emphasized that
the vapor mass flow rate leaving the rectifier, i.e., the mass flow rate that determines

cooling capacity, is constant in both cases. The reduced vapor flow rate leaving the
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Figure 8.11: Heat input versus refrigerant production rate
desorber is accompanied with a commensurate reduction in reflux flow rate from the
rectifier and vice versa.

Capacity response is explored in Figure 8.11 , where heat input is plotted versus
refrigerant production rate. Given a relatively constant circulation ration, CR, vapor
production rate increases linearly as solution flow rate is varied. Due to constant pressure
and fixed values for X, heat input also varies linearly with vapor production rate. A
dependence of heat input rate on X, can be seen: heat input increases as solution
concentration is reduced, due to the increased fraction of water with its high heat of
vaporization. The highest vapor production rates achieved at tested flow rates and Xcs
values are > 1.7 g s™. This shows that further capacity increases can be achieved if gas-
side pressure drop restrictions are relaxed so that heat source flow rates and temperatures

can be increased.
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Figure 8.12: Average gas-side heat transfer coefficient versus gas Reynolds number

Gas side heat transfer coefficient values, s AOTEE well with the predictions of

the model, as shown in Figure 8.12, implying that the use of the Churchill (1977a) and
Martin (1977) correlations is appropriate. An average deviation (AD) of 0.9% and
absolute average deviation (AAD) of 2.2% was found. Figure 8.13 shows reasonable
agreement between the measured and predicted pressure drops, with AD and AAD values
of 0.5% and 5.0%, respectively. A slightly greater than predicted Reynolds number
dependence is seen in measured values, leading to more conservative predictions at high
flow rates.

Liquid mass transfer results are compared with the predictions of two correlations
(Calderbank and Moo-Young, 1961; Akita and Yoshida, 1974) from the literature as well

as the heat and mass transfer analogy as shown in Eq. 8.12 in Figure 8.14.
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The last approach uses estimates for solution-side heat transfer coefficient. These
results show that the heat and mass transfer analogy is inadequate for predicting liquid
mass transfer coefficients. None of the correlations from the literature show the
dependence on liquid Reynolds number. This may be because of the assumption of
constant liquid-vapor interfacial area used to obtain experimental values, whereas the
actual interfacial area would vary with flow rate, most probably decreasing as liquid and
vapor flow rates decrease. This would compensate for the trend in the data and yield
better agreement with the literature. The correlation of Akita and Yoshida (1974) is in

better agreement with the data than the correlation of Calderbank and Moo-Young
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Figure 8.14: Experimental and predicted liquid mass transfer versus liquid Reynolds
number

(1961). The latter also shows a much stronger dependence on x.s which is not observed in

the experiments.

Figure 8.15 shows a comparison between the measured vapor mass transfer
coefficients and predictions of the correlation by Onda et al. (1968), as well as a constant
Sherwood number value, Sh=18, suggested by Colombet et al. (2013). While reasonable
agreement between experimental results and predictions of both these approaches is

shown forx_ —0.47, a stronger dependence on X is observed in the experimental

results. Further investigations of the mass transfer effectiveness of diabatic liquid-vapor
contactors with these particular geometries are required to provide a better understanding

of mass transfer coefficient dependencies.
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The purification efficiency defined in Eq. 8.6 for both the core column only and
the overall component including the analyzer is shown for the entire data set in Figure
8.16. While these values are relatively constant, the greatest dependence was observed on
the variation of dilute solution leaving the column, Tg. This is expected as vapor at
higher temperatures is less concentrated in ammonia and requires greater purification to
achieve comparable ammonia vapor mass fractions at the outlet. These results show that
the core column achieves high vapor purification efficiency, which is further

supplemented by the addition of the analyzer.

8.7  Comparative Assessment

The results of this study demonstrate the effectiveness of the proposed desorber

design for direct-coupled gas driven ammonia-water absorption. The design of a
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Figure 8.16: Purification efficiency values versus dilute solution temperature

microchannel desorber for use with a heat source coupling fluid was presented in Chapter
5 and experimentally validated in Chapter 6. The microchannel desorber design requires
a coupling fluid loop in combination with a primary heat exchanger that is coupled to the
heat source, e.g., combustion chamber or hot gas stream. Table 8.3 shows a selection of
relevant criteria for a comparative assessment. Direct-coupled systems allow for overall
system size and weight minimization if a hot gas stream or combustion process is used as
the primary energy input. A heat source coupling fluid circuit, including the circulation
pump, is eliminated in the direct-coupled design. Therefore, small capacity, mobile
applications favor a direct-coupled desorber such as the design proposed in this study.
Indirect coupled desorbers are, however, more compact due to liquid coupling. This
minimizes system charge and favors larger capacity system designs where the heat source
is physically removed from the core absorption system. Exergy destruction is minimized

with direct-coupled systems due to the elimination of the additional heat exchange and
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potential losses in the coupling fluid loop, including electricity consumption by the
coupling fluid pump. Increased accuracy in desorption temperature control and control of
desorption temperature profiles can be achieved with the use of a coupling fluid.
Mechanical design constraints discussed above, e.g., desorber shell size, are more
challenging for the direct-coupled desorber. Fabrication, however, is considered to be
simpler for the proposed direct-coupled design. Gas-side fouling is of particular
importance in engine waste heat applications. A detailed analysis of the effect of fouling
on this particular desorber design was conducted by Aiello (2016). If significant fouling
IS expected, its management is facilitated if desorber and exhaust gas heat exchanger are
decoupled. Heat source versatility is greater with an indirect desorber since an
application-specific heat exchanger can be designed for the heat source in the coupling
fluid loop. Finally, cascaded and distributed systems also favor indirect coupled
desorbers. As the actual operating temperatures in the desorber are much lower than those
specified for the heat source in gas-coupled desorbers, a lower temperature liquid can be
used if it is available from a primary process. This allows for the integration of upstream
processes that require higher temperatures or for lower gas temperatures in combination
with a larger heat source heat exchanger. Sometimes, a centralized heat source is present
that supplies a large amount of waste heat. In this case, the integration of a multitude of
smaller capacity absorption systems for distributed use favors an indirect coupled
desorber. A centralized waste heat recovery heat exchanger can act as the heat source
with distribution of a relatively low temperature heating liquid to individual absorption
systems that operate based on individual demand. Evaluation of these criteria shows that

the recommended desorber design, i.e., direct-coupled gas driven vs indirect-coupled
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Table 8.3: Comparative desorber design criteria comparison

Design Criterion

Direct

Indirect

Comment

Overall system size/weight

Direct-coupling eliminates heat
source fluid circuit, e.g., pump,
fluid routing and primary heat
exchanger

Desorber size

Heat source microchannel design
reduces component size
drastically, minimizing working
fluid volume

Solution-side heat and mass
transfer

Solution-side heat transfer is not
typically affected by design choice

Exergy destruction minimization

The additional heat transfer
process is accompanied by
additional exergy destruction

System control

Better control of working fluid
temperature for thermodynamic
optimization

System scalability

Low gas side heat transfer
coefficient lead to large desorbers
as capacity is increased

Fabrication

Conventional shell-and-tube
fabrication techniques are suitable
for direct-coupled design

Fouling management

A separate primary heat exchanger
facilitates fouling management
(isolation from working fluid)

Heat source versatility

A generic heat source can be used
with an indirect design, not limited
to hot gas

Cascaded and distributed systems

o Indirect design allows for
centralized heat source with
spatial separation from core
absorption system

o Use of lower temperature liquid
stream in cascaded thermal
system

microchannel desorber, depends on the specific application under consideration. For

example, the proposed design was implemented in the development of a 2.65 kW

absorption chiller at extreme ambient conditions for military applications (Ponkala et al.,

2018). Waste heat from diesel generators is used as the heat source to maximize energy

utilization of fuel supply. Figure 8.17 shows the compact packaged system with two
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Figure 8.17: 2.63 kW cooling capacity chiller for diesel engine waste heat applications
at severe ambient conditions (Ponkala et al., 2018)

parallel desorption columns such as those developed in the present study, which can meet

system capacity needs.

8.8 Conclusions

An investigation of direct, gas-coupled desorption for ammonia-water absorption
was conducted. An approach that focused on gas-side limitations and adapted a
previously developed solution-side model was used to develop the diabatic distillation
column that served as a desorber. The component was fabricated and tested for a range of
operating conditions typically encountered in ammonia-water absorption systems.
Internal vapor purification achieved was better than expected and predictions for gas-side
heat transfer coefficient and pressure drop were shown to be in good agreement with the
data. Finally, direct gas-coupled and indirect desorber designs were compared. It was

shown that the choice of desorber configuration strongly depends on the specific
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application, with direct and indirect coupled desorbers being suitable for different
applications. This investigation provides a viable design solution for small-capacity

applications where direct gas-coupling is favorable.
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CHAPTER 9. THERMAL COMPRESSOR CONTROL

9.1 Introduction

Vapor absorption systems provide an alternative to conventional vapor
compression cycles, which require high-grade mechanical or electrical energy input.
Absorption systems can utilize a variety of low-grade heat sources, including waste heat
and solar thermal energy. Their application can contribute to more efficient overall
energy utilization. Recent developments of small-capacity ammonia-water absorption
systems by Garimella et al. (2016) as well as the investigation presented in Chapter 2
show the potential for a wide range of applications of absorption systems. However,
further development of system control methodology is needed to increase the feasibility
of widespread adoption of this technology. A comprehensive review of vapor absorption
system control is provided by Goyal et al. (2018). The review reveals that research on
this topic is limited. Many control strategies rely on on/off type control that causes
performance degradation through significant transient behavior. Some strategies rely on
simplified models that are only applicable for a limited operating range. Internal system
parameters such as expansion valve and solution flow rates are generally neglected, not
utilizing the potential for system optimization. A methodology for the integration of
accurate thermodynamic models for controls purposes is needed to continuously
minimize heat input requirements. More details on thermodynamic models relevant to
absorption system control are provided by Goyal et al. (2018) as well as in Chapter 3.

The main objective of a controller is performance regulation and system

optimization. Chiller performance is adequate if it meets cooling capacity requirements at
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a specified cooling temperature. Absorption system control must accommodate external
disturbances such as variations in ambient temperature, heat source temperature or
demand variation in the form of cooling temperature and/or cooling capacity. An integral
part of the controller is the mathematical description of the system that is regulated. The
thermodynamic model plays a critical role in identifying and quantifying the most
suitable control variables. The significance of the thermodynamic model is further
increased if the definition of system performance is extended to include off-design COP
and flexibility, i.e., part-load capacity control.

A brief discussion of the control of a packaged absorption system was presented
in Chapter 2. A 7 kW cooling capacity, standalone chiller driven by natural gas was
designed, fabricated and tested. Several control loops were identified for the achievement
of autonomous steady state operation. Dilute solution temperature leaving the desorber,
Thot, Was identified as an effective process variable for heat input control. Heat source
coupling fluid flow rate and inlet temperature were used to achieve a fixed set point value
for Thot. Proportional regulation of gas input to a combustion unit through a feedback
controller provided the required heat source coupling fluid inlet temperature at any given
flow rate. Coupling fluid mass flow rate was set with a feedforward controller that scaled
with total heat input. Solution pump speed was controlled with a feedforward control
scheme that scaled with vapor generation rates. While the target operation was at a fixed,
nominal capacity, solution pump speed was identified as an effective control variable for
capacity control. Finally, a temperature glide control, ATgiqe, Of refrigerant across the
evaporator was used as the process variable in a feedback control loop for the refrigerant

expansion valve, which was also demonstrated by (Garimella et al., 2016).
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In this investigation, the initial system control work shown in Chapter 2 is
extended to provide a general control strategy for vapor absorption systems with two
main objectives:

e Flexible and fast response to changes in operation conditions and system
load
e Optimal operation that minimizes energy input requirements and exergy
destruction
The control strategy, based on the thermal compressor concept, the variable speed
thermal compressor, is first described conceptually. The controller requires two core
elements: first, a thermodynamic model that can be implemented in a controller and,
second, a quantitative characterization of the actual system. The thermal compressor
model developed in Chapter 3 is applied, eliminating the explicit specification of Thot,
removing this variable as a required input variable. A data-driven system characterization
model is developed for a specific absorption system. The latter is developed with a data
set for a wide range of operating conditions. The methodology uses statistical techniques,
e.g., regression and Artificial Neural Networks (ANN) to maximize predictive capability
of the model, and the suitability of both methods for implementation in a controller is

compared. The control strategy is also validated using an experimental investigation.

9.2  Control Strategy

The proposed control strategy is presented in several steps. First, the thermal
compressor concept is reviewed and the benefit of its delineation from the remainder of

the absorption cycle is shown. The overall controls objective and inputs for the thermal
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compressor are defined. The core operating principle based on solution pump speed
modulation is described, and its effectiveness as a control variable for response to
variation in operating conditions is demonstrated. Then, detailed block diagrams for
pump speed control and heat source regulation are presented and discussed. The
significance of data driven models for thermodynamics and system characterization in

this control scheme is illustrated.

9.2.1 Thermal Compressor Delineation

The thermal compressor has been used extensively in the literature as a qualitative
descriptor to provide a conceptual analogy to the vapor compression cycle. Figure 9.1
shows the grouping of several components in the absorption cycle into a single entity that
receives low pressure refrigerant vapor at the inlet and delivers high pressure refrigerant
at the outlet. Quantitative characterization of this thermal compressor module, as shown
by Chapter 3, has several advantages. It provides a simple way to analyze absorption

cycles at a preliminary level similar to what is possible for vapor compression cycles.

Qe Qe
Rectifier

\ro SHX Thermal Compressor
W < g W Control Volume
{2\ from pump 1

Condenser Condenser

Refrigerant
Precooler

Expansion Valve Throttle Expansion Valve
Valve

Refrigerant
Precooler

Solution HX

Evaporator Evaporator

Solution
Pump

Absorber Q

Absorber

Figure 9.1: Absorption cycle (left), conceptual representation of thermal compression
cycle (right)
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Thus, it can be used to conduct preliminary screening of various thermal compressor
configurations and identify optimal designs. In addition, it can be used to develop flexible
and efficient control algorithms for absorption systems. The analogy to the mechanical
compressor of a vapor compression cycle can also be used to benefit from the larger body
of literature on vapor compression system control. Representative vapor compression
control schemes are reviewed by Afram and Janabi-Sharifi (2014a, b) and Naidu and
Rieger (2011a, b).

The evaporator refrigerant inlet temperature, Tiow, and a non-dimensional capacity
demand value, ®, are the demand input values provided to the thermal compressor.
Refrigerant production rates required by the thermal compressor vary with cooling load
in the evaporator and are linked through @. T, depends on evaporator pressure, Pjow,
which is affected by absorber saturated liquid solution conditions. Set points for both
values, ® and T, are determined through a separate feedback controller called the
refrigerant controller. This controller adjusts both set points based on external cooling
load and temperature input parameters, as well as evaporator characteristics, e.g.,
approach temperature between refrigerant inlet and chilled water outlet. This controller
also governs refrigerant expansion valve operation. Typically, the refrigerant temperature
difference between inlet and outlet, ATgige, in the evaporator is used as the process
variable for this controller. A block diagram for the delineation between refrigerant
controller and thermal compressor control is shown in Figure 9.2. Thermal compressor
heat sink temperature, i.e., ambient temperature, Tamp, Can be considered a disturbance
input to thermal compressor control. The subdivision into two controllers manages the

complexity of absorption system control while maintaining the ability for flexible and
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Figure 9.2: Block diagram showing delineation between refrigerant controller and
thermal compressor control

optimal control. This facilitates additional overall system level optimization. For
example, the refrigerant controller can dynamically adjust set points for ®, Ty, and
ATgige to optimize performance of the entire thermal system. With the focus on the
thermal compressor here, additional detail about the refrigerant controller is beyond the
scope of this study. However, since coupling between the refrigerant controller and
thermal compressor control is accomplished through ® and Tiow, this delineation provides
significant flexibility for the refrigerant controller. The set point for T,o, is determined by
the refrigerant controller to achieve a set point for the chilled medium, T, shown in
Figure 9.2. Thus, this set point is determined based on specific evaporator characteristics,
e.g., closest approach temperature (CAT), which are addressed by the refrigerant

controller.

9.2.2 Variable Speed Thermal Compressor

The core element of the control algorithm is solution pump speed modulation. It is
assumed that a positive displacement pump is employed in the solution circuit with a

proportional relationship between pump speed and concentrated solution volumetric flow
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rate. This provides the ability to effectively control ammonia mass fraction in the thermal
compressor as well as solution flow rate. The former will be shown to effectively respond
to variations in the set points for T, and Tamp, While the latter will be shown to
effectively control thermal compressor capacity.

The value of P, and therefore T, is determined through the saturation
conditions of concentrated solution in the absorber. At a given absorber temperature, i.e.,
ambient temperature, ammonia-mass fraction in the absorber can be actively adjusted to
affect a change of Pow. This is illustrated in Figure 9.3. During baseline operation, a
mass flow balance between thermal compressor inlet and outlet is maintained (Figure
9.3A). Vapor generation rates can be biased from the nominal target value dictated by the
capacity demand input ®. Two scenarios can be foreseen: “Overdrive mode” (Figure
9.3B) and ‘“underdrive mode” (Figure 9.3C). In the former scenario, a positive bias
causes the thermal compressor to produce more refrigerant vapor than is received. This
causes a net migration of ammonia from the solution reservoir in the thermal compressor
to the refrigerant reservoir at the condenser outlet. If absorber temperature is maintained

constant, the reduction in ammonia-mass fraction at solution saturation causes a reduction

Baseline

Refrigerant Qe Refrigerant Qe
reservoir reservoir

Overdrive ; Underdrive

Refrigerant Qe
reservoir

Solution
reservoir

Solution
reservoir

Solution
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Condenser Condenser

Refrigerant
Precooler

Refrigerant
Precooler

Refrigerant
Precooler

Expansion Valve Expansion Valve

Expansion Valve

Evaporator Evaporator Evaporator

Figure 9.3: Various thermal compressor operating modes
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in Pjow and Tyoy. If the set point for Ty, is unchanged, a higher absorber temperature, i.e.,
higher ambient temperature, can be tolerated while maintaining a constant Py, value.
In “underdrive mode” (Figure 9.3C), the inverse occurs. A negative bias for pump speed
reduces vapor generation rates, causing a net flow of ammonia into the thermal
compressor which is stored as increased ammonia mass fraction in concentrated solution.
Absorber solution saturation conditions now require a lower temperature or a higher
pressure. Thus, an increase in the set point for T, can be achieved or a reduction in
ambient temperature can be accommodated.

The block diagram for the variable speed thermal compressor is shown in Figure
9.4. The baseline capacity demand signal, ®, is multiplied by the factor K; to provide a
nominal pump speed signal. Simultaneously, a feedback controller compares the set point
value for Tow With the corresponding process variable. This error is used to calculate a
bias signal, K, that is multiplied with the nominal pump speed signal to provide the

actual pump speed signal. The values of K; and K are determined as discussed below.

9.2.3 Pump Speed Control

The use of data-driven control is demonstrated first with the detailed block

@ Capacity Demand
Tlow‘ sp +~
Refrigerant _\f
Temperature

Setpoint T

Figure 9.4: Block diagram of variable speed thermal compressor control
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diagram for solution pump speed control. This is shown in Figure 9.5. This block
diagram also provides details about the calculation of values for K; and K in Figure 9.4.

Measurement inputs are used in a system characterization model to provide estimates for

concentrated solution density, pcs, and circulation ratio, CR=m, /m., . The latter scales
refrigerant flow demanded by the refrigerant controller to concentrated solution mass
flow rate, M, while the former converts solution mass flow rate to volumetric pump

flow rate demand. These results are multiplied with a baseline capacity demand from the
refrigerant controller and a scaling constant, providing a nominal volumetric flow rate
demand to the solution pump. A separate feedback controller is used to meet the set point
for Tiow. The controller provides an additional bias factor for volumetric pump flow rate
demand. The nominal bias factor value is unity but a £0.2 variation can be imposed to
effect a concentration shift into or out of the thermal compressor as discussed with
respect to Figure 9.3. Finally, a pump characterization model is used to correlate
volumetric pump flow to pump speed to provide a proportional signal, e.g., frequency for

an alternating current pump motor.

Measurement
inputs
U
> System -
| characterization
Uy Scaling
0 ¥ constant Y
From refrigerant = 1 -
controller Baseline capacity ~ CR (pey) Fpump f(v)
T, _ demand (0-100%) Circulation Density Pump model (0-60Hz)
owSP ratio

T, controller
ow

Bias factor (0.8 - 1.2)

Figure 9.5: Pump speed control
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9.2.4 Heat Source Control

The plant controller discussed above is mainly responsible for providing optimal
regulation of desorption temperature and heat source flow rate. As shown in Chapter 3
and discussed below, desorber dilute solution outlet temperature, The, IS an effective
process variable to control optimal thermal compressor performance. But optimal
desorption temperature depends on operating conditions and must be determined with a
thermodynamic model. Therefore, the thermodynamic model is the second model layer of
this control scheme, which is also a data-driven model developed with statistical

analyses. The heat source control scheme is shown in Figure 9.6 for two implementation
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Figure 9.6: Heat source control for desorption. A: without heat source temperature
control. B: with heat source temperature control
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types: with and without the ability for active heat source temperature control.
Measurement inputs are used with the system characterization, i.e., the first model layer.
Results of the first layer are used as inputs to the thermodynamic model which, in turn,
provides a set point for desorption temperature. A feedback controller is used to achieve a
set point for Thot.

Figure 9.6A shows a control scheme where active heat source temperature control
is not available. For example, direct coupling of the desorber to an exhaust gas stream for
waste heat recovery applications may not provide the ability to actively control heat
source temperature. However, it is assumed that mass flow can be actively controlled
with, for example, an exhaust gas bypass damper. Figure 9.6A shows how the T
controller output determines the set point for heat source outlet temperature from the
desorber, Tcrou. The limits of this set point can be adjusted continuously by the
controller to reflect current operating conditions. Heat source mass flow variation
affected by the Tcr controller results in a temperature profile variation in the desorber.
This, in turn, affects overall desorber heat transfer rate and a change in Tho.

Figure 9.6B shows heat source integration that allows for active heat source
temperature control. Here, the Ty controller determines a set point for the heat source
entering the desorber. The Tcr controller then seeks to meet that set point through
actively regulating heat source energy input, e.g., through fuel input control to a
combustion module. Heat source mass flow is regulated with an additional controller
similar to Figure 9.6A where the heat source outlet temperature is used to determine mass
flow. In the example of a liquid-coupled heat source, a constant displacement pump with

variable speed control can provide the final control element. In the experimental portion
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of this investigation, the control scheme shown in Figure 9.6B is implemented. Heat
source energy input modulation is simulated with a proportionally controlled electric
heater. A thermal oil coupling fluid loop and constant displacement pump are used to
provide heat source mass flow control. The value of T outsp IS determined by maintaining
a relatively constant temperature profile, defined by the ratio of temperature differences
between solution and coupling fluid at the desorber top and bottom locations, ATRck, as
shown in Eq. 9.1. It is maintained at a value of approximately ATRcr = 3 for all tests. A
more detailed discussion about the effect of heat source temperature profile was given in

Chapter 5.

T

ATRCF _ TCF,out ~— 'cs,des,in 91

TCF,in _Thot

Both temperature control schemes for Tyt Shown in Figure 9.6 use a cascaded
controller. Heat source mass flow (Figure 9.6A) or heat source temperature Figure 9.6B)
receive set point inputs from a primary Ty feedback controller. While the output from
the primary controller could be used directly with the final control element, e.g., fuel
supply or damper position, it was found that the secondary, cascaded controller provides

additional tuning ability to improve response time and stability.

9.3  Thermodynamic Model

A thermodynamic model enables the identification and quantification of the most
suitable process and control variables, and can be used to achieve continuous system
optimization and flexibility. Specifically, an accurate thermodynamic model will allow

precise and fast response to changes in ambient and evaporator temperature while
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maintaining highest possible COP. Capacity control and part-load operation can be
optimized through accurate thermodynamic models. Goyal et al. (2018) provide a
detailed review of the significance of thermodynamic models to absorption system
control. Various types of models were reviewed in Chapter 3. It was noted that
thermodynamic models range from highly detailed thermodynamic cycle studies to black-
box type models. The former requires a high number of inputs with few assumptions and
provide a high number of model outputs while the latter is purely based on available data
without the requirement of physical insight and assumptions. While control systems
benefit from the accuracy of detailed thermodynamic models, complexity prohibits their
implementation in a model based controller.

This limitation was addressed in Chapter 3 by bridging both modeling
approaches. Statistical methods, e.g., regression analyses and Artificial Neural Networks
(ANN) were used for a large data set generated with a detailed thermodynamic model for
the thermal compressor over a wide range of operating conditions. The results of this
characterization provide simple and accurate algebraic equations for key variables needed
in the model based controller developed in this study. Specifically, the temperature of
dilute solution leaving the desorber, Tot, Was identified as an important process variable.
Two optimal temperatures, Top, 1 and Tope,n, Were identified to optimize first- and second-
law performance of the thermal compressor, respectively. Effective independent variables
were identified as concentrated solution concentration, X.s and high side pressure, Phigh.
Results of the regression analysis are shown in Eqgs. 9.2 and 9.3 for the range 0.30 < X5 <

0.64 and 0.30 < Phigh < 0.64.
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Topt,s =—9.96x10" +2.8x1072 Ry, +8.5x10 ° P2 —2.54x10° Ry, 0
+1.9x10°x, —5x10°x%, +3.67x10°xS, (R?=99.88%)
Toprn =2.19x10% +4.41x107? R, —3.68x10° Py —5.04x10° X,
’ 9.3

+2.77x10°x} (R*=99.90%)

It was shown that X, depends directly on heat sink temperature, Tamp and evaporator
refrigerant inlet temperature, Tiow. It was further demonstrated that T, iS an adequate
proxy variable for P, despite binary mixture effects. Hence, Equations 9.4 and 9.5 were
developed to quantify the independent variables for a range of 20°C < Taps < 55°C and -

20°C < Tjow < 20°C.

X =7.72x107 +9.80x107°T,

low

+ 3.44><10‘5T:S _—6.26 x10°T, T

+2.67 ><10_5T|02W —9.03x107°T

abs,sat

9.4

low ' abs,sat

Pign =5.64x10% +5.64T

con,sat

+4.68x107' T2, o 9.5

Tabssat aNd Teonsar Can be determined through a system specific characterization as shown
in Egs. 9.6 and 9.7 where ATgps and AT, are determined from system specific data.
Various cycle configurations and component types can be accommodated by this
methodology. A different data set can be generated from a modified detailed

thermodynamic model to update the equation set presented in this study.

T

abs,sat —

Tomp + AT 9.6

T

con,sat —

T
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n
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9.4  System Characterization through Data

Implementation of the thermodynamic model requires knowledge of Xcs and Phign.
Additional variables needed for the thermodynamic model based controller are low side

pressure, Piow, concentrated solution density, p., as well as dilute solution concentration,

Xgs. In addition, the relationship between constant displacement pump speed and solution

mass flow rate is established.

9.4.1 Data Set

An extensive data set with over 500 data points was collected in an experimental
investigation of the thermal compressor presented in Chapters 6 and 7. In these studies, a
test facility for the thermal compressor that included a microchannel based desorber and
rectifier was constructed. More detail of these core components was presented Chapter 5.
Additionally, an absorber, solution heat exchanger and condenser were included to enable
simulation of realistic absorption heat pump conditions. A proportionally controlled
electric heater with a thermal oil coupling was used for desorber heat input. A constant
displacement gear pump was used with a variable pump speed controller to regulate
desorber heat source coupling fluid flow rate. Similarly, a constant displacement
diaphragm pump was used as a solution pump with a variable speed controller. Electronic
proportional valves were used for dilute solution throttling and refrigerant expansion. The
system was operated at split pressures, i.e., Phigh and Piow Vvalues that correspond to
realistic absorption system conditions. Temperature, mass flow rate and pressure
measurements were taken to allow for complete thermodynamic definition at all points in

the cycle and accurately determine heat and mass transfer rates. Pnigh and Xcs Were varied
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independently throughout a test matrix to obtain data for a wide range of operating
conditions. A detailed description of test facility, instrumentation and test matrix was
given in Chapter 6. In the present study, the data are used with statistical methods, e.g.,
regression analyses and ANN, to develop a system characterization. Generally, it is
desirable to obtain simple, algebraic equations with high accuracy for ease of model
implementation in a controller, and avoidance of overfitting. While a regression analysis
may achieve this, an ANN analysis may be required if no acceptable regression results
are available. Both methods and their applicability to the present investigation will be

compared.

9.4.2 Low-side Pressure

The use of Ty as an adequate proxy variable for P, Was discussed in Chapter 3.
This eliminates Py, as a required input variable to the model based controller and
reduces instrumentation requirements in an actual system. With the assumption of a
nominal refrigerant ammonia mass fraction, X, 0f 0.99 and evaporator inlet quality of
0.1, Eq. 9.8 provides an accurate prediction of Pj, (kPa) as a function of Tiow (°C) (R* =
99.99%). The equation is not system specific and may be treated as a thermodynamic
state equation for ammonia-water absorption systems under the assumptions stated above
for a range of -20°C < Tow < 20°C. Figure 9.7 shows excellent agreement between the
data and the predictions of this equation, validating the use of T,y as a proxy variable for
Piow, despite binary mixture effects during evaporation. Therefore, To, can replace Pjoy as
an input variable in a model-based controller. It also reduces sensor requirements by

eliminating the need to measure P, directly, and instead using, inexpensive temperature
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Figure 9.7: Low-side pressure prediction through evaporator inlet temperature
measurements. A regression analysis yielded this relatively simple but accurate result,

obviating the need for ANN analysis for Py prediction.

P,, =425+ 16.3T,, +0.233T;2, 9.8

ow

9.4.3 Concentrated Solution Ammonia Mass Fraction

Real-time, in-situ measurement of ammonia mass fraction is not economically
feasible due to instrumentation requirements. A regression analysis and ANN were used
to provide a system specific prediction of x.sbased on Egs. 9.4 and 9.6. Input variables to
this model are absorber heat sink inlet and outlet temperature, solution outlet temperature,
and Tyw. Results shown in Figure 9.8 demonstrate that x.s can be predicted through
temperature inputs alone. This provides the controller with a real time estimate of x. for

use in Eq. 9.4 as well as for other calculations. Both statistical methods provide

249



0.55

o ® Regression results: R*=99.51% i
T 053] |4 ANN results: R*=99.67% W
£ ! s
c 0.50 < Tl
2 I [ LI A .
® re
N 048 s i
5 i N
k1] =t
g 045 _Aw
] L "
© A L
7

S 043 Ba i

| A do=Sy
& amEEET
-i 0.40 anid o
3 I
a
x

0.40 0.43 0.45 0.48 0.50 0.53 0.55
Xcs, EXperimental results

Figure 9.8: Concentrated solution ammonia mass fraction prediction

comparable results with high R® values. The use of ANN for this analysis is preferred
because additional data can be used “retrain” the network, further increasing accuracy
and avoiding overfitting. The regression result produced a relatively complex expression

and does not provide a significant benefit at the implementation stage over ANN.
9.4.4 Solution Mass Flow Rate

The use of a constant displacement solution pump provides the ability to

accurately control and estimate flow rates. Pump speed is proportional to volumetric flow

rate, V, and a simple, directly proportional relationship was determined with a

regression analysis of the data set as shown in Figure 9.9. This validates the use of pump
speed to directly control and obtain a real time estimate for solution flow rate. Volumetric
solution flow rate is multiplied with a density estimate to determine solution mass flow.

An explicit expression for concentrated solution flow rate, i.e., pcs = f(Tlow,xcs) was
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Figure 9.9: Solution volumetric flow rate prediction with solution pump speed
determined (R2 = 99.97%) from the same data set used to develop Egs. 9.4 and 9.5.
Using real time estimates for xcs and measurement of Tlow, m,can be determined and

pump speed can be modified to achieve a target value as shown in Figure 9.5 and

discussed above.

9.4.5 Dilute Solution Ammonia Mass Fraction and Circulation Ratio

Refrigerant and dilute solution flow rates can be determined from concentrated

solution flow rate if the circulation ratio is known. Circulation ratio (CR) can be defined

as shown in Eqg. 9.9.

CR = ref — Xds 9.9
Xes — Xas
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Given that values for x. are very close to 1, it has very little effect on CR and a nominal
fixed value, e.g., Xer = 0.99, can be assumed. Knowing Phigh and Thee from direct
measurements, Xq4s can be directly determined through a saturated liquid assumption at the
dilute solution desorber exit. A data set for the range of 1100 kPa < Ppigh < 2600 kPa and
the full possible range of Ty, at each pressure was generated, forming the basis of a
regression analysis that provided an expression for x4 with a coefficient of determination

of R? = 99.92% shown in Eq. 9.10.

Xgs =0.656+2.6x107* P, —2.3x107° Rl —6.3x107°T,  +9.8x10°°T 2

9.10

This expression is based on thermodynamic properties and is, therefore, similar to an

equation of state for saturated liquid at specified pressure and temperature. The value for
CR is then used with the model based controller. Dilute solution mass flow rate My, can

now also be determined for active control. In this study, a separate feedback control loop

was used to modulate a proportional dilute solution throttling valve to achieve the
calculated My, value. This required a mass flow meter for My, process variable feedback.

In an actual system, a feedforward valve controller can be used with a characteristic mass

flow curve to provide m, control. Discrete level switches in the desorber for high and low

liquid accumulation can be used to provide corrections to the feedforward My, controller.

A regression analysis allowed for the determination of an accurate and relatively simple

expression for xg. An ANN analysis was, therefore, not conducted for this variable.
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9.4.6 Robustness and Model Corrections

The robustness of the model controller depends on uncertainties associated with
the thermodynamic model, system-specific characterization, and data used for model
inputs. An uncertainty propagation of the complete model is used to assess its robustness.
Using standard deviations of the absolute error between model predictions in Equations
9.2 and 9.3 and their underlying data sets, uncertainties for Topt and Topt,i are £0.4°C and
+0.7°C, respectively. Using the same procedure for X, the uncertainty due to errors
between predictions and the data (Figure 9.8) is £1%. The Xg4s correlation uncertainty for
Eq. 9.10 was determined to be £3%. Solution density and volumetric flow rate prediction
through pump speed have correlation uncertainties of £0.5% and +1.1%, respectively.

In addition to the correlation uncertainty, model inputs obtained from
instrumentation, i.e., temperature and pressure measurements, introduce uncertainty. A
calibrated thermocouple uncertainty of £0.25°C and a pressure transmitter uncertainty of
+1% are assumed. A nominal refrigerant ammonia mass fraction at the thermal
compressor outlet with uncertainty of X = 0.99+0.01 is assumed. The thermodynamic
and system characterization models are combined with the steady-state data set to
conduct an uncertainty propagation using Engineering Equation Solver software (Klein,
2015). Expected uncertainties for optimal temperature set points are ATqp, = +2°C and
AToptn = £2°C. Uncertainties in pressure measurement as well as X are the primary
causes for this uncertainty. This is well within acceptable limits given that performance
curves for the thermal compressor are relatively flat around optimal temperatures
(Chapter 3). Uncertainties in volumetric flow rate prediction based on pump speed and

circulation ratio prediction based on x.s and Xgs cause an expected error of the control
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scheme shown in Figure 9.5 of £4%. This is also acceptable because the proposed control
scheme is inherently self-correcting. This error manifests itself in either the depletion or
accumulation of ammonia in the thermal compressor. This, in turn, causes set point
deviation of Tjoy and response of the bias controller shown in Figure 9.4. In addition, the
controller can incorporate a correction scheme, whereby the scaling constant, ®, as
shown in Figure 9.5, is modified. Specifically, ® can be multiplied with the bias factor if
the bias controller output remains at the upper or lower limit beyond a specific maximum
duration.

The methodology for system characterization can be readily applied for a generic
system with an operational data set. System specific characterization for x.s and pump
flow are unique to a particular system. The solution pump can be characterized using
manufacturer data. Thus, the only system-specific characterization that requires
operational data is the prediction of x.. The thermodynamic state equations developed in
this study are generally valid for the specified range and assumptions. An ANN analysis
is recommended for the prediction of x., while relatively simple regression results can be

applied for all other results.

9.5  Experimental Facility and Algorithm Implementation

The experimental facility described above (Chapter 6) was used to conduct a
series of transient tests to investigate system response to changes in operating condition.
The control scheme and both data-driven model layers, thermodynamic and system
characterization, were implemented in a Process Automation Controller (PAC) by
National Instruments™ (NI). The CompactRIO® embedded controller was used with all

input and output modules required for data acquisition. The control scheme was

254



integrated with NI LabVIEW® software. Proportional-integral-derivative (PID)
controllers were implemented for all feedback loops. Controller tuning exercises
achieved fixed values for proportional gain, integral time and derivative time. During the
initial testing phase, it was also found that the cascaded heat source control scheme as
shown in Figure 9.6 and discussed above enables faster response than direct heat source
control through desorption temperature control. This step adds minimal complexity to the
control scheme but significantly improves system response. Validation of the control
strategy included the following six response tests:
1) Ambient temperature variation:

a) Increase in ambient temperature

b) Decrease in ambient temperature
2) Evaporator refrigerant inlet temperature target:

a) Increase in evaporator temperature target

b) Decrease in evaporator temperature target
3) Response to demand variation of thermal compressor refrigerant supply

a) Thermal compressor refrigerant supply demand increase

b) Thermal compressor refrigerant supply demand decrease

9.5.1 Ambient Temperature Variation

An increase in ambient temperature was simulated by increasing the heat sink
temperature of the absorber and condenser. In this study, a coupling fluid loop connected
to a chilled water system was used as the heat sink for the system. The experimental
facility includes active heat sink temperature control for the simulation of ambient

temperature variation. Figure 9.10 shows thermal compressor response as a result of the
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control strategy developed in this study. A continuous increase in heat sink temperature
from 30°C to 40°C begins at 200 seconds over a five minute period. The set point for Tiqy
IS maintained constant at 3.5°C. An immediate increase in refrigerant temperature and
low side pressure occurs as expected. The bias controller automatically reacts to the

deviation of Ty, from its set point and pump speed is increased, resulting in an increase
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Figure 9.10: System response to increase in ambient temperature
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in solution mass flow rate as shown in the top graph. The “overdrive mode” results in net
ammonia reduction in the thermal compressor, lowering Xe. This has the effect of
reducing Py as well as Tjoy as shown in the bottom graph. As T is reduced to its set

point value, the bias controller reduces pump speed to return to baseline solution mass

flow rates. It can be seen that refrigerant mass flow rate, m is increased during

ref 1
“overdrive mode” but returns to its initial value once the response to the increase in Tamp
is completed. During this process, Xcs decreased from 0.52 to 0.46 to accommodate the
increase in absorber temperature while maintaining constant Ti,,. Condenser pressure
also increases, as expected. During the transient process, condenser pressure is actually
greater than the final condenser pressure due to the increased refrigerant flow and
condenser load during “overdrive mode” as shown in the bottom graph of Figure 9.10. In
response, the heat source controller requires a higher desorption temperature, Thoi, as
shown in the top graph. The model based controller varies Tposp from an initial value of
108°C to 139°C which corresponds to the change in Top,. A heat sink temperature
reduction was also tested in this study and produced the opposite behavior. Both tests
show that this control scheme can autonomously respond to heat sink variations in a

stable and effective manner.

9.5.2 Evaporator Refrigerant Inlet Target Temperature Variation

The refrigerant controller may require a change in the set point of To,. This could
be due to user requirements or a system-level optimization scheme. The proposed control
strategy can accommodate T,y Set point variations as shown in Figure 9.11. The system

initially operates at steady state with a set point for T, of -5°. At 300 seconds, a step
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Figure 9.11: System response to change in setpoint of Ty
change in the set point for Ty to 3.6°C occurs. The bias controller responds by reducing
the bias factor for “underdrive mode”. This results in a net positive ammonia flow into
the thermal compressor and xs increases. As the heat sink temperature is maintained
constant, the saturation conditions in the absorber result in a higher value of Py, and an
increase in Tow. The new set point for Ty, Was achieved after 350 seconds, demonstrating
fast response. A small overshot occurs while the bias controller moves from “underdrive
mode” to baseline operation. Refrigerant mass flow after the transient response is
identical to that prior to the set point change of Ty, as baseline demand was unchanged.
The net increase of ammonia in the thermal compressor results in a change of xcs from
0.43 to 0.49, and the heat source temperature requirement, i.e., Top, decreases
commensurately. A small reduction in Phigh can be observed during the transient due to a

temporary decrease in M. , but the final value is virtually identical to the initial pressure,

ref 1

given that condenser load and heat sink temperatures are maintained constant. This test
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shows that the variable speed thermal compressor control strategy can provide effective

control of set point changes for Tjqy.

9.5.3 Response to Thermal Compressor Capacity Demand Variation

An important aspect of the proposed control strategy is the ability of continuous
turndown, i.e., capacity reduction to meet refrigerant flow rate demands. This ability
eliminates the need for on/off control, enabling effective response to dynamic load
patterns. The functionality was tested by simulating a rapid variation of the baseline
demand signal issued by the refrigerant controller. The results are shown in Figure 9.12.
Heat sink temperature is maintained at a constant value and low-side pressure is also
nominally constant. At 350 seconds, a series of step changes to the baseline demand
signal increases thermal compressor load from 44% to full capacity. During this process,
very fast response of refrigerant mass flow rate follows. This shows that the time constant
associated with this particular thermal compressor configuration is relatively short,
allowing for flexible control strategies. The shape of the input, i.e., a series of step
changes was chosen arbitrarily. Further optimization of thermal compressor response can
be investigated with various input transient shapes. This includes detail about specific
refrigerant controller configurations and is beyond the scope of this study. While
condenser heat sink temperature is maintained constant, the capacity change results in an
increase in Ppigh as condenser load is also increased. The condensation saturation
temperature increases in response. This causes in an increase in Top, and, therefore, a
model prescribed increase in the set point for Tyt from 117°C to 130°C as shown in the
top graph of Figure 9.12. This shows that optimal operation is affected not only by

operating temperature, i.e., Tiow and Tamp, but also through system load. This is due to
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Figure 9.12: System response to increase in capacity demand
fixed heat exchanger sizes that result in different approach temperatures as flow rates are
varied. While this results in different temperature lift values and affects system COP,
active control of Top, minimizes these effects on system performance. A capacity
reduction test was also conducted with exactly the opposite results, e.g., immediate

reduction of refrigerant flow, lower Phign and T, . Both tests validate continuous

capacity modulation as the core functionality of the variable speed thermal compressor.
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9.6 Conclusions

A control strategy for ammonia-water absorption systems was developed. The
concept of the thermal compressor and its significance to effective control of absorption
systems was reviewed. The variable speed thermal compressor controller, based on a
data-driven, model-based control strategy, was presented. A detailed thermodynamic
model for the thermal compressor is reduced to simple algebraic equations for
implementation in a controller using statistical methods. The system was also
characterized using data-driven, statistical methods to determine state points. This
approach reduces the number of model input variables as well as sensor requirements.
Desorption temperature was eliminated as a required input variable by using optimal
values dictated by a thermodynamic model. Evaporator temperature was shown to be an
effective proxy variable for pressure despite binary mixture effects during evaporation. A
comparison between regression analysis and ANN was made, showing that regression
analyses are largely sufficient but ANN is beneficial for prediction of concentrated
solution mass fraction. Solution pump speed was shown to be an effective control
variable. An experimental validation demonstrated the functionality of this control
strategy by achieving accurate and fast responses to changes in heat sink temperature,
evaporator temperature set point, and thermal compressor vapor production rate demand.
Much of the complexity associated with absorption system control is addressed with this
control scheme and contained within the thermal compressor control module. The
flexibility of the control scheme facilitates integration with a refrigerant controller. The
analogy to vapor compression cycles allows for the cross-application of research results

for vapor compression control to effectively design a refrigerant controller. The results of
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this study address an important aspect for further development and adoption of absorption

technology to achieve increased thermal energy utilization.
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CHAPTER 10. CONCLUSIONS AND RECOMMENDATIONS

10.1 Conclusions

A comprehensive optimization study of the thermal compressor for small-capacity
ammonia-water absorption systems was conducted. The results of a system-level
investigation identified optimization of the thermal compressor as the primary research
focus for further development of small-capacity absorption technology. For this system-
level investigation, a 7-kW cooling capacity chiller, driven with natural gas was
developed. The purpose of this development was to demonstrate the feasibility of small-
capacity absorption systems through the use of microchannel heat exchangers. This
included thermodynamic cycle modeling, heat exchanger design, and fabrication of a
standalone, compact system. Scale-up of microchannel heat exchangers from prototype to
component level scales was demonstrated. Integration of the heat and mass exchangers
into two monolithic assemblies reduced overall system size. Target cooling capacity of 7
kW at a chilled water deliver temperature of 7.2°C and ambient temperature of 35°C was
achieved. An overall system COP value of 0.44 was demonstrated. This is in contrast to a
COP value of 0.53 predicted with the thermodynamic system model. Performance
discrepancy was determined to be caused by lower-than-expected vapor generation and
purification efficiency.

This system level investigation demonstrated the feasibility of small-capacity
ammonia-water absorption using microchannel heat exchangers. While thermal
compressor optimization was identified as the main research objective for further

development of this technology, it was shown that particular focus needs to be directed

263



toward the development of effective desorption and rectification components. Both
components are key elements of the thermal compressor determining performance, size
and weight. Advances in system control were demonstrated, but further development of
absorption control strategies was recommended to increase operational autonomy and
continuous optimization. A list of research objectives for thermal compressor
optimization was presented. These objectives include the production of high purity
refrigerant vapor while minimizing energy and exergy demands, minimization of
component size and weight, use of various heat sources, and flexible and optimal thermal
compressor control. These research objectives motivated the remainder of this study.

A series of research tasks was identified in order to systematically address the
listed objectives for thermal compressor optimization. These tasks consist of
thermodynamic considerations, hydrodynamic considerations, heat and mass transfer
model development and the development of optimal thermal compressor control
strategies. The results of these tasks resulted in the development of novel desorption and
rectification designs as well as a novel control strategy for optimized absorption system
operation. Finally, an experimental investigation validated the solutions developed in this
study.

The development of a thermodynamic framework for the thermal compressor was
presented. A thermal compressor efficiency based on exergetic performance was defined.
The heat input per unit mass of refrigerant produced was defined as an alternative figure
of merit based on energetic considerations. It was shown that dilute solution temperature
leaving the desorber, Tgs, is a suitable independent variable for the optimization of both

figures of merit. Optimal Tys values exist that maximize exergetic and energetic thermal
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compressor performance. It was further shown that exergetic optimization occurs at a
lower Tgys value than energetic optimization, i.e., Topu < Topt,i. An analytic justification
that generalized this finding was provided.

The thermodynamic model was applied in a comparative study to identify the
optimal configuration for desorption and rectification components in a single-effect
cycle. It was shown that the application of diabatic distillation principles to the design of
the desorber and rectifier results in increased thermal compressor performance and is
conducive to the development of highly compact components. Finally, a statistical
approach was used to develop a generalized thermal compressor model for the optimal
configuration. Regression and Artificial Neural Networks were used to develop a model
for the prediction of important thermal compressor parameters such as Tope,n and Top,.
Results of this part of the study provide guidance for the development of desorption and
rectification components. These results also provide a quantitative thermal compressor
module that facilitates absorption cycle design and can be incorporated into the
development of optimal thermal compressor control strategies.

Two desorption and one rectification design concepts were developed based on
diabatic distillation principles. Two different desorption designs enable a wide range of
applications for the thermal compressor. A microchannel based desorber design provides
a compact solution if the heat source is available in a liquid stream, e.g., a thermal oil.
Alternatively, a direct-coupled desorber design is presented for application where the heat
source is in the form of a gas stream, e.g., direct-coupled exhaust gas heat recovery.

A hydrodynamic investigation was conducted to validate the feasibility of the

proposed desorption and rectification design concepts. These designs rely on liquid-vapor
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countercurrent flow that is subject to two limitations, activation and flooding. A design
methodology based on the approach by (Wallis (1969)) was applied to specify relevant
geometric features while maintaining target flow patterns for a wide range of operating
conditions. An air-water experiment was used to simulate hydrodynamic conditions in
ammonia-water systems at typical operating conditions. The hydrodynamic feasibility of
all design concepts was established.

The hydrodynamic investigation also included high-speed flow visualization.
Hydrodynamic parameters relevant for heat and mass transfer were identified and
quantified in the flow visualization study. These parameters include liquid-vapor
interfacial area, bubble sizes and velocities, and heat transfer areas. Correlations for these
parameters as a function of superficial gas velocity were developed and can be directly
used in a heat and mass transfer model.

Heat and mass transfer models were developed. Various correlations for pool
boiling and binary mixture correction were compared. It was shown that the choice of
pool boiling correlations has little effect on overall component performance predictions.
The choice of correlation for the binary mixture correction factor results in significantly
greater variation in model predictions. This is indicative of a lack of understanding of
mixture effects during boiling.

All design concepts were successfully fabricated. The thermal compressor
concept was investigated and it was shown that optimal operating temperatures for
energetic and exergetic optimization, To,n and Topt, 1, Can be accurately predicted with the
thermal compressor model developed in this study. The investigation of heat and mass

transfer coefficients determined that solution side heat transfer coefficients range between
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950 - 3250 W m? K™, A comparison between model predictions and experimental results
showed that AD and ADD values of 10.6% and 22.7%, respectively. The development of
a correlation for binary mixture pool boiling correction factors improved agreement
between model predictions and experimental results with AD and AAD values of 3.5%
and 11.1%, respectively, and 94.6% of predicted values falling within +25% of
experimental results.

The system level investigation identified solution pump speed as an effective
central control variable for capacity control of an absorption system. This finding was
combined with the results from thermodynamic considerations and a parametric study of
the heat and mass transfer model to develop a novel control strategy for absorption
systems. The variable speed thermal compressor controller utilizes pump speed in
combination with system specific operating data to maintain set points for evaporator
temperature and refrigerant production rate. Responses to variations in operating
conditions, e.g., ambient temperatures, and set points changes can be accommodated with
this control scheme. Desorption temperature is variable and based on the thermal
compressor model as well as operating data. It was shown that this approach eliminates
the need for an explicit desorption temperature input. It was also shown that continued
performance optimization of the thermal compressor can be achieved with this control
scheme. Experimental validation of this control strategy was demonstrated. Fast response
to changes in operating conditions, capacity demand and evaporator temperature was
shown. The thermal compressor control scheme provides the ability to delineate control
aspects unique to absorption systems from the remainder of the cycle. Not only does this

simplify absorption system control in general, but it also provides the opportunity to
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apply research results from a large body of literature associated with vapor compression
system control.

The results from this study can also be applied beyond ammonia-water absorption
systems. For example, the development of desorption and rectification components, their
hydrodynamic investigation and heat and mass transfer modeling efforts are relevant to
other thermal process engineering applications. These applications include various
separation and absorption processes such as desalination and distillation at small
capacities. Also, the investigation of heat and mass transfer contributes to the limited

amount of literature on binary mixture boiling of ammonia-water.

10.2 Recommendations

Several areas of future research are identified. The following research topics build
directly on the results of this study and will contribute to further development of
thermally activated heat pumps.

System L evel Studies:

The primary recommendation is that the findings of this study be applied to the
development of small-capacity ammonia-water absorption systems. This includes the
validation of performance at the system level, i.e., COP improvement. It also includes
integration of the control scheme with the refrigerant side of the cycle. The interaction
between the refrigerant controller and thermal compressor control is of particular interest.
The response to global operating conditions and demand variation while maintaining
stability during the interaction of both controllers should be demonstrated. Validation of
the control scheme at the system level will enable optimization of cascaded thermal

systems with vapor absorption subsystems.
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Thermodynamic Models:

The modeling approach for the quantitative performance characterization of the
thermal compressor can be extended to other cycle configurations. It is recommended
that the statistics based approach be adapted to characterize a thermal compressor for
advanced cycle configurations and different working pairs. It is also recommended that
the steady-state thermodynamic model be integrated with system characterization to
provide a single-layer model instead of the two-layer approach presented in this study.
This includes variable heat exchanger effectiveness as a function of operating conditions
and system load as well as variable refrigerant vapor ammonia mass fraction.

Hydrodynamic Studies:

Computational Work: Computational simulation of liquid-vapor countercurrent
flow in the novel geometries should be investigated. Successful validation of simulation
results with experimental studies will facilitate the design and optimization of novel
component designs. These simulations have the potential to replace experimental
characterization of CCFL. Also, the behavior of hydrodynamic parameters such as
interfacial area can be better understood and more accurately characterized. This can
eventually contribute to better understanding of heat and mass transfer processes during
binary mixture boiling.

Experimental Work: Flow visualization in this study was conducted at adiabatic
and ambient conditions with air, water and an ethanol/water mixture. This provided the
ability to conservatively characterize CCFL and provide estimates for hydrodynamic
parameters relevant to heat and mass transfer. However, it is recommended that flow

visualization studies be conducted for typical operating conditions during ammonia-water
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desorption. This incorporates the effect of local vapor generation and provides a more
suitable baseline for the validation of simulation studies.

Heat and Mass Transfer in Binary Mixture Boiling:

A better understanding of binary mixture boiling is required to improve heat and
mass transfer models for binary mixture desorption. A combination of mechanistic
modeling and experimental validation is recommended. Understanding of the effect of
vapor flow rates in heat and mass transfer during boiling, i.e., the contribution of flow
boiling effects, can lead to improved component designs through the application of
diabatic bubble trays as presented in this study.

Fabrication and Component Scale-up:

The component design concepts developed in this study are generally applicable
for small capacity systems. It is recommended that scale-up of the presented desorption
and rectification design concepts be demonstrated for absorption systems with a cooling
capacity of up to 10-12 kW. Fabrication of microchannel heat exchanger parts using
high-volume manufacturing techniques should also be pursued.

Techno-economic Considerations and Component Fabrication:

Economic viability of potential applications is an essential requirement for the
adoption of this technology. It is recommended that detailed techno-economic analyses
be conducted for specific potential applications. The tools developed in this study, e.g.,
guantitative characterization of the thermal compressor module, facilitate these analyses.
Also, economic viability depends on the reduction of capital costs. It is recommended
that viable and cost effective high-volume manufacturing techniques be investigated and

demonstrated.
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APPENDIX A.

Heat and Mass Transfer Model Sample Calculations

Sample Calculation Heat and Mass Transfer Model

Inputs Equation Result
Pr,=18 1 Nu., = 22.56
\Y% Pr 3 \"4
NUV = Sh/ i
Nu, = 22.56 o = Nuk, o, =180 Wm-*K™*
k, = 0.039 Wm-'K™* Y Dyubore B, =0.0095ms™
Dyuope = 0-49%10° m 4 - Sh, Doy
D,y =2.51x10° m*s™ DI
TV avg — 121.6°C CT _ I:)V C; = 0.5722 kmol m®
R, = 1878 kPa Ryas Ty
Ryas = 8.314 kJ kmol™ K™
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Sample Calculation Heat and Mass Transfer Model (continued)

Inputs Equation Result
My, = 17.03 kg kmol™ i
M, o= 18.02 kg kmol™ A X ine = 0.9444
2 - M NH, )”(V =0.9337
X jint = 0.9415 X int = X, (1_ X, | )
=0.9302 v
v M NH, MHZO
Xy
%, = M NH,
% (1=x)
M NH, M H,0
4,=0.0095 ms™ (2R ny = 6.79x10" kmol m?s™
- = n : "
c, =0.5722 kmol m” b =AG - fiyn, = 6.96x10™ kmol m™?s™
X int =0.9444 g, =1 -2 Ay o = -1.70x10°° kmol m?2s
%, =0.9337 3 :
7 =1.025 o =tr-(1-2)

M g, = 17.03 kg kmol™
My o= 18.02 kg kmol™
fiyn, = 6.96x10™ kmol m™s™
fiy,0 = -1.70x10™ kmol m™s™

Myes .0 =Mu,0 M0

Myes = Myes 1,0 T Maes NH,

Mees iy, = 1.19%107 kg m?s™
Myes 0 = -3.03%10" kg m?s™

Mye = 1.16x10° kg m?s™
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Sample Calculation Heat and Mass Transfer Model (continued)

Inputs Equation Result
T, =114.9°C LMTD, — (Tyin =T ) (o ~To) | LMTD, =6.127K
T, ., = 124.8°C - (Tymn—T.)
! Vin L

Ty o = 118.3°C (T o —T0)
=180 W m-* K™ M,y 4, =-0.1798
A,i,m = 2.27x10° m? - a, Qv =27W
Ny, = 6.96x10*kmol m?s™ | . &,

. 5 2.1 Q=a 1-e% An - LMTD,
fip,o0 = -1.70x10™ kmol m™s’ "€
Cpy = 2.8klkg™
M, ;, = 1.364x10"kgs™ M, = My i + My iy m, =1.149kgs™

2 Tvou = 118.9°C

My o = 1.627x10kgs™
Ty i = 124.8°C

Q =27W

in

Q/ = rT.‘l\/Cp,V (TV,in _TV,out)

m, ;, = 1.364x10"kgs™
m, ;, = 1.364x10"kgs™
My, o = 1.627x10™kgs™

r‘hxl,out = n.‘I\I,in + m'cljes Ant
(m\/,inxv,in + m:les,NHSAint)

out —

rr.1\/ out

My o = 1.627x10kgs™
Xy out = 0.9386

m, ;, = 1.364x10"kgs™
My o = 1.627x10™kgs™
My, = 1.26x10° kg s™

mL,out = mL,in + m\/,in - m\/,out

Moy = 1.23x10° kg s™
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Sample Calculation Heat and Mass Transfer Model (continued)

Inputs

Equation

Result

m, ;, = 1.364x10"kgs™

h, in =1605 kikg™

My o = 1.627x10kgs™

hy o = 1570 kikg™
My, = 1.26x10° kg s™
h i =286.2 kI kg™
Mo = 1.23x10° kg s™
he oue =302.7 kI kg™

Qext r'an L,in +m\/ |nh\/ Jin

outh\/ out mL out L out

Qext =493 W

Q.. =493 W
A, =1.76x10° m?

" Qext
q = =2
Asol

q" =28072W m™

q" =28072 W m~
T, =114.9°C
p_= 1878 kPa

gy, = 1 (Q",PL 'TL)
apo =T (q"’PL ’TL)

ayy, =7492Wm? K™
ay o =6079 Wm? K*

ayy, = 7492 Wm? K™
a0 =6079 Wm? K™
=0.3908

o B -1
| X 1-X
Q\Bjdeal =| — T

ONH,  PH,0

o =6563Wm?*K*
. =3334Wm?K*!

£ 1 Oo 1
K; 0.9685 ONg ideal (1+ K)E

B = 3334 W I;n'z 2K'1 T _ Qext +T Twa” - 12330C
A, =1.76x10" m wall e L
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APPENDIX B.

Data and Uncertainty Analysis

Sample Calculation Thermal Compressor Data Analysis

Inputs \ Equation Result
Refrigerant mass flow rate
m,, =0.007717 +0.000007717 kg 5™ Mg = My — My M, =0.002011 + 0.000005707 (+0.28%)

m,, = 0.005707 + 0.000005707 kg 5™

Ry

efrigerant vapor ammonia mass fraction

Tret =60.73 £0.25°C
Phigh = 1889 + 1.24 kPa
Qref = 1

Xref = f (Tref !Phigh 'qref )

Xref = 0.9983 + 0.00004686

Dilute solution ammonia mass fraction

Tgs = 136.50 £ 0.25°C
Phigh = 1889 + 1.24 kPa
Qas=0

de

=f (Tds , I:)high !st)

Xds = 0.2856 + 0.001027

Concentrated solution ammonia mass fraction

m,, =0.007717 +0.000007717 kg s™
my, = 0.005707 +0.000005707 kg s™

m,e =0.002011 + 0.000005707 (+0.28%)

XCS

_ Mgt Xrer + Mg Xgs

m

(8]

Xes= 0.4713 +0.001064
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Sample Calculation Thermal Compressor Data Analysis (continued)

Inputs

\ Equation

Result

Desorber heat and exergy input

e = 0.06574 +0.000329 kg 5™

TCF,in = 143.00 £ 0.25°C
Teroun= 119.40 £ 0.25°C
Cocr =2.385+0.000759 ki kg™ K™

To=316.2K

Qcr = MeeCp cr (TCF,in _TCF,Out)

(TCF,in _TCF,out)
AEXce = MeeCp cr [ T,
—T,In

CF in,K
TCF,Out,K

Qur = 3.69 % 0.05893 kKW
AExcr = 0.804 % 0.01289 kKW

Refrigerant flow exergy

m,e = 0.002011 + 0.000005707 (+0.28%)

Tres =60.73 £0.25°C
Phigh = 1889 + 1.24 kPa
Qref =1

Treftcin =42.14 £ 0.25°C
Plow = 540.6 £ 0.413 kPa
T, = 316.2K

href = f (Tref 'Phigh +Clref )

Sref = f (Tref ’Phigh ’qref )

EXref = mref h _TOS

ref ref

Xref TC,in = Xref

mref TCin = mref

|r]ref TCjn — f (Tref TCin® I:)Iow 1 Xref TC ,in)
Sref TCin = f (Tref TC,n? I:)Iow 1 Kref ,TC,in)

Exref TC,in = mref TC.in href TC,in _Tosref TCiin
AEXref

AExref = EXref = EXref'TC'in; ]7TC [
AEXcr

href = 1341 + 0.8667 kJ kg™
Sref = 4.24 +0.0026 kJ kg K™
Xret Tc,in = 0.9983 + 0.00004686

Myt 1cjn = 0.002011 + 0.000005707 kg s™
hret Tcin = 1367 + 0.0552 k] kg™

Sref TC.in = 4.864 + 0.0004675 kJ kgt K™
AExrer = 0.3408 + 0.000903 kW

e = 42.38 £ 0. 6889 %
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Sample calculation Desorber heat loss

Inputs Equation Result
Ains = 0.2985 m” - (TCF,in +TCF,out) Ter =131.2°C
Tcrin= 143.00 £ 0.25°C oF = 2 R = 03175 K W™
TCF,OUt = 11940 + 025°C R _ thins Rrad - 06179 K W-l
thins = 0.0127 m " KinsAns Reony = 0.1117 K W
— -1 -1 . . . )
klns 0.04Wm™K Qloss,des = Qloss,des,conv + Qloss,des,rad Qloss,des =91.7W
: Tor —Tone ,
Qloss,des = M 2 _ (Tins _Tamb) Qdes = 3.60 kW
Rins Qloss,des,conv - R
Tamb = 25°C
° i _ (Tins _Tamb)
Tins = 33.67°C Qloss,des,rad - R—
. rad
Qor =369
a
R — Zconv
gins =08 o Ans

1
- Ans o-rad gins (Tins +Tamb )(-I-II’?S +Ta?nb )

Qdes = QCF - Qdes,loss

rad
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Sample Calculation Desorber Component Performance

Inputs \ Equation | Result
Overall heat transfer coefficient
_ 2 — o
Ains - 02985 m LMTD _ (TCF,in _Td )_(TCF,OU'[ _TCS> LMTDdeS - 1204 s 0297 C
Tcrin=143.00 £ 0.25°C des | Tor i Ty Uges = 766.6 + 27.21 W m2K*
n P
Terou= 119.40 £ 0.25°C Ter o = Tos
Tgs= 136.5 £ 0.25°C .
Qdes

Tes=99.16 +0.25°C

U, ——xdes
" A - LMTD,

des

Overall vapor purification efficiency

Tgs=136.5 £ 0.25°C
Tes=99.16 £ 0.25°C
Tvoutdes = 105.2 £ 0.25°C
Phigh = 1889 + 1.24 kPa
Qv,indes = 1

Qv,outdes = 1

X indes = f (Tds’ I:)high’qv,in,des)
X\/,out,des = f (Tv,out,des’ I:)high'qv,out,des)

XV*,out,des =f (Tcs’ I:)highiqv,out,des)

_ XV,out,des - X\/,in,des
77pur U

XV,out,des - XV,in,des

XV’inydes = 08631 * 0001224
Xv,outdes = 0.9629 + 0.0004547

X\j,out,des =0.9727 + 0.0003593

7pur = 91.06 £ 0.5194%
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Sample Calculation Desorber Solution Heat Transfer

Inputs \ Equation | Result
Solution heat transfer coefficient
T =131.2°C R, LMTDyq Rges = 0.00346 + 0.0000876 K W™
thwall - 0.64X10-3 m Qdes Prcg =50.37
Kwan = 16 W m™ K™ Ry = _thya Recr =42.12
nfin—array = 09622 kwall A\Nall NUCF = 4533

Nue = f(L/D,, Rece, Pree) £ 25% . =1195 W m2 K1
Dhcr = 3.76x10" m CF ( h Rece Pree) oF

Ver = 0.286 m? st (Hong and Bergles, 1976) Rcrwan = 0.00212 + 0.000506 K W™
= -1
ker =0.09928 W m™ K™ Pr. — Co.cr Her Rcrwan = 0.00212 + 0.000506 K W
Ques =3.60 £0.050 kW T ke o, = 2231 +1084 W m* K™
des — ¥ = V.
V..D
LMTDges = 12.04 % 0.297°C Re,, = ZcF her
Aol = 0.3656 + 0.007827 m? Her
O = NuCF kCF
CF
Dh,CF
1
RCF =
e A\:F nﬁn—array
RCF,Wall = Ree + Ruan
1

R = R — , o, =
N - RCwaa" - Asol Rsol
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Tes= 99.16 + 0.25°C
Phigh = 1889 % 1.24 kPa
Xgs = 0.2856 % 0.001027
Xes= 0.4713 +0.001064

Sample Calculation Desorber Solution Heat Transfer (continued)
Inputs Equation | Result
Ideal pool boiling heat transfer coefficient
Qges = 3.60 £ 0.059 kW Q. Q. Oye, = 9841 + 274 W m’™
Asor = 0.3656 + 0.007827 m? A 'FL =117.9+0.177°C
= + ° — T +T
Tas = 136.5 £ 0.25°C 7o (TatTe) . ) 0= 3604 £ 70.28 W i K*

" = 2 -1
Ao, = T (Puign To Uies ) Oy, = 2926 + 57.06 W m? K

(Mostinski , 1963)

X (Xcs + de )
L,bulk — 2

X_pui = 0.3716 + 0.0008201
%_ i = 0.3848 + 0.0008314

= 3309 + 64.58 W m? K*

aL ideal —
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E=1 é K'=0.4829 + 0.6296

S K = | Priceal = _4
o, =2231+£1084 W m” K |

O e = 3309 £ 64.58 W m? K™
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Sample Calculation Desorber Mass Transfer

Inputs

\ Equation |

Result

Liquid mass transfer coefficient

T, =117.9+0.177°C
X, = 0.3716 % 0.0008201
% pui = 0.3848 +0.0008314

Phigh = 1889 % 1.24 kPa

U i =0

M, oyt ges = 0.001949 kg ™
ALvint = 0.1035 + 0.000745 m?
7 =0.7756+000621

Interface condition:

Xpjm = T (-FL’Phigh ’qL,int)

-1
S _ XL,int XL,int 1- XL,int
XL,int - M M + M
NH, H,0

NH,

p =T (-rl_’Phigh’qL,int)

M =M H,0 (1_ X bulk ) +M NH, XL bulk

nT — rn\/,des,out (Z MNHS +(1_ Z) MHzo)
AL—V,int

hL,int =f (-rl_’Phigh’qL,int)

X_ = 0.3653 % 0.000807
%= 0.3784 £ 0.000819

M, =17.65+0.000808

i, = 0.001091+0.000008 kmol m?s™
A = 0.001519+0.00001202 m s

hy . =310.8+0.9936 kJ kg'*
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Sample Calculation Desorber Mass Transfer (continued)

Inputs

Equation

Result

Vapor mass transfer coefficient

Tgs= 136.5 £ 0.25°C
TV,dES,OUt = 1052 i 0250C

T =117.9+0.177°C

Quint=1

i, = 0.001084+0.000008 kmol m?s™
Ny, = 1066 kJ kg™

higsi,0= 1905 ki kg™

Phigh = 1889 + 1.24 kPa
R =8.314 kJ kmol* K

.Ir _ (Tv,des,out +Tds)

v 2

Xoine = T (T Pugns @)
X putc = T (T5Prign s O i)
M = T (TLoPign s O

-1
)?V,int _ X\/,int X\/,int n 1- X'\/,int
M NH; M NH, M H,0

-1
)~(V,bu|k _ s,bulk ()I\(\//I,bulk +1T\/|X\/,bulkJ

NH, NH, H,0
hlatent = h\/,int - hL,int

hlatent =z hfg ,NH; +(1_ Z) ) hfg ,H,0

-1
" Z V4 1-z2
7= +

M NH, M NH, M HZO

T, =121.2+0.1758

X, e = 0.9339£0.000501
X, pue = 0.923920.000556
h, ;e = 1573+1.003 ki kg™
%, . = 0.9373+0.0004779
R, puie = 0.927720.0005302

N = 1262+0.07664 kJ kg™

latent
z =0.7657+0.00006402
Z =0.7756+0.0000621
C; =0.5761+0.00045

A, =0.03111£0.001535 m s
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