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SUMMARY

Vapor absorption based heating, refrigeration, ventilation, and air-conditioning
(HVAC&R) systems can utilize low-grade waste heat streams to provide heating and
cooling. These thermally driven absorption systems use environmentally benign working
fluids but require more heat and mass exchangers than conventional vapor compression
systems. The implementation of these systems in the residential and light commercial
market has not been practical for several reasons, including the lack of compact and
economically viable heat and mass exchangers. Indirect coupling of the condenser in an
absorption system to the ambient through an intermediate fluid loop requires additional
electrical input for pumping and lowers the overall coefficient of performance (COP) of
the system. This study considers the development of condensers directly coupled to the
ambient and aims at improving the understanding of heat and mass transfer processes in
heat exchangers used in absorption systems.

A detailed experimental and analytical investigation of air-coupled condensers for
use in small-scale, ammonia-water absorption systems is conducted. Ammonia-water is the
preferred fluid pair in small-scale absorption systems due to its high operating pressure,
which allows for compact component design. Customized round-tube corrugated-fin
condensers are built for an absorption chiller of 2.71 kW cooling capacity operating at
severe ambient temperature conditions. Novel multi-pass tube-array design condensers are
also fabricated for the same application and their performance compared with the
performance of the conventional condensers. A segmented heat and mass transfer model is

developed to simulate the performance of the condensers. A single-pressure ammonia-

XX



water test facility is constructed and used in conjunction with a temperature- and humidity-
controlled air-handling unit to evaluate the condensers at design and off-design operating
conditions. The experimental data are used to validate and refine the design models.
Performance of the condensers is recorded over a range of air temperatures, refrigerant
inlet temperatures, air flow rates, and refrigerant flow rates. Several, operating variables
have a large impact on round-tube corrugated-fin condenser performance, although the
effect of air flow rate was lower. The novel multi-pass condensers demonstrated a steady
increase in performance with increasing air flow rates. Although some fabrication issues
in the present study led to the full potential of microchannel condensers not being realized,
it appears that such multi-pass microchannel tube-array condensers can out-perform the
conventional designs with proper manufacturing techniques. The results from this study

can be applied for the development of a variety of condensers of novel configurations.

XXi



CHAPTER 1: INTRODUCTION

Space conditioning is typically provided by electrically driven vapor compression
systems. In these systems, compressors are used to increase the pressure of the refrigerant,
thus increasing its saturation temperature and allowing heat rejection in the condenser. The
refrigerant is then expanded to a lower pressure and temperature and flows through an
evaporator to draw heat from the conditioned space. The refrigerant vapor then flows into
the suction side of the compressor, thus completing the cycle. Figure 1.1 Schematic of

vapor compression system shows a schematic of a vapor compression system.

Qout

X Compressor

Win

Qin

Figure 1.1 Schematic of vapor compression system

Vapor-compression cycles have several drawbacks, including the high-grade

energy input required for the compression process. The large power consumption of these



systems is a significant contributor to both electricity and fuel usage, which in turn results
in significant greenhouse gas emissions. The power drawn by the compressors in vapor
compression chillers and air conditioners leads to high loads for electric utilities during
peak periods. Additionally, these systems have relied on the use of synthetic refrigerants
that contribute to global climate change.

Energy demand across the world is satisfied by chemical energy stored in fuels, and
other sources such as wind, solar, nuclear, and geothermal. In the United States, even with
significant advances in renewable energy generation, energy from fossil fuels still accounts
for 81% of the total energy produced (EIA, 2016). Out of this energy produced from the
combustion of fossil fuels, approximately two-thirds is ultimately rejected as low-grade
waste heat due to conversion losses (Rattner and Garimella, 2011). VVapor absorption heat
pumps can utilize this low-grade waste heat as the primary energy input to provide heating
and cooling. These systems provide an alternative to conventional vapor compression
systems, reducing the peak demand for electricity (Ziegler, 1999). A schematic of a single-
effect absorption cycle is shown in Figure 1.2. These systems also typically use
environmentally benign working pairs with no potential for global warming or ozone

depletion (Lorentzen, 1995).



Qout '
[l 2 1

Condenser

Solution heat
exchanger

oorator ,orber
Qin Qout

X Pump [

]

in

Figure 1.2 Schematic of single-effect absorption cycle

However, absorption systems require more heat and mass exchangers than vapor
compression systems. The mechanical compressor in a vapor compression system is
replaced by two heat and mass exchangers (the desorber and absorber) and a pump that
accomplish the same task using thermal energy as the input (Herold et al., 1996; Srikhirin
et al., 2001). As the number of components in the system increases, the system size also
increases, which leads to high capital costs. Thus, absorption systems have been
historically used in large-capacity industrial applications and in district heating and

cooling. In such applications, these systems are either driven by waste heat from industrial

processes or high-grade heat from the burning of fossil fuels.
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These thermally driven absorption systems are better suited for large-scale applications
with abundant thermal resources and relatively fewer constraints on component size and capital
cost. Although low-grade thermal energy and waste heat are abundant, their disperse nature
makes them challenging to utilize. These resources include solar thermal, geothermal, engine
exhaust heat from transportation, and small-scale stationary power generation (Delahanty,
2015). Such energy sources can best be used in small-scale absorption systems for residential
and light commercial applications, but small capacity absorption systems have thus far

been challenging to implement.
1.1 Small Scale Absorption Heat Pump

A single-effect absorption cycle is a basic absorption cycle consisting of a
minimum number of components. Advanced absorption cycles for improved efficiency
with more internal heat recovery components and multiple stages of desorption have been
proposed by researchers including Ziegler (1999), Kang et al. (2000), and Srikhirin et al.
(2001). However, these advanced cycles need careful evaluation based on the application,
and they consist of more components leading to larger systems. Thus, a single-effect
absorption cycle is most suited for small-scale waste heat recovery. The single-effect
absorption system considered for the present study is discussed in the next section and is
shown in Figure 1.7.

An absorption heat pump requires a binary mixture as the working fluid, with one
component acting as the refrigerant and the other component serving as the absorbent. The
refrigerant enters the condenser usually as a saturated vapor of high purity refrigerant in a
mixture with a volatile absorbent, or as a superheated refrigerant vapor in a mixture with a

nonvolatile refrigerant, and undergoes condensation through heat rejection. The pressure
4



and temperature of the refrigerant are decreased by flowing it through an expansion valve,
after which the refrigerant flows through the evaporator, drawing heat from the
surroundings. In the absorber, refrigerant vapor from the evaporator is absorbed into the
dilute solution, yielding the concentrated solution. The absorber component rejects the heat
of absorption and sub-cooling of the concentrated solution. A pump is used to pressurize
solution leaving the absorber and circulate solution between the absorber and desorber. The
desorber receives heat from the source and desorbs the refrigerant from the concentrated
solution. In addition to the main heat exchangers: condenser, evaporator, absorber, and
desorber, the single-effect system under investigation also uses two recuperative heat
exchangers (the solution heat exchanger and refrigerant pre-cooler) to increase the
coefficient of performance of the cycle (COP). A rectifier component is also used
downstream of the desorber to increase refrigerant purity when the working fluid has a
volatile absorbent. Heat rejected in the condenser and absorber can be used to provide heat
to the conditioned space in heating mode operation, while heat received by the evaporator
is used to provide cooling to the conditioned space in cooling mode.

Typical working fluid pairs for absorption systems include water-lithium bromide
(H20-LiBr) and ammonia-water (NH3-H20) (Ziegler, 2002). Advantages of H>O-LiBr
systems include the non-volatility of lithium bromide, which eliminates concerns about
refrigerant purity, and the high heat of vaporization of water. Disadvantages of H.O-LiBr
systems include the possibility of crystallization and increased potential for air ingress into
the system (Srikhirin et al., 2001). At the low temperature in the evaporator, the vapor
pressure of water in water-lithium bromide cycles is well below the ambient air pressure

(Pvap = 0.873 kPa at 5°C). Additionally, at such pressures, the specific volume of water
5



vapor is very large (Vwatervap = 147 m® kgt at 5°C), leading to a significant increase in
system size, which renders small-scale applications infeasible. Finally, H.O-LiBr systems
cannot be used for applications where the evaporator must operate below 0°C due to
freezing concerns.

Ammonia-water has been used as the fluid pair in absorption systems since the late
1800s and is receiving renewed attention due to its environmentally benign aspects such as
zero ozone depletion potential (ODP) and significantly lower global warming potential
(GWP) as compared to conventional refrigerants (Herold et al., 1996). The low freezing
point of ammonia (—77°C) enables low system operating temperatures with applications in
both heating and cooling (Srikhirin et al., 2001). In addition, the high operating pressure
of ammonia-water systems allows for compact component designs that enable small-
capacity units. However, the use of ammonia-water also presents a variety of design
challenges. Lightweight and high thermal conductivity materials such as copper and
aluminum are not compatible with ammonia-water. Mini- or microchannel heat exchangers
have been shown to enhance heat and mass transfer and provide high surface area-to-
volume ratios. In crossflow air-coupled heat exchangers, the focus of the present study,
mini- and microscale geometries are implemented using extruded rectangular tubes. These
small rectangular tubes provide high tube-side heat transfer coefficients and are usually
combined with louvered fins to yield compact and efficient air-coupled heat exchangers,
as shown in Figure 1.3. However, materials that are compatible with ammonia, such as
steel, are not conducive to extrusion. Due to these manufacturing challenges, ammonia-
water systems have not benefited from the reduction in size and improvement in

performance that results from the use of compact air-coupled heat exchangers.
6
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Figure 1.3 Extruded rectangular tube geometry for air-coupled
heat exchangers (Garimella et al., 1997)

1.2 Condenser in Compact Absorption Systems

The condenser in an absorption heat pump cycle rejects the heat of condensation to
the ambient while condensing the refrigerant vapor to the liquid phase, in a manner similar
to that of a condenser in vapor compression system. The absorbent (water) in an ammonia-
water system is volatile and high concentrations of water (>1%) in the refrigerant stream
cause a significant temperature rise in the evaporator, adversely affecting the cooling
capacity of the system. Thus, for efficient operation of an ammonia-water absorption cycle,
a rectifier component is required to purify the refrigerant vapor before entering the
condenser (Srikhirin et al., 2001). The refrigerant vapor exiting the desorber is cooled by
the rectifier to condense most of the residual water vapor and increase ammonia
concentration. This lowers the temperature of the refrigerant at the inlet to the condenser,
posing a greater challenge for the condenser to reject heat to the ambient due to the lower

temperature difference available for heat rejection.



In some implementations, the condenser in an absorption system is hydronically
coupled with ambient air through an intermediate coupling loop, as shown in Figure 1.4.
Indirect air coupling allows for the use of a non-corrosive single-phase fluid that enables
the use of compact air-coupled heat exchangers made of materials with high thermal
conductivity. Several researchers Ferreira et al. (1984); Meacham and Garimella (2004);
Fernandez-Seara et al. (2005); Garimella et al. (2016) have utilized efficient and compact
heat exchangers in absorption systems by indirectly coupling to the ambient with an
intermediate fluid loop. However, the additional electrical input for pumping of the
coupling fluid and the increased temperature difference between the ambient and the
refrigerant cause a decrease in system COP. Eliminating this coupling loop reduces
packaged system size, increases COP, and improves the viability of implementation in
mobile and small-scale systems. This requires the use of direct air-cooled condensers,
which in turn also pose a number of design challenges. In comparison to large absorption
cycles that use cooling towers and the resulting ambient wet bulb temperature as the heat
sink, compact dry air-coupled systems require higher refrigerant temperatures because of
the poor heat transfer properties of air (Herold et al., 1996). A higher refrigerant
temperature increases the operating pressure and water concentration, thereby affecting

system performance adversely.
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Figure 1.4 Indirect-and direct-coupled condenser systems

Because of these challenges, there is a need for the development of compact air-
coupled heat exchangers compatible with ammonia-water for small-scale energy recovery.

The present study investigates such condensers through analytical models validated by

experiments.

1.3 Scope of Present Study

The objective of the present work is to improve the understanding of the heat and
mass transfer in compact air-coupled condensers used in absorption systems. The work
includes a detailed analytical and experimental study of air-cooled condensers for small-
scale ammonia-water absorption heat pumps. Conventional round-tube corrugated-fin
condensers used in ammonia-water systems are evaluated in this study. A novel multi-pass

tube-array condenser design is also explored and its performance is compared to that of the

conventional condensers.




All the condensers are built for a compact single-effect ammonia-water absorption
chiller of 2.71 kW cooling capacity operating at severe ambient temperature conditions
(51.7°C) representative of forward operating bases in the Middle East. A CAD model of
the corresponding absorption system is shown in Figure 1.5. The CAD model is used to
locate major components such as the absorber, condenser, desorber, pump assembly, and

others in the system, and to determine fluid routing.
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Chilled water
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Chilled water supply
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Solution Solution pump
tank assembly tank

Desorber Refrigerant

Figure 1.5 CAD model of compact absorption chiller under consideration

A prototype of the absorption chiller system is built based on the CAD model as
shown in Figure 1.6. The space constraints in this compact absorption packaged system

dictate the dimensions and size of the condensers and thus limit the air-flow area. The
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maximum length and height of a condenser that would fit in the compact system are 0.54

m and 0.46 m, respectively.

Figure 1.6 Prototype of compact absorption chiller system under
consideration

This compact absorption chiller is built for waste heat recovery from small-capacity
diesel engine power generators for defense applications in severe environments. This
compact ammonia-water absorption system is directly fired by exhaust gas from the diesel
generator at ~400°C. The design ambient air for heat rejection by the chiller is at 51.7°C

with 18% relative humidity. The cycle model for this absorption system at the design
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conditions was developed by Forinash (2015), with a schematic shown in Figure 1.7. The
focus of the present study is to characterize and improve the performance of the air-coupled
condenser in the system (enclosed in red). Based on this cycle model, the design heat

transfer rate for the condenser is 2.51 kW.

—————
5 6 ™
Rectifier
( Condenser \ e
1917 Refriger;?t Vapor 16 14 15
aaas !
Y 30 31 —=-39
; 9
Air f
Coupling ) Desorber &
20 25— ——38 3 ‘
Dilute Solution ‘é
= 12 —=—11 ¢
§ 2 11
>3 8 -
5 o Y
xr & SHX
21 24 7 —-—
13
4
Evaporator x Absorber Cj

22 23L—»—26 23
VA1 [

29 28
! b Air g+

34_____35 Couplin

37 36

I 4

Conditioned
Space

Figure 1.7 Cycle model of ammonia-water absorption system
(Forinash, 2015)
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The results from this cycle model are used to determine the refrigerant inlet for the
condenser at design conditions, which are shown in Table 1.1. The refrigerant is assumed
to be in a saturated vapor state when entering the condenser. The cycle model predicts an
ammonia mass fraction of 99.8% in the refrigerant and a temperature of 74.74°C at the
inlet of the condenser. Also for the tube side, an allowable pressure drop of 13.7 kPa is

budgeted in the cycle model.

Table 1.1 Condenser inlet conditions from cycle model (Forinash, 2015)
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The volumetric flow rate of air through the condenser is determined by the fans in
the packaged system unit. A higher flow rate of air consumes more fan power leading to a
decrease in the overall COP of the system. A design volumetric air flow rate of 0.354 m*
st is selected based on the optimal fan power allowance and air distribution between the
air-coupled absorber and condenser. Also for the air side, an allowable pressure drop of 62
Pa is budgeted in the cycle models.

Both the conventional and novel condensers are designed and modeled using the
inputs discussed above at design conditions. A segmented heat and mass transfer model is
used, which divides the heat exchanger into several segments of equal length to account
for variation in fluid flow and heat transfer processes due to changes in properties during
the condensation process. Prototype condensers (first versions) are fabricated for both

13



conventional and novel multi-pass condensers. The condensers are experimentally
evaluated at design and off-design operating conditions in an ammonia-water test facility
coupled with an air-handling unit. The experimental results are used to fine tune the models
and updates are made to the condenser designs. Prototypes of these new designs (second
versions) are experimentally evaluated at design and off-design conditions. The results
from the experiments are compared with model predictions, and reasons for differences
between them are postulated. The present study will guide the development of designs of

compact and efficient condensers of novel configurations.
1.4 Thesis Organization

The subsequent chapters of this thesis are organized as follows:

Chapter 2 provides a review of the literature on air-coupled condenser modeling based on
models for tube-side and air-side performance. Previous work on air-coupled condenser
evaluation and development is also discussed in this chapter.

Chapter 3 describes the modeling approach adopted to predict the performance of both the
conventional and novel multi-pass condensers.

Chapter 4 describes the fabrication of the condensers and the experimental setup. Details
of the experimental procedure for the evaluation of the condensers are also provided in this
chapter.

Chapter 5 presents the results from the analysis and experiments of the condensers. The
model predictions for both the condenser types are compared with experimental heat duties

at design and off-design conditions in this chapter.
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e Chapter 6 summarizes the major findings and conclusions from the present study.
Recommendations for further study of air-coupled heat exchangers for compact ammonia-

water absorption systems are also provided.
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CHAPTER 2: LITERATURE REVIEW

A review of the literature pertinent to the present study is discussed in this chapter.
For the analytical models, the reviewed literature is organized into two main sections: tube-
side and air-side. Studies on air-coupled heat exchangers for ammonia-water systems are

also reviewed.
2.1 Tube-Side Models

This section discusses prior work on tube-side heat transfer and pressure drop
modeling of condensers. Significant research has been done to understand and model
condensation in different tube geometries. Both round-tube corrugated fin condensers and
the multi-pass tube-array condensers consist of horizontal tubes. Several heat transfer and
pressure drop models exist for horizontal tubes, but relatively fewer models apply to the
velocities and tube diameters under consideration in this study. Furthermore, ammonia-
water is a zeotropic mixture, leading to a decrease in saturation temperature as
condensation proceeds. Due to the high ammonia concentration (> 99%) in the vapor
entering the condenser, this temperature glide occurs near the inlet of the condenser where
the water fraction is relatively higher (Garimella and Coleman, 1998). Thus, mass transfer
resistance is also accounted for in the tube-side of the models to predict heat transfer rates
of the condensers accurately. Various condensation heat transfer and pressure drop
correlations are reviewed, and their applicability to the condensers for the present

application is evaluated.
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2.1.1 Two—phase flow regime

Past research has shown that the heat transfer coefficient is dependent on the flow
pattern during condensation in addition to its dependence on fluid properties, mass flux,
vapor quality, and orientation with respect to gravity. In the shear-dominated annular flow
regime, uniform heat transfer occurs approximately through the entire perimeter of the flow
channel (Ghiaasiaan, 2007). In contrast, the wavy and slug flow regimes are dominated by
gravity, and a pool of condensate fills the bottom, while a thin condensate film covers the
top of the tube. In this case, heat transfer occurs mainly through the top part of the channel
because of the high thermal resistance in the liquid pool at the bottom (Ghiaasiaan, 2007).
Thus, the prevailing two-phase flow regime inside a segment is important in determining
the appropriate correlation for tube-side heat transfer and pressure drop for that segment.

While there are several studies in the literature on two-phase flow regimes (Baker,
1953; Mandhane et al., 1974; Taitel and Dukler, 1976), studies focusing on flow regimes
during condensation in horizontal tubes are most pertinent to the present work. Soliman
(1982) derived a criterion for the transition between wavy and annular flow regime using
modified Froude number. The criterion is based on data collected with water, acetone, and
refrigerants in 4.8 mm to 25 mm diameter horizontal tubes. The wavy flow regime defined
by Soliman (1982) included both slug and stratified flow regimes, and no criterion is
provided to distinguish the two. The flow regime map developed by Coleman and

Garimella (2003) is based on the data obtained from R134a refrigerant flowing horizontally
in circular (D= 4.91 mm) and rectangular ( D, = 4.8 mm) channels. The map defines all

the condensation flow regimes inside a horizontal round tube as a function of refrigerant
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mass flux and quality. Recently, Nema et al. (2014) used the database of Coleman and
Garimella (2003) to develop a flow regime map. The map takes into account transition
between macro and microscale effects and fluid property effects by utilizing dimensionless
parameters. The flow regime map (Figure 2.1) by EI Hajal et al. (2003) adapts the flow
boiling pattern map of Kattan et al. (1998a) for condensation inside horizontal tubes. As
seen from this figure, saturated vapor entering the condenser goes directly into either the
annular flow regime or the stratified flow regime based on the mass flux. The study divided
the gravity-controlled stratified flow regime further into fully-stratified and stratified-wavy

flows and is determined by Gstrat.
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Figure 2.1 Condensation flow-regime map (El Hajal et al., 2003)

The authors also propose a new correlation for two-phase flow void fraction (VF),
preferable for heat transfer coefficient calculations. The VF is based on the drift flux model

of Rouhani and Axelsson (1970), which was further modified by Steiner (1993) for
18



horizontal tubes and is shown in Equation (2.2). The void fraction suggested by El Hajal
et al. (2003) for two-phase flow pattern map and heat transfer calculations is a logarithmic
mean of the homogenous void fraction and the Steiner (1993) correlation. A comparison

of the various void fraction correlations at design conditions of the present study is

r -1
1-
VE, = |14] A || 2 (2.1)
hom p q
L refr

-1
- 1- 1.18(1-q,, ) 9o (Ap)°®
VFRA — qfef" |:1+0.12(1_qrefr) |:qrefr + qrefrj|+ ( q f )gos ( ,0) (22)
P LA PL GrefrpL.

provided in Figure 2.2.
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Figure 2.2 Comparison of void fraction correlations in the literature

It is noted in the study that, for condensation, the saturated vapor entering the
condenser tube forms either a thin liquid film around the perimeter as an annular flow or a
liquid layer at the bottom of the tube and a condensing film on the top. The latter is further
subdivided and defined separately as stratified and stratified-wavy in the flow pattern map
by El Hajal et al. (2003). This gravity-driven stratification of the vapor and liquid phases
is due to the low mass flow rate of refrigerant and is typically seen in small-scale absorption

systems.

2.1.2 Condensation

One of the earliest correlations for condensation in horizontal tubes was provided

by Akers et al. (1958). They used an equivalent two-phase Reynolds number model, where

20



the all-liquid flow rate is used to define the Reynolds number. This equivalent two-phase
Reynolds number was used in a single-phase, turbulent flow equation to predict the
condensation Nusselt number. The condensation heat transfer coefficient is obtained from
the Nusselt number by using the liquid thermal conductivity and the diameter of the tube.
This correlation over predicts condensation heat transfer coefficients, especially at high
mass fluxes (Bandhauer et al., 2006).

The empirical correlation developed by Shah (1979) is widely used for predicting
condensation heat transfer for a variety of refrigerants in horizontal, vertical, and inclined
round tubes. The correlation was based on 474 data points from 21 experimental studies
over a wide range of heat fluxes, mass fluxes, vapor velocities, and reduced pressures.
Although numerous other researchers (Dobson and Chato, 1998; Moser et al., 1998)
compared this correlation and reported good agreement with their data, it was not suitable
for very low flow rates and newer refrigerants. Later, Shah (1981) recommended
conservative limits for this correlation such as all-vapor Reynolds number should be
greater than 35,000 for the correlation to be applicable.

Shah (2009) updated his earlier correlation by expanding the database to include 39
sources for 22 fluids that include water, halocarbon refrigerants, hydrocarbon refrigerants,
and a variety of organics condensing in horizontal, vertical, and downward-inclined tubes
of diameters varying from 2 mm to 49 mm. The correlation is regime dependent. Two flow
regimes are proposed for horizontal tube condensation based on dimensionless vapor
velocity (Jg) and Shah’s correlating parameter (Z). However, only one flow regime (regime

1) is applicable for the present study because of the very low vapor Reynolds number in the

21



condensers for all test conditions. The correlation computes the heat transfer coefficient
assuming all the mass is flowing as a liquid, as shown in Equation (2.4).

0.8
a, = o.ozsk—L(%j Pro (2.4)
L

The heat transfer coefficient for regime |, according to Shah (2009), is calculated
using Equation (2.5).

’ - 38qroe7re l_qrer o
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(2.5)
n =0.0058+0.557P. =0.1508

The total refrigerant mass flux is Grefr, While qrefr refers to the average quality of the
solution.

This new correlation was found to have lower mean deviation than the original
Shah (1979) correlation, and was tested at reduced pressure range of 0.0008 to 0.9 and for
a vast range of flow rates (4 to 820 kg m2s™) for vertical tubes. However, further research
is needed to validate and extend it for horizontal and slightly inclined tubes at all-vapor
Reynolds numbers less than 16,000.

The mass flow rate of the refrigerant in the condenser of an absorption system for
residential and light commercial applications is typically very low, 2.47 g s™* for the present
study; therefore, gravity-driven condensation heat transfer correlations are the most
applicable. The dominant heat transfer mode in this regime is conduction across the film
at the top of the tube. Analytical studies on film condensation started with the pioneering

work done by Nusselt (1916) for a pure fluid on a vertical plate. Chato (1960) developed a
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similarity solution to extend the Nusselt correlation to falling-film condensation inside
tubes. This is applicable only for stratified flow with low vapor velocities where condensate
film covers most of the upper portion of the tubes. He also developed a separate analytical
model to predict the depth of the liquid pool and compared it with experimental results
using R-113 refrigerant in a tube of 27.94 mm diameter. The depth of the liquid pool at the
bottom was found to be relatively constant, which allowed the heat transfer data to be
predicted using a Nusselt-type correlation. A coefficient is included to account for the
decrease in heat transfer due to the thickness of the liquid pool at the bottom of the tube.
Jaster and Kosky (1976) added the effect of variation of liquid pool depth in a manner
consistent with pressure-driven flows. However, both the correlations (Chato, 1960; Jaster
and Kosky, 1976) neglect the heat transfer that occurs in the pool at the bottom of the tube.
Convective heat transfer through the pool becomes significant at high mass flux and low
quality situations. This effect was observed by Dobson and Chato (1998) experimentally
at mass fluxes above 75 kg m™?s™. A detailed experimental study on condensation in
horizontal tubes over different flow regimes was conducted by Dobson and Chato (1998).
They also captured the effect of interfacial-shear by the vapor on the condensate film based
on their data. In contrast to ideal stratified flow, the liquid condensate film does not fall
vertically due to gravity, and has both axial and circumferential components at high vapor
velocities. To accommodate these effects, they developed a correlation for wavy flow,
guided by a combination of experimental data analysis and analytical solutions. The
correlation separately takes into account film condensation in the upper part of the

horizontal tube and forced convection in the bottom pool.
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Cavallini et al. (2002) compared horizontal tube condensation heat transfer
coefficients from most of the past prediction methods with data obtained by independent
researchers for halogenated refrigerants. This comparison showed that the available
prediction methods either cannot be applied because of the cited limits of the applicable
range, or significantly over predict the data, typically by 20-40%. A new heat transfer
model was developed by Cavallini et al. (2002), which showed an improvement upon past
methods. However, this model included a large number of empirical constants and showed
an abrupt jump in the heat transfer coefficient across flow regime transitions. To avoid
these inconsistencies and also accurately predict the hydrocarbon condensation data,
Thome et al. (2003) proposed a heat transfer model for condensation inside horizontal,
plain tubes with fewer empirical constants and exponents. Their model was based on a
database consisting fifteen fluids and assumed two types of heat transfer mechanisms in
the tube, convective condensation and film condensation. They defined convective
condensation as the axial flow of condensate along the channel due to the imposed pressure
gradient, and film condensation as the flow of condensate from the top to the bottom of the
tube due to gravity. Thome et al. (2003) used two-phase simplified flow structures
originally developed by Kattan et al. (1998b) for flow boiling regimes, with the only
difference that the top of the tube is wetted by film condensation rather than remaining dry,
as is the case during evaporation. They assumed three simplified geometries for describing
annular, stratified wavy and fully stratified flow. The final model was found to predict 85%
of the non-hydrocarbon database to within 20%, and 75% of the entire refrigerant database

to within 20%.
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2.1.3 Effect of zeotropic mixture

Condensation of binary or higher order zeotropic mixtures is affected by two factors
that effectively reduce the heat transfer rate in condensers. Firstly, as vapor is converted to
liquid, there is a nonlinear shift in the equilibrium phase concentrations. For example, in
the case of condensation of ammonia-water, the ammonia concentration in the liquid phase
increases along the length of the condenser. This change in equilibrium phase
concentrations causes a change in the equilibrium temperature, which results in a non-
constant condensation temperature (temperature glide, i.e., the difference between the
bubble point and dew point temperatures.) Thus, the driving temperature (Tinterface — Twall)
for condensation decreases throughout the condensation process, which reduces the heat
transfer rate. Secondly, the condensation process is a local interfacial phenomenon with
the less volatile component (water in this case) condensing more readily than the more
volatile component (ammonia in this case), which results in a concentration gradient in the
vapor phase. The concentration gradients in the vapor and liquid phases are referred to as
a non-equilibrium condition. This mass transfer resistance limits the condensation process.
Thus, the change in condensation temperature reduces the overall heat transfer rate and the
mass-transfer resistance limits the rate of condensation. The condenser size is highly
sensitive to both the temperature difference between the working fluid and the coolant, and
the heat transfer coefficient. Thus, accounting for the temperature glide and the mass
transfer resistance in the models is critical to correctly determine the required condenser
surface area.

Different approaches have been used in the literature to model condensing mixtures

for condenser design. Two most widely used methods to model the condensation of a
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zeotropic mixture are non-equilibrium method and equilibrium method. The non-
equilibrium method is more theoretically sound, but can require substantial computational
resources. There is high uncertainty in mixture diffusivity properties, which makes
calculation of mass transfer coefficient of vapor difficult for the non-equilibrium model
(Fronk and Garimella, 2016a, b). To overcome these challenges, a simplified equilibrium
model was presented in similar studies (Silver, 1947; Bell and Ghaly, 1973). According to
Hewitt et al. (1994), there are two principal assumptions in this model. Firstly, both the
liquid and vapor phases follow the equilibrium condensation curve and their respective
enthalpies are those of the equilibrium phases at the vapor bulk temperature. Due to this
assumption, the calculation method is often referred to as the equilibrium model, or the
Silver-Bell-Ghaly (SBG) model, named after those who first popularized it (Silver, 1947;
Bell and Ghaly, 1973). Secondly, the heat released due to condensation is assumed to pass
from the interface to the coolant. In this model, sensible heat is transferred from the bulk
vapor to the interface by convective heat transfer, where the heat transfer coefficient is
calculated for the given geometry assuming only vapor is present, using vapor bulk
properties and vapor mass flux. The argument provided by Bell and Ghaly (1973) is that
calculating the sensible heat transfer coefficient in the vapor phase will result in a
significant under prediction, because two-phase enhancement effects are not considered.
The central idea is that the additional resistance from mass transfer, which is not calculated,
will be compensated for by the underestimation of the vapor heat transfer coefficient. The
decrease in condensation temperature as condensation proceeds is calculated by tracking
the equilibrium temperature of the entire mixture. The SBG method can be used in

conjunction with any of the pure fluid correlations, as demonstrated by Hewitt et al. (1994).
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The SBG method has been used by several researchers for zeotropic mixture
condensation including Del Col et al. (2005) and Cavallini et al. (2006). The study by Del
Col et al. (2005) applied the SBG method based on the prevailing two-phase flow regimes
inside the horizontal tube. In this study, the flow regime map of El Hajal et al. (2003) and
heat transfer model of Thome et al. (2003) for pure fluid condensation were used. The heat
transfer contributions of convective condensation and film condensation were used, along
with their respective surface areas. To determine the respective heat transfer areas,
simplified flow structures for two-phase flow patterns were used, similar to Thome et al.
(2003). The SBG method was separately applied to film condensation and convective
condensation to account for the effect of mass transfer resistance due to zeotropic mixture
condensation. The flow regime based overall local heat transfer coefficient proposed by
Del Col et al. (2005) has been validated with data for refrigerant mixtures with temperature
glides of 3.5 — 22°C. The proposed method predicted 98% of refrigerant heat transfer data
from Cavallini et al. within £20%, and 70% of the data from other independent researchers
within £20%. A summary of the above heat transfer studies, along with their range of

applicability is shown in Table 2.1
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Table 2.1 Summary of condensation correlations for horizontal tubes

Zeotropic

ALTIOIE) Approach Working Fluids Mixture ot Range of Applicability
(Year) (mm)
Effects
R-11, R-12, R-22, R-113, benzene, Not 10.8 <G <210.6 kgm?s?t
Shah (1979) Empirical ethanol, methanol, toluene, included | 71040 21 < Ter < 310°C
trichloroethylene, water 0.002 < P; <0.44
R-11, R-12, R-22, R-32, R-113, R-123,
R-125, R-134a, R-142b, R-404A, R-502, 2 1
Shah (2009) Empirical R-507, propylene, isobutene, propane, incl}llj)(;e q 2to 49 4 <O(30<032<0Pkg<r8 98
benzene, Dowtherm 209, ethanol, ' e
toluene, methanol, water
Chato (1960) Analytical, R-113 Not 28 Stratified flows with low vapor
empirical included velocities
2 o1
Dobson and Chato | Experimental, | R-134a, R-22, 60/40 and 50/50 blends of Not 3.14, 25 2? <<'IE'3 Oto <k6%£2: 3
. - - sa
(1998) adiabatic R-32 and R-125 included | 4.57,7.04 0.21 <P, <057
Cavallini et al. 22 R- ] 32 R- ] 100 <G <750 kgm*s*
2002 Empirical R-22, R-134a, R-125, R-32, R-236ea, R ' Not 3t0 21 30 < T < 50°C
(2002) 407C, R-410A included
Pr <0.75
R-11, R-12, r-22, R-32, R-113, R-125, R-
Thome et al. Analytical, 134a, R-236ea, a R-32/R-125 near Not 3.1to 24 <G <1022 kgm?s?t
(2003) empirical azeotrope, R-404A, R-410A, propane, n- | included 21.4 0.02<P;<0.8
butane, iso-butane and propylene
Del Col et al. Analytical, R-125/236ea (46/54 — 28/72 %) 50 < G <400 kgm?s'
(2005) empirical R-22/124 (20/80 — 80/20%) Included 75,8 3.5 < Tglide <22°C

R-290/600 (25/75 — 75/25 %)

19 < Tsat < 57°C
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2.1.4 Two-phase pressure drop

The condenser in an absorption system works on the high saturation pressure side
of the refrigerant similar to its operation in a vapor compression system. The low mass
flow rate of refrigerant through the condenser usually leads to relatively small pressure
drop, and is usually not a concern. However, a large pressure drop in the condenser would
lead to a decrease in the saturation temperature of the refrigerant, negatively impacting heat
rejection rates from the condenser. Thus, it is important to characterize and minimize the
pressure drop on the tube-side of the condenser.

Pressure drop during condensation can be attributed to major, minor, gravitational,
and deceleration components. The major loss component or the frictional pressure drop of
the two-phase refrigerant plays a significant role in the overall pressure drop. Prior work
on two-phase frictional pressure drop is discussed here.

The frictional pressure drop for two-phase flows is commonly calculated either
using a homogenous mixture model or through the application of a two-phase flow
multiplier to the corresponding single-phase pressure drop. In a homogenous mixture
model, the two phases are assumed to be well mixed and flow with identical velocities. A
simple method used by researchers for calculating two-phase flow pressure drop in
homogenous flow is by analogy to single-phase flow. A single-phase correlation for
friction factor such as the Blasius correlation for turbulent flow (Blasius, 1913) is used, but
with the two-phase Reynolds number. The two-phase Reynolds number is similar to the
single-phase Reynolds number; however, its calculation requires an appropriate estimate

of viscosity of homogenous gas-liquid two-phase mixtures. A widely used correlation for
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the homogenous mixture viscosity is provided by McAdams et al. (1942) based on liquid

and vapor viscosities, and flow quality.

-1

X 1-x

Hrp :[_"‘ j (2.6)
Hy He

This simple homogenous flow idealization performs reasonably well for well-
mixed two-phase flow patterns such as dispersed, bubbly or mist flow. However, its
predictions deviate from most experimental data, and empirical correlations that use two-
phase flow multipliers remain the most widely used method to predict pressure drop in
two-phase flows (Ghiaasiaan, 2007). This concept was originally introduced by Lockhart
and Martinelli (1949) and is based on a simple separated flow model. The two-phase
multiplier (@) is used with single-phase pressure gradient to find the two-phase pressure

gradient as shown in Equation (2.7).

(5.2
dZ fric, TP dZ fric,xx

xx = L0, VO, L, or V

(2.7)

Here, the right hand side pressure gradient term is single-phase, while subscript xx
corresponds to the type of single phase. Subscripts LO and VO correspond to frictional
pressure gradient when the entire mixture is assumed to be liquid and vapor respectively.
Whereas the L and V subscripts correspond to the liquid and vapor fraction of the mixture,
and the mass flux used for these two cases depends on the local quality of the mixture.

Lockhart and Martinelli (1949) assumed that the two-phase multiplier is a function of the

Martinelli parameter (X). They graphically correlated the two-phase multipliers, ®Zand
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®?, as functions of X. Simpler algebraic expressions have been proposed by curve-fitting

the Lockhart and Martinelli (1949) multipliers while also accounting for interfacial shear
forces between the phases (Chisholm and Laird, 1958; Chisholm, 1967). The expressions
are shown in Equation (2.8) where the constant C depends on whether the liquid and vapor
phases are in laminar or turbulent flow.

O =1+CX + X, ®i=1+%+% (2.8)

The most widely used general-purpose correlation based on an extensive data bank
for two-phase frictional pressure drop is proposed by Friedel (1979). The multipliers of
this correlation are a function of the Weber number, Froude number, single-phase friction
factors, and vapor and liquid phase properties. Friedel (1979) proposed separate
correlations for horizontal or vertical upward flow and vertical downward flow. Miller-
Steinhagen and Heck (1986) compared various empirical correlations for two-phase
pressure drop with data for steam-water, R-12, and Argon. They reported that for steam—
water, the Friedel (1979) correlation does better than other correlations, with about 40% of
the data within a relative error of 30%. Chen et al. (2002) collected experimental two-
phase frictional pressure drop data from the literature and found that the Friedel (1979)

correlation predicted the data fairly well.
2.2 Air-Side Models

This section discusses prior work on air-side heat transfer and pressure drop for the
different types of fin-tube arrangements of condensers relevant to this study. The air flows
in a cross-flow orientation with respect to the refrigerant inside the tubes for the condensers

considered in this work. The tubes are in a staggered arrangement, which improves air-
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side heat transfer by mixing and vortex formation. Several studies on air-side heat transfer
are available in the literature; however, most of them are limited in application to narrow
ranges of fin-tube geometries. Recently, new fin designs have been explored, but there is
an absence of studies to model the heat transfer for each fin type. Furthermore, different
fin-designs have different dimensions (pitch, height, angle, thickness, etc.,) and most of the
available studies are empirical. Therefore, an exhaustive empirical study covering vast
ranges for all these dimensions is impractical. Aggressive fin-tube sizing of the condensers
used in the present investigation falls outside the range of applicability of most of the
correlations. Nevertheless, relevant air-side heat transfer and pressure drop studies are

reviewed, and the most accurate correlations are used for condenser modeling.

2.2.1 Round-tube corrugated-fin condenser

For corrugated or herringbone wavy fins, studies have not been able to account for
wide ranges of fin densities, fin thicknesses, peak-to-valley pitches, and peak-to-valley
depths. The majority of studies have small variations in these dimensions.

Beecher and Fagan (1987) published heat transfer data for 20 herringbone wavy-
fin configurations using a test setup that consisted of brass plates machined to the desired
fin geometry along with cylindrical spacers inserted between places to simulate the tubes.
All the configurations had a staggered three-row arrangement of the tubes. Webb (1990) is
one of the first studies to propose a correlation for the herringbone wave fin configuration.
The heat transfer correlation is based on the data of Beecher and Fagan (1987), and is

limited to only three-row tube configurations. It is represented in form of Nusselt number
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based on an arithmetic mean temperature difference (AMTD) and Graetz number (Gz),
which makes application of the correlation difficult.

The correlation by Kim et al. (1997) is based on a comprehensive study on
corrugated fin-and-tube heat exchangers. The study proposes both air-side heat transfer
coefficient and friction factor correlations as functions of flow conditions and geometric
variables of the heat exchanger. The correlation includes data from 41 herringbone wavy
fin configurations from Beecher (1968), Beecher and Fagan (1987), and Wang et al.
(1997). It predicts 92% of their heat transfer database within £10% accuracy. They
converted the AMTD based data of Beecher and Fagan (1987) to an LMTD basis for
consistency. They then used the Colburn “j” factor to predict the heat transfer coefficient.

In a compact, stand-alone absorption system, fans are used to blow air through the
condenser. Excessive pressure drop on the air-side would need increased fan power, which
would decrease the overall system efficiency. Thus, pressure drop on the air-side plays an
important role. The overall pressure loss can be attributed to entrance and exit loss,
frictional, and acceleration components. The entrance and exit losses are calculated using
appropriate loss coefficients. The acceleration pressure drop is calculated based on the
contraction in flow area and increase in velocity of the air. The frictional pressure drop is
the major contributor. A widely used method for frictional pressure drop is proposed by
Zukauskas and Ulinskas (1983). Various methods for calculating frictional pressure drop
have been analyzed by Kays and London (1984), and the difference between the methods
are minor. The overall friction factor for calculating the air-side pressure drop consists of
a component due to drag force on the tubes and friction from the fins (Zukauskas and

Ulinskas, 1983). Kim et al. (1997) suggested the use of the tube bank correlation by
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Zukauskas and Ulinskas (1983) for the tube drag component of friction factor. For the fin-
friction factor, Kim et al. (1997) used a multiple regression model from their extensive

database. The friction factor correlation predicts 91% of the friction data within £15%.

2.2.2 Multi-pass tube-array condenser

The first version of the multi-pass tube-array condenser presented in this work does
not have any fins and consists of a bank of tubes that are in cross-flow with air. One of the
first correlations for a cylinder in cross-flow with air was given by Hilpert (1933). The
correlation could be used to estimate air-side heat transfer coefficient for a single tube in
cross-flow. In case of a tube bank, the tubes in the first row exhibit heat transfer coefficients
similar to those for a single tube in cross-flow. However, the first few rows act as a
turbulence generating grid, which increases the heat transfer coefficient of the tubes in the
following rows. The flow conditions stabilize after the fourth or fifth row, such that little
change in local heat transfer coefficient occurs after fifth row (Incropera et al., 2011).
Typically, the average heat transfer coefficient of the entire tube bank is used, because the
total heat transfer is the main quantity of interest to heat exchanger designers. Several
researchers have studied cross-flow of air in a tube bank and characterized the average heat
transfer coefficient of the entire tube bundle for aligned or staggered tube banks.

Grimison (1937) introduced a correlation for average heat transfer coefficient of air
in cross-flow across a tube bank. The correlations are based on the maximum velocity, or
maximum Reynolds number, in the tube bank. Grimison (1937) recommends a maximum

Reynolds number range of 2,000-40,000 for the average heat transfer correlation. For the
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condenser under consideration here, the maximum Reynolds number at the design case is
lower than the applicable range for this correlation.

A widely used correlation for tube banks has been proposed by Zukauskas (1972).
As there could be a large change in air temperature because of its low specific heat,
Zukauskas (1972) suggested that the arithmetic mean of inlet and outlet air temperature
should be used for the correlation. This correlation for the average heat transfer is only
applicable to tube banks with 20 or more rows. For tube banks with rows less than 20, the
lower heat transfer coefficient of the first few tube rows need to be considered. To account
for that, Zukauskas (1972) added a correction factor to be multiplied to the average Nusselt
number of air.

A slightly different method for calculating the heat transfer coefficient of tube
banks was proposed by Gnielinski (1978). Gnielinski (1975) proposed that the Nusselt
number of single bodies of various shapes can be calculated form the same correlation as
that for a flat plate if “streamed length” is used as the characteristic length everywhere. The
streamed length (1) is defined by Pasternak and Gauvin (1960) as the total surface area (A)
of the body divided by maximum perimeter (L) perpendicular to the flow. The stream

length of a single tube in cross flow is defined by Equation (2.9).

ﬂ(d/Z)L_ﬂ
L 2

| = (2.9)

A
L

Using this stream length as the characteristic length for Reynolds and Nusselt
numbers, and accounting for the spacing between two adjacent tubes, the heat transfer
coefficient for a single row of tubes can be calculated. Gnielinski (1978) then extended the

idea to a bank of smooth tubes in cross-flow. An arrangement factor is used for the
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staggered tube bank and depends on tube outer diameter, and the longitudinal and
transverse spacing between the tubes. The direction of heat flux has an effect on heat
transfer coefficient for the case of temperature dependent fluid properties (Hewitt, 1990).
Churchill and Brier (1953) suggested a simple ratio as shown in Equation (2.10) to account
for heat flux direction in gases.

T

012
K, = (T—] (2.10)
tube,out

The finned multi-pass tube-array condenser that was also investigated in the present
study can be considered as a plain fin-and-tube heat exchanger. There are several studies
available for plain finned-tube heat exchangers. Gray and Webb (1986) developed heat
transfer and friction factor correlations for plain finned-tube heat exchangers based on six
data sources (18 heat exchangers overall). The RMS error of the resulting heat transfer
correlation compared to data was 7.3%. For the friction correlation, the authors used a
superposition model, which assumed that the drag force on the tubes and the fins may be
added together. For the friction drag from the tubes, they suggested using the correlation
by Zukauskas and Ulinskas (1983). A multiple regression technique was used to match the
fin friction data from 18 heat exchangers. The resulting overall friction correlation
predicted the data well, with an RMS deviation of 7.8%.

Recent numerical and experimental studies have shown that increasing the diameter
of tubes in a finned heat exchanger would not increase the heat transfer coefficient; instead,
there would be penalty in friction factor (Torikoshi and Xi, 1995; Jang et al., 1996). Thus,

heat exchanger design has started shifting towards small diameter tubes. This approach is

also used in the present work, where 3.175 mm tubes are used for the multi-pass tube array
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condensers. The parameter transverse spacing of the tubes divided by the diameter (S¢/D)
is used to determine applicability of the correlations by Gray and Webb (1986).
Experiments were performed by Wang and Chi (1998) on coils with 7 mm tube diameter,
which yields an S¢/D=2.88. This particular coil falls outside the range of applicability of
Gray and Webb’s correlation (1.97< Si/D< 2.55).

To overcome these shortcomings in the Gray and Webb (1986) correlation,
especially for small diameter tubes, Kim et al. (1999) proposed new heat transfer and
friction factor correlations. The data set consisted of 47 heat exchangers, which included
all the sources used by Gray and Webb (1986) and several other experimental studies. All
these data are limited to the staggered tube layout, as the multi-row inline configuration
yields lower heat transfer coefficients, and is rarely used for heat exchangers. The
correlation is developed similar to Gray and Webb (1986), where it is assumed that
negligible difference in heat transfer coefficients occurs when there are more than three
rows in the heat exchanger. Thus, one correlation for Colburn j factor is proposed for all
heat exchangers with three or more tube rows. They also suggested a modified correlation
for heat exchangers with one or two tube rows. The overall correlation predicts 94% of the
heat transfer data within £20%.

For friction factor of plain finned-tube heat exchangers, Kim et al. (1999) pointed
out that small diameter tubes would yield high S¢/D that would fall outside the
recommended range of the Gray and Webb (1986) correlation. Using the conventional
superposition model, the authors proposed correlations for both the tube and fin friction
factors. Unlike the previous air-side friction correlations discussed above, for the tube

friction factor, Kim et al. (1999) suggested use of Jacob (1938) correlation instead of
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Zukauskas and Ulinskas (1983). This is because the Zukauskas and Ulinskas (1983)
correlation has a higher error when data of Wang and Chi (1998) for small diameter tubes
were considered. Kim et al. (1999) used a multiple regression technique to develop
correlation for the fin friction factor. The overall friction factor correlation, when compared
with the dataset of 47 sets of heat exchangers, showed an RMS error of 12.6 % and

predicted 90% of the data within £20%.
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Table 2.2 Summary of Air-side Heat Transfer and Pressure Drop Correlations

Author(s) o Correlation T
(Year) Air side Geometry Type Range of Applicability
Grimison (1937) Tube bank in cross flow Heat transfer 2'000<F;$ngx; 40,000
Zukauskas : 1,000<Rep max<2x10°
(1972) Tube bank in cross flow Heat transfer 0.7<Pr<500
500 < Re, ,,x <20000
1.82<(s,/D)<2.60
Gray and Webb . Heat transfer
-and- ' 1.70<(s,/D)<2.22
(1986) Plain fin-and-tube heat exchanger Pressure drop (s/D)
0.08<(s/D)<0.30
0.011<(t/D)<0.032
505 < Rey .. <19766
Kim et al. Plain fin-and-tube heat exchanger Heat transfer, 0857 (5/5) <1654
(1999) g Pressure drop 1.966 < (s,/D) < 2.876
0.081<(s/D)<0.300
500 < Re, .., <6,000
1.16 <(s,/s,)<1.33
Kim et al. : Heat transfer, 0.15<(s/D,)<0.33
(1997) Wavy fin-and-tube heat exchanger Pressure drop

3.23<(Symup /Suava ) <5.65

0.29 < (8,4 /5) <1
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2.3 Air-Coupled Heat Exchanger Studies

Past research efforts have investigated several air-coupled condenser designs for
pure fluid applications. Material compatibility, ambient temperature, and concentration
variations restrict the use of these condenser designs for the absorption system under
consideration in the present study. Condensation of binary mixtures has also been studied
in detail by several investigators for various geometries, mixture concentrations, flow rates
and orientations, and some of the relevant work is discussed in Section 2.1. Air-side heat
transfer and pressure drop in cross-flow coils with various fin geometries have been studied
by some researchers, and the relevant work is discussed in section 2.2. However, there are
very few studies that combine these two areas to look into air-coupled binary mixture
condensation. Garimella and Wicht (1995) developed a model to analyze condensation of
ammonia in flat tube, multi-louver fin heat exchangers. In addition to the performance of
the air-coupled condenser, the model also calculated the required size of the heat exchanger
based on the various tube, fin and louver geometries. Subsequently, Garimella et al. (1997)
compared the performance of the flat-tube/multi louver fin heat exchanger to conventional
round tube heat exchangers with various fin geometries. It was concluded that the use of
flat tubes and multi-louvered fins enabled flexibility in heat exchanger design while
providing a substantial reduction in size and weight for the same heat duty. However, for
the present application of ammonia-water absorption systems, because of the
incompatibility of ammonia-water mixtures with Aluminum, considerable manufacturing
challenges must be overcome to use such geometries, such as the fabrication of flat multi-

port steel tubes and the bonding of aluminum fins to steel tubes.
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A study of different tube arrangements and fin types for air-cooled condensation of
ammonia-water vapor for small-scale absorption systems was conducted by Garimella and
Coleman (1998). The study investigated round-tube heat exchangers of tube diameter 9.525
mm with four commonly used fin-types: flat, wavy, louvered, and annular. The
compatibility issue with ammonia-water was addressed by selecting carbon steel as the
tube material while aluminum was specified for the fins. Variations in mixture
concentration, saturation pressure, and air temperature were investigated to predict the
performance of such condensers over a wide range of operating conditions. The study
concluded that a round-tube wavy-fin heat exchanger provided the greatest heat transfer
within the allowable pressure drop and size constraints. Forinash (2015) performed an
experimental study of absorbers for ammonia-water absorption systems and verified the
conclusion from Garimella and Coleman (1998), that the round tube heat exchanger with
wavy aluminum fins performed best.

Thus, based on the literature, round-tube heat exchangers with aluminum wavy fins
may be considered to be the state-of-the-art for ammonia-water condensers. Novel multi-
pass tube-array condensers were designed in this study and their performance compared

with those from the literature.
2.4 Summary

The above discussion outlines the challenges associated with the design of direct
air-coupled components for compact ammonia-water absorption systems. This chapter
reviews the tube-side modeling approaches in the literature, which comprises two-phase

flow regime, zeotropic mixture condensation, and two-phase pressure drop models.
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Correlations for air-side heat transfer and pressure drop for various finned and unfinned
geometries are also discussed. Studies on ammonia-water condensers combining these two
areas are very few in the literature. The available studies are mostly analytical evaluations
of the condensers and require experimental validation.

The present investigation builds upon the work of previous investigators through
the modeling and experimental validation of state-of-the-art and novel designs of direct
air-coupled condensers for ammonia-water absorption systems. The specific modeling and

experimental efforts are described in the following chapters.
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CHAPTER 3: MODELING APPROACH

3.1 General Modeling Architecture

A detailed segmented numerical model is developed on the Engineering Equation
Solver (EES) software platform to evaluate the performance of the air-coupled condensers.
The modeling approach adopted here divides the heat exchanger into several segments of
equal lengths to account for the variation in heat transfer mechanisms as condensation
proceeds. The heat and mass transfer processes vary dramatically for fluid undergoing the
condensation process; the decrease in void fraction affects the liquid-vapor interface
available for heat transfer, and the reduction in shear between the phases increases the
internal thermal resistance. In contrast, because of the preferential condensation of water,
there is a high mass transfer resistance initially in the condenser. As the concentration in
the two phases equalizes along the condensation process, the mass transfer resistance
decreases and the overall internal heat transfer increases. Thus, it is important to model
these processes accurately, and the segmented model allows this by accounting for changes
in thermal resistances along the length of the condenser.

Ammonia-water is a binary mixture; therefore, three independent properties are
required to determine the state point after every segment. The ammonia concentration
(xrer ) In the mixture is constant for all segments, and is used as one of the independent
properties. However, the ammonia concentration in the vapor and the liquid phases changes
along the length of the condenser. The other two independent properties are the enthalpy

(hrefr) and pressure (Prerr) of the solution, which are updated after every segment based on
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the segment heat transfer rate and pressure drop, respectively. Depending on the conditions,
subcooling of the refrigerant might occur in the last few segments in the condenser. The
properties hrefr, Prefr and Xrefr are still used to determine the state of the refrigerant after each
segment. However, single phase correlations, instead of two-phase correlations, are used
to determine the pressure drop and heat transfer rate in the subcooled segments.
Ammonia-water mixture properties are determined using the procedure outlined by
Nagavarapu (2012). Thermodynamic properties (Cp, h, P, g, T, v) are determined using the
ammonia-water mixture correlations of Ibrahim and Klein (1993). These correlations rely
on the combination of independent pure component properties. Vapor transport properties
(Dv, kv, uv, ov), are determined from the Chapman-Enskog kinetic theory (Mills, 1999), and
the procedure of Wilke (1950) is used to determine the vapor properties of mixture. Liquid
transport properties, (K., ov) are determined from the empirical correlations of Meacham
(2002) based on graphical data from Herold et al. (1996). For the liquid viscosity (u.) of
ammonia-water, an empirical correlation for a wide range of temperatures (10°C- 130°C)
at all concentrations is developed in the present study based on the same graphical data.
Finally, the liquid diffusion coefficient (D.) is based on an expression from Frank et al.
(1996) using the concentration and temperature of the solution. A detailed discussion of all
ammonia-water property calculations is provided in Nagavarapu (2012). For calculation of

reduced pressure (Pr) of the ammonia-water mixture under consideration here, the critical

P . . .. .
pressure (- citrer) is approximated as a molar average of the critical pressures of ammonia
and water.

P

crit, refr — XmoI,NH3 Pcrit,NH3 + XmoI,HZO I:)crit,HZO (31)
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Two types of condenser designs are considered: conventional round-tube
corrugated-fin air coils with carbon steel tubing, and novel multi-pass tube-array
condensers consisting of a dense array of small diameter stainless steel tubes. Both the
condenser designs consist of horizontal round tubes rejecting heat to the air in a cross flow
configuration. Tube side heat and mass transfer modeling for the conventional and novel
multi-pass condensers is similar, with adjustments made for differences in tube size and
solution flow pattern. The two designs have very dissimilar air side geometries, however,
and that requires different correlations for heat transfer modeling. The air-side heat transfer
coefficients are typically averaged over the tube bank, and thus they stay constant for each
tube except for changes in air properties due to a change in temperature.

Figure 3.1 shows a sample segment with input and output properties. Within a
particular segment, the outlet properties are assumed initially for both air and refrigerant,
and the average fluid properties are used in the heat transfer and pressure drop calculations.
Iteration allows for the initially assumed outlet properties of the segment to be adjusted
such that a solution for all parameters is reached. The calculated outlet conditions of the
condensing refrigerant are set as the inlet conditions for the subsequent segment, and the
process continues along the length of the heat exchanger. Well mixed solution conditions
are assumed such that thermal equilibrium exists between the vapor and the liquid phases
in every segment of the condenser. The model also assumes a uniform temperature profile
for the inlet air across the face of the condenser. A thermal resistance network is used to

calculate the heat transfer in each segment as shown in Figure 3.2.
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Figure 3.1 Schematic of a condenser segment used in modeling
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Figure 3.2 Thermal resistance network

The thermal resistance between the air and the refrigerant is composed of internal

thermal resistance (with vapor and condensate film components), conductive resistance
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(inner to outer tube wall), and external resistance (outer tube wall to bulk air). The total

thermal resistance for each segment is calculated using Equation (3.2).

In(D,_ /D,
1 _R =Rin+Rcond+Rout: l + ( 0/ I)+ 1

m — Motal D 2k (32)
arefrﬂ. i Lseg tubeﬂ- Lseg 770 aair Aout,seg

Inlet refrigerant- and air- side properties are specified for the segment, and the
outlet properties are calculated using the Effectiveness-NTU method. For the corrugated
fin condenser, the effectiveness is calculated using Equation (3.3) because the air is
unmixed and the refrigerant is mixed in the heat exchanger. For the multi-pass tube array
condensers, Equation (3.4) is used because the air and refrigerant are both unmixed
(Incropera et al., 2011). It is observed that the heat capacity of air is always less than the

refrigerant, suggesting Equation (3.5) for the calculation of Number of Transferred Units

(NTU).
¢ =1-exp(-C, " (1-exp(-C,NTU))) (3.3)
&=1—exp ([Cij NTU °% (exp(-C,NTU ") —1)} (3.4)
NTU =UA/C ,, =UA/m, C, . (3.5)

The effectiveness is then used to calculate the heat transfer rate from the segment
using Equation (3.6). Subsequently, the outlet enthalpies of the refrigerant and air are

calculated using the heat transfer rate for the segment.
Qseg =£(Q,.)= g(Cmin (Trefryin —Tairin )) (3.6)
Unlike condensation of a pure fluid there is a drop in refrigerant temperature in the
saturated region. Due to the high ammonia concentration (> 99%) in the vapor entering the
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condenser, this temperature glide occurs near the inlet of the condenser where the water
fraction is relatively higher (Garimella and Coleman, 1998). Thus, the heat capacity of the
refrigerant changes along the length of the condenser and is calculated using Equation
(3.7). Both the outlet temperature and the outlet enthalpy of the refrigerant are calculated

in the model through iterations.

h
T

hrefr,in (3 7)
T .

refr.out

refrout ~ ! refr,in

Crefr = mrefr,segcprefr = mrefr,seg [

The thermal capacity rate of the air is calculated from the mass flow rate of air

around the segment (m ) and specific heat capacity of air (C ;).

air,seg

Cair = n.’]air,segc

(3.8)

p.air

The C_ . of the air is based on the temperature and pressure conditions upstream

p,air

of the segment. The m is calculated by dividing the total mass flow rate of air by the

air,seg
number of segments in one row of tubes, as shown in Equation (3.9).
mair,tot = pair,invair,in

. . Nt,rowLpass (39)
mair,seg = mair,tot + L—

seg
There is negligible change in the temperature of the refrigerant (Tresr) after the first
few segments. The thermal capacity rate of the refrigerant approaches infinity and the heat

capacity ratio (C, ) approaches zero after the initial preferential condensation of water near

the inlet of the condenser. For these cases, the calculation of the ¢ (effectiveness) for the
segment is switched to a simpler equation as shown in Equation (3.10). Use of this equation
eliminates the need for calculation of Cp,, which helps with the convergence of the model.
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g=1—exp(-NTU) (3.10)

This modeling method is used for both condensers types. Sample calculations for

the segmental analyses can be found in Appendix A. The predictions of condensation heat

transfer coefficient and pressure drop needed for the model are determined using

correlations in the literature. Several factors are considered to determine the appropriate

correlation, such as the range of applicability, the breadth of the database, and validation

by other studies. The mass flow rate of refrigerant in a small-scale absorption system is

typically very low; therefore, only correlations developed for low velocity flows are

considered. A detailed discussion of the correlations used for the modeling of both the
condenser types is provided in the subsequent sections.

Air velocity plays a major role in the heat transfer and pressure drop correlations.

The fins reduce the available air flow area and increase the air velocity at the face when

the air enters the coil. The face air velocity is obtained by dividing the volumetric flow rate

of air (V

air

) by the available area, as shown in Equation (3.11).

uair,face = H L Vair N t = Vair L (311)
face( - ) H face (L P tfin)

pass fin™ fin _
pass

fin
However, most of the correlations require the maximum velocity of air occurring
within the coil. The location of this maximum velocity can either be in the transverse plane
(A) or in the diagonal plane ( A,) for staggered arrangement of tubes as shown in Figure
3.3. Incropera et al. (2011) recommend a simple way to determine the location of this

maximum velocity based on the geometry. Based on the tube spacing for Condenser R.1
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and Condenser R.2, the maximum velocity occurs at plane A both the condensers,

according to Equation (3.12).
s Y s +D
Sy = sﬂ{?j g S (3.12)

Knowing that maximum air velocity (u ) occurs at the plane A, it can be

air,max

calculated using Equation (3.13). The maximum Reynolds number ( Re ), used in most

D,max

of the air-side correlations, can now be obtained using u as the velocity in Equation

air,max

(3.14).

(3.13)

air,max air, face
s, — D,

_ pairuair,max Dc

D,max —
:uair

Re (3.14)
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Figure 3.3 Staggered tube bank arrangement (Incropera et al., 2011)

The air-side heat transfer and pressure-drop correlations used here account for the
number of tube rows, lateral and transverse tube spacing, fin spacing, wavy fin pattern, and
the staggered arrangement of tube rows. However, the analysis does not address the
increase in inlet air temperature for the second row resulting from the heat transfer from
the first tube row. The first row of tubes is exposed to unheated inlet air at 51.7°C for the
design case. The outlet air from upstream tube and finned surfaces is expected to mix with
fresh unheated air flowing in between the tubes of the first row (Figure 3.4). This mixing
of heated and unheated air will result in higher inlet air temperatures for the second tube
row.

Due to the serpentine flow of refrigerant in the round-tube corrugated fin

condensers, the air temperature in the core is expected to vary laterally and vertically across
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the face area. Thus, an accurate prediction of the inlet air temperature of a particular
segment in the rear row requires an estimation of the outlet air temperatures from the
upstream tube row. As an approximation, it is assumed that the inlet air temperature to a
segment in the rear row is the outlet temperature from the segment in the previous (frontal)
pass at the same lateral position. This assumption is explained in Figure 3.4 for four sample

segments.

Row 1 Row 2

Tair,in,1= air,face EEND> @ L Tair,in,z -Talr,out,l
1 »®

Tair,in,3= Tair,face — @ L Tair,in,4 =Tair,out,3
. @

Frontal Row
O000OO0O0O0O0QOO0
00000000000

Rear Row

Tair,in = Tair,face
(uniform)

Figure 3.4 Tube arrangement schematic showing modeling approach of air
temperature variation
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Calculation of the heat transfer coefficient for air is not enough to determine
external thermal resistance in presence of fins. Although fins increase the effective surface
area, the fin itself represents a conduction resistance to the heat transfer from the surface
of the tubes (Incropera et al., 2011). To quantify the thermal performance of the fins, a fin
efficiency (7, ) is used. Fin efficiency for several finned-tube heat exchangers can be
approximated using an annular fin idealization around a tube, as shown in Figure 3.5. The

effective annular fin radius is determined such that the area of the fin around the tube is

maintained the same as for the actual rectangular segment of the fin under consideration.

-g{::é
=

Corrugated Fin Effective Annular
Per Tube Fin Per Tube

O

Side View of
Complete Fin

Figure 3.5 Approximation as an annular fin

For a single corrugated fin in the condenser, the fin area is calculated using
Equation (3.15). This equation is derived by accounting for the surface area of the waves,

subtracting the area of the holes for the tubes passing through the fin, and multiplying the
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whole expression by two to account for both sides of the fin. For subsequent calculations,

total air-side heat transfer area (A, ) is calculated, which involves both total fin area

(Ag) and total un-finned area (A, ) The A, represents the tube outer area

nfin,tot
exposed to the air in crossflow and is calculated as shown in Equation (3.17) . The tube

outer area is covered by the collar from the fin, therefore the collar outer diameter (D, ) is

used instead of tube OD (D, ) for the air-side calculations.

W. 2
A, = Z[H ﬁn( fin ] szvav‘p + szvav,p =N s (ﬂ%n (3.15)
SWav,p
Lpass
Afin,tot =N fin Afin = Afin (3.16)

fin

fin

L
Amfin,tot = ﬂ.Dc (Ltot B Nt (N fintfin )) :”Dc [Ntl‘pass -N pass (%tﬁn ]J (317)

Aot = Afin,tot + Amfin,tot (318)

As the tubes in the condenser pass through all the fins, a single fin is shared by the

all the tubes (N, ) of the condenser. The area of the single corrugated fin per tube is

pass

equated with a single annular fin with the effective diameter ( D ) calculated as follows.

ann,eff

Afin Daznn eff — D02

pass

The fin efficiency for an annular fin is given by Incropera et al. (2011) and is

described below. The effective outer radius (r,,, ., ) and the inner radius (r,) of the annular

nn,eff
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fin along with air-side heat transfer coefficient (¢, ), fin material thermal conductivity

(kg ), and fin thickness (t,,) are used to calculate the fin efficiency.

Mg, = 2Ly (3.20)
kﬁntfm
C, = oMy, (3.21)

(mfin rann,eff ) - (mfin rc )2

Kl (mfin rc ) Il (mfin rann,eff ) - Il (mfin r-c ) Kl (mfin I’ann,eff )
IO (mfin rc ) Kl (mfin r-ann,eff ) - K0 (mfin rc ) Il (mfin r-ann,eff ) (322)
I, K: Modified Bessel functions

Mo =C,

As the heat transfer analysis is performed for a segment and one segment may
include multiple fins, it is important to determine the overall fin efficiency for all the fins
on the segment. To find the segmental area, first the total area for the condenser is
calculated and divided by the total number of segments. The total number of segments is
calculated as shown in Equation (3.23), where the total length of the tube in the condenser
is divided by the length of one segment.

N assL ass
Noeg o = IL"‘“ = "L ° (3.23)

seg seg

Afin,seg + Amfin,seg

v (3.24)

A\)ut ,Seg =

seg,tot

Overall fin efficiency for the segment is a function of the segmental areas and a

single fin efficiency (Incropera et al., 2011).

Mo :1_£Mj(1_77ﬁn) (3.25)

ot,seg
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A grid refinement analysis is used to determine the appropriate number of segments
to ensure computational efficiency without significantly reducing modeling accuracy. The
segment length is increased starting at 0.025 m, and the total heat transfer rate and pressure
drop are calculated. The results are compared to the value obtained from the model using
the smallest segment length (0.025 m). Figure 2.3 shows the percent deviation of both the
total heat transfer rate and pressure drop as a function of segment length for round-tube,
corrugated-fin condensers. The error in heat transfer rate is about an order of magnitude
lower than that in pressure drop. Based on this kind of grid independent study, the
appropriate segment length is chosen for each condenser type to minimize model
complexity without compromising on the accuracy. The segment lengths are discussed in

the respective sections of the heat exchanger.

0.8 —— — — 16

———Pressure drop
Hear transfer
0.6 12

04 -~ 8

0.2 = 4

Total heat transfer rate error (%)
\
Total presssure drop error (%)

0 0.2 0.4 0.6 0.8 1
Segment length (m)

Figure 3.6 Deviation in predicted total heat transfer rate (left axis) and
pressure drop (right axis)
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3.2 Round-Tube Corrugated-Fin Condenser

Two conventional round-tube corrugated-fin air-coils (Condenser R.1 and
Condenser R.2) are modeled to determine the most compact and efficient condenser design
for use in the ammonia-water absorption system discussed in the Cycle Modeling section.
The coils consists of a single tube that has an inlet at the top and makes staggered passes
in a serpentine pattern over the air flow area to the outlet at the bottom (Figure 3.7). Thus,
the refrigerant mixture is not divided into multiple paths and remains contained in a single

tube. The total number of passes (N __.. ) by this serpentine tube are distributed equally over

pass
two rows with tight U-bends at the end of each pass. The detailed design of the
conventional condensers along with the variables used for modeling is illustrated in Figure
3.7. Corrugated or wavy fins with collars are press-fitted onto the tubes at a specified
spacing. The round-tube corrugated-fin condensers investigated here are determined to be
the most efficient and compact conventional air coils that fit within the space and weight
constraints of a small-scale absorption system. Corrugated fins are selected based on the
work by Garimella and Coleman (1998) in which wavy (i.e., corrugated) fins are predicted
to transfer more heat than plain, lanced, and annular fins for ammonia-water applications
without excessive pressure drop penalty. The segmental models are used to determine
various geometric features (tube diameter, tube length, fin density). The selected
dimensions of the tube-side and air-side geometry for both Condenser R.1 and Condenser
R.2 are outlined in Table 3.1 and Table 3.2 respectively. A detailed discussion of the

fabrication of both the condensers is provided in the next chapter.
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Figure 3.7 Schematic of conventional round-tube corrugated-fin condensers
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Table 3.1 Round-tube corrugated-fin condenser tube-side dimensions

Tube-Side Geometry

Dimensions Condenser R.1 Condenser R.2
L, (M) 0.127 0.127
D, (m) 1.59x 1072 9.53x 10
tipe (M) 1.25x 1073 8.89 x 10
Lyess (M) 0.508 0.508
Noow (-) 2 2

N row () 8 14
N pass (-) 16 28
s, (m) 0.038 0.025
s, (m) 0.033 0.022
Erougn (M) 1.0 x 10° 1.0 x 10°

Tube material

Carbon steel

Carbon steel
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Table 3.2 Round tube corrugated fin condenser air-side dimensions

Air-Side Geometry
Dimensions Condenser R.1 Condenser R.2
Hg, (M) 0.305 0.356
Wi, (M) 0.066 0.044
ts, (M) 2.41 x 10™ 1.91 x 10
Pan (M) 2.54 x 107 1.81x 107
Swava (M) 2.16 x 10°® 157 x 1073
Swavp (M) 8.20 x 10°3 5.51 x 10°3
D.(m) 1.64x 107 9.88x 1073
Arrangement Staggered Staggered
Fin material Aluminum Aluminum

3.2.1 Tube side modeling

3.2.1.1 Flow regime

The round tube condensers have a single tube, and thus the mass flux of refrigerant
throughout the condenser remains the same. Soliman (1982) derived a criterion for the
transition between wavy and annular flow regime using the modified Froude number. For
liquid Reynolds number lower than 1250, the modified Froude number (Fr®) is a function

of the Galileo number (Ga) and Martinelli parameter (Xi) as shown in Equation (3.26). The
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Galileo number and the Martinelli parameter are defined by Equation (3.27) and Equation

(3.28).
15
Fr' =0.025Re,** 1+109X, ) 1 (3.26)
Xy VGa
3
Ga:% (3.27)

H
0.5 0.1 1_ 0.9
xnz(&j (LJ ( qurJ 220
pL :u\/ qrefr

It was proposed by Soliman (1982) that if Fr” of the flow is smaller than seven, a

wavy flow regime exists, otherwise annular two-phase flow prevails. The test conditions
for the round-tube corrugated-fin condensers result in Fr* < 7, indicating the wavy flow
regime. However, wavy flow defined by Soliman also includes both slug and stratified
wavy flow. The flow pattern map by EIl Hajal et al. (2003) is finally used to assign a more
definitive solution for flow regime. Their study divided the gravity-controlled stratified
flow regime further into fully stratified and stratified wavy flows based on Gwawy and Gstrat.
El Hajal et al. (2003) introduced geometrical dimensions for stratified flow in a round tube,
shown in Figure 3.8. P_ corresponds to liquid wetted perimeter and h corresponds to the
height of the liquid pool at the bottom of the tube. A; is the inner cross-sectional area of the
tube. AL and Ay are corresponding cross-sectional areas occupied by liquid and vapor
respectively. These cross-sectional areas are based on the void fraction (VF) of the two-

phase flow and are defined by Equation (3.29) and Equation (3.30). The void fraction
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correlation suggested by EIl Hajal et al. (2003) , discussed in the literature review chapter,

is used in the determination of flow regime and subsequent heat transfer calculations.
A =A(1-VF) (3.29)

A = A(VF) (3.30)

ooooooooooo

Liquid

Figure 3.8 Geometrical parameters for stratified flow in a round tube
(El Hajal et al., 2003)

These cross-sectional areas are further normalized using the tube internal diameter.

ALD_AL

A A A
~ 5 Ao- (3.31)

D-2

The dimensionless liquid height is derived from the geometric expression in
Equation (3.32). Although their study suggests calculation of the stratified angle (6,,,,)
using iteration, an explicit correlation for this angle has been suggested by Biberg (1999)

and is shown in Equation (3.33). This explicit equation is very accurate, with an error ~

0.00005 rad, and reduces iterations and complexity.

h 2 -0,
h =5Li:0.5(1—cos(T”D (3.32)
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7(1-VF)+(1.57)" [ 1-2(1-VF) + (1-VF)"* ~VF** |
27 -2 (3.33)
~0.005(1-VF )VF [1- 2(1—VF)][1+ 4((1-VF)? +VF? )]

strat —

The transition from annular to stratified flow-regime is governed by the plot of
Gwaw as a function of vapor quality. The plot of Gstrat controls the transition between fully-
stratified and stratified-wavy. El Hajal et al. (2003) define the curves of Gwavy and Gstrat as
a function of the vapor quality (qrefr) using Equation (3.34) and Equation (3.36). The ratio

of Weber number to Froude number used in the G calculation is defined in Equation

wavy,1

(3.35).

05

3 2 -1.023
Cuawa = SABA 05 [ § 2 (%j +1J
qrzefrﬂz (l—(ZhLD —1)2) 25h;, \ Fr

_(qrzefr _097)2
Oretr (1_ Qretr )
Guay =Cuays 76

wavy

G, , =50—75exp (3.34)

wavy,2

wavy,2

We gD?
— = abiA (3.35)
Fr o,

_ (226.3)° A, Alp 2, (pL A ):ULg

Gstrat - qrzefr (qrefr N 1) a

+ 2OQrefr (336)

These transition equations are used along the length of the condenser with

decreasing vapor quality to determine the applicable flow regime for each segment.
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Figure 3.9 Two-phase flow regime in conventional condensers

The mass flux in these conventional condensers is constant throughout the
condensation process. According to the flow regime map of El Hajal et al. (2003), shown

in Figure 3.9, the mass flux in Condenser R.1 is always below G__. at the design condition

strat

and thus a fully stratified flow exists. As seen from Figure 3.9, Condenser R.2 has stratified
wavy flow in the beginning and fully stratified flow at lower qualities. Although Condenser
R.2 has a higher mass flux, a stratified flow prevails at the design mass flow rate. Therefore,
heat transfer correlations pertinent to stratified flow regime are applied for modeling both

the conventional round-tube corrugated-fin condensers.

3.2.1.2 Heat transfer

Heat transfer is calculated in every segment of the condenser to determine the outlet

state of the refrigerant. The flow regime based stratified-wavy correlation of Dobson and
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Chato (1998) is applicable at very low flow rates. The correlation for Nusselt number based

on the tube diameter for stratified-wavy flow is shown in Equation (3.37).

0.12 0.25
U, = 0.23Re, _ GaPr, N l_i Nu,, . (3.37)
1+1.11X,~ Ja, V3

Here, Pr_and Ja. represent liquid Prandtl number and Jacob number, and their ratio

is calculated separately in the model as shown in Equation (3.38). The fluid properties

(K, 14, 4, Pr,) are calculated at the average conditions across the segment, determined

through iteration. This ratio requires the temperature of the inside surface of the tube

(Twsen )» Which is calculated iteratively.

Pr. _ Cpou Tk, _ g (3.38)
‘]aL CpL (Trefr _Ttube,in) / hfg kL (T Ttuhe,in)

refr —
Here 6. is the angle subtended from the top of the tube to the liquid level at the
bottom. The angle can be approximated from the void fraction by an explicit correlation

suggested by Jaster and Kosky (1976), as shown in Equation (3.39).
6, = —arccos(2VF —1) (3.39)
Heat transfer through the liquid pool at the bottom of the tube is accounted for in

Equation (3.37). The forced convection Nusselt number is given by Equation (3.40).

NU g = 0.0195Re, °® Pr ®* [1.376+ G (3.40)
- Xtt ?

The coefficients C1and C; in the equation depend on the all-liquid Froude number

(Frio).

For 0 < Frp<0.7,
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C, =4.172+5.48Fr, , —1.564Fr, °

(3.41)
C, =1.773-0.169Fr,
For Frio>0.7,
C,=7.242
(3.42)
C,=1.655

The above correlation matches the Dittus and Boelter (1930) single-phase
correlation when the vapor quality reaches zero.

An important thing to note is both the Shah (2009) and Dobson and Chato (1998)
correlations are only valid for pure fluid applications. Thus the heat transfer coefficients
predicted through these correlations do not take into account the mixture mass transfer
effects. The concentration of ammonia in the vapor is higher near the liquid-vapor interface
than in the bulk vapor flow due to the preferential condensation of water, the less volatile
component. This results in a concentration gradient in the vapor, which builds a mass
transfer resistance that impedes the condensation process. The equilibrium (SBG) model is
used to modify the pure fluid heat transfer coefficient to account for mixture mass transfer
resistance (Silver, 1947; Bell and Ghaly, 1973). For zeotropic mixtures, there is a drop in
equilibrium temperature during condensation. The heat transfer in any given segment is a
combination of the sensible heat removed from the vapor and the liquid pool, and the latent

heat removed because of condensation.
thotaI = dQliquid + dQvapor + dQIatent (343)
According to Hewitt et al. (1994), one of the main assumptions of using the SBG

method is that all the heat is transferred from the liquid-vapor interface to the coolant,

which is air in this case. The total heat transfer can be written in terms of the interface
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temperature (Ti) and air temperature (Tair) along with an overall heat transfer coefficient
(V).

0Quw =Y (T; - T,;, ) dA (3.44)

Due to preferential condensation of water, there is concentration gradient near the

interface, which lowers the interface temperature (Ti). As the method is an equilibrium

method, the bulk vapor is assumed to be at equilibrium temperature (Te), and sensible heat
transfer from the vapor can be approximated using Equation (3.45).

dQuapor =, (Te =T, ) dA (3.45)

a, =0.023k, Re%® Pro® D (3.46)

The Dittus and Boelter (1930) single-phase correlation is used to calculate the vapor

heat transfer coefficient (¢, ) and is shown in Equation (3.46). Equation (3.45) can be re-
written to find the unknown interface temperature.

1 dQva or
L=t

o

(3.47)

v

Substituting Equation (3.47) into Equation (3.44)

. dG
thotaI =U (TE - QL(%J - Tair J dA (348)

v

The ratio of the sensible heat transfer from the vapor to the total heat transfer is

termed Z and is calculated for a particular segment using Equation (3.49).

dQvapor _ qrefr (Trefr,in _Trefr,out )va

l=———=
thotaI (hrefr,in - hrefr,out )

(3.49)

Substituting the term Z in Equation (3.48),
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thotaI =U (TE - % (%} _Tair J dA (350)

Thus the total heat transfer can be expressed as shown in Equation (3.51).

UdA(T. -T,,) B (T - T, )dA

thotal= -
i) [
ay U o

The overall heat transfer coefficient (U) is substituted from the thermal

(3.51)

resistance network shown in Equation (3.2).

: T. —T,, )dA
dQuas = (Te ~Tar) (3.52)
( 1 1 1 z]
+ + +—
aair acond arefr O‘V
Using the SBG model, the apparent tube-side heat transfer coefficient (., .,,) IS
defined as shown in Equation (3.53).
: T.-T, )dA
thotaI = ( s anr) ; 1 = ! +£ (3.53)
1 1 1 arefr ,app arefr aV
+ +
aair acond arefr,app

For a particular segment, the apparent heat transfer coefficient is dependent on the

pure fluid heat transfer coefficient («,, ) and the vapor phase heat transfer coefficient

refr

(e, ). The argument provided by Bell and Ghaly (1973) is that using the single-phase vapor

heat transfer coefficient would result in a significant under prediction, which will mimic
the additional thermal resistance from mixture mass transfer effects. The study of Del Col
et al. (2005) proposed a simplified heat transfer model based on flow regime for zeotropic
mixture condensation in horizontal tubes. The equilibrium SBG approach is modified and

applied based on the prevailing two-phase flow regime. For the stratified flow condition in
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the present study, the study proposed a method to apply the SBG model separately to the
pool and the film. The simplified flow structures proposed by Thome et al. (2003) for pure
fluid condensation were used to calculate the heat transfer and interfacial area associated
with each flow regime. For the fully stratified condition, the actual geometry and the

equivalent simplified geometry are shown in Figure 3.10.

Liquid

Figure 3.10 Actual geometry (left) and simplified geometry (right) for
fully-stratified flow in horizontal tube (Thome et al., 2003)

In this simplified geometry, the liquid pool is distributed as a truncated annular ring

of uniform thickness (0 ) and subtends an angle (27;—9

strat

) . The top perimeter of the tube
subtending an angle (Hst,at) has a condensing film falling downward due to gravity. The

0

strat

is defined explicitly by Biberg (1999) and was shown in Equation (3.33). In the model,

two heat transfer mechanisms of convective condensation and falling-film condensation

are applied to their respective areas.
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Figure 3.11 Schematic of convective axial flow and falling film in horizontal
tube condensation (Thome et al., 2003)

A convective heat transfer coefficient (ac) was proposed by Thome et al. (2003)

for the axial flow at the bottom of the tube and is shown in Equation (3.54).

I(L

o, =0.003Re]™ Pr® 5 (3.54)

A different liquid-phase Reynolds number ( Re, ) suggested by Thome et al. (2003)
is used in Equation (3.54). Here the Re, is based on mean liquid velocity of the axially

flowing pool and is calculated using Equation (3.55).

ReL _ 4Grefr (1_ Oretr ) 4 (3.55)

(L-VF)u

The thickness of the liquid in axial flow () is obtained by solving Equation (3.56),
which is formed by geometrically analyzing the truncated annular ring. The liquid cross-

sectional area ( A ) is defined in Equation (3.29).

_2r-6

A . et (D7 - (D, - 25)°) (3.56)

70



When the liquid occupies more than half of the cross-section of the tube in stratified

flow, the above expression will yield a value of s> D, /2, which is not geometrically
realistic. As suggested by the them, at low vapor qualities when & > D, / 2, the thickness

issetto 6 =D, /2.
The film condensation heat transfer coefficient (af) for the falling film at the

upper perimeter of the tube used here is also suggested by Thome et al. (2003) as shown
in Equation (3.57). Similar to the correlation of Dobson and Chato (1998), the inside

surface temperature of the tube is solved iteratively for this correlation.

(3.57)

B hok 4
a, :0.728(@(@ £,)9 fg KL J

H Di (Trefr _Ttube,in)
The method of Del Col et al. (2005) is followed, where both the convective (0%)
and film condensation (af ) heat transfer coefficients are modified for zeotropic mixtures

using the SBG method. Initially, the liquid pool has a low ammonia concentration and
consists primarily of water. As the fluid moves through the heat exchanger, the ammonia
condenses, thereby increasing the concentration of the liquid phase. The mixture

convective heat transfer coefficient («, ) is defined in Equation (3.58). The term Z is the

ratio of sensible heat transfer to the total heat transfer as shown in Equation (3.49).

Ay = £i+£] (3.58)
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Similarly the SBG method is applied to the film-heat transfer coefficient (af ) but

without the interfacial roughness parameter. The mixture film-condensation heat transfer
coefficient («; ) is defined in Equation (3.59)
1 oz Y
U m = £—+—J (3.59)
a;
Del Col et al. (2005) suggested a non-equilibrium mixture factor (F,) in a, , to

account for non-equilibrium effects in stratified flow. For the present study, negligible

changes are observed with the addition of F_ because of the high concentration of

ammonia (99.8%) in the refrigerant. The local overall heat transfer coefficient («,,, . ) for

refr,m

the zeotropic mixture is obtained from the interpolation of «, , and «,  with the respective

heat transfer areas for the two mechanisms. Based on the Figure 3.11, the correlation for

the apparent heat transfer coefficient on the tube-side (« ) is shown in Equation (3.60).

refr,app

_ 2% ,mestrat + (27[ - estrat ) A
refr,app — o

(3.60)

(24

The internal thermal resistance is calculated using this apparent heat transfer
coefficient for the thermal resistance circuit.

R-— Y (3.61)

" Uy app ™D g
Two methods for calculating the apparent heat transfer coefficient, applicable to
the present flow conditions, are discussed here. The first method is using pure fluid heat
transfer coefficient of Dobson and Chato (1998) in Equation (3.53) to include the mass

transfer effects and calculate the apparent heat transfer coefficient. The second is the
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method of Del Col et al. (2005), which includes mass transfer effects separately in the
liquid pool at the bottom and the film at the top. Both the methods were analyzed over the
whole condensation process, and significant differences are observed. Figure 3.12 shows
the comparison of the apparent heat transfer coefficient for Condenser R.1 at design

conditions using these two approaches.

13000

o Dobson &Chato (1998) with SBG
11000( | ™ a Del Col et al. (2005)

9000
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00 . . . . . .
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Vapor Quality (-)

Tube -side heat transfer coefficient (Wm2K-")

Figure 3.12 Comparison of tube-side two-phase heat transfer coefficients for
Condenser R.1 at design conditions

The serrated profile of the heat transfer coefficient is due to the variation of air
temperature, which is explained in section 3.2.2. There is a sudden drop in both heat
transfer coefficients around vapor quality of one, which is because of the high mass transfer
resistance near the inlet of the condenser. However, the method involving the correlation

of Dobson and Chato (1998) seems to predict a high overall heat transfer coefficient, even
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at the low refrigerant velocities investigated in this work. Upon further inspection
differences in the two correlations can be attributed to the convective heat transfer
coefficient in the liquid pool. The method of Del Col et al. (2005) is more recent, detailed,
and covers a bigger database of fluids. Therefore, it is decided to apply the method of Del
Col et al. (2005) for the conventional condensers.

Depending on the ambient conditions, the condensation process is completed and
subcooling occurs near the exit of the condenser. The Churchill (1977) correlation, shown
in Equation (3.62), was used to predict the heat transfer coefficient for all subcooled
segments. This correlation predicts single-phase heat transfer coefficients over the full

Reynolds number range encountered in this study.

_g\1/10

1

f 0.5
0.079- (C““fj Re Pr,
8

365
4.364>

(2200—ReLj
exp| ————L
NUp e =| 4.364 +

2

6.3
" (1+Proe)"”

(3.62)
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3.2.1.3 Pressure drop

Two-phase pressure drop during condensation can be attributed to major, minor,
gravitational, and deceleration components, as shown in Equation (3.63) . Each of these
components is calculated assuming a cross-section averaged steady state two-phase
mixture in a one-dimensional flow system. A positive pressure drop value (APjoss refr > 0)
corresponds to a decrease in refrigerant pressure from the inlet to the outlet.

AR,

loss, refr

=AP

refr,major

+ AP,

refr,minor

+ AP

refr,grav

+ AP

refr,dec

(3.63)

For the horizontal tube configuration, applicable to condensers designed in this
study, Friedel (1979) suggested the following equations for the two-phase liquid-only

multiplier.

2 f
CFriedel 1= (1_ qrefr ) + qrzefr [%j Lf_\/OJ (364)
LO
0.91 0.19 0.7
0.224
CFriedel 2 = 324q?ef7r8 (1_ qrefr ) [&J (&j {1_ &j Fr70'045\N970'035 (365)
Py H He

¢EO,Friedel = CFriedel 1 + CFriedel,2 (366)

The Froude (Fr) and Weber (We) numbers in Equation (3.65) are calculated using

the homogenous two-phase density ( o, ).

Qe 1= O |
pr =[ refr + refr) (367)
Py PL
GZ
Fr=—"" (3.68)
9D, e
G D,
We=—""" (3.69)
PreOL
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The single-phase friction factors used in Equation (3.64) are calculated based on
the type of flow: laminar or turbulent. For the turbulent flow, Friedel (1979) recommends
Equation (3.71) for the single phase friction factor.

16

For laminar flow (Re,, <1055): fo=
Re,,

(3.70)

For turbulent flow (Re,, >1055) :

-2
f, =0.25/0.868591n R (3.72)
1.964In(Re,,) -3.8215

where x = L,V for liquid or vapor

Finally, the two-phase frictional pressure gradient is calculated from the two-phase
liquid-only multiplier and the single-phase pressure gradient as shown in Equation (3.72).
The liquid-only single-phase pressure gradient is calculated using the Fanning friction

factor, which is defined by the Blasius (1950) correlation .

2

G
(_d_Pj = cDio,Friedel (_d_Pj = q)io,Friedel 4 fLO iﬂ (372)
dz Jgicre dz ) gic. L0 D, 2p,

The frictional pressure gradient is calculated with the average refrigerant properties
of the segment, and approximated to be constant over the segment. The major pressure loss

in the segment is obtained by multiplying the length of the segment with the gradient.

AI:)refr,major = Lseg (_(:j_lzj (373)
fric, TP

Although the refrigerant flow in the heat exchanger is primarily horizontal, U-bends
are welded at the end of each horizontal pass curving downward and connecting to the next
pass. Each U-bend leads to a minor pressure loss and a gravitational pressure rise, which

are the second and third components of the overall pressure drop. To keep track of the
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location of these u-bends, a counter is introduced into the model. The segment length (L, )

is also chosen in such a way that it is a factor of the pass length (L . ), to ensure fixed

pass
number of complete segments in each pass. The minor loss and the gravitational component
are calculated at the location of the U-bends with the qualities and properties of the
refrigerant at that point. The minor loss in the bend is calculated using Equation (3.74) and

requires a loss coefficient for U-bend (K, ) Kg..q IS @ single-phase loss coefficient

Bend

obtained from a list compiled by Ghiaasiaan (2007) from various sources.

l GrZefr
AP =® ~K (3.74)

refr,minor L0,bend 2 Bend
L

Two-phase pressure drop in a bend involves a liquid two-phase multiplier (@)

multiplied to the single-phase minor loss calculation. Chisholm (1967) proposed a

correlation for @ , inabend as shown in Equation (3.75). This correlation uses a modified

Martinelli’s factor (X, .), defined by Chisholm (1981) as the ratio of single-phase

bend
pressure drop in the liquid to pressure drop in vapor. These single-phase pressure drop
calculations involve the same loss coefficient (K, ) that was used in Equation(3.74). The
coefficient (C,_,,) used in the two-phase multiplier correlation is defined by Equation
(3.77).

D, = (1—qfefr)[1+ﬂ+ij (3.75)

bend szend
X _ AI:)L,bend _ \/ KbendGE /(ZpL) (3 76)
Bend — - '
\ AR, peng KbendG\f /(va )

7




0.57]
Cbend = 1+(C2,bend _1)[MJ { L + &}
Pr | ey o

29 (3.77)
1+

C2,bend = r
I‘<bend [2 + beDnd

Each U-bend transports the refrigerant from one pass to the next with a drop of

s,/2 in vertical height. The gravitational pressure rise due to this drop in height is

accounted for by using Equation (3.78). The void fractions used here for pressure drop
calculations are in the form presented by Butterworth (1975). VVoid fraction at both the inlet
and the outlet of the segment are calculated from Equation (3.79) by using the pertinent
vapor quality. The density and viscosity values used in this equation are averaged over the

segment.

AF)refr,grav = _[(1_VF )pL +VF- Py :I g (%j (378)

1- 0.64 0.36 0.07 |
VFin/out — 1+ 028 qrefr,in/out [&J (i]
qrefr,in/out p L :“v

VF =0.5(VF, +VF,,)

(3.79)

The last component of the pressure drop in the refrigerant is from the deceleration
of the flow due to condensation. As the condensation process continues inside the
condenser, the quality of the refrigerant decreases and the density increases. As the mass
flux in the refrigerant is constant, increase in density of the refrigerant leads to decrease in
average velocity, decelerating the flow. The rise in pressure due to deceleration is

calculated using Equation (3.80).
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2 1- i 2 (1-q,. )
_ Grzefr qrefr,out n ( qrefr,out ) _ Grzefr qrefr,m n ( qrefr,m ) (380)
AVFw L (1-VFy,) AVF,  p (1-VF,)

out n

AP

refr,dec

As described in the heat transfer section, subcooling in the last few segments of the
condenser requires different correlations. For segments in the condenser where subcooling
is occurring, the single phase pressure drop is calculated using the correlation developed

by Churchill (1977), (Equations (3.82) and (3.82))

[ r -16 152
8 ) 1 37530 |
fopwr =8 ( j +| | 2.4571In 59 +[ }
ReL 7 +0.27 grough Re'—
Re, D,
(3.81)
Lseg Grzefr
AP f e (3.82)

refr, major = lchur
Di 2prefr

During the subcooling process, there is no deceleration of the fluid.

3.2.2 Air-side modeling

The air-side geometry and dimensions are outlined in Table 3.2 for the two
conventional round-tube corrugated-fin condensers. The engineering drawing for the

corrugated-fin of Condenser R.1 is shown in Figure 3.13.
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Figure 3.13 Engineering drawing of corrugated-fin with tube collars

The fins have collars in staggered locations and are press fitted onto the round tubes
to ensure good heat transfer contact. Heat is transferred from the refrigerant to the tube and
then to the collar and finally to the air flowing around these cylindrical collars in between
the fins. For this reason,
resistance network, which is described in more detail in section 3.2.3. The fin collar
diameter is used as the tube outer diameter (OD) in the subsequent air-side calculations.

The rear tube row is at downstream location of 33 mm for Condenser R.1 and 22
mm for the Condenser R.2 from the frontal row. Updating the air temperature in the model
through the assumption discussed in Section 3.1 is expected to provide an accurate

prediction of heat transfer rates in the conventional condensers. The inlet and outlet air

conduction resistance from the collar is added to the thermal
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temperatures as a function of the uncoiled tube length for Condenser R.1 at design
conditions are shown in Figure 3.14. The odd number passes are the frontal passes and are
represented in blue color. The even number passes are the rear passes and represented in
red color. The frontal passes receive a uniform face air temperature (51.7°C), while the
rear passes receive heated air at the outlet temperature calculated from the segment in the

previous frontal pass, located at the same lateral position along the width of the face area.

63

Inlet air
------ Qutlet air
61

# Frontal pass
# Rear pass

Segmental air temperature (°C)

0 1 2 3 4 5 6 7 8 9
Uncoiled tube length (m)

Figure 3.14 Condenser R.1 air temperatures for frontal and rear passes

This method accounts for the lateral and vertical variation in air temperature
entering the rear tube row. This approach is expected to lead to better prediction of the

trends in condenser performance with varying air flow rates and temperatures.
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3.2.2.1 Heat transfer

The correlation of Kim et al. (1997) is used in the present study for predicting the
heat transfer and frictional pressure drop in the conventional condensers. A database
consisting of a wide range of wavy fin configurations with all the data based on the tube
outer diameter is used to develop the correlations. They used the Colburn “j” factor to
predict the heat transfer coefficient, shown in Equation (3.83). For the rows less than three,

the correlation is adjusted based on the maximum Reynolds number in the core Re

D,max *

Here, collar diameter (D, ) is used instead of tube outer diameter (D, ) to account for the

larger diameter over which the air flows. The other fin dimensions are shown in Figure 3.7

and outlined in Table 3.2 except for the fin spacing (s = p,, —t;, )-

o )02 0205 1 0858 0433
- . s
N >3: = i. =0.394Re2%7| 2t s wav,p wav,d

JN J3 D,max SI Dc SanYd S

N =12; Re >1000: jy =], (0.978—0.010N) (3.83)

D,max —
N =1,2; Re,., <1000: j, = j,(1.350-0.162N )

D,max
The average air-side heat transfer coefficient is obtained from the Colburn “j” factor
correlation Equation (3.84). Finally, the overall outside resistance for the segment is

calculated as shown in Equation (3.85) using the overall fin-efficiency (7, ).

H aa'r I:)razi{’3
I = pul—Cp (3.84)

1

_ _ (3.85)
77 Oaair Aout,seg

out
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3.2.2.2 Pressure drop

The overall pressure loss can be attributed to entrance and exit losses, frictional
losses, and acceleration components.

AR,

loss,air

= AP

air,entrance

+ AP,

air,fric

+AP,

air,acce

, +AP.

air,exit (386)
The pressure decreases during contraction of the flow area and increases during
expansion. In this case, due to the presence of fins and tubes, the flow area for the air

decreases, which leads to contraction, and when the air leaves the condenser it experiences

an expansion. Contraction and expansion loss coefficients, K_and K_ are used to account

for irreversibilities due to these sudden changes in air flow area. Values for the coefficients

can be found in Kays and London (1984) as a function of Reynolds number and the

contraction ratio (o, ), i.e., the ratio of the flow area at the face of the condenser (A, ) to

face

the frontal flow area (A,). A, of the condenser is calculated by subtracting the area

face

blocked by the fins from the overall frontal area.

— Aface _ H fin Lpass (1_tfin/pfin)
¢ Afr L |-|fin

pass

(3.87)

Air-pressure changes due to contraction and expansion are approximated using
Equations (3.88) and (3.89). The wind tunnel cross-sectional area is different at the inlet

and the exit of the condenser suggesting use of different area ratios (o, o, ). In the present

study, by convention, a rise in pressure is shown as negative. These correlations consist of

both reversible and irreversible parts.

AP, C (1-0?+K,) (3.88)

air,entrance 2

air,in
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AP, . = G—az"(1—a§—|<e) (3.89)

T 2
The frictional losses usually account for the major portion of the pressure losses.
The study of Kim et al. (1997) on corrugated wavy-fins, which was used for the heat
transfer correlation, provides an appropriate friction factor correlation. The air-side overall
friction factor for finned-tube geometries is usually calculated using a superposition model
that combines the friction factors from the tube and the fin. Kim et al. (1997) suggested

Equation (3.90) for the overall friction factor, which requires the fin total area (A, .. ) and

fin,tot

the total air-side area including both fins and tubes (A, ).

Aq A, t.
fair = ff,air( :Vtm ]+ ft,air (1_ ;:m J(l_ pflﬂ ] (390)
ot ot fin

Kim et al. (1997) suggested the use of a tube bank correlation by Zukauskas and

Ulinskas (1983) for the tube-friction factor ( f, . ), which is detailed in Section 3.3.2.2. For

t,air

the fin-friction factor ( f. . ), they performed a multiple regression analysis on the

f,air

experimental data and proposed Equation (3.91).

-1.08 —0.0339 S -0.672
f, . =A4.467Re 4 (S—tj [i] [M] (3.91)
’ ' S, D S

c wav,d
Finally, the frictional pressure drop is calculated from the overall friction factor

using Equation (3.92). Here, A_corresponds to the cross-sectional flow area available for

air flow at the plane of first tube row, as shown in Equation (3.93)

2
AI:>alir,fric = fair % 2Gair (392)
Pair
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A =(Hyg, - Nt,rowDC)Lpass (l_tfin/ pfin) (3.93)

Kim et al. (1997) suggested limits in dimensionless parameters for their heat
transfer and pressure drop correlations based on comparisons with their data. These
applicability limits, along with the values of the dimensionless parameters, for both
condensers at design conditions are outlined in Table 3.3. It can be seen that the values for
both the condensers under consideration here are mostly within the range of applicability

of the correlations suggested by Kim et al. (1997).

Table 3.3 Range of applicability for Kim et al. (1997) wavy-fin correlation

Limitations Limitations Design Design
Heat transfer Friction factor Conditions Conditions
Condenser R.1 Condenser R.2
500 < Rep < 6000 500 < Rep <9000 2162 1124
S S 1.16 1.16

1.16ss—‘sl.33 1.16<-1<1.33

14 1
015<—>-<033  011<— <033 L Sile
DC DC

S S 3.8 3.1
144 <2 <10 3.23< P <565

swav,d Swav,d

S S 0.94 0.63
0.23<avd <121 0.29 < wavd <9

S S

The final portion of the pressure drop accounts for the acceleration or deceleration

of the flow with heating or cooling.

2
AI:)air,alccel = Gair (pa"’m _]} (394)
2loair,in loair,out
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3.2.3 Thermal resistance

Calculation of the internal and external thermal resistances is described in Sections
3.2.1 and 3.2.2 respectively. The conduction resistance is the only part left to be
determined. For the conventional condensers, the collars from the corrugated fins are press-
fitted onto outer surfaces of the tubes. Therefore, the collars present an additional

conduction resistance to heat transfer. The overall conduction resistance (R, ) is the sum

of the resistances from the fin-collar and tube as shown in Equation (3.95). The collar

material is aluminum, the same as the fins, while the tube material is carbon steel.

Respective conductivities k. and k. are used for the calculation of the conduction

fin tube

thermal resistance. The contact resistance ( R_) between the press-fitted collar and the tube

is calculated from the interface conductance () using Equation (3.96). Here, A, is the

surface area of the tube in contact with the collar, and a typical ¢, value (6000 W m?K™)
for contact between steel and aluminum is used. The contact resistance calculated for a
segment in Condenser R.1 is 0.008 K W™ , whereas the internal, external and conduction

resistances are 0.065 K W™,0.163 K W™, and 0.014 K W™, respectively. This analysis
shows that contact resistance between the collar and the tube in the conventional round-
tube corrugated-fin condensers has an insignificant effect on the heat transfer in the

condenser.

In(D,/D,) In(D,/D,
Rcond = Rcollar + Rtube = ( / ) + ( / ) (395)
2ktubeﬂ-Lseg 2kfin”Lseg

R =

1
sy (3.96)
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The total thermal resistance of a segment is determined by combining all the
resistances in series using Equation (3.2). The thermal resistances for Condenser R.1 and
Condenser R.2 at design conditions are plotted in Figure 3.15 and Figure 3.16 respectively.
The sudden jump in the internal thermal resistance for both the condensers is due to
transition to the subcooled region of the refrigerant. In the two-phase region, the outer
thermal resistance from the air is dominant. The conduction resistance from the tube and

the collar is negligible compared to the other resistances.

2.0
-———Internal resistance
-—-—External resistance
‘T; 15 ———Conduction resistance I—_\
< —— Total resistance T
@
o
c
©
» 1.0
w
e
©
E
2 05
(-
S | et
o 0 e _..____..._._;_;__.___:-_—-;-——“" _____ ’
0 2 4 6 8 10
Uncoiled tube length, m

Figure 3.15: Thermal resistances Condenser R.1 at design conditions
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Figure 3.16: Thermal resistances Condenser R.2 at design conditions

3.3 Multi-Pass Tube-Array Condenser

Two novel multi-pass tube-array condensers (Condenser M.1 and Condenser M.2)
are designed and modeled. Condenser M.1 consists of a dense array of tubes. Condenser
M.2 is a version with plain fins fitted to the tube-array for increased air-side area. Both
condensers have bundles of parallel tubes joined in a single header. As shown in Figure
3.17, the header is split into two halves, with each tube making four passes before returning
at the other end of the header. The tube bundles in the condensers are in series with respect
to the flow of refrigerant and consist of a decreasing number of parallel tubes to account
for the decrease in specific volume as the refrigerant condenses. The number of parallel

tubes in each tube bundle (N ) for both the condensers is shown in Table 3.4.

t,bundle
Although Condenser M.1 consists of four tube bundles and Condenser M.2 consists of 6

tube bundles, both condensers have 120 tubes. These condensers are experimentally
88



evaluated in the wind tunnel, and the results are used to validate and refine the models. The
mass flux of refrigerant flowing through a segment depends on the number of parallel
tubes, which varies from one tube bank to another. Similar to the case for conventional
round tube coils, segmented models are developed for both multi-pass condensers. These
models divide the condenser into small segments of equal lengths along the path of the
refrigerant to track the variation of properties and heat transfer processes during

condensation.

89



Air Flow Direction Fare TUBE
I ‘[ I —— Staggered Tube
J; — NI‘OW

Hface
Nbundle

Refrigerant Flow
Direction

Figure 3.17 Schematic of multi-pass tube-array condensers
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Table 3.4 Multi-pass tube-array condensers tube-side dimensions

Tube-Side Geometry

Dimensions Condenser R.1 Condenser R.2
Ly (M) 0.508 0.508
D, (m) 3.175x 10°® 3.175x 10°®
tipe (M) 5.08 x 10 5.08 x 10
Losss (M) 0.508 0.508
Nbundles (-) 4 6
Nt,total (') 120 120
Nt,bundlel = 48
Nt,bundlel =48 Nt,bundlez =32
Nt,bundleZ =36 Nt,bundIeS =18
Nt,bundle (_)
Nt,bundle3 =24 Nt,bundle4 =12
Nt,bundle4 =12 Nt,bundle5 =6
Nt,bundIeG = 4
s,(m) 6.35 x 10°° 6.35 x 1073
s,(m) 6.35 x 10°° 6.35 x 1073
Erqugn (M) 1.0 x 10° 1.0 x 10

Tube material

Stainless steel

Stainless steel
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Table 3.5 Multi-pass tube-array condensers air-side dimensions

Air-Side Geometry

Dimensions Condenser M.1 Condenser R.2

Nyow (—) 8 8

Ny row (=) 60 60

Hppee (M) 0.381 0.381

W, (m) N/A 2x0.019

ts, (M) N/A 2.54 x 10

Pan (M) N/A 2.54 x 10°
Arrangement Staggered Staggered
Fin material Stainless steel Stainless steel

3.3.1 Tube-side modeling

3.3.1.1 Flow regime

The novel multi-pass tube-array condensers have tubes with very small diameter

92

(3.175 mm) but the refrigerant flow is split into multiple tubes, which decreases the mass
flux in each tube. Among the two-phase flow regime studies in the literature, the flow
pattern map of El Hajal et al. (2003) includes low mass flux regions. Furthermore, the study
also divides the stratified flow regime into stratified-wavy and fully-stratified flow
regimes. The mass fluxes in both the multi-pass condensers are plotted on their flow regime

map and are shown in Figure 3.18. In contrast to the case for conventional condensers, the




mass flux is not constant in the multi-pass condensers, and increases after each tube bundle
as condensation proceeds. The refrigerant mass flow rate for a segment in a particular tube
bundle is determined using Equation (3.97) from the total mass of vapor entering the
condenser. This calculated mass flow rate is assumed to be constant for all the tubes in that
bundle or block.

m
refr,seg = N

cond,in (397)

t,bundle

m

Despite this design effort of increasing the mass flux with decreasing vapor quality,
the flow in both the condensers is stratified. As seen from Figure 3.18 the two-phase
refrigerant flow is fully-stratified in Condenser M.1 at design conditions. For Condenser
M.2, however, the flow is fully-stratified in the first two tube bundles and stratified-wavy
in the rest of the condenser. From this exercise, it is established that heat transfer

correlations for stratified flows are appropriate for modeling these multi-pass condensers.
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Figure 3.18: Two-phase flow-regime in multi-pass condensers

3.3.1.2 Heat transfer

The models of the multi-pass condensers use segmental analysis to predict the heat
transfer and pressure drop inside the tubes. It is assumed that the refrigerant is uniformly
distributed into all the parallel tubes of that bundle. A face tube and a staggered tube are
modeled separately in every tube bundle as shown on the top view in Figure 3.17. This is
because the air inlet temperature to the staggered tube is different from the corresponding
temperature for the face tube (Section 3.1). The Dobson and Chato (1998) heat transfer
coefficient correlation with SBG framework accounts for mass transfer effects. Del Col et
al. (2005) includes mass transfer effects separately in the liquid pool at the bottom and the
film at the top. In contrast to the conventional condenser models, the first method is used

for the multi-pass condenser models. This is because the method of Del Col et al. (2005)
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uses simplified geometries inside the tube, which requires the calculation of the geometric
parameters shown in Figure 3.8. The inner diameter of the tubes in the multi-pass
condensers is very small (2.16 mm) compared to the tubes in the conventional condensers,
which may not justify the precise calculation of the geometric parameters of the film and
the pool for this design. The two-phase heat transfer coefficient in Condenser M.1 at design
conditions is shown in Figure 3.19 as a function of vapor quality. The sharp changes in
slope of the curve are because of the sudden change in air inlet temperature from one tube
bundle to the next. The film heat transfer coefficient calculation requires the temperature
difference between the refrigerant and the inner tube as shown in Equation (3.38). A

decrease in the temperature difference (T, -T,.,) increases the film heat transfer

coefficient, which is the reason for the sudden jump around 0.2 vapor quality in Figure
3.19. The drop in heat transfer coefficient at qualities above 0.9 is because of the high mass

transfer resistance near the entrance of the condenser.
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Figure 3.19 Tube-side apparent heat transfer coefficient for
Condenser M.1 at design conditions

At the design conditions, the model predicts that subcooling occurs in Condenser
M.1 in the fourth or the last tube bundle. Similar to the case for the conventional
condensers, the single-phase heat transfer correlation of Churchill (1977) is used to model
the tube-side heat transfer coefficient. A significant difference in the heat transfer
coefficients between the two-phase and single-phase is observed, and its effect on the

thermal resistance is discussed in section 3.3.3.
3.3.1.3 Pressure drop

The tube-side pressure drop components for the multi-pass condensers are
calculated using the methods described in Section 3.2.1.3, except for the gravitational
component of pressure drop. The refrigerant trickles down with due to gravity inside the
header and the gravitational pressure rise is based on the difference in height of the tube

outlet and height of the tube inlet for the next tube bundle. To make the model simpler and
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minimize instabilities in computation, the gravitational head of the entire condenser is
assumed to be distributed equally among all the segment of the condenser as shown in

Equation (3.98).

H ace
Al:)refr,grav = _[(l_VF )pL +VF- oy ] g f Lseg (398)

otal

3.3.2 Air-side modeling

The air-side geometries of Condenser M.1 and Condenser M.2 are different.
Condenser M.1 consists of a dense array of plain tubes without fins. The second version,
Condenser M.2, consists of plain fins fitted on to this dense array of tubes. This difference
in geometries necessitates different heat transfer correlations and methods for their
respective models. The air-side geometries and dimensions are shown in Table 3.5. These
dimensions are also seen in the schematic of a staggered tube bank arrangement shown in
Figure 3.3. Some common variables frequently used in correlations are derived from these

dimensions, as shown in Equation (3.99).

ho S fa) e
b=t ¢ (2) b (3.99)

a=_r
D, D,

Due to the absence of fins in Condenser M.1, the u is approximated as shown

air, face
in Equation (3.100). The maximum velocity and maximum Reynolds number can now be

calculated using Equations (3.13) and (3.14), by replacing D, with D, of the tube. The air

flow area at the plane of a tube row ( A,) is calculated using Equation (3.101)
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Vv

U — air,in 3.100
air, face H faceLpass ( )
A% = ( H face Nt,row Do) Lpass (3101)

Air temperature is also updated after each tube row for all the eight rows. The
analysis is similar to the discussion on conventional condensers in Section 3.2.2. For this
multi-pass condenser design, refrigerant flows back and forth with respect to the air flow
direction. The refrigerant flow direction is shown with arrows in Figure 3.17. The
horizontal arrows represent refrigerant flow through a tube bundle rejecting heat to the air,
while the vertical arrows represent the downward flow of refrigerant inside the header to
the next tube bundle. As the air-flow direction in the condenser stays constant, the
refrigerant and the air are in cross-counter flow in one tube bundle and cross-parallel flow
in the next tube bundle (shown in Figure 3.20). Thus, in the model, the air temperature is
updated accordingly with respect to the flow of refrigerant in the model. The cross-counter
flow in a tube bank requires iterations to calculate the air temperature from one side and
the refrigerant temperature from the other side. This increased the complexity of the model,
and segment length is increased to the length of one pass (0.508 m) to avoid computational
instabilities. With this larger segment length, the numerical error, compared to the
calculations using smallest segment length (0.025 m), is still less than 1% for heat transfer

rate and less than 6% for tube-side pressure drop.
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Figure 3.20 Flow of refrigerant with respect to air in Condenser M.1
3.3.2.1 Heat transfer
The heat transfer correlation for tube banks suggested by Zukauskas (1972) is
shown in Equation (3.102). The variables C and m, used in the calculation of the Nusselt
number, are a function of the maximum Reynolds number in the coil, which is defined in

Equation (3.14). The Prandtl number of air at the surface temperature (Pr;) is calculated at

the tube outer surface temperature for the particular segment. All the other properties used
in the correlation are evaluated at the arithmetic mean of the air inlet and outlet temperature

of the segment.

0.25
— P
NUp(rows>20) = C Rep  Pro® [ ' ] (3.102)

D,max P_rs

In cases where the tube bank has less than 20 rows, the lower heat transfer
coefficient from the first few rows of tubes plays a role in the average heat transfer

coefficient (Zukauskas, 1972). For the present study, the multi-pass tube-array condensers
99



have eight rows of tubes, and this is accounted for by adding a coefficient (C,) to the

average Nusselt number. The air-side heat transfer coefficient is then calculated from the

Nusselt number for that segment.
mD(Rows:B) = C2 mD(Rows>20) (3103)

It is observed that the air-side heat transfer coefficient proposed by Zukauskas

(1972) has a discontinuity atRe of 1000. This is because of the sudden change in

D,max
parameters C and m used in Equation (3.102), which are both functions of the maximum
Reynolds number of air.

The Martin (2002) approach for calculation of heat and mass transfer rates from pressure
drop correlations uses the pressure drop correlation of Gaddis and Gnielinski (1985) to
calculate the heat transfer coefficient in bundles of tubes in crossflow of air. The average
Nusselt number for a tube bank, according to Martin (2002), is given by Equation (3.104).
Here the temperature ratio at the end of the equation was suggested by Churchill and Brier

(1953) and accounts for the rise in air temperature near the outer surface of the tubes.

Nt 13 Tair avg o
NUair martin = 0.404 Lq —_— (3104)
tube,o
Lq =0.92Hgsﬂ(ﬁ—l) (3.105)
C\ 7«

The term Hg, in Equation (3.105) corresponds to the Hagen number for staggered

arrangement of tubes. The term is divided into laminar and turbulent components as shown

in Equation (3.106). These components are defined in Equations (3.107) and (3.108). The
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term f, ., defined in Equation (3.109), is used to account for the influence of inlet and

outlet pressure losses, and should be set to zero for N, ,>10.

Rey ..+ 200
Hgs = Hglam + Hgturb,s 1—eXp _EI.OT

(b°°-0.6) +0.75

HO,.. =140Re, . forb>0.5v2a+1
| at® (%b—lj
T
Hgturb,s = ft,s Re:IL37r5nax—|— ft,n RezD,max

w2 N 10

1{ 1 —iJ forb>0.5v2a+1

t,row

ﬂﬁ:125+———9§jm§+02®/a—b3—ODOﬂa/b—D3

(a—-0.85

(3.106)

(3.107)

(3.108)

(3.109)

(3.110)

Both the Zukauskas (1972) and Martin (2002) correlations are applied to Condenser

M.1 and plotted with increasing Reynolds number of air (shown in Figure 3.21). The

discontinuity in the Zukauskas (1972) correlation is evident at Re

D, max

the maximum flow rate of air for the present study, Re

D,max

region with the discontinuity.
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Figure 3.21 Air-side heat transfer correlations for Condenser M.1

Condenser M.2, a finned multi-pass condenser, consists of plain fins fitted on a
staggered tube bank. In contrast to Gray and Webb (1986), the Kim et al. (1999) correlation
also incorporates heat exchangers with small diameter tubes, very relevant to the present
design. Therefore, the Kim et al. (1999) correlation is used for modeling the air-side heat
transfer coefficient of Condenser M.2. Their j-factor correlation is shown in Equation
(3.111), and is valid for plain fin staggered tube heat exchangers with more than three rows.

As Condenser M.2 consists of eight staggered tube rows (N__ ), the correlation is applied

row

without any modification. Finally, the air-side heat transfer coefficient from the Colburn

“j” factor is obtained from Equation (3.84).
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s 0.106 s 0.0138 s 0.13
H -0.369
Jair(Rows>3) = 0163 Re (S_:J [F] (D_tJ (3111)

The engineering drawing of the plain fin used in Condenser M.2 is shown in Figure
3.22. As the tubes of the condenser are fabricated and bent separately, these plain fins are
designed to fit on the tubes just before brazing. Each of the tubes in the condenser makes
four passes in the air, and it is only possible to have the first pass and last pass of the tube
in contact with the fin. Furthermore, there is cut out at the center of the fin for the middle
two passes, resulting in a decrease in the heat transfer area of the fin. These aspects of the
fin are accounted for in the model of Condenser M.2 by locally switching to a tube bank

correlation for the heat transfer coefficient. The air velocity and Reynolds number are also

modified for the middle passes because of the absence of fins.
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Figure 3.22 Engineering drawing of Condenser M.2 fin

104




3.3.2.2 Pressure drop

For an un-finned bank of tubes in crossflow, the entrance and exit effects of
contraction and expansion are typically already accounted for in the frictional pressure drop
correlations (Kays and London, 1984). The air-side pressure drop then consists only of
frictional and acceleration components. The frictional pressure drop from the tubes in

Condenser M.1 is modeled by determining the tube-friction factor ( f, .. ). Zukauskas and

t,air
Ulinskas (1983) provide a correlation for the Euler number for the first N tube rows (Eu,, )
in Equation (3.112). This correlation is based on the Euler number for many rows of tubes
(Eu). Coefficients used in determining Euler number (A, Bg,, Cg,, Dg,, Eg,, andk,)
and the correction factor for fewer tube rows (C,) may be found in the book by Hewitt

(1990).

Eu, =C,Eu; Eu:kl[AEu+ Be, + CEZ“ + D'g” + Ei“ J (3.112)
Re,, Rey, Rep, Reg,

Eu,, corresponds to the average friction factor and is related to f, .. using Equation

t,air

(3.113) (Kimet al., 1997). Here, A , corresponds to the outside area of the tubes exposed

to the air, while A corresponds to the flow area available for air in the first row in the

absence of fins. In the case of Condenser M.1, these areas are defined in Equations (3.114)

and (3.115).
Eu, =f A N, o, (3.113)
T
Aot = Nygoar (47D, Lyss ) (3.114)
Aue =(H e = NerouDs ) Lpas (3.115)
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Finally, the frictional pressure drop from the tubes is calculated using Equation

(3.116)

AF)air,t = i ft,airpairuriax (MJ (3116)
2 A

Similar to the heat transfer correlation for plain fins, the Kim et al. (1999)
correlation is used for fin frictional pressure drop in Condenser M.2. Their fin-friction

factor ( f. . ) correlations for plain fins is shown in Equation (3.117)

—-0.347 -0.134 S 1.23
f=1455Rel®| 3| | S| | > (3.117)
* | s D D

f ,air

o o

Limits on dimensionless parameters for the heat transfer and pressure drop
correlation for the Kim et al. (1997) correlation along with the values of these parameters
for Condenser M.2 at design conditions are shown in Table 3.6. It can be seen that the
values for both condensers are mostly within the range of applicability of the correlations

of Kim et al. (1997).
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Table 3.6 Range of applicability for Kim et al. (1999) plain-fin correlations

Limitations Limitations Design Conditions
Heat transfer Friction factor Condenser R.1
505 < Rep<24707 505 <Rep< 19766 663.4

0.857 S%£1.654 0.857S%£1.654 1

1.996S%S 2.881 1.996£%£2.876 2

0 (0]

72
o.oslsDiso.641 o.oslsDiso.641 0

0 0

The fin-friction factor f. . isused in conjunction with the tube-friction factor f

f ,air t,air
to find overall friction factor as shown in Equation (3.90). The rest of the air-side pressure
drop components for the multi-pass tube-array condensers are obtained using the equations

described in Section 3.2.2.2 for conventional condensers.

3.3.3 Thermal resistance

The thermal resistances of the multi-pass condensers are calculated similar to the
conventional condensers using the correlations discussed in Sections 3.3.1 and 3.3.2. The
thermal resistances for Condenser M.1 are plotted along the length of the condenser and
shown in Figure 3.23. The external air-side resistance is the dominant resistance throughout
the condenser. It is quite evident that Condenser M.1 is air-side limited, and fins must be
added to increase air-side area and decrease the external resistance. This is accomplished
in Condenser M.2 with the addition of plain fins, and the thermal resistance is decreased in

the tube passes where the fins are attached. This can be observed in Figure 3.24, where the
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middle passes without fins have higher external resistance. The first and the last passes in
a tube bundle have lower resistance: about one-fourth the value of the resistance of the
middle passes. As the external resistance is the dominant resistance, the fins increase the

heat transfer rate by about four times for the first and last passes in a tube bundle.

35—
—————— Internal resistance

3.0 -—-—External resistance
- ———Conduction resistance
= 25 —— Total resistance
x
e 20—
&
0
]
@ 1.5
x
©
E 10
@
i =
=
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,f"’
0.0 e —
0 1 2 3 4 5 6 7 8
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Figure 3.23: Thermal resistances of Condenser M.1 at design conditions
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Figure 3.24 Thermal resistances of Condenser M.2 at design conditions

The &—NTU method described in Section 3.1 is also used here to determine the
heat rejection rate. The outlet conditions of refrigerant and air for the segment are
calculated from this heat transfer rate.

An important thing to note is that the refrigerant is assumed to be distributed
uniformly among all the tubes in a bundle. Based on this assumption, a face tube and a

staggered tube, each with four passes, are modeled for each tube bundle. The heat rejection

rate for the tube (Qtube) is the sum of the heat transfer rates from all segments (Q... ). The

seg
total heat transfer rate for that tube bundle and the whole condenser are calculated using
Equations (3.118) and (3.119). The predictions from the modeling method described above

are compared with data and presented in the Chapter 5.

Nt,bundle t,bundle

Qt,bundle = TQtube, face T TQtube,staggered (3118)

Nbundles .

Qtot = Z Qt,bundle (3119)
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CHAPTER 4: EXPERIMENTAL APPROACH

The design and fabrication of two types of air-coupled condensers, the layout and
construction of the test facility, and a description of the experimental procedure are

presented in this chapter.

4.1 Air-Coupled Condenser Fabrication

The design and fabrication of the air-coupled condensers are guided by the cost of
machining and assembly, materials compatibility, internal pressure, total mass, and
anticipated heat transfer rate. Two versions of condensers are fabricated for both round-
tube and tube-array designs. The second versions of the condensers are fabricated after
experimental evaluation of the first versions and are intended to improve the performance.
All four of the condensers are designed to fit in a compact, small-capacity absorption heat

pump operating at extreme ambient conditions, as discussed in the introduction.

4.1.1 Round-tube corrugated-fin condenser

Two conventional round-tube condenser coils are fabricated and evaluated. These
condensers are custom designed for the absorption system with a design condenser heat
rejection rate of 2.51 kW into the ambient air. For compatibility with ammonia-water,
carbon steel tubes are used for both the condensers. Corrugated fin geometry is used for
the fins as they were shown to perform better than other fin types as discussed in the
literature review chapter. Furthermore, aluminum is used as the fin material because of the
high thermal conductivity of Aluminum and its low density. These corrugated aluminum
fins have collars press-fitted onto the tubes carrying the refrigerant, which provides good

contact between the fin and the tube, thereby limiting the contact resistance. The first
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version of the round tube corrugated-fin air coil (Condenser R.1) is fabricated with a fin
density of 394 FPM. The tube outer diameter (OD) of the coil is selected as 0.016 m with
a wall thickness of 1.245x10° m. The overall heat exchanger has a length of 0.508 m and
height of 0.305 m. Condenser R.1 has 16 passes distributed equally over two tube rows
(N

=8) as shown in Figure 4.2. A staggered tube arrangement is selected for better

t,row
mixing of air. Experimental evaluation of Condenser R.1 at design conditions showed that
the overall heat transfer rate is about 2.34 kW (96% of design heat duty). It is also observed
that the pressure drop on both the solution side and air-side were lower than the budgeted
values for the system. Thus, a higher pressure drop could be accommodated in the
condenser to increase the heat transfer rate. This led to the fabrication of Condenser R.2
with a smaller tube OD of 9.525x10° m and increased fin density of 551 FPM. Smaller
tube diameter also enables a smaller wall thickness, 0.889x10° m, which leads to a
decrease in weight of the condenser. The smaller tube diameter yields higher tube-side heat
transfer coefficients, but the tube-side heat transfer area also decreases for the same number
of passes. Thus, to keep the tube-side heat transfer area similar to that of Condenser R.1,
the total number of passes for Condenser R.2 is increased to 28 passes distributed over two
tube rows as shown in Figure 4.3. However, this results in an increase in height of
Condenser R.2 by 0.05 m compared to that of Condenser R.1. The length of the coil is kept
constant at 0.508 m to conform to the space constraints of the compact heat pump. A
photograph of the round-tube corrugated-fin design with two fin densities is shown in
Figure 4.1. The temperature of a fin drops with increasing distance from the tube, which

decreases the heat transfer from the fin to air. This implies that increasing the size of the
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fins has diminishing returns. Thus, a smaller fin width (0.044 m) is chosen for Condenser
R.2 because of its smaller tube OD compared to the 0.066 m used for Condenser R.1.
These round-tube corrugated-fin condensers were fabricated by Super Radiator
Coils, a manufacturer of custom-made air coupled heat exchangers. Design parameters
such as fin types, fin and tube materials, fin densities possible for a tube size, and tube
spacing (based on minimum bending radius) were discussed with the manufacturer. Based
on the predictions from an initial model for round-tube corrugated-fin condensers,
Condenser R.1 is designed and fabricated. After the experimental evaluation of Condenser
R.1, the assumptions in the model are modified to predict heat transfer rates better. This
refined model, discussed in detail in Chapter 3, is run with different combinations of the
design variables as inputs to yield a configuration for the second version with better heat
transfer while staying within the design constraints of pressure drop, space, and weight.
The resulting optimum design for Condenser R.2 was fabricated, and experiments show an
increase in heat transfer rate to about 2.55 kW. (Upon receipt, each coil was pressure tested
to 3500 kPa, beyond the operating pressure (2930 kPa), to ensure the absence of leaks upon

charging.)
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Figure 4.1 Photograph of round-tube corrugated-fin condenser
with 394-FPM and 551-FPM fin densities
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Figure 4.2 Drawing of 394-FPM round-tube corrugated-fin condenser
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Figure 4.3 Drawing of 551-FPM round-tube corrugated-fin condenser
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4.1.2 Multi-pass tube-array condensers

Two novel air-coupled condensers (Condenser M.1 and Condenser M.2) are
designed in the present study to address the manufacturing challenges associated with
carbon and stainless steel heat exchangers and potentially yield better heat transfer
performance over conventional designs. The condensers are designed to work in the same
compact absorption heat pump system with a design heat rejection rate of 2.51 kW into the
ambient air. A multi-pass horizontal tube-array design is adopted for the condensers, which
consists of multiple tube banks joined in a single header. Both the condensers have overall
dimensions of 0.381 m height by 0.508 m width, and consist of a total of 120 tubes with an
outer diameter of 3.175x10 m and a wall thickness of 5.080x10* m. The first version of
the multi-pass condenser (Condenser M.1) and the path of the refrigerant inside the
condenser are shown in Figure 4.4. The refrigerant vapor enters at the top of the condenser,
splits into the first bundle of 48 staggered parallel tubes, and makes four passes in cross
counter-flow through the air. The partially condensed refrigerant then recombines in the
header before splitting into the second tube bundle of 36 parallel tubes and makes another
four passes in cross co-flow through the air. As shown in the modeling chapter, the
refrigerant switches between cross-counter and cross co-flow with respected to air while
flowing from one tube bundle to the next. This pattern continues through the following two
tube bundles before the refrigerant exits as a subcooled liquid at the bottom of the
condenser. The large number of small diameter tubes results in high heat transfer
coefficients and relatively high surface area on the air side. The number of parallel tubes

in each subsequent tube bundle decreases to account for the decrease in specific volume
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during condensation. Both the multi-pass tube-array condensers are designed in this
manner to yield a relatively constant homogeneous velocity of the refrigerant throughout
the condenser, which results in flow regimes that are optimal for heat transfer. The two-
phase flow regimes prevalent in both the condensers are discussed in Chapter 3.

Test results for Condenser M.1 show a heat transfer rate at design conditions of
about 2.35 kW. The second version of the Multi-pass tube-array design (Condenser M.2),
similar to the conventional condensers, is made to improve performance and is shown in
Figure 4.5 Multi-pass tube array condenser models were refined based on the experimental
results. Thermal resistance plots from the refined model, shown in Chapter 3, clearly
indicated that the heat transfer in Condenser M.1 is air-side limited. Hence, plain fins are
designed to be installed in Condenser M.2 taking into consideration possible ways to braze
them on the tubes while maximizing contact area.

The tubes in this multi-pass design consist of multiple bends, and they are
fabricated and bent independently from other parts of the condenser. These tubes along
with the fins are then sent to be brazed together into the header. The fabrication process for
the multi-pass condensers involves the fins to be affixed on the tubes at the last step before
brazing. Thus, the fins are designed to accommodate this fabrication process, and it is only
possible to have the first pass and final pass of the tube to be in contact with the fin,
although each tube makes four passes in the air. Various fabrication techniques such as
stamping, water jetting, and laser cutting are explored for manufacturing the fins for this
condenser. Due to tight tolerances of the size and position of the holes, a laser cutter is
selected for fabricating the fins. The laser cut fins have the mid-section cut out for the two

intermediate passes of each tube and are shown in Figure 4.6. The fins are installed at a
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density of 394 fins per meter and held in place by custom made spacers as shown in the
zoomed view in Figure 4.5. The header for Condenser M.2 is also redesigned, as shown in
Figure 4.7, to increase the number of tube bundle from four to six while still maintaining
the total number of tubes at 120. This decreases the number of parallel tubes per tube bank
and therefore increases the tube-side refrigerant mass flux. Higher mass flux yields better
heat transfer coefficients and also typically reduces maldistribution of liquid and vapor in

the headers.

Refrigerant Vapor

48 Tubes

36 Tubes

Subcooled Liquid

2 r-__% Outlet

24 Tubes

12 Tubes

Figure 4.4 Schematic of refrigerant flow in the first version of
multi-pass tube-array condenser (Condenser M.1)
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Figure 4.5 Second version of multi-pass tube-array condenser (Condenser M.2)
with plain fins and spacer (zoomed)
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Figure 4.6 Laser cut fins for Condenser M.2
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Figure 4.7 Modification of header design from Condenser M.1 (left)

4.2 Air-Cooled Condenser Experimental Test Setup

All the above-mentioned condensers, after fabrication, are tested in an air-handling
unit in conjunction with a single-pressure ammonia-water test facility. The test setup is
designed to simulate a range of ambient and solution inlet conditions for the condenser in

the absorption system during normal operation.

4.2.1 Ammonia-water test facility

The ammonia-water test facility is constructed to treat the refrigerant to desired
condenser inlet conditions in the system. A two-pressure test facility, replicating an entire
absorption system, is usually required to reach specific condenser refrigerant inlet
conditions expected in a heat pump. But a two-pressure system introduces significant

complexity and requires all the components of a single-effect cycle including the

120



recuperative heat exchangers for operation at the desired conditions. Moreover, it is not
possible to directly control and vary the condenser refrigerant inlet properties in such a
setup. Thus, a single pressure test facility is constructed, and a schematic of the test loop
with state points is shown in Figure 4.8. A separate pressurized hot water loop, parallel to
the main loop, is used to boil the refrigerant in the boiler. The water is heated in the water
loop using an electric circulation heater (Watlow CBDNF29R3S). The hot water transfers
heat to ammonia-water in the counter-flow boiler (Exergy 00677-3 RW). The two-phase
solution flows from the boiler [4] into the separator, where a tall sight glass mounted in
parallel is used to observe the liquid level in the separator. Saturated vapor separates from
the liquid due to buoyancy and exits at the top of the separator [5]. The liquid exits at the
bottom of the separator [6] and flows through a regulating valve [8] (Swagelok SS-43GS8),
which enables control of the liquid level in the separator. The saturated vapor flows into
the condenser [11] in which heat is rejected in cross-flow to air. A bulls-eye sight glass [9]
is used to verify that no liquid is flowing into the condenser. Depending on the operating
conditions and performance of the condenser, the exiting solution [12] can be in a two-
phase or subcooled state. This solution from the condenser combines with the liquid from
the separator [13] and enters the subcooler. The subcooler (FlatPlate FPN3X8-14) cools
the liquid mixture further to avoid cavitation in the gear pump. A solution tank upstream
of the gear pump is used to maintain a solution inventory for the loop. The gear pump
pumps the solution into the boiler at state point 3, completing the loop. Mass flow rates are
measured using flow meters (MicroMotion CMF025M319NU) for the combined solution
entering the boiler [3] and for the liquid exiting the separator [7]. Hence, the vapor mass

flow rate through the condenser is the difference between the total and liquid mass flow
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rates. Pressure transducers are located at the separator liquid outlet (Omega PX409-500Al)
and condenser inlet (Omega PX409-750Al). Type-T thermocouples (Omega TMQSS-
125G-6) are located upstream and downstream of all heat exchangers in the system. A
differential pressure transducer is used to measure the tube-side pressure drop across the
condenser (Omega PX409-015DWUI). Accuracy specifications and operating ranges for

instrumentation used in this loop are detailed in Table 4.1.
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Figure 4.8 Ammonia-water test facility schematic

4.2.2 Air-handling unit

The air-handling unit preconditions the temperature and flow rate of the air entering
the condenser. The condenser is mounted such that the air flows in cross flow to the
solution, which flows inside the tubes of the condenser, as shown in Figure 4.9. A variable-

speed fan is used to draw air across a series of measurement and flow conditioning devices.
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The air first encounters a round-tube finned coil that circulates chilled water for any
necessary pre-cooling. The air can then be heated by flowing over a steam-carrying air coil.
Additionally, a series of ports along the face of the flow area permit the adjustment of
humidity through the addition of steam. A flow straightener with an extruded honeycomb-
like structure helps promote unidirectional flow. The air then flows over an array of thermal
dispersion flow meters (Ebtron GP1 Type B) and a relative humidity sensor (Johnson
Controls HE-67P2-0NOOP). The flow area is then reduced to match the face area of the air-
coupled heat exchanger being tested. The air flows through a second flow straightener
before reaching the inlet face of the absorber. Thermocouple arrays upstream and
downstream of the condenser are used to record approximate temperature profiles. The
upstream and downstream arrays include 16 type-T thermocouple wires (Omega TT-T-30)
in a 4x4 grid. A differential pressure transducer (Dwyer 607-3) is mounted with ports just
upstream and downstream of the condenser. Automated vents in the ducting can be

controlled to permit recirculation of air to be drawn from and rejected to the atmosphere.
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Figure 4.9 Air-handling unit schematic for air-coupled condenser testing
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4.2.3 Equipment and instrumentation

A number of sensors and instruments are installed to determine the fluid states
upstream and downstream of all equipment. A list of hardware and instrumentation used
in the ammonia-water loop, air-handling loop, and the hot water loop is shown in Table
4.1. A temperature controlled oil bath is used for calibrating all the T-type thermocouples
for accurate measurements. A National Instruments data acquisition system along with
LabVIEW VI software is used to measure and record the data from these instruments. The
data acquisition system uses temperature, voltage and current cards to detect signals from
various sensors.

The ammonia-water test facility built for conditioning the refrigerant to desired
condenser inlet conditions is shown in Figure 4.10. Flexible stainless steel hoses lined with
PTFE are used to transport the refrigerant vapor and liquid streams to and from the
condenser, which is mounted in the air-handling unit. The condenser inlet vapor hose has
a diameter of 1.27x103 m, whereas the outlet liquid hose has a diameter 6.35x10° m. The
larger diameter of the condenser inlet vapor hose addresses the high specific volume of
vapor, and limits pressure drop. The smaller diameter tube at the condenser outlet results
in a higher mass flux and helps in the mixing of liquid and vapor during extreme conditions
when full condensation does not occur in the condenser. For accurate mixture temperature
measurement at such conditions, a serpentine tube section is connected to the condenser
outlet for better mixing with the thermocouple located downstream. A picture of the
serpentine tube section is shown in Figure 4.10. All tubes and hoses in the ammonia-water
facility and connections to the condenser are insulated with fiberglass or foam to minimize

heat loss. The position of the tube-side differential pressure transducer is crucial to measure
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the pressure drop across the condenser accurately. The setup of the differential pressure
transducer is illustrated in Figure 4.12. The bulls-eye sight glass is used to verify the liquid
level of the column visually, and the tube-side frictional pressure drop in the condenser is

calculated by subtracting the hydrostatic pressure of the liquid column ( pgh) from the

differential pressure transducer reading.
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Figure 4.10 Picture of ammonia-water test facility
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Table 4.1 Equipment and instrumentation used for condenser testing

Accuracy

Ammonia | Solution Gear Pump Tuthill TXS2.6EEET3W - -
-Water NB30CO
Combined Solution Flow ~ MicroMotio  CMF025M319N (.60 kg s* 0.1%
Meter n U Reading
Boiler Shell-and-Tube Exergy 00677-3 RW 5.171 MPa -
Separator In-House Custom 600 psi -
Separator Sight Glass PresSure Seven LL Reflex 650 psi -
Products
Vapor Sight Glass PresSure - 600 psi -
Products
Liquid Flow Meter MicroMotio ~ CMF025M319N (.60 kg s 0.1%
n U Reading
Liquid Regulating Valve ~ Swagelok SS-43GS8 - -
Vapor Regulating Valve Swagelok SS-6NRS8 - -
Subcooler FlatPlate FPN3X8-14 300 psi -
Solution Tank In-house Custom - -
Fume Hood Vent-A-Kiln ~ 1332-500 0.19 m®s? -
Tube-Side Differential Omega PX409- 103.4 kPa 1% FS
Pressure Transducer 015DWUI
Separator Absolute Omega PX409-500Al 3.447 MPa 0.5% FS
Pressure Transducer
Condenser Absolute Omega PX409-750Al 5.171 MPa 0.5% FS
Pressure Transducer
Type-T Thermocouple Omega TMQSS-125G-6 —-270- 1°Cor
Probes 400°C 0.75%
Air Air-Side Differential Dwyer 607-3 249 Pa 1% FS
Pressure Transducer
Absolute Air Pressure Omegadyne  PX02K1-26A5T 88.04- 0.1% FS
Transducer 108.4 kPa
Humidity Sensor Johnson HE-67P2-0NO0P 0-100% 2% FS
Controls
Air Thermal Dispersion Ebtron GP1Type B 25.4mst 2%
Flow Meter Reading
Inlet and Outlet (4x4 grid) Omega TT-T-30 0-150°C 1°Cor
Thermocouple Arrays 0.75%
Flow Straighteners Air Monitor ~ 1.22x0.76 m, - -
0.61x0.61 m
Water | Water Absolute Pressure  Rosemount 2088 5516 MPa  0.075% FS
Transducer A3SZBAIM7
Water Flow Meter Rosemount ~ 871L 12ms? 0.25%
ASA30FRLE5G1 Reading
Water Heater Watlow CBDNF29R3S 10.5 kW -
Water Gear Pump Concentric 1070089 - -
Rockford
All Data Acquisition System  National cDAQ-9178 - -
Instruments
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The inlet and outlet air temperatures of the condensers are also measured to
calculate air-side heat duty and compare with the solution side. For accurate air temperature
measurements, 4x4 thermocouple arrays are installed immediately upstream and
downstream of the condenser. The disruption of air flow by the temperature measurements
is prevented by using 0.254-mm thermocouple wire in the thermocouple arrays. These
soldered thermocouple beads are held in place by four structural 0.51-mm stainless steel
cables, stretched vertically across the face of the condenser. The thermocouple arrays are
offset by 0.0254 m from the face of the condensers. A picture of the air-outlet thermocouple
array arrangement is shown in Figure 4.13. Air pressure transducers are mounted to
measure absolute and differential pressures and are perpendicular to the air flow at the
middle of the condenser. Acrylic sheets, insulation, and tape are used to seal the condenser

and prevent any air flow around the condenser.
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Figure 4.13 Photograph of Condenser M.1 with the outlet
thermocouple array

4.3 Experimental Procedure

4.3.1 Charging and discharging procedure

After the construction of the ammonia-water facility, leak testing is performed. The
design pressure of the condenser in the absorption system is about 2900 kPa. The first
pressure test is done with compressed air at 480 kPa. Significant leaks such as inlet/outlet
valve partially open can be detected at this time as they usually make an audible noise. The
second pressure test is performed with nitrogen at 3500 kPa along with a soap solution that
detects small leaks by forming bubbles. These small leaks usually occur at fittings, which
are tightened or changed to stop the leak. The facility is left pressurized at 3500 kPa over
a period of 24 hours and the drop in absolute pressure is recorded. The pressure drop

through leaks from the facility is calculated after adjusting for absolute pressure changes
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due to change in temperature. If the resultant pressure drop from small leaks over a period
of 24 hours is more than 15 kPa, a refrigerant leak testing is performed. For refrigerant leak
testing, the facility is first filled with R134a, boosted with nitrogen to 3500 kPa, and a
refrigerant leak detector is used to find tiny leaks. After all the non-negligible leaks are
eliminated, the facility is ready for charging.

The heat pump cycle model predicts 99.79% ammonia mass fraction entering the
condenser at a temperature of 74.74°C at design conditions. As it is quite difficult to attain
such purity in a single pressure test facility, ammonia directly from industrial grade
cylinders (99.99% pure) is used as the refrigerant for testing. Higher purity of ammonia
leads to smaller temperature glide; therefore, the condenser inlet solution temperature must
be lowered to keep the saturated liquid temperature in the condenser same as that in the
overall cycle model. Thus, at design conditions, the inlet temperature of the refrigerant
vapor is adjusted to 65.15°C to account for higher purity of refrigerant during component
level testing. The temperature profiles of the refrigerant in the condenser for both the
concentrations are shown in Figure 4.14. Having an adjusted refrigerant inlet temperature
of 65.15°C matches the temperature profiles better and simulates system-level performance

better.
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Figure 4.14 Temperature profile for adjusted condenser inlet conditions

The charging and discharging processes were conducted using a 115-liter tank,
shown in Figure 4.15. This tank allows the operator to discharge any residual ammonia in
the lines safely. Hoses connect the tank to the facility, ammonia cylinder, and vacuum
pump. The presence of non-condensable gases in the system can have a significant effect
on performance. The vacuum pump is used to evacuate the ammonia-water loop and the
connected hoses. The valve to the vacuum pump is closed after the hoses and the system
reach an absolute pressure less than 7 kPa. The ammonia cylinder is loaded on a weighing
scale to measure the mass of ammonia leaving the tank. The tank is opened slowly, with
the operator carefully checking for any signs of leakage. The ammonia is allowed to fill
the connecting hose, and after that, the scale is zeroed. The valve between the facility and
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the hose is slowly opened to allow the ammonia to flow into the facility. Due to the large
drop in pressure between the ammonia tank and the facility, frost may form on the valve
and the charging lines. Once the desired mass of ammonia has been added to the system
(~2.4 kg for the present facility), the valve between the ammonia tank and facility is closed,
along with the ammonia tank. As seen in Figure 4.15, the lines filled with ammonia are
connected to the water in the tank through a valve. The valve is slowly opened for the
absorption of ammonia from the lines into the water. Once all the ammonia from hoses is
absorbed in the water, the tank is carefully disconnected.

Discharging of the system uses the same setup with the vacuum pump connection
and the ammonia cylinder connection shut off. The discharge process involves the slow
release of ammonia from the system into the large volume of water in the tank for proper
disposal. The tank has a tapered outlet port with a ball valve at the bottom. This port allows
for the discharge of water absorbed with ammonia while pouring fresh water into to the
tank at the top. The pressure gauge on the water tank is monitored during the charging and
discharging process for any sudden spike in pressure in the lines. The system is flushed
with water and air to through all flow paths to remove any traces of ammonia.

Due to the toxicity and slight flammability of ammonia, care must be taken to
minimize the risk of injury during testing and especially during charging/discharging. The
ammonia-water test facility is surrounded by a curtain, and a fume hood is mounted on top
of it. If a leak were to occur, the ammonia would be primarily contained within the
curtained facility and funneled into the fume hood for safe venting. The laboratory is
equipped with ammonia sensors (Honeywell MDA Scientific Midas, P/N: Midas-E-NH3)

and gas masks (Sperian, NIOSH 100400) are kept on-hand in the event of a rapid leak.
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After charging and discharging, all hoses exposed to ammonia are dipped in a tank of water
or under a fume hood until no traces of ammonia are detectable. Protective eyewear is used
throughout test facility construction and condenser testing. Care must be taken to prevent
rises in pressure that approach working pressure limits of the hoses and other equipment in

the facility.

Vacuum pump
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Ammonia cylinder
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Waterinlet
to tank _
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Figure 4.15 Ammonia charging and discharging tank
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4.3.2 Startup and testing procedure

Prior to startup, initial checks are performed on the air-handling unit and the
ammonia-water facility. Power to the sensors and instruments is switched on, and the
outputs are checked on LabVIEW VI. In cases of erroneous values from sensors,
troubleshooting is performed to fix the I/O instrumentation before the facility is started.
After these initials checks and fixes, all fluids are circulated before addition of any heat.
The water pump, ammonia solution pump, and the wind-tunnel fan are switched on. Once
flow meters verify a steady flow of these fluids, heat is introduced. The steam line to the
heating coil in the air-handling unit is slowly opened, and the electric heater on the water
loop is set to higher temperatures. The set point temperature of the heater is raised
gradually, with the operator keeping careful track of the water and ammonia-water
pressures. Hoses in the water loop limit the water pressure to 415 kPa. Therefore the water
loop is charged accordingly with water to keep the pressure below 415 kPa at the highest
temperature point during testing (90°C). Once vapor starts flowing through the condenser,
cooling water flows through the subcooler to prevent pump dry-out in case two-phase
solution exiting the condenser. The temperature of the air is simultaneously raised through
the flow of steam in the heating coil in the air-handling unit until the condenser inlet
temperature is reached. The pump speed is gradually increased through the pump frequency
controller to increase flow rates. Charge adjustment is usually performed at this point. If
the liquid level is very high in the separator at the desired vapor flow rate, ammonia is bled
out of the system to avoid spilling of liquid into the vapor line. If the solution tank before
the gear pump has a very low level of liquid, ammonia is added to the system to avoid

pump running dry. The addition of more ammonia requires the facility to be cooled to low
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facility pressures. Sometimes when both the pressures in the facility and the cylinder reach
saturation, the cylinder needs to be located on an elevated platform to add more ammonia
to the system. Increasing the height of the cylinder creates a gravitation head for the liquid
in the cylinder to flow into the system.

As the vapor flow rate increases through the condenser, the pressure drop across
the condenser also increases inhibiting a further increase in vapor flow rate. Regulating
valves on the vapor and liquid lines are used to adjust the vapor flow rate into the condenser
as well as the height of the liquid level in the separator. The regulating valve on the liquid
side is slowly closed to increase the pressure head of the pump and force more vapor to
enter the condenser. Visual confirmation of single-phase flow in the vapor and liquid
streams is possible through the Bulls-eye sight glasses.

Aiir inlet temperature to the condenser is indirectly controlled by the flow rate of
steam through the heating coil in the air-handling unit. At start-up, a high steam flow rate
IS set to raise the temperature of the air because of the large thermal mass of the wind-
tunnel. As the temperature of the air approaches the desired air inlet temperature, the steam
flow rate is decreased. Running the air-handling unit while it is open to the atmosphere
gives the operator better control over the condenser air inlet temperature. In recirculation
mode, the air temperature starts rising due to the addition of heat from testing the
condenser, and cold water needs to be pumped through the coils to keep the temperature
steady. Controlling the cold water flow rate adds one more level of complexity for the
operator. However, if the air-handling unit is open to the atmosphere, it is susceptible to
outside ambient temperature fluctuations due to weather and time of the day. Also, at very

low ambient temperatures, the steam coil is unable to raise the air temperature to 52°C.
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Thus, most of the tests are performed in recirculation mode, and the operator very
cautiously adjusts the steam flow rate to supply the difference between heat loss from the
wind tunnel to the heat added by the condenser.

Data are collected upon achievement of steady state, when no upward or downward
trend is observed in temperature and pressure readings. The refrigerant pressure transducer
reading usually shows small spikes (~2% - 8% of the absolute pressure) due to operation
of the gear pump in the facility. Oscillations in refrigerant and air mass flow rates within a
small range (£ 2% of the average) are also acceptable. Readings are taken over a three-
minute timeframe at a frequency of three measurements per second and averaged to

account for any oscillatory behavior.
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CHAPTER 5: RESULTS AND DISCUSSION

The conventional and novel multi-pass condensers are evaluated in the air-handling
unit along with the single-pressure ammonia-water facility as discussed in the experimental
approach section. Tests are conducted at design and off-design operating conditions. This
chapter discusses and compares the predictions of the models with results from the tests on
the condensers.

The test matrix used to evaluate these condensers is shown in Table 5.1. Test
number [1] in the matrix represents the design conditions for the condenser in the heat
pump system with only the modification of the refrigerant inlet temperature to 65.13°C.
Test numbers [2] and [3] represent the upper and lower bounds of air inlet temperature
variation, which replicates changes in ambient temperature for the system. In an actual
system, a change in ambient temperature will also cause a change in refrigerant inlet
temperature to the condenser. Thus, the refrigerant inlet temperature of the condenser is
also changed with the ambient air temperature based on the modeling of the heat pump
cycle. The corresponding cycle model values of the refrigerant inlet temperature are further
modified for the present test conditions because of the higher ammonia concentration
(99.99%) used in the test facility. This is done to correlate component level testing with
actual operating conditions of the heat pump. Test numbers [4] and [5] represent the lower
and upper limits of volumetric flow rate of air. The condensers are also evaluated by
changing the refrigerant flow rate as shown in test numbers [6] to [7]. The shaded fields in

Table 5.1 represent values that are different from design conditions.
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Table 5.1 Test matrix for evaluation of condensers

Test Number
Variable Unit

1 2 3 4 5 6 7
Tair,in °C 51.7 35 52 51.7 51.7 51.7 51.7
Trefin °C 65.13 | 56.98 | 65.15 | 65.13 | 65.13 | 65.13 | 65.13

3

Vair,in m?s? 0.35 0.35 0.35 0.33 0.46 0.35 0.35

Niref gs? 2.47 2.47 2.47 2.47 2.47 1.90 2.50

Analysis of the data is conducted on the Engineering Equation Solver (EES) (Klein,
2014) platform. Time-averaged values of different measured variables from the DAQ are
used to calculate fluid properties and heat transfer rates. Vapor is assumed to be saturated
at the refrigerant vapor outlet of the separator. This phase-quality assumption is required
to determine the concentration of refrigerant vapor entering the condenser and hence set
the third required state property along with the measured pressure and temperature. Air-
side temperatures are calculated by averaging the 16 thermocouple measurements upstream
and downstream of the condenser. Heat transfer rates are calculated on both the refrigerant-
and the air- sides using inlet and outlet temperatures along with flow rates. At steady state
operation, the heat transfer rates on both sides are compared and verified to be within 10%.
The measured heat transfer rate from the solution side is used for further analysis due to
non-uniformities in air temperature and velocity, and the difficulty in obtaining a well-
mixed temperature representative of the entire air stream. The solution-side thermocouples

provide a localized and well-mixed temperature measurement.
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An uncertainty propagation analysis is conducted on the data from the present
study. The calculation of the experimental heat transfer rate of the condenser is influenced
by uncertainties in instrumentation, including thermocouples, pressure transducers, and
flow meters. The method of uncertainty propagation proposed by Taylor and Kuyatt (1994)
is used here. The uncertainty (U) in a calculated or dependent variable (y) is given by

Equation (5.1). Here y is a function of several measured and independent variables
(X, %,, X, €tc.) , and (U Y ’Ux3’etc') are the respective uncertainties in the measurement
of these independent variables. The uncertainty from random variation of the

measurements is very low as numerous readings of the data points are collected and time

averaged during steady state operation.

UYZ:[QUX] +(ﬂuxj +[ﬂuxj +... (5.1)
ox, oX, X3

The uncertainties of all measurement devices are listed in Chapter 4. The estimation
of a representative uncertainty in the tube-side heat transfer rate for one data point from its

constituent measurement uncertainties is shown in Table 5.2.
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Table 5.2 Uncertainty propagation used in heat transfer rate calculation

Partial Derivative Uncertainty in % Uncertainty (of
_ measurement total)
Qo nx = 2.368+£0.0463 KW (+1.9%)

(6Qup1x /AP ) = —0.00002 +1.03 kPa 0.00%
(0Quq110¢ /0 ) = 7301 +0.015gs™ 2.46%
(6Quqx /Oy ) =—7.301 +0.015gs™ 2.46%

(0Quipix /0Py ) = —0.00724 +25.85 kPa 34.36%

(0Qua110¢ /OTeeppapont ) = —0.06064 £0.25°C 10.71%

(6Quisix /FTepein ) = 01304 £0.25°C 49.51%

(6Qux /e ) = ~0.01305 £0.25°C 0.5%

5.1 Round-Tube Corrugated-Fin Condenser

The results from conventional round-tube corrugated-fin condensers (Condenser

R.1 and Condenser R.2) are discussed in this section.

5.1.1 Heat transfer

The total heat transfer rate (Q,,, ) is given by Equation (5.2) and is subdivided into
two parts: heat transfer from condensation (Q,,,, ) and heat transfer from subcooling of the

refrigerant (qubcoo, ). These duties can be written in terms of the respective overall heat

transfer coefficient (U), the heat transfer area (A), and logarithmic mean temperature

difference (LMTD).

Qtotal = Qcond + qubcool = Ucond ) '%ond ) I—MTDcond +Usubcool ) A%ubcool ) LMTDsubcool (52)
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Air-side temperature plays a major role and determines the driving temperature
difference for heat rejection from the condenser. Experimental results at various air and
refrigerant inlet temperatures are shown for both conventional condensers in Figure 5.1.
The air flow rate and other parameters are kept constant at design values during this
variation of air inlet temperature to the condenser. The rate of heat rejection from the
condensers gradually decreases as the air temperature increases. This is due to a decrease
in the temperature difference between the two fluid streams (air and the refrigerant),
reducing the LMTD of the heat exchanger. As shown in Figure 5.1, at the design
temperature of 51.7°C, the heat transfer rate is about 2.34 kW (93% of design heat duty).
The heat transfer rate for Condenser R.1 drops below design (2.51 kW) at about 48°C.
Therefore, the condenser would perform well in a packaged system heat pump unit
operating at ambient temperatures at or below 48°C. However, Condenser R.2 performs
well above the design heat duty requirement for the full range of temperatures (37°C -
52°C). Model predictions for both conventional condensers are shown with solid lines in
Figure 5.1. The model predicted heat transfer rates follow the trend of the experimental
results and decrease with increasing air inlet temperatures. The Average Absolute

Deviation (AAD) between predicted and measured values is calculated using Equation

(5.3).
AAD :iz’“: abs(Measured-Predicted)Xloo% 5.3)
N4 Measured

The AAD for Condenser R.1 is 2.10%, while for Condenser R.2, it is 1.47%.
Overall, the models underpredict the measured data. The reason for this discrepancy is the
method applied in the model to predict the progression of temperature within the
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component. It is assumed that the air inlet temperature to the second row of tubes is at the
outlet temperature of the first tube. This assumption increases the air temperature for the
second row of tubes in the heat exchanger and leads to under predicting of the model heat
transfer rate. As seen from Figure 5.1, the discrepancy between the model predictions and
experimental results is pronounced at low temperatures, especially for Condenser R.1. This
can be explained by the 50% larger transverse spacing between the tubes of Condenser R.1
than that of Condenser R.2. Larger spacing between front row tubes increases exposure of
the second row to colder air, which enhances the experimental heat transfer rate at low air

temperatures for Condenser R.1.
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Figure 5.1 Heat duty of conventional corrugated-fin condensers with
variation in ambient air temperature
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Experimental results for both conventional condensers at various volumetric air
flow rates are shown in Figure 5.2. Inlet air temperature, as well as refrigerant flow rate
and temperature, are kept constant at design values. As the air flow rate is increased, the
heat transfer rate increases for both condensers due to two factors. First, higher air
velocities increase the air-side heat transfer coefficient. Second, higher mass flow rates of
air increase the thermal capacity rates, leading to a smaller increase in air temperature and
larger LMTD values for the heat exchanger. Model predictions of total heat transfer rate
for both the condensers are also shown in Figure 5.2. The models closely predict the heat

transfer rate with 1.51% AAD for Condenser R.1 and 0.89% AAD for Condenser R.2.
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Figure 5.2 Heat duty of conventional corrugated-fin condensers with
variation in air flow rate

The degree of refrigerant subcooling (T,,.,.,) as a function of air flow rate is shown
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Figure 5.3 for both conventional condensers. As the refrigerant flow rate and inlet

conditions are the same for all the data points, Q... from Equation (5.2) is also almost

cond
constant for all points, except for minor differences due to slightly different two-
phase/single-phase pressure drops and the corresponding saturation temperature changes.

An increase in air flow rate increases both U, and LMTD,,,but decreases A ,, for

cond cond

constant Q,,,, , leaving more area for subcooling. Thus, changes in Q,,, are due to changes
in Q... When air flow rate is varied. This can be confirmed by the fact that the trends of

Qua in Figure5.2and T, in

ubcool

Figure 5.3 are the same for both the condensers.
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Figure 5.3 Refrigerant subcooling as a function of air flow rate for
round-tube corrugated-fin condensers
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As shown in Figure 5.2, the heat transfer rate for Condenser R.2 increases very
slightly with about a 33% increase in air volumetric flow rate. This is due to a high degree
of subcooling in the condenser. As the refrigerant heat capacity is low in the subcooling
section, the refrigerant outlet temperature approaches the air inlet temperature, creating a
pinch point. The same effect can be observed for Condenser R.1 for air flow rates greater
than 0.42 m’™, where the heat transfer rate reaches a plateau. Another important
observation is that Condenser R.1 plateaus at about 10°C of subcooling, whereas
Condenser R.2 plateaus at about 15°C of subcooling. This can be explained from the
thermal resistance plots predicted in Chapter 3. At the subcooled state, the internal
resistance is higher than the external thermal resistance suggesting that the condensers are
tube-side limited in that area. The internal thermal resistance of Condenser R.2 is lower
than that of Condenser R.1 due to the smaller tube OD. The lower tube-side thermal

resistance in the subcooled region leads to a high degree of subcooling for Condenser R.2.

5.1.2 Pressure drop

The tube-side pressure drop is measured between the condenser inlet and outlet,
and corrected using the procedure discussed in Chapter 4. The tube-side pressure drop for
the conventional condensers with varying solution flow rates is shown in Figure 5.4.
Pressure drop increases for both condensers with increasing refrigerant flow rate and mass
flux. The measured tube-side pressure drop for Condenser R.1 varies from -1 kPa to -0.2
kPa over the range of the refrigerant flow rates considered. The measured total pressure
drop is higher for Condenser R.2 and ranges from 0.1 kPa to 2.7 kPa. This is because the

Condenser R.2 has a smaller tube diameter than Condenser R.1. So, for the same mass flow
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of refrigerant, the refrigerant mass flux and velocity is higher in Condenser R.2, leading to
larger tube-side pressure drop. The uncertainty in the differential pressure transducer is 1%
of the full-scale and the average uncertainty for the condensers is £1.034 kPa. The model
predictions for both Condenser R.1 and Condenser R.2 are also shown in Figure 5.4. The
measured values follow the model predictions well and the differences are within the

experimental uncertainty bars.
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Figure 5.4 Tube-side pressure drop with variation in refrigerant flow for round-
tube corrugated-fin condensers

Figure 5.4 shows that the tube-side pressure drop is negative for Condenser R.1,
I.e., the refrigerant is at a higher pressure at the condenser outlet than at the condenser inlet.
This is because of the high gravitational head and low frictional pressure drop, as the
refrigerant flows in the direction of gravity. A representative plot of total pressure drop
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predicted by the model along the length of Condenser R.1 is shown in Figure 5.5. The
discontinuities in the slope of the pressure drop plot are due to increases in hydrostatic
pressure between horizontal passes. The magnitude of these pressure drops can be seen to
increase along the length of the condenser. This can be explained with the increase in
refrigerant density due to decreasing vapor quality. Near the inlet of the condenser,
frictional pressure drop dominates and the total pressure drop is positive. Near the end of
the condenser, the gravitational pressure rise dominates and leads to negative total pressure

drop in the condenser.
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Figure 5.5 Total pressure drop in Condenser R.1 along the length of condenser

The air-side pressure drop is measured for both conventional condensers for the

same range of volumetric air flow rates. However, the air free flow area (A,) in the core

of the two condensers is different: for Condenser R.1 it is 0.08 m2, whereas for Condenser
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R.2 the area is 0.10 m?. Therefore, Reynolds number in the core (Re; ., ) for the two

condensers is different for the same volumetric flow rate. Thus, for proper comparison of

the condensers, the air-side pressure drop is plotted with respect to the core velocity (umax)

of air as shown in Figure 5.6. The air-side pressure drop increases with increasing
volumetric flow rate of air for both condensers. While Condenser R.1 has a lower fin

density, its smaller A _results in higher velocity and higher pressure drops. The
experimentally measured air-side pressure drop for Condenser R.1 ranges from 30.4 Pa to

48.9 Pa for the volumetric flow rate range from 0.35 m®"to 0.46 m%™. Condenser R.2
has a larger A, resulting in lower velocity and lower air-side pressure drop even with
higher fin density. The experimentally measured air-side pressure drop for Condenser R.2
ranges from 21.6 Pa to 35.1 Pa for the volumetric flow rate range from0.33 m*™ to
0.46 m’s™,

A well-established correlation for air-side pressure drop for plain fins by Gray and
Webb (1986) is also used and compared with the data, as shown in Figure 5.6. The wavy-
fin correlation by Kim et al. (1997) is also plotted in the same figure for Condenser R.2. It
is observed that the experimental data fall between the values predicted by the two
correlations. The air flow in Condenser R.2 is at low velocities and reaches fully developed
conditions because of the high fin-density and low Reynolds number in the core of the coil.
At such high fin densities, the wavy fin is not particularly effective at providing additional
mixing mechanisms. This may explain the air-side pressure drop in Condenser R.2 being

similar to that seen in plain-finned heat exchangers.
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Figure 5.6 shows the air-side pressure drop being significantly over predicted by
the wavy fin models for both the condensers throughout the range of test data. The AAD
between the model and the experimental results is 15.8% and 52.7% for Condenser R.1
and Condenser R.2, respectively. For Condenser R.1 at design conditions, major frictional
losses dominate the air-side pressure drop (98.4%), while minor losses account for 1.3%,
and acceleration in the core for 0.3% of the total air-side pressure drop. Of the total air-
side frictional pressure drop, friction from the fins accounts for 96%, with the remainder
from the tubes. The overall friction factor from experimental data, plain fin model, and
wavy fin model, calculated from the superposition of the fin and tube friction factor, is
plotted in Figure 5.7. The wavy fin model predicts significantly higher values of friction
factors for Condenser R.2 because of the low Reynolds number of the flow. Also,
Condenser R.2 has a larger contact area with air due to the higher fin density. It can be also
observed from Figure 5.7 that the friction-factor values for Condenser R.1, deduced from
the experimental data, are closely predicted by the wav-fin correlation. However,
experimental friction factor values for Condenser R.2 are better predicted by the plain-fin
correlation due to the low Reynolds number of the flow and the much higher fin density.
Due to these reasons, wavy-fin pressure drop predictions for Condenser R.2 are
significantly higher and do not follow the trend observed in the experiments. The authors
(Kim et al., 1997) in comparing their correlation with the data have noted that the error
increases for configurations with a small number of rows at low Reynolds number. This
over-prediction of pressure-drop in wavy-fin and tube heat exchangers has also been

observed by past researchers (Forinash, 2015), especially for coils with high fin density.
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Additional investigations on air-side pressure drop covering a large range of wave depth

and pitch of wavy fins are necessary to achieve better predictions.
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Figure 5.6 Air-side pressure drop for round-tube corrugated-fin condensers
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Figure 5.7 Air-side friction factor for round-tube corrugated-fin

5.2 Multi-Pass Tube-Array Condenser

The results from the novel multi-pass tube-array condensers (Condenser M.1 and

Condenser M.2) are discussed in this section.

5.2.1 Heat transfer

The multi-pass tube array condensers have a complex geometry compared to the
conventional condensers. The tube bundles in the multi-pass tube-array design consist of
several parallel tubes and are in series arrangement with each other. As described in
Chapter 3, alternate tube bundles have the refrigerant flowing in cross-parallel and cross-
counterflow orientation with respect to the air. The heat rejected per pass for Condenser

M.1 by all parallel tubes in a tube bundle is shown in Figure 5.8. The tube bundles and
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their respective flow arrangement are labeled in the figure. Each tube consists of four
passes that represent the four data points per tube bundle. The sum of the heat transfer rates
for all the data points in the plot provides the total heat rejected by the condenser at steady
state. Heat transfer increases with subsequent passes for the cross-counter flow
arrangement and decreases with subsequent passes for the cross-parallel flow arrangement.
This is because the refrigerant experiences lower inlet air temperature with every pass in a
cross-counter flow arrangement and the opposite in a cross-parallel arrangement. As the
refrigerant temperature is relatively constant after the initial glide, the air temperature is
the key driver for heat transfer. Thus a lower inlet air temperature increases heat transfer
and vice-versa. It can be also seen from Figure 5.8 that the overall heat transfer rate
decreases with tube bundle number. This is mainly because the number of parallel tubes
per tube bundle decreases, reducing the total heat transfer rate. This effect is also enhanced

by the decrease in tube-side heat transfer coefficient as condensation proceeds.
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Figure 5.8 Heat rejection per pass in multi-pass tube-array Condenser
M.1 at design conditions

The modeling strategy described in Chapter 3 is used for both multi-pass

condensers and the predicted total heat transfer rate is plotted with respect to the fraction
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of the total tube-side area in Figure 5.9. It should be noted that the tube-side area for
Condenser M.1 and Condenser M.2 is the same. Thus, the fraction of the tube-side area
required to accomplish condensation is a good measure of comparison between the two
versions of the multi-pass condensers. The model predicts that Condenser M.2 performs
significantly better than Condenser M.1 with the addition of fins and approaches the
maximum heat rejection rate (2.6 kW) with about two-thirds of the total tube-side area.
However, the experimental heat transfer rate for Condenser M.2 is about 2.45 kW while
utilizing the entire tube-side area. This discrepancy between the predicted and measured
results is explored further. It is found that the fins in Condenser M.2 have poor contact with

the tubes.
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Figure 5.9 Predicted total heat transfer rate for multi-pass tube-
array condensers at design conditions
The plain fins are fabricated using a laser cutter to increase the air-side area for

Condenser M.2. Unlike commercially available finned tube coils, these custom made fins
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do not have a collar for fin-tube contact. The outer diameter of the tubes is 3.175 mm and
the fins are fabricated with 3.328 mm openings. The hole size is kept slightly larger than
the tube OD to allow for manufacturing tolerances and ease of assembly of 200 fins on 120
tubes. A brazing alloy was used to fill the gap between the hole and the tube OD. However,
careful inspection revealed poor fin-tube contact. The brazing alloy, due to its high
viscosity, seems to have not crept into the small gap between the tube and the fin in most
places. Moreover, the brazing process requires the coil assembly to be kept in the oven for
an extended period of time, which further increases the challenge. Due to the poor wetting
of liquid metals, the brazing alloy does not stay in the gaps, but accumulates at the bottom
due to gravity. Figure 5.10 shows the accumulation of brazing alloy at the bottom of the
tube leading to partial contact between the fin and the tube. There are 12000 contact spots

and it is difficult to quantify and model each one of them. An average contact angle (6,)

subtended by the brazing alloy at the center of the tube is assumed for modeling purposes.

The model for Condenser M.2 is accordingly modified to simulate heat transfer accurately.
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Figure 5.10 Schematic showing modeling of partial contact of tubes with
plane fins in Condenser M.2

The contact angle (6.), shown in Figure 5.10, is used to calculate the contact
resistance. The heat transfer through the fin (q,,) can be written with an appropriate form

of Fourier’s law in radial coordinates, as shown in Equation (5.4). Acknowledging the fact

that qy, is independent of the radius and integrating in the radial direction, the contact

resistance (R.) is calculated, as shown in Equation (5.6).

dT
Usin = _kfin(rgctfin)g (5.4)
Qi " dr %
—=—| k. dT 5.5
ectﬁn }[ r -T[ fin ( )
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(1

Rc _ (Tl _Tz) _ o (5.6)
qfin kfinectfin

The thermal resistance network for Condenser M.2 is modified to include this
contact resistance as shown in Figure 5.11. Two parallel thermal resistances between tube

wall and air can be identified: direct air contact or heat transfer through the fins. The

conductive resistance through the tube (R, .4), the convective resistance from tube to air

(R i), the fin resistance (R; ., ), and the contact resistance (R ), as shown in Figure

5.11, are defined for a single segment in Equations (5.7) to (5.10). The air gap between
the tube and the fin can be assumed to be an insulator due to its low thermal conductivity

and thus the resistance (R, ) is assumed to be infinite.

In(r, /r.)
—_\o/iJ 5.7
Rt,cond Zﬂktube Lseg ( )
1
Rt,air = (58)

aair Amfin,seg

1

Rjjy=————— (5.9)
" nfinaair Afin,seg
_ In(rf,i/ro) (5 10)
¢ kfinec (tfin X Nfin,seg)
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Figure 5.11 Modified thermal resistance network for Condenser M.2

The total thermal resistance of the network for Condenser M.2 is calculated using

Equation (5.11).

(Rc + Rf,air) Rt,air

Rtot = Rin + Rt,cond +[ L + L j (511)

However, the value of the average contact angle (4,) is required for calculation of

R.. The value of ¢, is determined

to be 2° to achieve agreement between model

predictions and experimental results at design conditions. It is expected that the actual

contact angle will vary over a wide range of values. Although a 2° average contact is very

small, representing failed brazing of the fins on the tubes, it introduces substantial

sensitivity on the heat transfer rate of

the condenser due to the huge number of contact

points (12,000). The modified thermal resistances for Condenser M.2 are plotted along the

length of the condenser as shown in Figure 5.13. The serrations in the outside resistance

are caused by the absence of fins in the middle passes two of the tube. Similar to other

resistance plots, the internal resistance suddenly increases with the transition to subcooled

region at the end of the condenser.
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Figure 5.12 Thermal resistances of Condenser M.2 modeled with
partial contact of fins

Heat transfer in Condenser M.2 is predicted subsequently using the modified model
which takes into account the partial contact of fins. The performance of both the multi-pass
condensers is compared at design conditions and shown in Figure 5.13. Condenser M.2
shows about 4% increase in heat duty in comparison to Condenser M.1 at design

conditions.
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Figure 5.13 Predicted total heat transfer rate for multi-pass tube-array

Similar to the conventional condensers, the multi-pass condensers are evaluated
over a range of air inlet temperatures. The refrigerant inlet temperature is also varied along
with the ambient air temperature, as shown in the test matrix in Table 5.1, to simulate actual
system operation. The rest of the variables are kept constant at design values. Experimental
and model predictions of the heat rejection rates for both the multi-pass condensers are
shown in Figure 5.14. As expected, the heat transfer rate for both condensers is higher at
lower ambient temperatures. This is because as the air inlet temperature decreases, the
LMTD of the heat exchanger increases, increasing the heat duty. As seen from the plot, the
heat transfer rates drop below design (2.51 kW) at about 48°C for Condenser M.1 and at
about 50.5°C for Condenser M.2. The model predictions for both condensers follow the

trend well and are shown with solid lines in the same plot. The AAD between predictions

condensers at design conditions
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and measured values is 2.82% and 2.14% for Condenser M.1 model and Condenser M.2
model, respectively. Similar to the case for the conventional condensers, deviation from
the data occurs mostly at lower air inlet temperatures, in part due to the assumption that
inlet air temperature to the staggered tube row is the outlet temperature of the first row.
However, at lower air inlet temperature, air received by the staggered tube row is likely to

be at a lower temperature. Furthermore, heat loss from the header is not accounted for in

the model.
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Figure 5.14 Heat-duty of multi-pass tube-array condensers with
variation in ambient temperature

Air flow rates for both multi-pass condensers are varied independently and the heat
duties for both multi-pass condensers are shown in Figure 5.15. There is a steady increase
in heat transfer rate for both condensers with increasing air-flow rate. As explained for the

conventional condensers, this increase in performance is attributed to two factors: increase
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in heat transfer coefficient (U) and increase in heat capacity leading to higher LMTD
between the two fluids. The models also predict this steady increase in heat duty with air
flow rate as shown in Figure 5.15. The AAD between predictions and measured values is
3.18% and 1.64% for Condenser M.1 model and Condenser M.2, respectively. In general,
the data for Condenser M.1 have higher uncertainties than those for Condenser M.2. This
is due to minor improvements to the facility after Condenser M.1 testing to better control

the inlet conditions and also decrease experimental uncertainties.
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Figure 5.15 Heat-duty of multi-pass tube-array condensers with variation in
air-flow rate

The multi-pass tube-array condenser models provide further insight into the total
heat transfer rate described in Equation (5.2). The predicted increase in overall heat transfer
for Condenser M.1 when the air-flow rate is increased by 31% is ~26%. The air-side heat

transfer coefficient increases by about 14% for a 31% increase in air flow rate. The
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remainder of the increase is due to the increase in overall LMTD between the air and the
refrigerant sides. Another important observation to make here is that unlike the round-tube
corrugated-fin condensers, the heat transfer rates do not plateau out in the case of the multi-
pass condensers. This is mainly because the LMTD continues to increase for the multi-
pass condensers up to an air flow rate of 0.47 m*™. In the multi-pass tube-array design,
air passes through eight rows of tubes as compared to two tube rows in the conventional
condenser design, thereby offering a closer approximation to an overall counterflow
configuration. The temperature of the air rises sharply through the initial tube rows due to
the low specific heat capacity of air. Figure 5.16 shows the experimental temperature
profile at the inlet and outlet of Condenser M.1 at the design conditions. Some tube surface
temperature measurements were also conducted on the condensers to approximate the
refrigerant temperature inside the tubes. These tube surface temperatures are plotted as a
line in Figure 5.16, where the peaks represent the tubes with vapor and the troughs
represent the tubes filled with subcooled liquid. The outlet air temperature can be seen to
reach to values above 62°C whereas the vapor temperature is about 64°C. The last few tube
rows seem to receive air at high temperatures and are not able to reject heat. An increase
in air flow rate increases the thermal capacity rate of air, lowers the inlet air temperature
for the last tube rows increasing the performance of the condensers. Moreover, the multi-
pass tube-array design allows use of tubes with very small OD, leading to very low internal
thermal resistance. As seen from Figure 5.12, the multi-pass condensers are air-side limited
in the sub-cooled region in contrast to the conventional condensers. Thus, multi-pass tube-
array design benefits from the steady increase in heat transfer rate for a large range of

airflow rates, unlike the conventional condensers.
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Figure 5.16 Air-temperature profile at the inlet and outlet of Condenser M.1

5.2.2 Pressure drop

The tube-side pressure drop for the multi-pass tube-array condensers with

increasing refrigerant flow rates is shown in Figure 5.17. Overall refrigerant pressure drop
magnitudes are very small for both condensers, and increase with increasing refrigerant
flow rate. The measured tube-side pressure drop in Condenser M.1 and Condenser M.2

ranges from -0.91 kPa to -0.11 kPa, and from 1.72 kPa to 6.53 kPa, respectively, over the
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range of the refrigerant flow rates considered. Refrigerant experiences larger pressure drop
in Condenser M.2 than in Condenser M.1 because of the increased number of passes and
tube bundles. In addition, the refrigerant mass flux and velocity is higher in Condenser M.2
due to fewer parallel tubes per tube bundle, leading to larger tube-side pressure drop. The
model predictions for both Condenser M.1 and Condenser M.2 are also shown in Figure
5.17 as lines. The model predictions follow the trend of the measured pressure drop values.
The predicted pressure drops for Condenser M.2 are lower than the data throughout the
range of mass flow rates. One possible reason for this discrepancy is that the models do not
account for pressure drop in the header. The last two tube bundles in Condenser M.2 consist

of very few tubes and could lead to a noticeable pressure drop in the header.
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Figure 5.17 Tube-side pressure drop with variation in refrigerant flow rate for
multi-pass tube-array condensers
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The refrigerant pressure drop per pass in each tube bundle, predicted by the model
for Condenser M.2, is shown in Figure 5.18. The figure provides an insight into the various
phenomena occurring inside the condenser that affect refrigerant pressure drop. There are
six tube bundles, each consisting of parallel tubes making four passes in the air. In each
tube bundle, the pressure drop decreases due to the increase in gravitational component
(A

Peir.grav)- Also, the slope of this decrease in pressure drop per pass increases in

subsequent tube bundles. This is due to the increase in refrigerant density and decrease in
vapor quality along the length of the condenser. The number of parallel tubes per tube
bundle is labeled in Figure 5.18 and can be seen to decrease as the refrigerant condenses.
This leads to a rise in pressure drop when refrigerant flows from one tube bundle to another.
Also, there is a sudden drop in the last pass of the fourth tube bundle. This is because
condensation is complete and the model switches to a friction factor correlation for
subcooled state. The pressure drop is very high for all the passes in the last tube bundle due
to very few parallel tubes. Although the last tube bundle (tube bundle 6) consists of single-
phase fluid, it contributes to about 27% of the total pressure drop due the much smaller

flow area for the refrigerant.
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Figure 5.18 Pressure drop per pass along the length of Condenser M.2

The air-side pressure drop is measured for both multi-pass tube-array condensers
at various air-flow rates and is shown in Figure 5.19. The magnitude of pressure drop
increases for both condensers with an increase in volumetric flow rate of air. The
experimentally measured air-side pressure drop for Condenser M.1 ranges from 21.74 Pa
to 33.17 Pa for the volumetric flow rate range from 0.35 m*s™t00.44 m®s™. The measured
air-side pressure drop for Condenser M.2 ranges from 24.81 Pa to 42.42 Pa for the
volumetric flow range from0.34 m®™ t00.46 m®". The reason for the higher air-side
pressure drop in Condenser M.2 is due to the presence of fins, which leads to higher air
velocity and more surface area for frictional pressure drop. However, the increase in air-
side pressure drop is not very significant because the middle-sections of the fins are cut

away in this particular design. The model predictions of pressure drop are shown for both
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multi-pass condensers in Figure 5.19. The models over-predict the pressure drop, with an

AAD of 19.81% for Condenser M.1 and an AAD of 20.42% for Condenser M.2.
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Figure 5.19 Air-side pressure drop for multi-pass tube-array condensers
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CHAPTER 6: CONCLUSIONS AND RECOMMENDATIONS

6.1 Conclusions

A detailed analytical and experimental investigation of air-cooled condensers for
small-scale ammonia-water absorption heat pumps was conducted. Custom-made round-
tube corrugated-fin condensers were investigated. A novel multi-pass tube-array condenser
design was also developed and its performance was investigated. Two versions of the
condensers were fabricated and tested for the both the conventional and multi-pass designs.
The condensers were designed to meet the requirements of a compact 2.71 kW cooling
capacity absorption chiller operating at extreme ambient temperatures. The design heat
duty for the condenser in this system was 2.51 kW at an ambient air temperature of 51.7°C.

A segmented heat and mass transfer model was developed to simulate the
performance of the condensers. The segmented model allowed accurate characterization of
the pressure drop and heat and mass transfer processes as they varied during condensation.
The conventional coils consist of a single tube with larger tube ODs and have corrugated
fins on the air-side. The multi-pass tube-array coils consist of a dense array of small
diameter tubes attached to a single header. Thus, the models for the two designs differ in
both architecture and heat transfer correlations. After evaluation of the first versions of the
condensers, the models were refined to predict the experimental heat transfer rates better.
The refined models were used to design improved versions of the condensers to meet the
design heat duty requirements at the extreme ambient conditions.

A single-pressure ammonia-water test facility was constructed and used in

conjunction with a temperature- and humidity-controlled air handling unit to test the
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condensers at design- and off-design operating conditions. The test facility preconditioned
the refrigerant, and the air-handling unit preconditioned the air to the desired inlet
conditions. The models for the all the condensers were able to predict the heat transfer rate
at design conditions with less than 3% AAD, except for the second version of the multi-
pass tube-array condenser. The initial model over-predicts the heat rejection rate for this
finned multi-pass tube-array condenser. This discrepancy between the model and the
experiment for this condenser is traced back to poor contact between the fins and the tubes
due to issues in the manufacturing process. The model for this second version was
modified to account for this additional contact resistance between the fin and the tube. The
resulting AAD between the modified model and the data is 1.2%.

The condensers were tested over a range of air inlet temperatures (35-52°C),
ammonia-water inlet temperatures (56.98-65.15°C), air flow rates (0.33-0.46 m® s!), and
ammonia-water flow rates (1.9-2.5 g s?). At the design conditions of 51.7°C air
temperature and 0.35 m3 s air flow rate, the first and second versions of the round-tube
corrugated-fin condensers demonstrated heat duties of 2.364+0.037 kW and 2.545+0.033
kW, respectively. At the same design conditions, the first and second versions of the multi-
pass tube-array condensers demonstrated heat duties of 2.330+0.041 kW and 2.434+0.013
kW, respectively. The first versions of the condensers exhibited comparable performance,
with each falling within the margin of error of the other. The second version of both
configurations showed improvement, with the round-tube corrugated-fin condensers
showing a more significant improvement (+7.66%) than the multi-pass condenser
(+4.46%). The second version of the round-tube corrugated-fin condensers, with 551 FPM

and 9.53 mm tube OD, is able to meet the design heat duty requirement (2.51 kW) staying
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within the budgeted values for air-side and tube-side pressure drop. The condenser is able
to reject 2.545 kW of heat with a tube-side differential pressure drop of 2.517+1.03 kPa
and an air-side differential pressure drop of 26.54+2.5 Pa.

Air and refrigerant inlet temperatures, and refrigerant flow rate were shown to have
a large impact on corrugated-fin condenser performance, but air-side flow rate had a
marginal effect. However, the novel multi-pass condensers demonstrated a steady increase
in performance with increasing air flow rates. Thus, at higher air-flow rates, it was shown
that the multi-pass tube-array condensers perform similar to the conventional corrugated-

fin condensers.
6.2 Recommendations

The present study investigates several configurations of air-coupled heat
exchangers and increases the understanding of heat and mass transfer analysis in compact
condensers for ammonia-water heat pumps. Based on the challenges faced during the study
and the performance results, several avenues are described in this section for the continued
development of compact air-coupled heat exchangers for use in low-grade waste heat-

driven systems.

6.2.1 Experimental and analytical investigation

The air-coupled component evaluation in the present investigation was intended to
take place at near-uniform air inlet velocity and temperature profiles. However, with the
available equipment and test facilities, there is a gradient in the air temperature profile
entering the condenser. The steam coil heating the air has an inlet at the top, loops through

the entire cross-section of the wind-tunnel unit and has an outlet at the bottom. The steam
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entering the coil transfers heat to the air and condenses at the bottom of the coil, leading to
a decreasing temperature of the air exiting the steam coil from the top to the bottom of the
wind tunnel. This temperature gradient is increased as the hot air separates to the top of the
wind-tunnel and the cold air remains at the bottom due to the difference in densities. One
potential idea is to reverse the direction of the steam to allow density gradients to cause
mixing. However, having the condensing steam flowing opposite to gravity will lead to
undesirbale vapor blocks and liquid pools. Thus, for uniform heating of the air the best
solution would be the use of electric heaters instead of a steam coil. Also, in this study, the
heat input to the air is controlled by manually varying the flow rate and pressure of the
steam to reach a steady state inlet temperature. Electric heaters in combination with a PID
controller would make it easier to control the heat input, and in turn, the inlet air
temperature to the condenser.

While the standardized wind tunnel testing procedure allows direct comparison
with other air-coupled heat exchangers, it is likely to deviate from the conditions expected
in a packaged system. The air-coupled heat exchangers in a compact absorption system
would likely be located on the sides of a rectangular cuboid, and the fans would be placed
on top to conserve volume and minimize plumbing. The performance of the heat
exchangers in such a configuration will be impacted by this non-uniform and multi-
directional airflow profile. Experimental investigations of the air-coupled heat exchangers
in the configuration expected in a packaged system are necessary to validate performance.
Furthermore, an actual two-pressure absorption system would be able to condition the
refrigerant to the required inlet pressure, temperature, and concentration, which is not

possible in a single pressure facility.
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Analytical investigations in this study included heat and mass transfer analysis
along with simple structural calculations to ensure the integrity of the air-coupled heat
exchangers. Computational Fluid Dynamics (CFD) analyses could be used in the future to
better understand airflow patterns across the heat exchanger. For the novel multi-pass tube-
array condensers, maldistribution in the headers was confirmed during testing from the
surface temperature measurements. In the present study, it is predicted that maldistribution
had a negligible effect on the performance because the condensers were limited by air-side
heat transfer resistance. However, an in-depth study of maldistribution in the headers
would be useful to simulate of heat transfer rates accurately, especially in situations where

the air-side resistance is comparable to the tube-side resistance.

6.2.2 Improvement in heat exchanger design

Conventional round-tube corrugated-fin heat exchangers have been mass produced
for decades and they provide reasonable performance at a low cost. However, these coils
could be improved further for widespread use in waste heat recovery systems in the future.
Insertion of wire coils, twisted tape, or conductive packing could be used to potentially
enhance mixing for enhanced mass transfer during zeotropic mixture condensation. Figure

6.1 shows twisted tape being inserted into the tubes of the corrugated-fin condenser coil.
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Figure 6.1 Twisted tape (top) and twisted tape being inserted into
round-tube corrugated-fin condenser (bottom)

Surface enhancements are also a possibility to increase the heat transfer coefficients
on both the tube side and the air-side. For the air-side, a variety of fin patterns and spacings
could be investigated and would result in broadening of knowledge for air coil designers.
However, these modifications to decrease heat transfer resistance will lead to an increase
in pressure drop and could be implemented in scenarios where there is room for additional
pressure drop.

The multi-pass tube-array is a novel design, and continued development is required
to allow mass production. The addition of fins to decrease the air-side thermal resistance
was warranted in the present study. However, the manufacturing process should be

improved to avoid the thermal contact issues seen in the present study with the addition of
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fins. These problems prevented a representative assessment of the true potential of
microchannel tube, finned array heat exchangers in the present study. A stamped fin with
collars (shown in Figure 6.2) would lead to better contact with tubes and will be more
effective than a laser cut fin. Also, the cost of each stamped fin would decrease with
increase in quantity. Close attention to tolerances is also required during the stamping
process for such small OD tubes. Furthermore, the fins could be made of aluminum instead
of stainless steel to increase the thermal conductivity by over an order of magnitude.
Different fin geometries could also be explored to increase the air-side heat transfer
coefficient. With such modifications on the air-side, the multi-pass condensers are expected
to show significant improvement in performance, thereby out-performing the conventional
condensers. Also, based on the results from the present study, it was shown that multi-pass

tube-array condensers will perform even better at higher air and refrigerant flow rates.

Figure 6.2 Sample corrugated-fin with collars
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The methods and results from this study can be applied to the development of a
variety of air-coupled heat exchangers of novel configurations. In combination with the
findings from previous and future studies, this effort could increase the viability of small-

scale waste heat recovery through the use of absorption cooling and heating systems.
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APPENDIX

A.l1 Heat and Mass Transfer Sample Calculations

Segmental round-tube, corrugated-fin condenser: sample calculations

Inputs Equations Results
Tube-Side Geometry Intermediate Calculations:
D, =0.016 m D.=D,-2t,. D, =0.013m
type =1.25x107 m A =ZD A =1.41x10* m?
Nt,row = 8 4
N — 2 Ltot = Lpasszass Ltot = 8128 m
|_ — O 508 m Nseg,tot = LtotaI/Lseg Nseg,tot =64
pass '
Ly =0.127 m
Two-Phase Flow Regime:
1- 0.64 0.36 007 ]t VF =0.968
VF =|1+ 0.28(—(‘”““9] (&j [i)
qrefr,avg pL lu\/
(Butterworth, 1975)
A= A (1-VF) A, =0.025
D D-2
A - A (VF) A, =0.025
D D-Z
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Segmental round-tube, corrugated-fin condenser: sample calculations

Inputs Equations Results
qrefr,avg =0.86 7Z'(1—VF) + (1572')113 eslrat =5.203 rad
p, =537.70 kgm™ x[1-2(1-VF) + (1-VF)"* -VF"* |
i O,... =212
p =2316 kgm™ srat = <41 0,005(1-VF)VF [1-2(1-VF)]
. -4 “1a-1
_ -5 1.1
#y =1.19x10" kgms (Biberg, 1999)
D, =0.0134 m h, 270, h, =0.071
A =1.41x10"* m’ o =Ei:0'5 LCOS(T)
g=9.81ms> We _gD’p, We _ 7278
o, =0.0128 Nm Fr o, Fr
m. =2.47x10° kgs™ El Hajal et al. (2003) method for determining flow regime Gz = 77-13 kg m-2s
G _ 16A9Dip, 2, { x* (%j_ng +1]
wavy,1 0.5 2
qrzefrﬂz (1—(2hLD —1)2) 25h;, \ Fr
—(q2 _0.97)2 Gy =0.9113 kg m™s™
G2 = 50— 75€xp| ——
Qretr (1_ qrefr)
~ (2263)2 ALDA\poV (pL _,0\/ )/«ng . 20q Gstrat = 323 kg m’23*1
strat q rgefr (qrefr _1) 72_3 refr
. _ Mot G, =17.55kgm™s™
refr =
A G, <Gy => Stratified flow

refr strat

178




Fluid Properties for Initial Segment:

Prefr,in = 2950 kPa G _ mrefryseg Grefr :1755 kg m_ZS_l
Trefr in = 6520(: o A
refr in — =99.99% NH X"ef" Xmolar,refr = 9999%
h,, . =1278 kI K « _ M(NH,)
' molar, refr X . 1—x .
—0.995 refr + refr
qrefr,m M (NH3) M (HZO)
D. oot Pcrit refr = Xmolar, refr F)crit nH, T (1_ Xinolar refr ) Pcrit,refr =11334 kPa
refrseg =247 Xlo kg S ’ P ’ — ’ P =0.261
refr rorefr — Y
A =1 41)(10_ m? rorefr —
crit,refr
= f (Trefr’ refr, qrefr = 0) Pr — CpLﬂL PI’L =1.695
=315.9 kJ kg™ S
= f (Trefr’ refr, qrefr = 0) Re = Grefr (1_ q,ef,)Di ReL = 2232
= 0.9947 . 1
pL = f (Trefr1 refr, qrefr = ) Re _ Grefr Di ReLO 21895
=537.2kgm™ Lo L
oL = f (T X )=0032Nm*** | 5 Chsy Pr, =1.214
vV =——
;uL = f (Trefr ' XL) GkV D R 19484
. e, =
:1.24X10_4 kg m—ls—l *% Rev — refrqrefr i v
kL = f (Trefr'XL) ;UV
_ 0 387 W 11 %% Grefr DI Revo = 19716
=0. m—K Re,, =
- Hy
= (T, % ) =5293 J kg 'K
pL (rrefr L) g — h/ B h hfg — 967X105 J kg—l
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h\/ = f (Trefr’ I:)refr » Oretr :1) Ap = PL— P Ap = 514 kg m=3
=1283 ki kg™ Ga<e (Ap)gD; Ga=4.2x10°
2
X = f (Trefr' Prefr 1 Uretr = 1) Hy
=0.9999 o VY (10 ) X, =4.88x10"
**Correlations developed are Xy = (,o_j (;J q—
provided in Appendix A.3 - refr :
A= f (Trefr' Prefr’qrefr :1) VE 1 oy 1-— Ol ety B VFhom =0.9994
= + | — _
=23.25kgm™ hom oo\
ty = F (T Pyn %) =1.19x10"° kgm™'s™
k\/ = f (rrefr’ I:)refr ' X\/) = 0033 W m_lK_l
Cp\/ = f (Trefrl Prefr’ X\/) = 3394 ‘] kgilKil
Prionn, =11333 kPa q. 1-q. )" VF,, =0.9841
o 1+0.12(1-q,,, ) ||~ 4 =t
Puitn,0 = 22064 kPa e Orur [ ( f )}{ 2, oL }
" A 1.18 (1_ Urefr ) gU(Ap)O'ZS
+
Grefrlolt_)‘5
(Rouhani and Axelsson, 1970)
VE = VFion —VFe VF, i =0.9917

hajal — = /= O\
|n (V hom ]
VFE;,

(El Hajal et al., 2003)
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Tube-Side Heat Transfer Coefficient:

A =1.41x10* m?
D, =0.013 m

VF =0.9917
o, =0.032Nm™

1, =1.24x10" kgm™s™
k _=0.387 Wm™K™
Cp, =5293 J kg K™
g=981ms~

h, =9.67x10° Jkg™
Ap=514kgm™

T —Toper = 3.06 K*
O =0.985*

Cp, =3.39 ki kg 'K
AT =0.196 K*

gl,seg
Ah,. .. =19.03 ki kg™*

refr,seg

A= AQLVF)

A =1.17x10° m’

(Biberg, 1999)
7(1-VF)+(1.57)"
x[1-2(1-VF) +(1-VF)"* -VF** ]
strat 2m -2
~0.005(1-VF)VF [1-2(1-VF)]
x[1+4(@-VF)* +VF?)]

6.  =5.67 rad=324.3

strat

_2r-0,
8

AL strat (Di2 _(Di _25)2>

(Thome et al., 2003)

0=259%x10"* m

Del Col et al. (2005) method for heat transfer and mass
transfer in zeotropic mixture

3 1/4
pL (AP) ghfg kL
H Di (Trefr _Ttube,in)

a, = 0.728(

a, =9573W m7’K™
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Re = 4'Grefr (1_ Oretr )5
M (1-VF) i

Re, , = 260.9

k
a, =0.003Rely Pr° EL

a, =357.6 Wm 2K

Bell and Ghaly (1973) method for mass transfer resistance

ATgl ,seg
Ahrefr ,seg

Z = qrefGCV

Z =0.03445

o, =0.023k, Re%? Pr2% D!

a, =164.5 W m 2K

a,, =3327Wm?K*

o, =3186 Wm?K™

)ac.m

Axial Flov

a = 2876 Wm?K™

refr,app
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Air-side Geometry Intermediate Calculations:

D, =0.0159 m
H, =0.305m
W, =0.066 m

N row =8

N s =16

Leg =0.127 m
Less =0.508 m
L, =8.128 m

N or = 64

t. =2.41x10" m
P, =2.54x10° m
s, =0.038 m

s, =0.033 m

Sy =2.16x10° m

wav,d

S =8.20x107° m

wav,p

Dc = Do + 2tfin Dc =0.0164 m
S = Prin —in $=2.299%x10° m
2 sy =0.038 m
(3)
Sq =4S +| —
2
Aface =H fin Lpass (1_tfin/pfin) Aface =0.14 I’T]2
Afr = Lpasstin Afr =0.155 m2
A: = (H fin Nt,roch)Lpass (1_tfin/pﬁn) AC =0.079 m2
Ac,t = ( H face Nt,rowDo) Lpass A\?,t =0.088 m?
W, 2 A, =0.025 m?
Afin = Z[H fin [ o ] szvav,p + svzvav,p - Npass [7[ Dc j} f
Swav,p 4
L R 2
Avingor = Ngin Asin = ﬁAfin Afm'mt 5055 m
fin

A\mfin,tot = ﬂ.Dc (Ltot - Nt (N fintfin ))

Amﬁn,tot = 0379 mZ

A\ot = Afin,tot + Amfin,tot

A, =5.434 m?

Area of fin per tube, treated as an annular fin of an effective
diameter, D

Dy o =0.035 m

ann,eff
_ Afin _ ( Dsnn,eff B Dcz]
Aann,fin - - 2 T
N pass 4
_ Dann,eff rann,ef‘f = 0018 m
r‘ann,eff - 2
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Finned area per segment, along single serpentine tube

A
Afin,seg =

fin,tot

Aty = 0.078 M’

N
seg,tot
Unfinned area per segment (exposed tube)
A\J _ — A\mfin,tot
nfin,sg N

seg,tot

A\Jnfin,seg = 5-92X10_3 m2

Total, finned and unfinned, area per segment

A\)ut,seg = Afin,seg + Amfin,seg

Ajitseg = 0.085 m?

Air-Side Heat Transfer Coefficient:

A, =0.155m’ y Ve Uy o =2.284ms™
air, fr

A, =0.14m? i

D, =0.0164 m u, = Vair Ugir race = 2:529 M s™

r. =0.0082 m ’ Atace

[y fin = 0.0178 T ST Upir o = 4459 ms™
air,max st _ Dc air, race

Tair =0.5(Tirin + Tair ot ™

ar ( airdn " air,out ) Re _ pairuair,max Dc ReD‘maX = 3897
=53.6 OC D,max —
luair
k,, =f(T,)=278x10" Wm™*K™ o Cp air s Pr,, =0.741
— r. =2~ =
C,ar = F(T,;)=1.04 kI kg™ K™ o K.,
= F(T,)=1.98x10"° kg m*s™ Colburn “j” factor based on number of tube rows (Kim et al., 1997) jy =0.0177

Pair = O'S(pair,in + pair,out *)
=1.05 kgm™
V,=0354m’s™

q ~0.272 . 0205 ¢
N>3:j =i, =0.394ReX%"| 2t 2 wav,p
JN J3 D,max SI D _S

'wav,d

c

>1000: jy =i, (0.978—0.010N)

D,max —

<1000: jy = j;(1.350-0.162N)

N =12; Re
N =12; Re

D,max

-0.133
Swav,d
S
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akim—Prazi/f Ui =80.87 W m K™
St - 0038 m JN - pairuair,maxcpair
s, =0.033m @ =y a,, =80.87 Wm?K™
_ -3
Swava = 2:16x107° m et m,, =52.98 m™
N m — alr
Swavp =8.20x10° m fin kfintfin
$=2.29x10° m c - 2r, C, =1.209
2 2
Afin,seg =0.078 m2 Mg, ((rann,eff ) _(rc )2)
=0.085 m? _
Aot,seg n. = C Kl (mfin rc) Il (mfin rann,eff )_ Il (mfin rc) Kl (mfin rann,eff ) Mtin = 0.884
" ? IO (mfin rc) Kl (mfin rann,ef‘f )_ K0 (mfin rc) I1 (mfinrann,ef'f )
I, K: Modified Bessel functions
Afin,se 770 =0.892
o :1_(—9 (1~774,)
ot,seg
Thermal Resistance and Heat Transfer Rate:
D, =0.0164 m R _R +R _In(Do/Di)+|n(Dc/Do) R.on¢ =0.014 KW
D, =0.0159 m o el T DK e Tl 2K L
D, =0.013m B 1 R, =0.065 K W™
ktube =15.44 W m_lK_l ! arefr,appﬂ-Di Lseg
k, =2382Wm'K* J Ry =0.163 KW™
Lseg — 0127 m noaaierut,sg
Roa = Rin + Rcon + Rou R = 0242 l’(W_:L
e app = 2876 WM 2K o o totel
’ UA=1/R,, UA=4.126 WK™
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P =1.05 kgm™
V,=0354m’s™

-1 -1
C,ar =1.04 kI kg™ K
AT, .. =0.196 K*

gl.seg

ANy o =19.03 kI kg™ *
Moy =1278 kI kg™

T s i = 65.2°C

T, m=517°C

N, o =8

Ly, =0.127 m

Lp =0.508 m

*Determined through iterations

mair,tot = pair,inVair,in

My =0.376 kg s~

seg

, e . Nt,rowLpass
mair,seg - mair,tot - L

=0.012kgs™

mair,seg

Cair = MyrcegCpair C, =12.14 WK™

¢ = ANy g C... =239.7 WK™
ATy g

NTU =UA/C . =UA/C, NTU =0.339

Qurax = Conin (Tetrin = Tairin ) Q, =164.3 W

£ =1-exp(-C, ™ (1-exp(-C,NTU))) £ =0.286

Queg = 6(Quae) Qu, =47 W

Queg = MiircegCpair (Tair,out _Tair,in) Toiron =95.54°C

Qug = My ceg (Metrin = Nectrout ) Netrou =1259 kJ kg™
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A.2 Pressure Drop Sample Calculations

Tube-Side Pressure Drop:

Two-phase Frictional Pressure Drop Friedel (1979)

Re , =1895 Re, , >1055=> Turbulent flow correlation f,=0.0125
Re,, =19716 Re 2
9., =0.995 f, =0.25/ 0.868591In LO
refr 1.964In(Re ,)—3.8215
p.=537.2kgm> Re,, >1055=> Turbulent flow correlation f,o = 0.0065
p, =23.25kgm™ Re -2
_ -4 -1g-1 f,, =0.25/ 0.868591In vo
# =1.24x10" kgms vo { [1.964In(Re\,0) —3.8215ﬂ
4, =1.19x10° kg m™'s™ =] —
_ _ Uretr 1- Uretr Pre 23.58
Di =0.0134 m Prp = ;+p—
-1 L
o, =0.032Nm 2 Froa22
L, =0.127 m Fr=—1"-
G, =17.55kgm? s 90 re
refr — ' g m S W Grzefr Di We = 1366
e=——
PreOL
C.....=11.66
CFriedel 1= (1_ qrefr )2 + qrzefr (&J (M] e
Py fio

0.91 0.19
0.224
(l_ qrefr ) (%J [ﬂ&]
CFriedel,2 = 324q ore ;

refr

07
_Hy ] 0,045\ ~0.035
Hy

CFriedeI,Z = 399

2 _
¢L0,Friedel - CFriedel,l + CFriedel,2

¢L0,Friedel = 477
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G2
(_(;_Pj = CI)io,FriedeI {4 fLO %2;9”]
Z ) ticp i 4P

(—d—Pj =24.34 Pam™
fric, TP

dz
AI:)refr major — Lseg (_d_Pj APrefr,major =3.091Pa
' dz fric, TP
Tube-Side Pressure Drop Due to Deceleration
qrefr,in =0.994 1 0.64 0.36 007 | VFin =0.996
O o = 0-976 VF, = {1+ 0.28(M] (ﬁj (ﬂ]
Grefr :1755 kg m72 S—l qrefr,in pL :u\/
-1

5372 kgm"* Lg% e, e VF,, =0.990
p'— g 73 VFout — 1+028 qrefr,out & i
pv = 2325 kg m qrefr,out pL lu\/
# =1.24x107" kg m~s™ i AP —_0.385Pa

u, =1.19x107° kg m™'s™

2 1- 2
APt e = Grzefr Oretr o + ( qrefr,out)
, AVF  pL(1-VF,)

_ 2 qrzefr,in +(1_qrefr,in)2
| AV, o (1-VF,)

refr,dec
Negative pressure loss
corresponds to pressure rise due to
deceleration

Tube-Side Pressure Drop Due to Gravity

VF =0.992 Gravitational pressure rise AP grav = —-4.99 Pa
S = 0.038 m AI:)refr,grav = _I:(l_VF)pL +VF Py ] g (s_ztj

p,=537.2kgm™

p, =2325kgm™

Tube-Side Pressure Drop Due to Minor Losses

GL = Grefr (1_ qrefr)

G, =0.258kgm? s
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O, = 0.995

G,, =1755kgm™ s
p =537.2kgm>

p, =23.25kgm®

GV = Grefr (qrefr)

G, =17.29 kgm™? s™*

X — AI:)L,bend :\/KbendGi /(ZpL)
e \ AR peng KbendG\f /(va )

Xog =3.1x10°°

s, =0.038 N = Sa. eng = 0.019
en
D, =0.0134 m 2
K\ ugeng =02, from Cengel and i ] C,.g = 20.77
Cimbala (2006
( ) 1+ 1+ 2.2 -1
r en
Cbend :|: &"' &i| Kbend (Z—I_klj:)dj
\ A V PL i
0.5
(pl_ — A J
AN i
C.. 1 @, , =3227
D, = (1_ qrzefr )(1_'_ e +XTJ
bend bend
G2 = )
AI:)refr,minor = CDLO,bend %KBend e APrefr,mlnor 185 1 Pa
L

Total Tube-Side Pressure Drop

Total tube-side pressure drop in segment AP e =182.8 Pa

APloss,refr = APrefr,major + AIDrefr,minor + APrefr,grav + APrefr,dec
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Prefr,in = 2950 kPa I:)refr,out = I:)refr,in _APIoss,refr F)refr,out =2949.82 kPa
APrefr,major = 3091 Pa
AI:)refr,minor = 1851 Pa
APrefr,grav =-4.99 Pa
AI:)refr,dec =-0.385Pa
Air-Side Pressure Drop:
Pressure Drop Due to Frictional Losses
s, =0.038 m Ratio of transverse tube spacing to tube outer diameter a=2.33
5 =0.033m a=s,/D,
D, =0.0164 m Ratio of longitudinal tube spacing to outer diameter b=2.01
b = SI/Dc
Rep nax = 3897 Constant used in air-side pressure drop calculation (Zukauskas et al., k,=0.993
1
A, *=0.33 968) ~0.048
B,,*=98.9 k, =(a,/b) |
C..*=—1.48x10" Euler number for air flow over tube bank Eu=0.352
B C D E
_ 6 E — k Eu Eu Eu Eu
DEU*_lIQZXlO ! 1(AEU " ReDmax " Re2Dmax Restax " Reé max J
. , : : :
Ee,*=-8.62x10 (Zukauskas et al., 1968)
C,*=081 Euler number, corrected for fewer than 10 tubes Eu, =0.285
*Determined from Hewitt (1990). Eu, =C,Eu
A\:,t = 0088 m2 N pass (47TDC Lpass) ft,air = 0033
Nt =8 EuN = ft,air AC t,row
,row )t
Lpass = 0508 m f — O 051

S -1.08 -0.0339 S -0.672
S
f.  =4467Re /3| L = Dwav.p
f ,air D, max S| DC Swav‘d

(Kim et al., 1997)

f air
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Spavg = 2.16x107° m A _ t f,, =0.049
f . f fin tot + f . 1_ fin,tot 1_ fin
8 20)(10 m air f ,air t,air
WaVP Aot Aot pfin
_ -3
§=2.29%x10" m AP 1 Ag G P e =34.97 Pa
fm 2 41)(10 m air, fric air '% 2,0a”-
pfin = 2'54X107 m AP _ f Gair (Aﬁn,totj a".fm 33 47 Pa
airfin — ' f,air
Ay =5.055 m? 2Par \ A
A,, =5.434 m’ p Li G (Ammj AP, =1.49 Pa
int t,
Amfin,tot =0.378 m2 ! 2 o Pair Aht
G, =471kgm7™s™
. =1.05kgm™
Pressure Drop Due To Expansion, Contraction, and Acceleration
= 2 A . ) o, =0.905
Apee =0.14 M o, =—== [Contraction ratio at the entrance of
Ay =1.032 m? ir
3 ) condenser]
A, = 0.155m A 5. —0135
G, =47lkgm?s? o, = A;:e [Contraction ratio at the exit of condenser]
Pair in =1.061 kg m~ Co_1- 1_0-0 C.=0.871
Pair o =1.048 kg m™ ‘ 2.08(1-0,)+0.5371
1 2 K, =0.022
K.=| =—-1
CC
Ke — (l_o_ )2 Ke =0.747
APair,en'[rance = ZG;r (1 O_ + K ) Apaifyemfance B 2115 Pa
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APairexit = _G—;f(l_gez _ Ke) AI:)air,exit =-2.47 Pa
Y 2pair,out
Pressure drop due to acceleration of flow due to heating | AP =0.13 Pa
) :
AF)air,atccel = Gair _peur,m -1
2/Dair,in pair,out
Total Air-Side Pressure Drop

APair,entrance =2.12 Pa AF)Ioss,air = APair,entrance + AI:)air,fric + APair,accel + APair,exit AIDloss,air =34.74 Pa
AP, . =33.47 Pa
AP e =0.13 Pa
AP i =—2.47 Pa
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A.3 Ammonia-water Liquid Property Correlations

Ammonia-water Liquid Properties

Liquid Viscosity Correlation

Developed in this work for ammonia-water
liquid viscosity (1, kgm™s™)
Applicability:

10°C<T,_ <130°C

refr —
0<x_. <1

refr —

u, =1.461x10"°-3.160x107°T , +3.289x107' T —1.237x10°T > +5.698x107°x

refr refr refr

—1.431x107%x%. +5.353x10°%x3, +1.977x10°3x* —1.463x107*T X

refr refr refr refr “refr

+3.815x107 T, X5, —2.027 x107*T, X3, +1.238x107°T 2 X, —3.231x107°T 2 X

refr “refr refr “refr refr “refr

+1.627x107°T 2 X2, —3.553x10°T 2 X,y +9.471x10 °T 2 X%, —4.505x10°T 2 X}

refr “refr refr “refr refr “refr

Developed by Nagavarapu (2012) for ammonia-
water liquid thermal conductivity

k., Wm'K™
(k. )

—5.835x10°°T2 +8.49x107°x?

refr refr refr

k, =0.5727+1.702x10°T,, —0.054x

refr
—3.341x107°T_ x

refr “refr

Developed by Nagavarapu (2012) for ammonia-
water liquid surface tension(c,, N'm™)

~6.204x°

refr

o, =39.922+1.211x10°T2, —1.195x10°T?_+0.2970T,,

+103.357x%, —4.857x . 1.945x107*x2, T2 +0.1851x> T,

refr refr refr * refr refr " refr

+1.405%x1073x . T2 —0.7007x . T

refr * refr refr * refr
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A.4 Experimental Data Reduction and Uncertainty Calculations

Experimental Data Reduction: sample calculations

Inputs Equations Results

Air side measurements and calculations
Tair,in,avg = 5193i0750C I:)air,out,HX = I:)atir,in,HX _APair,HX I:)air,out = 970699 Pa
Tair,out,avg =58.54£0.75°C V'air = uair,ebtron X Aﬂir,ebtron vair =0.353 m3371
Porinix = 97100£108.4 Pa Mair = 2 airin ¥ Vai m,, =0.368 kg s~

AP, . =30.1+2.5 Pa
RH, =4.65+2%

r

pair,in = f (Tair,in7 RHair,in’ I:)air,in,HX)

Pairin =1.043 kgm™

a)air = f (Tair,in’ RHair,in' IDair,in,HX)

w,, =3.73x10°°

Aair,ebtron = 0929 m2 hair,in,avg = f (Tair,in,avg1a)air’ I:)air,in,HX) hair,in,avg = 6168 k‘] kgl
uair,ebtron = 0380 m 571 hair,out,avg = f (Tair,out,avg ! a)air' Pair,out,HX) hair,out,avg = 6856 k‘] kgl
Qair = r‘hair (hair,out,avg - hair,in,avg) Qair =2.471kW
Air side heat transfer rate uncertainty

. - . 2 . 2 2 2 U < = 0111 kW
& = hair,out _hair,in = 688 k‘] kg_l U2 = &U R + &U + &U o
amair Car an.’]air e aI’]air,in,avg i ahair,out,avg o
U, =7.382x10"kgs™
_Qu _ -, =-0.368 kg s™
ahair,in,a\vg
Uy, =01903kikg™
_ Qi _ m,, =0.368 kg s™
ahair,out,avg

g 0.1903 kJ kg™
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Experimental Data Reduction: sample calculations

Inputs Equations Results
Refrigerant side measurements and calculations
msol dil — 8'31X1O_3 i1'51><10_5 kg S_l n.’]refr = rﬁsol conc rT“lsol dil refr =2. 46><10 kg S
Myt cone =1.07x107 £1.51x10° kg s | Xai = f (Teep g out Pretrin» 4 =0) Saturated liquid condition is X =0.992
T ot = 65214 0.25°C assumed at the bottom of the separator -
Xeetr = T (Toep vap.outr Prefrin: 4 =1) Saturated vapor condition is Xor = 0.999
Toepwapou = 65.41£0.25°C P,
assumed at the top of the separator
I:)refr in =2947+25.85 kPa hrefr in = f (Trefr in? refr in? refr) hrefr’in =1277 KJ kg_l
= + ° B
Trefr,ln 65.17+0.25°C prefr,out = f (Trefr,out’ Prefr,out’xrefr) prefr,out =536.8 kg m ?
AP =1.709+1.03 kPa
refr X meas AI:)refr,HX,act - AI:)refr HX ,meas _(prefrcholumn) Aprefr'HX act —0.329 Pa
Trerou =04.17£0.25°C Actual refrigerant pressure drop is calculated from measured value by
g=981ms~? subtracting the hydrostatic pressure head of the column
Hcolumn =0.387 m Prefr,out I:)refr in AF)refr HX ,act Prefr out = 2948 kPa
hrefr out — = f (Trefr out? refr out? refr) hrefryout =314.9 k\] kg N
Trefr ,satliq — f( refr,out ! refr’q 0) Trefr,satliq =64.82°C
Tdeg,subcool = Trefr,satliq _Trefr,out Tdeg subcool =0.652°C
Qrefr = mrefr (hrefr,in - hrefr,out) Qrefr =2.37 kW
' . EBair refr — 4.28%
EB = M %100 e

air/refr —

refr

Energy balance between air and refrigerant heat transfer rate
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Experimental Data Reduction: sample calculations

Inputs

Equations Results
Tube-side heat transfer rate uncertainty
oC - 2 - 2 S 2 U, =0.049 kW
(.grEfr = hrefr,in - hrefr,out =962.1 k‘] kg& U2 = aQrefr Um + aQrefr Uh + aQrEfr Uh o
am refr Qe am refr o ahrefr ,in o ahrefr o
U, =214x10"kgs™
-
Quor _ M, =2.46x107° kgs™
ahrefr,in
U, ~=1828kJ kg™
oG
Quor__ -m, =-2.46x10"° kgs™
ahrefr,out
o an. = 1-33 k kg™
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