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ABSTRACT

This thesis investigates the change in power copsomfor a mobile air conditioning
(MAC) system from the introduction of an internalah exchanger (IHX). The internal
heat exchanger is so named since it is a simplegxehanger that is placed internally
into the AC system. It serves to transfer heanftbe high to low pressure refrigerant to
maximize the system cooling capacity. The worlestigates how other performance
parameters such as the pressure drops, IHX capagdporator capacity, coefficient of
performance and the absolute efficiency ratio ckdngm the introduction of the IHX.
The steady-state simulation results are comparddtavailable in the literature and
transient experimental tests including the cabml-down, and the simulation results

from the New European Driving Cycle.

The results from the simulations show a reductiopawer consumption of up to 2% in
high ambient temperatures but an increase in poasumption of up to 1.5% for low
ambient temperatures. The power consumed by th€ Bystem is largely by the
compressor. Placing the thermal sensing bulb (T #)e thermal expansion valve
downstream of the internal heat exchanger yieldglen MAC coefficient of
performance, lower suction line pressure dropscamdgpressor power consumption

compared to placing the TSB upstream of the intdreat exchanger.
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CHAPTER 1
INTRODUCTION

For the near future, the world focuses on the needidress global climate change,
greenhouse gas emissions and fuel consumptionctéthen 1975 by the U.S. Congress
as a result of the Organization of Petroleum Expgr€ountries (OPEC) Oil Embargo,
the Corporate Average Fuel Economy (CAFE) standeasl established to legislate fuel
economy standards for automobiles and light tryitks On May 19, 2009 President
Barack Obama proposed a program to increase vdhaleconomy and reduce
greenhouse gas emissions [2]. The May 2010 CA&dsirds apply to passenger cars,
light-duty trucks and medium-duty passenger vehkialed covers the model years 2012
through 2016 [3]. Further increases to the CARB&4ard are presently under
negotiations for the 2015-2016 period [3].

Air conditioning (AC) is a parasitic load on tharismission system and increases vehicle
fuel consumption [4-7]. When the industry madedhange from R12 to the R134a
refrigerant, several other changes were made tmtisle air conditioning (MAC)

system. To use the same compressor design, highacity condensers were introduced
to maintain the same operating pressures, thempalnsion valve (TXV) settings were
adjusted to maintain evaporator capacities anchsyictlubricants replaced the mineral
lubricants used in the R12 systems [8]. To meashweontribution of air conditioning
system operation to overall vehicle fuel consummpttbe supplemental Federal Test
Procedure, known as SCO03, has been added as eeraqgut for the label fuel economy

in North America [3].

Over the past two decades, numerous researchersrhesstigated the concept of
introducing an internal heat exchanger (IHX) int®lAC system [9-17]. Theoretically,
the IHX increases evaporator capacity, allowingnimre heat extraction from the air that
will be entering the cabin [9-17]. Thus, at eqlevé capacities, the introduction of an
IHX should also decrease the power input to thegressor due to the load reduction on

the AC system.



An IHX transfers heat from the sub-cooled liquittigeerant exiting the condenser to the
superheated refrigerant vapour entering the corapresrhe reduced evaporator inlet
enthalpy increases the specific cooling capaciiyis concept is explained in further
detail in Chapter 2. Therefore, the warmer suctjas has a lower density, resulting in a

lower mass flow rate and a higher specific commes®rk [9].

Research has shown for the refrigerant R134aitialeimenting an IHX increases
system coefficient of performance (COP) at an esjaivt evaporator capacity [9-17]. A
well designed IHX will maximize heat transfer beemehe liquid and suction line and
minimize suction side pressure drop in the refagéflow [11]. The increased
temperature of the suction side refrigerant assisétiminate the possibility of “wet”
compression and minimizes the effect of flash gatha refrigerant passes through the
TXV on the liquid side. In this thesis, the tersugtion side and low-pressure side are
used interchangeably, as are the terms liquiddimehigh-pressure line.

Automotive manufacturers have become especialgrasted in the IHX due to the
switch from the refrigerant R134a to HFO-1234yRdr234yf [18]. Studies for the new
refrigerant have shown that by implementing an It AC system will have a cooling
capacity similar to R134a [12]. Implementation oflelX in a MAC automatically earns
the manufacturer air conditioning related credit&.@ g/mi (0.7 g/km) of C@toward the
Light-Duty Vehicle Greenhouse Gas Emission Starglardl CAFE standards [3].

Due to the potential benefits of including an IHKan MAC system, and the air
conditioning credits offered to automotive manufiaets that include this technology, it
is important to quantify the expected benefits.e@rust determine if the benefits of the
IHX introduction outweigh the increased costs tplement this system. It is also
important to understand how an MAC system will teawer steady-state and transient
scenarios. This information will help automotivamafacturers meet the strict demands

of future vehicle fuel economy and legislation ofissions.



1.1  The Vapour-Compression Cycle

The vapour-compression cycle is a more practidatism to the idealized Carnot cycle

[19]. The popularity of this method arises frore firactical considerations as opposed to

its performance and thermal efficiency. It is adified version of the classical reversed

Carnot cycle, which is an idealized model for thestrefficient refrigeration cycle [19].

The reversed Carnot cycle, shown in Figure 1-1sist® of four processes, which are:

1-2
2-3
3-4

4-1

Figure 1-1:

Isothermal addition of heat
Isentropic compression
Isothermal rejection of heat

Isentropic expansion

WARM medium
at Ty
& Oy

4 Ty 3
Condenser |

|
—
b

Evaporator
I

"‘QL

COLD medium
ar Ty,

Schematic of a Carnot refrigerator anl the corresponding T-s diagram of the reversed
Carnot cycle. The four processes listed above ca@spond to the numbered states in this
figure. The enclosed area on the T-s diagram repsents the net work of the
refrigeration process and the box enclosed by vedal lines from points 1 and 2
extending to the abscissa axis represents the uskefefrigeration. Copied from Cengel,
[19].



However, there are practical restrictions assogiati¢h the Carnot cycle. The first
obstacle is the adiabatic compression processy2ygh involves a two-phase liquid-
vapour mixture. During wet compression, the ligdidplets may wash away the
compressor lubricating oil, accelerating mechanigzdr [20]. Also, compressed liquid
droplets are vaporized by an internal heat-trarafecess occurring during a finite time
interval [20]. With a compressor speed of 1000RBN single compression process is
0.06 seconds, which is too short for liquid vapatian to occur [20]. The liquid droplets
may increase erosion, again accelerating wear [Zhgrefore dry compression, using

only superheated refrigerant fluid is preferableves compression.

The second obstacle is the adiabatic expansiorchwihvolves a turbine recovering work
from a low-quality two-phase refrigerant. A lowalilly refrigerant has a high moisture

content. The liquid droplets impinging on the tndbblades cause erosion, accelerating
wear. The cost to power recover ratio of implenmgna turbine is high, so currently it is

not a cost-effective solution [19].

The impracticalities of the reversed Carnot cyceaiminated by dry compression and
using a throttling device rather than a turbindisTesulting process is the ideal vapour-
compression refrigeration cycle. The vapour-corsgign refrigeration cycle, shown in
Figure 1-2, consists of four processes:

1-2  Isentropic compression in a compressor

2-3  Constant-pressure heat rejection in a condenser

3-4  Throttling in an expansion device

4-1  Constant-pressure heat absorption in an evigpora



WARM )
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o
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valve  compressor

-“—.T‘——-“—“

41 I \
—=| Evaporator |—— L N I
— 4 o,
O Saturated vapor
COLD refrigerated , 5
space

Figure 1-2: Schematic of an ideal vapour-comprason refrigeration cycle and corresponding T-s
diagram. The variables T and s represent the tempature and entropy values. The
four processes listed above correspond to the numteal states in this figure. The
enclosed area on the T-s diagram represents the ngbrk of the refrigeration process.
Copied from Cengel, [19].

The components that make up a vapour-compressgtamnyin the present thesis, which
will be referred to as an AC system, are as foltows

* compressor;

» condenser with integrated receiver/dryer;

» thermostatic expansion valve (TXV);

* evaporator;

* internal heat exchanger (IHX), not shown and mamay not be a part of the AC

system.
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Figure 1-3:  Air conditioning (AC) system displayng the essential components. . Note that the
internal heat exchanger is not included in this irthis AC system. The numbered
refrigerant states also do not correspond to the mabered states shown in the previous
figures of the different heating and cooling cyclesCopied from Heisler, [22].

Figure 1-3 displays an example of the AC systerdistlin the present thesis. In this
figure, the receiver/dryer is a separate comporaher than integrated with the
condenser. The engine-driven compressor takdswipressure and temperature
refrigerant and compresses it, increasing bothehmperature and pressure. Recall that
the refrigerant is in a superheated vapour statiepasses through the compressor.
Ideally, the compression process is isentropic,év@vdue to irreversibilities such as
heat transfer with the surroundings this is notagisvthe case. The compressor type for
the AC system of the present thesis is a swask-p@ahpressor, which is discussed in
Appendix G. The suction and discharge pressurascofnpressor are very important as

they control the refrigeration capacity and poveguirement of a compressor operating
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at constant speed [21]. Changing the suctiondésaharge pressures changes the

refrigerant state and consequently the enthalplgefefrigerant.

The condenser and evaporator are both heat exatsagige serve a common purpose
within the AC system. The condenser rejects heat the high pressure and high
temperature refrigerant to the ambient surroundialganging from superheated vapour
to subcooled liquid as the refrigerant passes titrabe condenser. Within the
evaporator, the low pressure and low temperatdrgeeant absorbs heat from the air
that will be entering the refrigerated space. Wesrefrigerant passes through the
evaporator, it changes from a sub-cooled liquid smperheated vapour. If there is any
flash gas as the refrigerant passes through themgh@xpansion valve (TXV) it
decreases the range where the refrigerant heanisférred to the refrigerant while it is
changing state. The AC model in the present thesas a parallel flow, horizontal, tube
and fin condenser and a parallel flow, verticaloe and fin evaporator. The refrigerant
flows through the tubes and air through the filike laws governing the flow of the
liquid through the tubes and fins are the saméhervaporator and condenser, however
the heat exchange mechanisms of refrigerant coatlensare very different from those
of refrigerant boiling.

The air-side heat transfer limits the performanicéhe condenser and evaporator due to
the properties of air. Equation ( 2.13) in Sectod, which represent Newton’s law of
cooling, display the rate of heat transfer by catie@ from the air and refrigerant,
respectively. The convection heat transfer coieffich, is of particular importance since
it is an experimentally determined parameter basette fluid properties, velocity,
motion and surface geometry. Typical values,ah W/nf-K are in the range of 2-25

for the free convection of gases, 50-1,000 forftee convection of liquids, 25-250 for
the forced convection of gases, 50-20,000 for ¢ineeild convection of liquids, and 2,500-
100,000 for the convection in boiling and condeiosaprocesses [10]. The amount of
heat exchanged during a phase change process Isgreater compared to free or forced

convection. The convection coefficient is explaime more detail in Section 2.1.

The AC model in the present thesis uses a supedieantrolled thermal expansion

valve (TXV). The TXV serves two purposes: it redsithe pressure of the liquid
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refrigerant, bridging the gap between the high lamdpressure sides of the AC system
and it regulates the flow of the refrigerant to évaporator. The TXV control is actuated
by the magnitude of the superheated refrigeranirigahe evaporator [21]. For further

information, please see Section 3.2.6.

The receiver/dryer separates water moisture ateidibny debris from the refrigerant
with a filter screen and drier desiccant cryst&igtering water that leaks into the pipes of
the AC system prevents partial freezing in the espmn valve during engine start-up.
The receiver-dryer also stores refrigerant, whichmpensates for any leakage that occurs
during the lifespan of the AC system. There issldle safety plug at the top of the
receiver-dryer that melts when the refrigerant heaa critical temperature. Melting of
the fusible safety plug allows for some of theiggfrant to discharge to the atmosphere.

Figure 1-4 displays a schematic of the receiveedry
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Figure 1-4: Schematic of the receiver-dryer. Cdpd from Heisler [22].



The reversed Carnot and vapour-compression reftiiger cycles shown in Figure 1-1
and Figure 1-2 represent idealized processes.cAraleAC system performance differs
from these idealized processes due to irreversdsli Common sources of
irreversibilities are pressure drops caused by fluction and heat transfer to or from the
surroundings [10]. The T-s diagram for an actwdour compression refrigeration cycle
is shown in Figure 1-5. Note the difference in Tae diagrams from the inclusion of the

irreversibilities between Figure 1-2 and Figure.1-5

WARM !
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,»,1 :
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sl 2
X Expansion — ‘W'i"
valve Compressor
ok 1
“—+| Evaporator = f—!
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5
COLD refrigerated

space

Figure 1-5: Schematic and T-s diagram for the actal vapour-compression refrigeration cycle. The
variables T and s represent the temperature and ertpy values. The four processes
listed above correspond to the numbered states ihis figure. The enclosed area on the
T-s diagram represents the net work of the refrigeation process. Copied from Cengel,
[19].

1.2  Project Overview

The MAC model used in the present thesis was ailyileveloped and calibrated by
Fiat. The original model includes the AC systerthauit an IHX and the cabin model.
The word calibration represents the process ofmizing the error between specific

experimental measurements and their correspondihugs from the simulation model.



This process involves tuning specific model paramsein order to minimize the error
between the simulation and experimental valuegurei 1-2: below shows the project
layout of the full Heating, Ventilation and Air Cditioning (HVAC) simulation model.
This includes any previous work as well as theissithvestigated by this thesis.

Complete Heating,
Ventilation and Air
Conditioning loop

Standard AC system with an
AC system Internal Heat
Exchanger
Experimental AMESim \MESim Transient
Test Simulation Simulations
A:\ Steady-State
Cabin Cool Q‘&\QO Simulations NEDC

Down Test /

Pressure Discharge Coefficient of IHX and Power
Drops Temperature Performance Evaporator | | Consumption
Capacity

Figure 1-6: Overall project layout for the work presented in this thesis.

The simulation model was calibrated by Fiat ushegdabin cool down (CCD) test. The
literature also refers to the CCD test as a pulldtest [14]. The data from the
experiment is for a Fiat Grande Punto, shown iufddlL-7, a third generation design of
the Fiat Punto. Itis based on a vehicle platfdevieloped from a collaboration between
General Motors (GM) and Fiat. The vehicle use2a Eully Integrated Robotized
Engine (FIRE) inline-four cylinder Otto cycle enginlt is a B-segment vehicle with the

following dimensions:

e Wheelbase 2510mm (98.8in)
* Length 4030mm (158.7in)
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* Width 1687mm (66.4in)
* Height 1490mm (58.7in)
*  Weight 1015-1040kg (2240-2300Ib)

Figure 1-7: Photo of the Fiat Grande Punto. This poto is included to provide a visual reference for
the reader [23].

The vehicle used R134a refrigerant for the expammé&rom the experimental data the
AMESim model was calibrated by Fiat. AMESim isa@argnercial simulation software

used to conduct one dimensional (1D) analyseh®AC system in the present thesis.
As such, this thesis offers a simulation-based@ggr to study the effect of an IHX on

AC system performance.

The IHX model developed and calibrated by the authocluded in the HYAC model
originally developed and calibrated by Fiat. Stestéte and transient simulations are

conducted to determine how the IHX influences djpeAiC performance parameters.

1.2 Focus of Research Work

The work completed in the present thesis focusdsvorspecific points of interest, listed
below, regarding the inclusion of a co-axial smaalble pipe IHX in the MAC model

initially created by Fiat.
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The first point includes the introduction of an IHX a “drop-in” component into a single
evaporator MAC system and conduct simulations teady-state AC operating
conditions. The steady-state simulations will seag a baseline for determining the best
suction line plumbing configuration and the cor@sfing change in AC performance.
The two plumbing configurations consider the plaeehof the IHX before (also named
IHXb) and after (also named IHXa) the inlet to thermal sensing bulb of the thermal
expansion valve (TXV). For further explanationastjng the two different
configurations please see Section 3.6.3. Thereamponent and system level

performance comparisons of interest which include:

Suction and liquid line pressure drops in the IHXl éhe AC system
IHX capacity

The compressor power consumption

Evaporator capacity

Coefficient of performance (COP)

Absolute efficiency ratio

N o g b~ wbd e

Compressor discharge temperature.

The second point investigates two transient driviygjes, the CCD test and New
European Driving Cycle (NEDC). The analysis fa thansient driving cycles includes
the effect of suction line plumbing configuraticarsd IHX length on system performance
and power usage. The results assume a diredbredhip between the AC power and
vehicle fuel consumption. Increased power consionpihcreases the parasitic load on
the engine, thus increasing the fuel consumptiqreeide the additional power for this
ancillary load. The power required to run the cogspor is directly taken from the

engine since it is mechanically connected to thggren

1.3  Major Assumptions

The key assumptions for the modelling of the ACeysin the present thesis are
included in the bullet points listed below.
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The packaging requirements of the IHX in the vehanle not considered.
Findings in the literature suggested that the @pgth and bending angle should
be taken into consideration when designing the [HX. There are no studies
conducted in this thesis to quantify how much #ssumption affects the
accuracy of the presented results.

When solving the energy equation, the effects eémital and kinetic energy are
ignored because their influence is small compavdtié change in enthalpy [24].
Internal interference that may occur due to vehrdbeation is neglected. It was
found that to ensure that no internal interferemogurs at vehicle vibration up to
500Hz, the length of any straight portion shoulddss than 340mm [10].

IHX is assumed to be straight in all of the simiglas. Therefore, the IHX will
transfer much more heat energy and will have algmessure drop than an IHX

in a production vehicle.
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CHAPTER 2
THEORY AND LITERATURE REVIEW

Initial studies by Preissner et al., 2001, for atoenotive IHX in an mobile air
conditioning (MAC) system with a TXV reported a figmance improvement of 8-10%
for the evaporator capacity and 5-7% for the cogffit of performance (COP) [9].
Friction within the pipes leads to irreversible ggere drops. The experimental results
from this paper also found that the pressure drofhe high-pressure side had almost no
effect on the system performance whereas the lde/miessure drop significantly
affected the system performance [9] [11].

The equation for the pressure drop along a pigée/en in Equation ( 2.1), expressed in a
manner to represent all types of fully developedrimal flows: laminar or turbulent
flows, circular or noncircular pipes, smooth orgbusurfaces, horizontal or inclined
pipes [20].

L pV? (2.1)

APyoss=f D 2

. . - V2
In the equation abovérepresents the Darcy-Weisbach friction factor%?dls the

dynamic pressure. The valuefafepends on many different factors and is theatéei
that can significantly influence the pressure dragxt to the fluid velocity influence.
The variables L, D and V correspond to the charestie length, hydraulic diameter and
fluid velocity, respectively. Determining the fiien factor is critical to calculating the
correct pressure loss. The calculation of theifncfactor depends on the state of the
refrigerant, that is, one phase or two phases.

Only one study, performed by Zhang et al, 2002|ccbe found where the TXV was
placed downstream of the IHX. Hereatfter, this guration will be referred to as IHXDb.
For further clarification of this AC configuratigriease see Section 3.5. In this
experiment the IHX as a “drop-in” component, waaleated with the TXV controlling
the refrigerant superheat at the compressor suptidn Environmental chamber testing
yielded improved capacity and increased COP by 1B#hieving the same evaporator
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cooling capacity required 20% less refrigerant [1#ihe results of the study showed the

following benefits [14]:

Equal or higher cooling capacity with higher COP
Equal or better AC system performance with lessggha
Lower compressor discharge pressure

P w0 bh P

Better compressor protection from cavitation framy Aquid state refrigerant
present on the suction side upstream of the corspres

5. “Flooded” evaporator in a TXV system

The term “flooded” signifies that the refrigeraaaiVes the evaporator in a non-
superheated state. In this condition, the refageflowing through the evaporator
absorbs a majority of the heat from the passingvhile it is in two-phase form. This
maximizes the evaporator capacity and the COPeoAtD system. Once the refrigerant

is in a superheated state, its heat transfer aisligreatly diminished.

Kurata, Suzuke and Ogura, 2007, from the Denso @atjon studied the effect of a
double-pipe IHX in a mid-size car during idling. ittWa length of 400mm the results
yielded an increase in cooling performance by 5-EH2%quivalent power consumption
levels and an increase in COP by 10-15% at equival®ling performance [10] [14]. A
method for tuning the TXV is explained in this pafefurther improve AC system
performance that includes an IHX.

Initial studies of AC systems with an IHX did ndivays yield results of increased
capacity, COP and decreased compressor power cptisnm Determining whether the
IHX has a positive or negative influence on theesysperformance requires a
comparison of the COP values. Based on Figur@a@dlFigure 2-2, the equations for the
COP with and without an IHX are shown in Equati¢hd) and Equation ( 2.3). In these
equations gapand w, correspond to the specific capacity of the evapor@nd specific
work input to the compressor, respectively. Thealde h corresponds to the specific
enthalpy of the refrigerant at its numbered stateesponding to Figure 2-1 and Figure
2-2, respectively. The prime symbglin Equation ( 2.3) signifies an AC system with an
IHX.
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If the ratio, COHCOP is greater than one, the use of an IHX im@m®ystem
performance. A study by Mastrullo et al, 2007,idett a method to predict the post IHX
installation behaviour of the system based on ffexaiing conditions and type of
refrigerant [15]. In this study, the refrigeranporating temperature was varied for
different condensation temperature values. Theydiughd that use of an IHX with
refrigerant R-134a was always advantageous sirceatio of CORCOP was always

greater than unity.

Both figures represent idealized AC systems, aedgure losses in the pipes are
neglected. Inclusion of pipe pressure losses regtine refrigerant state at the inlet and
outlet of every AC component. In Figure 2-1 anguFe 2-2, the refrigerant state is only

specified at the outlet of every AC component.

High pressure

High pressure gas
it Condenser |«
31 12
X TXV Compressor —
4 | A
1
Low pressure Low pressure
gas

liquid » Evaporator

Figure 2-1: Ideal air conditioning (AC) system. The parameter Q.,., represents the system
capacity. W, represents the work input to the compressor. Theystem efficiency is
measured using the coefficient of performance, whicis the ratio of Qu.yapto Win.
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Figure 2-2: Ideal air conditioning system with theinclusion of an internal heat exchanger.
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As compressor superheat increases, the densitg aéfrigerant entering the compressor
decreases The density decrease of the refrigera@ans that the compressor volumetric
efficiency decreases as well. This representawalaick to including an IHX in an AC
system as this will increase power consumptionraddce the benefits obtained from an
IHX [15].

An ideal IHX has the highest possible effectiversss zero suction side pressure drop.
Since an ideal IHX is only theoretically possitdeeal IHX design must include high
heat transfer, minimized suction pressure drop,liamted liquid pressure drop, although

this effect is not as significant as the suctiossgure drop.

Factors to consider when studying the design anfdnpeance criteria of an IHX include
pressure drop, heat transfer, length, internabsertirea, the effect of oil circulation and
how these factors impact the effectiveness of e Bxchanger [11]. In this study, by

Seybold et al, 2010, all of the measurements aderfa the IHX at a component level,

rather than at a system level.

As previously described, the suction pressure digpificantly affected the system COP
and it did increase exponentially with increasddgerant mass flow rate according to
Equation ( 2.1). The authors (Seybold et al) &f ghudy also introduced a method to
make a fair evaluation of the positive and negatiffects of an IHX on a component
level, called the absolute IHX efficiency ratiopsimn in Equation ( 2.4) [11]. The
variables Qix andApy, represent the average heat exchange rate of eid suction
side pressure drop, respectively. Only the presduop of the refrigerant as it passes

through the IHX is considered for this equation.

Quix (2.4)

prlp

Absolute efficiency ratio
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Seybold et al., 2011, suggests that to make a cosopeof different IHX types at the
component level and to predict the effect of an IbfXa MAC system level requires the
definition of another efficiency ratio, which is@kn by Equation ( 2.5) [12]. Contrary
to the pressure drop in Equation ( 2.4), the pmesdrop of the entire suction line is
considered for this equation. Both Equation ( 24d Equation ( 2.5) are used in

Chapter 4 of this document.

QIHX2 (2.5)

vV Apsuction

The effect of increased oil concentration withia tiefrigerant improved heat transfer in

System Absolute Efficiency Ratio =

the IHX up to a saturated value of 2-3% oil concatiin. However, the efficiency ratio
of the IHX decreased with increasing oil concemratiue to a higher suction pressure
drop [11]. By increasing the length of an IHX thés a trade off between increased heat
transfer and increased suction line pressure digreasing the length of an IHX past
600mm led to reduced IHX efficiency due to increhsection line pressure drop [11].

Of all the different type of IHXs available on thearket today, the smooth tube double

pipe IHX has the lowest effectiveness [16].

An IHX may reduce the refrigerant mass flow rate tluthe increased heat transfer and
pressure drop on the suction side. The purposfeeafompressor displaces a finite
volume for every revolution. The heating of thetgan side refrigerant results in a
decrease of the specific density. Therefore,Herrefrigerant mass flow rate through the
compressor to remain unchanged, the volumetridatispnent must increase. This
increases the specific work of the compressor sinoeist work harder to maintain an
equivalent mass flow rate. The increased supedidhe suction gas also increases the
compressor discharge temperature. One of the lidXlping configurations, IHXb, in

the present thesis serves to eliminate this drakyliad the effects on the AC power
consumption are unknown. For further informationtioe different plumbing

configurations studied of the present thesis, glaae Section 3.5.
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An important consideration of whether implementatid an IHX will be beneficial is the
ambient air temperature. One study found for antliEmperatures of 26 and 15C

with the compressor in variable mode, the systegpa@sy did not increase with the IHX
addition. The evaporator capacity was fixed is 8tudy resulting in reduced IHX heat
transfer at these cooler temperatures [16]. Faosmtube IHXs the authors, Seybold et
al., stated that these IHX types provide an ulbka-pressure drop but do not deliver
significant heat transfer per unit length. Theg anost suitable where compressor
discharge temperature is limited and/or a longutietcan be packaged between the

evaporator and compressor [16].

Increased heat transfer is good for system capanyefficiency, it results in hotter
compressor discharge temperatures. Include caskaging and the impact on
compressor discharge temperature to the list afidenations and it becomes clear that
when choosing an IHX, one size does not fit all| [16

2.1 Internal Heat Exchanger Studiesfor Transient Driving Cycles

The open literature contains very little informatiegarding AC performance with an
IHX for transient driving processes. One studyZbwang et al, 2002, investigates the
cabin cool-down (CCD) test cycle with the IHXb cigfration for a compact vehicle in a
wind tunnel. The test compared the average intégrmperature at breath level to the
vent discharge temperature. The testing chambentana@ed the ambient air temperature
and humidity at 38-4& and 20-30%, respectively. For more informatiegarding the
CCD testing procedures, see Appendix J and K.

The results from this test revealed a lower congmedischarge pressure, reduced
refrigerant superheat at the compressor suctiom quipl the compressor discharge
temperature remained unchanged. The evaporatayslemained in a non-superheated

or flooded state, resulting in improved system capdl4].
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2.2  Important Correlations and Coefficients

There are a number of non-dimensional correlatamuscoefficients to describe and

calculate the heat transfer processes of the A@sys

The first is the non-dimensional heat transfer fioeht called the Nusselt number, Nu.
This parameter represents the enhancement ofraeatdr through a fluid layer as a
result of convection relative to conduction acribgssame fluid layer. A Nusselt number
of one for a fluid layer represents heat tranateoss the layer by pure conduction [25].
This value is especially important when calculating forced convection heat transfer by
the heat exchangers of the AC system. The Nussgiber in the turbulent regime is
determined using the correlation from Equatior3) 81 Appendix F. Where k is the
thermal conductivity of the fluid, d.is the characteristic length aridis the heat transfer
coefficient. Knowing the Nusselt number allows ABIER to calculate the heat transfer
coefficient,h ,which is an experimentally determined value. &beation for the Nusselt

number is shown in Equation ( 2.6) below.

h- L,
k

Nu = (2.6)

A non-dimensional ratio, called the Reynolds nun{B&), describes the external flow
regime. It describes whether the fluid flow is laar, turbulent or the laminar-turbulent
transition regime. Determining the type of flovgirae requires the comparison of the
inertia forces to the viscous forces in the flukebr large Reynolds numbers, such as
values greater than 5x3,Qhe inertial forces are much greater than theouis forces

[24]. Thus, the viscous forces cannot preventdrapid random fluctuations, or
turbulence in the flow. The critical Reynolds nwendefines the boundary where the
flow transitions from laminar to turbulent. Thialue is highly dependent on the
geometry and flow conditions. The calculationtfoe Reynolds number is shown below
in Equation ( 2.7). This number describes the ftegime for internal and external fluid
flow. If Re<Rey the flow is laminar, if Re>Re the flow is turbulent. There also exists
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a range where laminar-turbulent flow exists, sg:R®ves the engineer an idea of when

this transition occurs.

inertial force VL. pVL. (2.7)

viscous force \Y, U

In external and internal fluid flow, where the tluand the surface are at the same
temperature, there is a velocity boundary layer fibvans. The velocity of the fluid

varies as a function of the boundary layer heightil it reaches the free stream velocity
at the edge of the boundary layer. When heatfgaonscurs between the surface and the
fluid, there is a thermal boundary layer, the flegion over the surface in which the
temperature variation in the direction normal te slurface is significant [25]. The
Prandtl number (Pr), a dimensionless parametecyritbes the relative thickness of the
velocity and the thermal boundary layers. TypR&ndtl number ranges for gases are
0.7-1.0 and for water 1.7-13.7. For fluids withrRuch less than unity heat diffuses very
quickly relative to momentum and very slowly forfRuch greater than unity. Equation (
2.8) below shows the calculation for the dimenssslPrandtl number.

viscous diffusion v = pc, (2.8)

r= thermal diffusion o k

Another important and sometimes overlooked phenomé&nthe heat transfer due to free
convection. An example of free convection heatgfer is the heating of a cold can of
pop in a room with zero forced air movement. Tinénathe room circulates naturally
due to the density variation with temperature. Wair will transfer heat to the pop can,
decreasing its temperature and increasing its fen&s a result, the warm air
temperature decreases and it naturally move tgrinend and displace air that was
previously occupying that volume. If there is radural air movement, the heat transfer

process occurs by conduction only which lowershibat transfer rate. Two non-
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dimensional parameters that describe natural coiovelseat transfer and flow regime are

the Grashof number, Gr, and Rayleigh number, Ra.

The Grashof number which represents the ratio@btioyancy force to the viscous force
acting on the fluid describes the natural convectioid flow. The value of the Grashof
number describes whether the fluid flow is turbtil@nlaminar in natural convection.

The significance of the Grashof number to natuoalection is the same as the Reynolds
number is to forced convection. For external flildv the ratio of the Grashof number

to the Reynolds number shows which type of flumvfldominates. Equation ( 2.9)

below displays the calculation for the Grashof nemb

_ Buoyancy force  gB(T; — Too) L p? (2.9)
~ Viscous force u?
Where:
¢« G gravitational acceleration, m/s
B coefficient of volume expansion, 1/K (Beta= 16F ideal gases)

e T temperature of the surfad€
e T, temperature of the fluid sufficiently far from tearface’C
o L characteristic length of the geometry, m

o v kinematic viscosity of the fluid, ffs

Natural convection heat transfer on a surface digpen the geometry of the surface, its
orientation, temperature variation along the sw@faed the thermo-physical properties of
the fluid [25]. The following two equations bel@xe used to describe heat transfer
processes that occur within the cabin. Due tatmplexity of the fluid motions, it is
difficult to obtain analytical solutions for natli@nvection heat transfer with the
exception of a few simple geometries with simpfityisolutions. Therefore, heat transfer
relations for natural convection are often obtaiegperimentally. There are simple

empirical relations for the average Nusselt numidgch are in the general form shown
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in Equation ( 2.10) below. This equation represensimple empirical format used to
calculate the Nusselt number for specific geometngh simplifying assumptions, which
is accurate for a specific Rayleigh number ran@eand n represent a constant coefficient
and constant exponent value, specific to one gagroase. The subscriptindicates

that the dimensionless coefficient is for a surfatkength L. The established empirical
relations are valid with minimized error for cen@imple geometries for a specific range

of Rayleigh numbers.

Nugree = % = C- (GryPr)" = CRa," (2.10)
The non-dimensional number, Ra, is the Rayleighbrarnrwhich is the product of the
Grashof and Prandtl numbers. The value of thetaatsC and n depend on the
geometry of the surface and flow regime. Equatiaril) below shows the calculation
to determine the Rayleigh number. The variablahisvequation have been described
previously for Equation ( 2.10). The subsctighdicates that the dimensionless
coefficients are for a surface of length L. Thegmitude of the Rayleigh number
describes whether the heat transfer process isréed by conduction or natural
convection [25].

T, — T )L.> 2.11
Rasee, = GriPr = gB(Ts )L¢ Pr (2.11)

V2

To analyze a two-phase mixture it is importantnow the proportion of liquid and
vapour phases. The quality,is the ratio of the mass of vapour to the totaksof the
mixture. A value of zero (0) corresponds to saaddiquid and one corresponds to a
saturated vapour. This is an intensive, indepenpl@perty as changing the mass of the
refrigerant does not change its quality. Equafi@ri?) below shows the calculation for

the mixture quality.

Myapour (2.12)
mvapour + Inliquid

X =
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Newton’s law of cooling, shown in Equation ( 2.18ypresses the convection heat
transfer. This equation calculates the heat tearfebm convection. It is possible to
experimentally determine or calibrate a valuefifdinat accounts for conduction and
convection. However, the heat transfer abilityaaaduction is usually much smaller
than convection. This equation is very criticatt@s condenser, evaporator and internal
heat exchanger models use this equation to cadctiiatheat transfer of the simulations

in the present thesis.
Q = hA(Ts — Te) (2.13)

The most important and difficult parameter to aately establish in Equation ( 2.13) is
the convection heat transfer coefficient, h(cross)ich is defined as the rate of heat
transfer between a solid surface and a fluid pedraumface area per unit temperature
difference [25]. Variables that can affect thethtesnsfer coefficient include dynamic
viscosity {1), thermal conductivity (K), density), constant pressure specific heg),(c
fluid velocity (V), geometry and roughness of tlséics surface and the fluid flow regime.
There are relations that can approximate the cdiorecoefficient for specific cases with
simplifying assumptions, but this value is largdgtermined experimentally. In the case
of the simulation in the present thesis, the cotiwrcoefficient is obtained through
calibration of the Nusselt number. AMESIim thensuEguation ( 2.6) to obtain the

convection coefficient.

CHAPTER 3
METHODOLOGY

3.1 Simulation Software

There are a variety of commercial software packagethe market today that offer one
dimensional (1D) simulation capabilities. A comnmassumption for 1D modeling is
homogeneous material properties, neglecting anyepty variations along the other two

dimensions. The mass and energy conservationiegaatre written as a function of one
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dimension, d, the flow direction. This allows for large spatiesolution and calculation
methods that are faster than 2D or 3D models. ITthenodel requires user-specified
boundary and topographical data. The boundaryitond may include information
about material state properties, component effaes and maximum/minimum flow
displacements. The topographical data includesnmition about component geometry
and cross-sectional areas. One-dimensional mappitiovides the user with base
knowledge of a system and to understand systenomespnder various conditions. This
knowledge is useful when designing experiments,veimeh creating higher order models

which take much longer to obtain results.

AMESIim is the software package used to create andhre AC model. It is very similar
to Simulink within Matlab, however the pre-estabéd models within the program help
to standardize how the models are created. Wittulgik, the design, layout and
construction of the model is unique to each engirteas making it very difficult for
others who are not familiar with such a specificdelo It also helps different automotive
companies, such as Chrysler and Fiat to share nifdeation easier, since they are

using the same simulation platform.

AMESIim is a software tool developed by LMS for evegrs in the automotive,
aerospace and other advanced manufacturing inésistrfselection of the correct
software requires accurate refrigerant and soliterred properties, steady-state and
transient simulation capabilities and the abilityapplying different boundary conditions
for different tests. Although this feature is natluded in this thesis, connecting the
front-end heat exchanger models to study the @i #nd heat exchanged from one
component to the other offers the interesting ghit investigate the complete vehicle
thermal management. Appendix F.5 presents funtiiermation regarding the front end

heat exchanger connection.

A complete AC model requires the inclusion of sofidterial properties and two-phase
material modeling. The two-phase refrigerant makteequires an accurate estimation of
the thermodynamic state of the fluid, based onitwdlependent, intensive properties.
Intensive properties are those that are indeperafehe mass of a system such as

temperature, pressure and density. Temperaturprasdure are independent properties
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for single-phase systems, but dependent propdatieaulti-phase systems. In other
words, temperature is a function of pressure, o viersa during a phase change process.
Therefore specifying the temperature and presseraat sufficient to describe the state

of the material, but one can be specified with hepintensive property [19].

Steady-state simulations are important to studygés in system performance under
controlled conditions. Changing specific paramseterd viewing their effect on the
measured output value can highlight ways of imprg\system and component
performance. However, it is also important to ustnd how the AC will function when
subjected to transient conditions, such as vargorgpressor RPM and the condenser and
evaporator air inlet conditions. Transient cydietp engineers understand the margin of

benefit for new technology introductions under istel usage.

The software package AMESIm, meets all of the alwoiteria. It is popular within the
automotive industry and it is a very versatile perg due to the large range of libraries
containing pre-established models for multi-bodpaiyics, electronics, hydraulics,
thermal, electromechanical and others. Refer@amtxt section regarding the AMESIm
libraries required to model the AC system. A dethdescription of the libraries used for

the work in the present thesis is located in Appeid
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Figure 3-1: Diagram of the complete air conditioing (AC) loop. It is comprised of the major AC conponents as well as the cabin model, vents model
and the blower and air recirculation model.
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3.2  Mode Components

All of the components in this section have beewipresly developed by other engineers
or are pre-established models within AMESIim. Testion serves to briefly introduce
the major components of the AC system. For arepiddiscussion of the AMESIm

modeling methods please see Appendices G, H, Jand

3.2.1 Compressor

All simulations, both steady-state and transieaveha variable displacement compressor
with an internal control. The experimental AC gystused an axial piston swash-plate
compressor. Figure 3-2, obtained from referen¢cesli®ws a cross section as well as
labelling for the important components for thiseygf compressor. The compressor

model is pre-built into AMESim, and requires themspecified to function properly.

Calibration of the compressor sub-model involvescg#ging the volumetric, isentropic
and mechanical efficiencies. For all three efficies, zero and one are the lowest and
highest possible values respectively. The voluimetrd isentropic efficiencies are input
as functions of the compressor rotary speed. Plsas Appendix D. for the input map
files for the volumetric and isentropic efficiengiand their corresponding formatting to
meet the input requirements for the compressomsottel. The mechanical efficiency

remains constant for all simulations, with a vabfi®.9.

Finally, the compressor sub-model calculates thguewith the user-specified
mechanical efficiency. Equation ( 3.1) represshisvs the equation used to calculate

the compressor torque. The units of this equatierN-m/revolution.

T = Mgjs - (hdis - hsuc) (3.1)
ns N
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Figure 3-2: Cross section of a double acting axigliston swash-plate driven compressor [22]. This
schematic is for a fixed displacement compressor,hgreas the compressor in the present
thesis has an internal regulation valve which chares the angle of the swash plate.
Increasing the angle increases the refrigerant vohaetric displacement per revolution and
decreasing does the opposite.

3.2.2 Condenser and Evaporator

The condenser and evaporator perform the sameduariatthe sense that they transfer
heat to or from the refrigerant to an externakaurce. The AC loop contains a four pass
vertical tube and fin evaporator with the plated aallectors treated separately.
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All simulations in the present thesis model a pardllbw tube and fin condenser. Figure
F-6, obtained from reference 21, shows a crossosefdr such a condenser along with
labels for the important condenser parametersrelae three passes for the condenser
shown in Figure F-6. They are the superheatinggdensing and sub-cooling passes.
The convention, first pass, second pass, etc. peilised instead for the explanations in
the present thesis. The condenser for the simakatias a built in receiver/dryer, which

helps reduce and simplify the system packagingireauents.
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Figure 3-3: Representation of a parallel flow microchannel condenser. The measurements in this
figure are not relevant to the present thesis. Thkifigure only serves to illustrate the
concept of a parallel flow condenser with micro chanel tubing for the refrigerant.
Although not discussed in the present thesis, lougd fins serve to increase the turbulence
of air flowing through the condenser, thus improvirg the condenser heat transfer
capability [26]. On the left side of the figure, land O represent the inlet and outlet of the
refrigerant flowing through the condenser. L. and H. represent the width and height of
the condenser. The measurements for the fins in#hbottom right corner of the figure are
not important, since AMESIim has its own way of desthing the fin geometry, which will
be discussed in detail later on in this section.

The external air side heat transfer coefficient gnedcorresponding heat transfer is
computed using the Nusselt formulation, Equatié 3 he coefficients a ariglare used
to calibrate the heat exchanger heat transfer tomtae experimental data. An
optimization tool within AMESim determines the bgatues forA andB yielding the

lowest difference between the simulation and theeerental heat transfer and pressure

31



drop combination of the heat exchangers. The gysexifies a range of possible values
for A and B, the increment between different itenag and the allowable tolerance. The
coefficientC remains constant with a value of 0.4 since theaikitions are all for cooling
cases [25]. This equation is very important fa fieat exchanger since this is how
AMESIim is able to calculate the amount of heatdfanbetween the refrigerant and

external air.

laminar regime: Nu = constant

(3.3)
tubulent regime: Nu = a - Re® - Pr¢

3.2.3 Thermal Expansion Valve (TXV)
The purpose of a thermal expansion valve (TXVpisegulate the refrigerant superheat

leaving the evaporator. In a standard MAC systemrefrigerant exiting the evaporator
passes through a feedback loop where it entethénmal sensing bulb (TSB) of the
TXV. There is fluid in the bulb, called the powfkrid, which partially fills the TSB in
Figure F-12. The pressure of the power fluid aggph force to the top of the diaphragm
and the evaporator pressure applies a force obdtiem of the diaphragm. An increase
in the refrigerant superheat, increases the terperand pressure of the gas in the TSB.
The pressure increase causes the ball valve toagmenst the return spring, increasing
the refrigerant flow rate through the evaporafbhe increase in refrigerant superheat is
usually an indication of either a decrease in theealocity passing through the
evaporator or an increase in the ambient air teatpes. By increasing the refrigerant
mass flow rate, this causes a discrete quantitgfaferant to exchange less heat with the
passing air as it passes through the evaporatus réduces the refrigerant exiting
temperature if it is superheated and the refrigegaality if it exits in a saturated mixture
state. However, overall the amount of heat transfiewill increase since more
refrigerant is passing through the evaporator. réfiggerant exiting as a saturated
mixture will only occur when the IHX is introducéato the AC system because the

compressor is not designed to handle a saturabetinei

Figure F-12 displays a cross-sectional diagram™X¥ and includes labelling of the

important components. In the figure, the outlehponent screws into the main housing
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providing a method to calibrate the TXV. Screwihg outlet component up or down
will change the super heat spring tension, thusging the opening and max opening
points of the ball valve. The super heat springpigorated to open at a specific
refrigerant pressure from the evaporator outleoiatrol the temperature of the liquid
refrigerant entering the evaporator. It is cruthiat the temperature of the refrigerant is
firstly low enough to be able to meet the cooliaguirements of the refrigerated space,

and secondly not too high which would deterioraedompressor life.

3.3 Internal Heat Exchanger (IHX)

Despite the complexity of modeling the completecainditioning system and the focus
of this thesis being the internal heat exchand¢X)) the model concept is simple. It is
composed of two lines exchanging heat with onetardhrough an aluminum medium.
The complex nature of the IHX is calculating thefpenance parameters such as heat
transfer, pressure drop, temperature profiles andactive heat transfer coefficients for
a two-phase refrigerant in various flow conditiomsgure 3-4 below shows a simple

schematic for an IHX.

Liquid outlet

f
. [ I—I i
Sucti Suction
cwllll‘?letO ' = Ll [ 4= inlet
|
t

Liquid irlet

Figure 3-4: Schematic of an internal heat exchaer. This figure displays a cross flow double pipe
heat exchanger. Note that the geometry of the IH¥ not limited to the design in this
figure, but this type of schematic which can be foad in any heat transfer textbook
accurately represents the heat transfer process beeen the liquid and suction lines.

The length of the IHX is discretized into sectioapresenting a portion of the heat

transfer and pressure drop along the IHX. Eactigecontains two pipe sub-models for
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the liquid and suction lines and a material modplesenting the aluminum mass. The
term “thermal masses” is also used when referitiegdiegree of discretization for a
model in the present thesis. Therefore an IHX whtiee degrees of discretization has
three thermal masses. Discretization of the IHXved the model to predict the transient
changes in heat transfer, pressure drop, tempesateic., with greater accuracy. The
appropriate degree of discretization as it reldtiesmodel’s ability to predict the

performance of the IHX will be further explainedSection 4.1.

Two-phase flow pipes with heat transfer capabditisodel the liquid and suction lines of
the IHX. This sub-model is named TPFPHEOOO in AMESIt acts in the exact same
way as the two-phase flow pipe described previous§ection 3.2.5. The pipe sub-
models of the liquid and suction lines connectri@iuminum thermal mass sub-model.
This sub-model, named THCO000 in AMESim, computestémperature profile and
energy stored as a function of the simulation tiraegure 3-5 shows a visual
representation of the IHX model built within AMESIm

In the figure below, there is a power sensor, nam@dPOTO within AMESim, that
calculates the power of the refrigerant flow atitilet and exit of the liquid and suction
lines. By measuring the power difference and irgtgg it with respect to the simulation
time, AMESIim calculates the total heat transfethefliquid and suction lines. These
values also correspond to the IHX capacity. Thesgure sensors, named TPFGS010
within AMESim, measure the refrigerant flow-pressat the entrances and exits of the

liquid and suction lines. The summing junctionccddites the pressure difference.

In Figure 3-5 there is no connection between tkerdtized aluminum masses.
Simulations with and without the connection showtie to no difference in the heat
transfer calculations for the IHX. This is notlrstac from an experimental standpoint,
but the assumption reduces simulation time. Theltefor these simulations will also be

shown and explained in Section 4.1.
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Figure 3-5:  AMESIim model of the IHX. The literaure also uses the names low-pressure and high-
pressure lines when referring to the suction anddjuid lines, respectively. The red
summing junctions calculate the pressure drop andrghalpy flow rate difference
between the outlets and inlets of the liquid and stion pipes.

There are pressure and energy sensors placedaittace and exit for both the liquid

and suction lines. This allows for the measurenoéthie pressure drop through both

pipes as well as the total heat transferred by Baeh The energy sensor measures the
power difference of each line. This value is inéégd for the whole simulation time to

obtain the total heat transfer value in units argy.

34 Internal Heat Exchanger (IHX) Calibration

Calibration of the internal heat exchanger (IHX)alves matching the capacity and the

pressure drop in the liquid and suction lines il results provided by the supplier. For
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the complete data sheet provided by the suppliease see Appendix C. The supplier ,
also referred to as the original equipment manufact{OEM) conducts tests for five

operating points:

* low load;

* idle;

e idlell;

* high load;

* high load II.

In Figure 3-6, the numbers correspond to inlet@utet of the high and low-pressure

lines of the IHX, or the liquid and suction linesspectively;

1. High-pressure inlet conditions described by thesilsv rate and specific
enthalpy

2. High-pressure outlet conditions described by tlesgure and specific enthalpy

3. Low-pressure inlet conditions described by the nflass rate and specific
enthalpy

4. Low-pressure outlet conditions described by theguee and specific enthalpy

Table 3-1 provides the geometrical parametersefttX. The supplier data does not
specify IHX geometry information, except for theXHength. The mass of aluminum is
an approximated value. Varying the aluminum mdgkelHX only changes the heat
transfer performance for transient operation. WX with a mass of 0.5kg or 100kg will
perform the same under steady-state operation.olitez diameter of the IHX is not
specified, which is not relevant for the one-dimenal modeling in the present thesis,
however future experimental tests, 3D simulatiams packaging design will require the

IHX outer diameter.
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Figure 3-6: IHX calibration model included in AMESim.
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The hydraulic diameters and cross sectional arethediigh and low-pressure lines
(liquid and suction lines, respectively) are calitied using an AMESIim optimization
program. The program iterates through a rangeaoheter and cross-sectional values to
minimize the error of the high-pressure drop, lawssure drop, and IHX capacity
between the simulation and experimental results.

Table 3-1: IHX geometrical parameters. The acropms LP and HP stand for low-pressure and
high-pressure, respectively.

IHX PARAMETER UNIT VALUE

Length mm 900

Mass of Aluminum kg 0.5

Outer Diameter mm unknown
Hydraulic Diameter LP mm calibrated
Cross-Sectional Area LP mm? calibrated
Hydraulic Diameter HP mm calibrated
Cross-Sectional Area HP mm? calibrated

All of the inlet and outlet conditions are inputsthe model using piecewise linear signal
sources. There are five step inputs in each sgmaice corresponding to the five
different test cases. Table 3-2 and Table 3-3aysive boundary conditions for the five
different cases.Table 3-3 displays the suppligrgests for the inlet and outlet
conditions of the IHX, respectively. The initiadizon values used for the refrigerant
piping sub-models correspond to the average ialaperature and pressure values in
Table 3-2. The sub-model in Figure 3-6, whichiisled in black, converts the mass

flow rate from g/s to kg/s.
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Table 3-2: Inlet temperature, pressure and mass fle conditions for the HP and LP lines

parameter Name Unit OEM Test Parameters Requirement
Low Load | Idlell | Idle | Highload | Highload Il

Temp. OUT LP °C 19.6 353 295 24.4 25.8
Pressure OUT LP bar 3.5 3.5 3.5 2.9 2.9

Specific enthalpy OUT LP ' kl/kg 415 4295 424.2 420.6 422.1
Temp. OUT HP °C 22 56 41.3 37 41.1
Pressure OUT HP bar 7.5 25 16 13 15.9
Specific enthalpy OUT HP | kl/kg 230.8 282 | 259.1 252.6 258.8

Table 3-3: Outlet temperature, pressure and specifienthalpy for the HP and LP lines

Parameter Name Unit OEM Test Parameters Requirement
Low Load | Idlell | Idle | Highload Highload Il
Temp. IN HP °C 25 70 50 45 50
Pressure IN HP bar 7.5 25 16 13 16
Temp. IN LP °C 15 10 15 11 11
Pressure IN LP bar 3.5 3.5 3.5 3 3
Mass Flow g/s 10 28 28 45 65
35 IHXa vs. IHXb as drop-in Component

Previously discussed in Chapter 2, only one study fwund in the literature [13]. All of
the other studies consider only IHXa, thus the gamethesis attempts to determine the
benefits and drawbacks of each configuration ieféort to determine the best plumbing

configuration of the suction line.

Figure 3-7 and Figure 3-8 illustrate the differebe¢ween the two suction line plumbing
configurations. In Figure 3-7, the suction linelué IHX is locatedhfter the thermal
sensing bulb (TSB) of the thermal expansion val€\). This configuration will be
hereafter referred to as IHXa. In Figure 3-8,shetion line of the IHX is locateokefore
the TSB of the TXV. This configuration will be exfed to as IHXb for the duration of
the thesis.
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Figure 3-7: Representation of IHXa configuration wtere the IHX suction line is located downstream
of the TXV. Here the TSB does not sense the increain refrigerant superheat from the
IHX. The refrigerant superheat entering the compressor is much higher in the IHXa
configuration as compared to IHXb. The colour schme of the IHX highlights the high
and low pressure sides, rather than the temperaturef the refrigerant.

For the IHXa configuration, the TXV regulation bietincreased refrigerant temperature
leaving the suction line of the IHX is delayed. eTifefrigerant must pass through the
system another time to be sensed by the TSB. Henvthe TXV for IHXa should not
influence the refrigerant flow rate through the gmator compared to the IHXb

configuration.
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Figure 3-8: Representation of IHXb configuration wtere the IHX suction line is located upstream of
the TXV. Here the TSB senses the increase in refigrant superheat from the IHX. The
TXV is able to regulate the refrigerant temperaturebefore entering the compressor.
The colour scheme of the IHX highlights the high ad low pressure sides, rather than
the temperature of the refrigerant.

In an AC system without an IHX, the TSB calibratemsures that the refrigerant
temperature is a few degrees above the saturapedivaurve to ensure superheated
refrigerant flow through the compressor. If thesrany liquid within the refrigerant, this
will alter the performance of the compressor amdl i cavitation, significantly
diminishing the compressor life. Thus, the engirtam alter the TSB calibration to
allow a lower refrigerant temperature exiting tha@orator. The effect of altering the
TXV settings is not considered in the work of tliegent thesis since there is no
experimental data to provide a possible range pisatients within the simulation.

The influence of the TXV on the refrigerant massflrate through the evaporator should
be less than an AC system without an IHX. Thisusthtead to decreased pressure drop
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between the high and low-pressure lines and corsgigudecrease the compressor work.
One significant drawback of this configurationhg tincreased refrigerant temperature
through the compressor. The material of the cosgmemay not be designed to
withstand the increased refrigerant temperatutberesulting temperature will
significantly reduce the life of the compressohework in the present thesis does not
consider compressor damage and life span as adaraftthe refrigerant superheat
temperature, however, the engineer should alwaysider this factor when designing an
AC system.

With IHXb, the TSB will sense the increased refrayeg temperature and overcompensate
by lifting the ball valve to increase the refrigetranass flow rate through the evaporator.
Increased refrigerant flow through the evaporatomfa greater ball valve lift means a
smaller pressure drop between the high and lowspredines. The TXV will influence

the refrigerant mass flow rate through the evajponaiore than the IHXa configuration,
but it is uncertain whether this influence will et increased or decreased compressor
work. Itis believed that the evaporator capacitiHXb should be significantly greater
than IHXa. The temperature of the refrigerant gigtothe compressor should be
equivalent or similar to the temperature profileaafAC system without an IHX since the

TSB is located downstream of the IHX.

3.6  Steady-State Simulations

To understand whether the IHX model in AMESim aliyuainctions as intended and
how its introduction into the AC system actuallykesa a difference, it was necessary to
conduct two types of steady-state simulations. r&@foee, the present thesis includes
simulations studying the IHX performance at a congrt and system level.

Component level testing involved varying certairKldimensions and evaluating the
subsequent response. Changed parameters inchelédX length and aluminum
thermal mass. Since the aluminum mass was noifiggeloy the supplier, it was
necessary to investigate its influence on the traasfer capabilities of the IHX. This is
discussed further in
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System level testing involves the effect of an IHEluded in an AC system. In the
steady-state tests, the compressor speed and at@pand condenser inlet air conditions
are kept constant. There is no control for theegugat exiting the evaporator and the
sub-cooling leaving the condenser, thus the evamocapacity is allowed to change for
each of the testing states. For information reiggrthe input parameters for the

compressor, condenser and evaporator please sendipp-.

One of the major drawbacks for the steady-statelsitions in the present thesis, is the
lack of experimental data for model validation. eféfore to circumvent this issue,
testing conditions and results were compared tapeippublished by Seybold et al.,
2012, reference [13]. This was the only availab&thod to ensure that the model was
providing accurate results, adhering to the germmebrmance of a similar AC system

published in the literature.

3.6.1 Component Level Testing

Studies found in the literature have already ingestd the effect of varying the IHX
length on the IHX performance parameters, whichpaogided below. The purpose of
the component level testing in the present thesiges to look at the IHX length and the
corresponding component performance changes. dlloeving list shows all of the

considered performance parameters for the IHX leimytestigation.

* Evaporator capacity ratio as a function of compyepswer ratio

» Compressor discharge temperature

« Evaporator capacity ratio vs. IHX length af@5and 25C

« Compressor power consumption ratio vs. IHX lengthsC and 25C

+ Coefficient of Performance (COP) ratio vs. IHX lémgt 45C and 28C

3.6.2 System Level Testing — Boundary Conditions

The testing parameter selection, shown in Table@&idinates from a SAE technical
paper, by Seybold et al., 2012 [13]. These pararaebver a wide range of AC usage
for light-duty vehicles. The steady-state testogdition, utilized 11 of the 14 operating
points from the SAE paper. The three omitted dpegaconditions where ones that only

varied the ambient relative humidity at a tempemtf 25°C.
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The SAE paper specifies an air inlet mass flow fat¢he condenser. However, the
condenser in the SAE study and the present thesisoh the same thus this boundary
condition is not imposed on the condenser. Theeptablished AMESIim condenser
model requires an air speed input from the usepore other input source, and from

there determines the air mass flow rate basedensér-specified geometry values.

The first column of Table 3-4 specifies the naniongvention for each test. The
numbers correspond, from left to right, to the @rajor air inlet temperature, relative
humidity (RH) and the compressor speed. For exeyfl/40/4850 corresponds to the
following testing conditions: 4C, 40% RH and 4850 revolutions per minute (RPM).
From this point forwards, reference to a specifierating condition in the present thesis
will use the format in the column labell@&st Number

Table 3-4: Steady-state test conditions for MACystem. These test conditions are obtained from the

AC system level testing conducted in the SAE papéy Seybold et al [13]. These
parameters cover a wide range of AC usage for ligkduty vehicles.

Compressor | Condenser Evaporator
Test i , ° ir i
numper | Compressor | e, | ar | TIRHTATCS | Remark
Spe‘?d temp S humidity flow
[rev/min] ] [m/s] inlet [%] [kg/h]
40/40/4850 4850 38 4 40/ 40 520 X
performance
45/25/900 900 45 1.5 45/ 25 520 40 km/h
45/25/2500 2500 45 3 45125 520 80 km/r
45/25/4000 4000 45 4 45125 520 100 km/h
45/25/6000 6000 45 5 45125 520 140 km/h
35/40/900 900 35 1.5 35/40 520 40 km/h
35/40/2500 2500 35 3 35/40 520 80 km/r
35/40/4000 4000 35 4 35/40 520 100 km/h
25/80/900 900 25 1.5 25/80 390 40 km/h
25/80/2500 2500 25 3 25/80 390 80 km/r
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3.6.3 System Level Testing—Performance Comparison

The comparison of the AC performance from the sydtvel testing literature data
provides a way of checking if the model is provglaccurate results. Since experimental
data from bench tests was not available, this niethased as a replacement. The
simulation of the two cases, IHXa and IHXb, will tempared and evaluated based on

the performance parameters listed below:

e compressor power consumption;

e compressor discharge temperature;

» coefficient of performance (COP);

* evaporator capacity;

* [HX capacity;

e suction line pressure drop;

» absolute efficiency ratio of the two IHX configuiats;

» suction line pressure drop for all steady-stateatpey points in Table 3-4;

» absolute efficiency ratio for all steady-state @peg points in Table 3-4;

With the exception of the compressor discharge &ratpre and suction line pressure
drop, the comparison is based on the percent difter between IHXa or IHXb and the
baseline AC system without an IHX. For exampley&pn ( 3.4) displays the
calculation below, wher@/ represents the comparison parameter. By normglibie
difference between an AC system with and withoul-ixi the strengths and weaknesses
of the two suction line plumbing configurationgm®ere apparent.

w -w
) = Zaorb”nolHX . 10

Percent Difference (%
Whno 1HX

(3.4)

The configuration of the feedback loop to the TX\hot specified, therefore the IHXa
and IHXb configurations will be compared to the esmental results from the SAE
paper, reference [13]. The following are compariparameters shown as a function of

refrigerant mass flow rate:
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* [HX capacity
e Suction line pressure drop
» Efficiency ratio

» Liquid line pressure drop
The following are comparison parameters shownfas@ion of compression ratio:

* Volumetric efficiency
« COP

Finally, the last comparison made between the sitianl results and the SAE paper is

the compressor discharge temperature.

3.7 Transient Simulations

The following sub-sections will describe the bourydaonditions imposed on the
AMESiIim model to mimic the way the experiment is @octed in the climatic testing
chambers. For a general description of these govent testing cycles please refer back
to Section 1.1.

These transient cycles will provide a more reaittedback on the value of
implementing an IHX in an AC system. The studiesducted in the literature all study
the inclusion of an IHX under steady-state condgiwith the exception of one study for

a CCD test by Zhang et al., 2002 which was mentigreviously in Section 2.1.

The compressor controls for the NEDC simulatiorsrent changed from the CCD
simulations. The only difference is the compre$®BM map. Figure 3-9 displays a plot
of the vehicle velocity and the compressor RPM amation of time. In this simulation,
the input RPM map includes the fluctuations fromrgehanging. The original NEDC
ASCII text files containing the compressor and eagiomaps had data points every 0.25
seconds. Due to the large size of the data ties led to very long simulation times.
Changing the print period between the data pofe/é seconds significantly decreased

computation time.
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Figure 3-9: Vehicle velocity and compressor RPNdlot for the NEDC test. The vehicle velocity is
input into the cabin model for the external convedbn sub-models and the compressor
RPM map is input into the compressor sub-model.

Figure 3-10 displays the blower control systemtfier NEDC simulations. This control
system collects three feedback temperatures anjebdhe blower activation level
accordingly. An explanation of the numbered cdstno Figure 3-10, allows for a

complete understanding of how this control systencfions.
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Figure 3-10: Blower control system for the NEDC simlations. The numbers correspond to the
different sub-models/user-specified functions thaére explained in the list below.

1. This function contains an equation that gives agivéng value to the three
feedback temperatures of the blower control systeencabin air temperature,
Tcabin the vent outlet temperature,], and the ambient temperaturgnd In
Figure 3-10, the variablkgeltais used to increase the vent temperature. A value
of 6°C is used based on Fiat recommendations. Equ@8d) displays the
calculation for the weighted temperature basederfaedback values of the

cabin, vent and ambient air temperatures.

Tweighted [°C] = 0.6 * Teapin + 0.2 - (Tyent + 8) + 0.2 - Ty (3.5)
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2. Before the second function the error betweggghesand the equilibrium set
point temperature of the cabinegsetpdS Calculated. dy, sepiSpecifies the desired

cabin temperature for the AC system. The errowbeh these two temperatures

is represented by the paramétggyr, qQ

In the second function, a linear equation relaf€g o to the blower activation
level, which represents the percentage of the maxirbnlower volumetric
capacity. Equation ( 3.6) is unique to Fiat's dasspecifications for blower
control. This function is an internal control methused by Fiat to control the

airflow through the evaporator inlet for the NED&Stt

BLW [%] =145+128" Tdiffeq (36)

3. The third function is a saturation control ensutiihg output value is between a
minimum allowable value of 5% and a maximum valti@@%. A minimum
value is specified to avoid AMESIm error crashesrfrzero air mass flow rate.
Also, in actual operating conditions there will alyg be some air flow through
the blower, therefore a non-zero value for the lgloeapacity is justified.

4. The fourth function converts the blower capacitycpatage into a volumetric air
flow rate. This equation is used by Fiat, with thenber 400 corresponding to
the maximum volumetric flow rate of the blower ml#d on the testing vehicle.

blower %

3
volumetric air flow rate [mT] = 400 - 00 (3.7)

Having described the air mass flow control for bh@wver, the other input parameters for
the blower remain constant for the entire NEDC s$aton. Table 3-5, shows the other
ambient conditions of the NEDC. Three differentDdEcycles corresponding to

different ambient temperatures and relative huneisliare conducted in the present thesis.
In Table 3-5, the parameters with more than oneevptovide the different values that

correspond to each of the three tests.
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Table 3-5: Other input conditions for the NEDC bbwer control. The parameters with more than
one value have different values for each of the tkee tests.

NEDC Blower Control Parameter Value
Temperature®C] 25, 28, 35
Pressure [kPa] 1.01
Relative Humidity [%0] 50, 50, 60
Recirculation [%] 0

Figure 3-11 shows the condenser fan NEDC contsiesy. An explanation of the

numbered controls in Figure 3-11, will allow focamplete understanding of how this
control system functions.

P B, e i Y
e - —+~— R e e I: =~ J|
1 \ . oo
H ~7
1 b
i o, My

Hysteresis signal l::‘ l\ -’CD_—; 7_ .:- cismoc
control { |'| ]
.

Moist air
sub-model

Figure 3-11: Condenser fan control for the NEDC.

1) Section one, circled in black in Figure 3-11, reergs the pre-existing AMESIm
condenser model, discussed in Appendix F.4. Ridieogeneous variablgption
is used for the velocity data since this valueagad based on the input from an
air flow file, shown in Appendix B. For the tempgure data option ambient

constant is chosen since the ambient temperatlepisconstant for the whole
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2)

3)

test. These two options for the condenser sub-mbdEATCONDREF120, are
explained in Section 3.2.5. This option is usechbge the temperature remains
at ambient, whereas the vehicle velocity is chamgiith respect to simulation

time.

The input to port 2, labelled in Figure 3-11, o# tleference condenser is set at a
constant value of 1 and is only used when switchigtyveen two or more
different air velocity profiles for the condense&ince there is only one velocity

profile for this test, a value of 1 is set for thisrt.

The air mass flow rate [kg/s] into the condensealsulated from an air flow file
provided by Fiat. In this file, the air mass floate through the condenser is a
function of the vehicle velocity [km/h], fan activan level [no units] and ambient
temperature®C]. Again, see Appendix B for a copy of this file.

There is a saturation sub-model ensuring the agsrflaw rate never reaches 0
kg/s. The condenser model uses the NTU methodltolate the amount of heat
transfer, thus a zero mass flow rate would leaal $onulation error. The
minimum value allowed is 0.001 kg/s.

The third function calculates the velocity of theemtering the condenser in
meters per second. Based on the density of ththaimass flow rate of air is
established from the air flow file and the frorda¢a of the condenser. The
density of air is calculated based on the tempegapressure and relative
humidity of the ambient air. This calculation ocin the moist air sub-model,
and displayed below by Equation ( 3.8). This cialiton is important since it
allows AMESim to compute the air mass flow ratetlgh the condenser. The
variables in the equation are as follows: ah isabeolute humidity, P is the
pressure in PaA, T is the temperate Ry is the perfect gas constant for dry air

in J/kg-K, Ry is the perfect gas constant for water vapourkg-&.

1+ ah P (3.8)

Pma = R ah Ryy T
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4) The inlet condenser pressure controls the fanataiv level input, which is an
input parameter to the air flow file. The actiwatilevel responds differently
depending if the pressure is increasing or deangaand therefore requires a
hysteresis sub-model. Table 3-6 displays the mfartthe increasing and
decreasing control curves. Figure 3-12, is a@idhe numbers in Table 3-6.
There were AMESIm rules regarding the creatiorhefincreasing and decreasing
curves. This is the reason for the ordinate arsdiaba values not corresponding

to whole numbers.

Table 3-6:NEDC hysteresis feedback response of thdet condenser pressure for the condenser fan.

INCREASING CURVE DECREASING CURVE
Condenser Inlet Activation Condenser Inlet Activation
Pressure [barA] Level Pressure [barA] Level

0 0.1 0 0.1
14.9 0.2 10.9 0.3
15 49.8 11 50.1
19.9 49.9 15.9 50.2
20 100 16 100
100 [ |
==¢=—|NCREASING : I

vy CURVE :

S 75 :

T>; --4-- DECREASING :

9 CURVE

e 50 B

0 :

®

2

B 25

) l
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5 10 15 20 25

condenser inlet pressure [barA]

Figure 3-12: Graphic representation of the NEDC hywresis feedback response for the condenser
fan. When the inlet condenser pressure is in an @neasing condition, the activation
signal corresponds to the blue curve. When the iet condenser pressure is in a
decreasing condition, the activation signal corregmds to the red curve.
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For the legislative transient testing cycles, thpartant parameter will be the overall
power consumption of the AC system. In order t@intlee strict fuel economy standards
of the future, it is important that the incorpooatiof IHX results in an overall reduction
in power consumption. The simulation considersg¢lsomponents responsible for the

AC power consumption: compressor, blower and fan.

A time-averaged power consumption will be specifmdthe three transient cycles,
providing a quantitative comparison. When the temeraged power consumption value
is multiplied by the test time the area is equintite total power consumption of the

compressor, blower and fan.

The calculation for the compressor power consumpiges the refrigerant mass flow

rate and the enthalpy difference between the andtoutlet of the compressor.

The calculation of the condenser fan power consutiepends on the fan activation
level, which represents the level the fan is rugnilative to its maximum capability.
Calculation of the blower power consumed dependhemass flow rate of the fresh
and re-circulated air. At maximum capacity, thaadenser fan and blower power
consumption correspond to 300W and 250W, respéytivEne power consumption
relations for the blower and condenser fan are shawrigure 3-13 and Figure 3-14

below, respectively.

Blower Power Consumption
vs. Air Mass Flow Rate

250

200 /

150 "””"

100 /

50 /

Power [W]

0 100 200 300 400

Air Mass Flow Rate [m3/h]

Figure 3-13: Blower power consumption as a functioof the air mass flow rate.
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Condenser Fan Power
Consumption vs. Fan
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Figure 3-14: Condenser Fan Power Consumption as ariction of the fan activation level.

The AC power consumption for the CCD test only acts for the contribution from the
compressor. For this test the AC is set to theimam, so the blower constantly runs at
maximum capacity of 400 #h. From Figure 4-39 in Section 4.3 the contribntof the

blower power is small in comparison to the compsesd he condenser fan contribution

is not present in this test. The air flow is oalfunction of the vehicle velocity.
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CHAPTER 4
RESULTS AND DISCUSSION

4.1  Internal Heat Exchanger (IHX) Calibration

The following results illustrate the effect of imal heat exchanger (IHX) discretization
on the IHX capacity and pressure drop error. Thmedels, are studied where the IHX is
partitioned into two, three and four thermal maskeseinafter named 2mass, 3mass and
4mass, respectively. The number of thermal mamsesquivalent to the degree of
discretization. Two pipe sub-models for the ligamt suction sides and a thermal mass
sub-model constitute one discretized cell of th&.IHRefer back to Figure 3-5 in Section

3.3 for a graphical representation of a one dismdtcell for the IHX.

The IHX calibration was carried out using the opzation software in AMESim. The
optimization run was set up to minimize the flovegsure drop and IHX heat transfer
capacity errors. The calibrated parameters inclbdeross-sectional areas and hydraulic
pipe diameters of the high and low-pressure linHse initializing values for the areas

and diameters influence the final results. Consgatly, they also affect the capacity and
pressure drop calculations . This was determinaa funning many IHX calibration
iterations within AMESim. The model selects valtiegt minimize the simulation error

mathematically, based on the user-specified alléevnge.

The goal of this set of simulations was to minintize error of the IHX suction side
pressure drop due to its suggested importance foutie literature. Figure 4-1, Figure
4-2, Figure 4-3, and Figure 4-4 display the eroorthe LP and HP pressure drops and
capacities. Each figure displays the error of paeameter for the 2mass, 3mass and
4mass calibration models with respect to the spatibns supplied by the manufacturer.
The experimental data from the supplier showsttiere is a variation in the HP and LP
capacities, however these two values are the santed AMESim IHX model.
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LP Pressure Drop Calibration
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Figure 4-1: Low-side pressure drop calibration dthe internal heat exchanger (IHX). These are the
results of the component level simulations of theHX to determine the appropriate
degree of discretization for the model.

HP Pressure Drop Calibration

% Difference
N

Idle Il Idle Highload Highload Il
M 2mass B 3mass [E4mass

Figure 4-2: High-side pressure drop calibration 6the internal heat exchanger (IHX). These are the
results of the component level simulations of theHX to determine the appropriate
degree of discretization for the model.
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LP Capacity Calibration
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Figure 4-3: Low-side heat transfer, or capacitycalibration of the internal heat exchanger (IHX).
These are the results of the component level simtiens of the IHX to determine the
appropriate degree of discretization for the model.
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Figure 4-4: High-side heat transfer, or capacitycalibration of the internal heat exchanger (IHX).
These are the results of the component level simtiens of the IHX to determine the
appropriate degree of discretization for the model.

The results from the calibration model show a trafidoetween the predictive abilities of
the IHX capacity and the LP pressure drop accur#@sythe accuracy of one increases,

the other decreases. In Figure 4-1, the 4mass|megidts are not included since the
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pressure drop error was very large compared t@niess and 3mass models. Also in
Figure 4-1, the Low Load results for the 2mass 2mdss models are -78.5% and -85%,
respectively and have been omitted in Figure 4-tbsdlow the results for the other four
operating points to be plotted. The 2mass modalipts the low side pressure drop
better than the 3mass and 4mass models, with ttepgan of the operating point High
Load II.

From Figure 4-2, the 4mass model predicts the igdé pressure drop better than the
other two. As is the case for all of the calilatresults, the Low Load has the highest
error and has been omitted from Figure 4-2. Therefor the 2mass, 3mass and 4mass

models for the Low Load operating point are -28.52%,5% and -16%, respectively.

From the results in Figure 4-3 and Figure 4-4,lH model predicts the capacity with
higher accuracy than the pressure drop resultge. Lolw Load operating points are
omitted due to the large errors compared to theraiperating points. For Figure 4-3,
the Low Load error for the 2mass, 3mass and 4masiels correspond to 5.81%, 7.91%
and 10.00%, respectively. For Figure 4-4, the lLmad error for the 2mass, 3mass and
4mass models correspond to -3.57%, -5.71% and%,.8&pectively. With the
exception of the Low Load operating point, the 2sma®del predicts the IHX capacity
with the worst accuracy compared to the other tvaol@hs, however it does predict the

low-side pressure drop with smaller errors.

Another important factor to consider when decidamggthe most appropriate model is the
simulation time. The best model offers the lowersbr between the simulation results
and the experimental measurements with the smaillestiation time. There is often a
trade-off between these two objectives , thereitaseup to the engineer to decide which

IS most important.

The simulation times for the 2mass, 3mass and 4masdels are shown in the list below:

e 2mass 3.336 seconds
e 3mass 2.863 seconds
* 4mass 3.703 seconds
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The simulation times for the component level IHX% aery small, however due to the
complexity of the full AC model, any simplificatisrmay lead to decreased simulation
times. This is especially true for the evaporatodel discussed in Appendix M. From
the small discretization samples there is no dirgletion with the simulation time.

Due to the importance of the LP pressure drop2thass model was selected since it had
the lowest error of the three models, with the pkioa of the Highload Il operating
point. This is the model that will be used inaflthe upcoming analyses in the present

thesis, both for the component and system levallsitions.

4.2  Steady-State Simulations

Due to the lack of experimental data for steadtes#dC performance, the results from
Seybold et al, [13], 2012 were compared to the Etan results in the present thesis.
The research paper is from the Society of Autoneolimgineers (SAE) technical paper
series. All figures from the SAE reference comgdhbé and AC performance variables
against either the mass flow rate or the compressopression ratio. The investigations
in this section determine if the AC model perforsirailar to the experimental results of
the SAE reference. They will also display if thMIESim model responds to the IHX
introduction similarly to the AC system in the SARper. The system response trend of
the simulation as compared to the experimental idatee key focus point here. The
SAE paper studies different types of IHX geometriesvever the focus for the present
thesis is only the coaxial IHX results, labelled“ioax in all of the SAE reference
graphs. The authors of the SAE paper study thealehfiguration. The thermal
sensing bulb (TSB) of the TXV is located upstredrthe IHX suction side. Refer back
to Section 3.5 for further clarification.

In Section 5.4.1, all of the system level simulatease conducted with a 500mm length
IHX. Despite the OEM IHX being 900mm, using thengalHX length as that of the

SAE paper allows for a more meaningful comparison.
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4.2.1 Internal Heat Exchanger (IHX) Capacity and&&sure drop

This sub-section will investigate performance reditio the IHX from system level,
steady-state simulations. The IHX capacity, pressioops and Absolute Efficiency
Ratio will be investigated and displayed similadythe method used in the SAE paper.
This means that the independent parameter is thgenant mass flow rate in units of
ka/h.

1800
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Figure 4-5: Experimental results for the steady-stee internal heat exchanger (IHX) heat transfer
(capacity) as a function of the refrigerant mass élw rate from the SAE paper. As the
IHX capacity increases, the refrigerant enthalpy etering the evaporator decreases,
which should lead to increased evaporator capacityThe dashed line and hollow
circular points correspond to the double pipe co-aal IHX results copied from Seybold
et al. [13].
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IHX capacity vs. mass flow rate for steady state
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Figure 4-6: Simulation results for the steady-staténternal heat exchanger (IHX) heat transfer
(capacity) as a function of the refrigerant mass élw rate. A greater IHX capacity
allows for a lower refrigerant enthalpy at the evaprator inlet, increasing the
evaporator capacity. System level test results fdHX capacity vs. mass flow rate

Comparing the simulation results of Figure 4-6 iguFe 4-5, both show that the heat
exchanged by the IHX is a direction linear functadrihe refrigerant mass flow rate.
Figure 4-6 displays the linear relationship for sir@ulation results and the relationship
for the experimental results is obtained from iptdation. The approximate interpolated
points used to calculate the slope in Figure &fen from the co-axial line of best fit
represented by the dashed line, are (120 kg/h\Mpand (180 kg/h, 600W). For the
IHXa configuration, the model capacity is approxiaita 1.5 times greater than the
experimental IHX from Seybold et al., at an equevalrefrigerant mass flow rate. The
IHXb capacity is almost double the experimental IEgpacity.

The reason for the mass flow rate differences batvike two AC systems is due to the
differences between the variable compressors, ¥A\é settings and the fact that the
simulations do not control the refrigerant outegnperatures of the condenser and

evaporator.
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Both the IHXa and IHXb simulation performance réswalver perform compared to the
SAE IHX results. However, relationship between tH¥ capacity and the refrigerant

mass flow rate are the same for the simulationexpeérimental results.
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Figure 4-7: Experimental results for the steady-stee suction side pressure drop as a function of the
refrigerant mass flow rate from the SAE paper. Thesuction pressure drop accounts for
the pressure drop from the evaporator inlet to thecompressor inlet. The dashed line
and hollow circular points correspond to the doublepipe co-axial IHX results [13].
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Steady-state suction line dP vs. mass flow rate
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Figure 4-8: Simulation results for the steady-statsuction side pressure drop as a function of the
refrigerant mass flow rate from the SAE paper. Thesuction pressure drop accounts for
the pressure drop from the evaporator inlet to thecompressor inlet.

In Figure 4-7 and Figure 4-8 above, the presswp dorresponds to the whole suction
side pressure drop, from the TXV outlet to the coeapor inlet. Comparing the
simulation results from Figure 4-7 to Figure 4&re is a significant difference between
the suction side pressure drops in the higher fiasgate regions, where the simulation
pressure drops are more than double the experimeitees. The difference could be
attributed to bends, extra piping present in theutation AC system. The simulation
represents an AC system in a Fiat Grande Puntaeabeéhe SAE paper uses an AC
system designed to mimic an automotive setup. ush there may be crimped hoses,
extra tubing, deposit build-up within the hosestfa vehicle testing conducted by Fiat
that may not be present in the experimental setup the SAE paper. The simulation
high and low pressures are calibrated with the nreasents from the transient CCD test,

shown in Appendix K.

From Figure 4-7 there is a weak quadratic relahgnbetween the refrigerant mass flow
rate and the suction side pressure drop. An appaig equation for the line of best fit

for the co-axial IHX is also included in Figure 4-This equation was obtained by
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interpolating points along the existing line of bis the dashed line. The interpolated
points are as follows: (120kg/h, 10kPa), (160kg0kPa), (200kg/h, 32kPa) and
(240kg/h, 50kPa). Equation ( 2.1) supports thesasurements, since there exists a

direct exponential relationship between the presdoop and fluid velocity.

The results in Figure 4-8 also displays a weak tpatadbetween the suction line pressure
drop and the refrigerant mass flow rate. The coiefit value next to the squared
variable determines the strength of the quadratationship. A very small value

indicates that the relationship is linear more thas quadratic in nature.
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Figure 4-9: Experimental results for the steadystate system level Absolute Efficiency Ratio as a
function of the refrigerant mass flow rate from the SAE paper. The Absolute Efficiency
Ratio compares the internal heat exchanger (IHX) gaacity to the increased suction-side
pressure drop. The dashed line and hollow circulapoints correspond to the double
pipe co-axial IHX results [13].
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Steady-state absolute efficiency ratio vs. mass flow
rate
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Figure 4-10: Simulation results for the steady-sta system level Absolute Efficiency Ratio as a
function of the refrigerant mass flow rate from the SAE paper. The Absolute Efficiency
Ratio compares the internal heat exchanger (IHX) gaacity to the increased suction side
pressure drop.

The results for Figure 4-9 and Figure 4-10 pretiemsystem level Absolute Efficiency
Ratio (A.E.R.), which utilizes the entire suctiame pressure drop rather than just the
pressure drop for the suction side of the IHX. $imeulation A.E.R’s are slightly
smaller than the experimental measurements at aguitvmass flow rates. One
significant difference between the simulation argezimental results is the relationship
between the A.E.R. and the mass flow rate. Thealsition result show a weak quadratic
relation, whereas the interpolation of the co-asésllts from Figure 4-9 resulted in a

linear relation.

The IHXa Absolute Efficiency results are closethte experimental results than the
IHXb configuration. However, the absolute effiaegrvalues are similar for smaller
refrigerant mass flow rates than the experimemsullis. The simulation efficiencies are
much higher due to the significant difference ie suction line pressure drop from
Figure 4-7 and Figure 4-8. From the simulatiorultssn Figure 4-10, the IHX is used
much more efficiently in the IHXb configuration cpared to the IHXa configuration,
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however the ultimate goal of the work in the predkasis is to see if the overall AC
power consumption can be reduced. Just becauseXheapacity is greater and more
efficient does not necessarily result in reducedgyaconsumption. This is shown by the
compressor power consumption results for the ststatg tests in Figure 4-23 in Section
4.2.3, where IHXb is higher than IHXa even thoulgh tHXb capacity and absolute

efficiency ratio is greater than IHXa.
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Figure 4-11: Experimental results for the steady-stte liquid side pressure drop as a function of the
refrigerant mass flow rate from the SAE paper. Thdiquid pressure drop accounts for
the pressure drop from the compressor outlet to th&XV inlet. The dashed line and
hollow circular points correspond to the double pig co-axial IHX results for [13].
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Steady-state liquid line dP vs. mass flow rate
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Figure 4-12: Simulation results for the steady-sta liquid side pressure drop as a function of the
refrigerant mass flow rate. The liquid pressure dop accounts for the pressure drop
from the compressor outlet to the TXV inlet. The igure only includes one line of best
fit since the IHXa and IHXb data points overlap.

Figure 4-11 and Figure 4-12 display the liquid gydessure drop from the SAE
experiment and the simulation in the present theBiee liquid side pressure drop of the
simulations are more than double at equivalent rfl@asrates compared to the SAE
experimental results. Unlike the suction line ptee drop results from Figure 4-7, the
two IHX configurations have very similar liquid &rpressure drops. This result is
expected because the compressibility of the ligunase is very small compared to the
gas phase. The line of best-fit slope is greateFigure 4-12 than Figure 4-11,
indicating that the increase of the liquid sidesgrge drop is greater for the AC model
within AMESim.

Despite the experimental and simulation resulth baving a linear relationship with the
mass flow rate, this result is unexpected baseiti@calculation for the pressure drop in

Equation ( 2.1).

The differences can be attributed to differencedénliquid side plumbing configuration.

The liquid side pressure is calibrated with the soe@ments from the transient CCD test.
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The CCD test involves testing the AC system alraadtalled in a vehicle, whereas the

SAE experiment studies an AC system built spedifidar the IHX performance study.

In summary, the introduction of an IHX into the A¢stem for the AMESim model

responds similarly when compared to the experinieesalts from the SAE paper. The
magnitudes of the changed responses are not catypsanilar, but the two AC systems
use different components which are calibrated udifigrent processes. The AC model

performance was compared to the SAE paper resulsdouble pipe co-axial IHX.

For the IHX capacity there is a linear relationshith the mass flow rate for both AC
systems. The line of best fit slope is greatethersimulation than the experimental
system. For the suction side pressure drop teeaenieak quadratic relationship with the
mass flow rate for both AC systems. The suctide gressure drop of the simulation
model is greater than the experimental results.ti@system level A.E.R. there is a
guadratic relationship with the mass flow ratetf@ simulation and a linear relationship
with the experimental results. The results froeghmulation seem more plausible based
on the calculation for the system level A.E.R. guBgtion ( 2.5). The system level

A.E.R. is greater for the experimental results ttiensimulation. For the liquid side
pressure drop there is a linear relationship withrhass flow rate for both AC systems.

The simulation pressure drop is greater than tiper@xental results.

4.2.2 Compressor Efficiency and Compressor Disahdmemperature

This sub-section focuses on the response of th@@ssor from the introduction of the
internal heat exchanger (IHX). Both the IHXa ahiKb configurations are displayed
from the simulation results and compared to thebtiopipe co-axial IHX from the SAE
paper by Seybold et al [13]. The TSB of the TXVoisated upstream of the IHXa for
IHXa and downstream for IHXDb, refer back to Sect8d.3 for a detailed description of
the two configurations. Recall that the experimménteasurements from the SAE paper
all correspond to an AC system with an IHXa confegion. The relationship of the
compressor volumetric efficiency and the coeffitiehperformance with the
compression ratio are explored. The refrigerastltarge temperatures for all of the
steady-state operating points included in the pitetbeesis are compared to the

experimental measurements.
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Figure 4-13: Experimental results for the steady-stte compressor volumetric efficiency as a function
of the compressor compression ratio from the SAE geer. The volumetric efficiency
shows how effectively the compressor displaces referant tot eh high pressure side of
the AC system based on the pressure difference ratof the high and low pressure sides.
The co-axial heat exchanger line of best fit is theark black line, since the correlation is
very close to two other internal heat exchanger (IM) geometries studied in [13].
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Figure 4-14: Experimental results for the steady-stte compressor volumetric efficiency as a function
of the compressor compression ratio. The TSB of hTXV is located upstream of the
IHX for IHXa and downstream for IHXb. The two outl ier points, just below the black
circle are a result of the internal regulation compessor control of the user-specified
pressure regulation curve in Figure 4-15. The simation results are compared to the
experimental ones from Figure 4-13.
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Figure 4-13 and Figure 4-14 display the compregstumetric efficiency vs. the
compression ratio for all of the steady-state dpegapoints. The results from the SAE
paper show an inverse increasing relationship batwiee two variables. Lower
volumetric efficiency coincides with higher comps®Es ratios, which correspond to high
load conditions of the AC system. The three pamthe top left corner with low
compression ratios and high volumetric efficiencieg-igure 4-14, correspond to the
operating points where the compressor speed isPBDRThe volumetric efficiency is
smallest for the highest compressor speeds. Ta®utliers correspond to the Z580%
RH/2500 RPM & 28C/80% RH/4000 RPM operating points. Refer backdble 3-4 in
Section 3.6.2 which describes the naming converitithe steady-state operating points
for the simulations in the present thesis. The&edoints correspond to low load
conditions for the AC system due to the low ambtentperature. In these two cases the
compression ratio is too low, and the internal fatjon valve reduces the volumetric
displacement in an effort to maintain a desirablgien pressure, since the compressor
speed is too great for the required cooling lo@tis indicates that the AC system is
oversized for similar operating points of low amiti;emperature and high compressor

speeds.

Figure 4-15 displays the steady-state compresstiosuand discharge pressures against
the user-specified pressure regulation curve fewtriable control sub-model. This
graphical representation of the internal compressgulation valve shows why the two
outlier points in Figure 4-14 and Figure 4-17 occlihe regulation valve changes the
compressor volumetric displacement to stay witheuser-specified pressure regulation
curve requirements. The pressure regulation cwagepreviously discussed in Section
3.2.3 by Figure F-5. The user-specified presstfseis not included in Figure 4-15

since the tolerance for this value is very small.

Points that lie above the curve signify maximum poessor displacement. The two
operating points between the 11 and 13 barA rdgopg on the pressure regulation
curve, correspond to the two outlier points fromgufe 4-14. These two points are
circled in black in Figure 4-15 for the reader'sigenience. In these two cases, the

internal valve control decreases the compressptatisment to maintain the desired
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suction to discharge pressure ratio. It is impurta regulate the suction pressure to
ensure that wet compression does not occur. l§tlséon pressure is too low, there is
risk that some of the superheated refrigerantagifidense. The negative effects of wet
compression were previously discussed in Sectir3 3.

Compressor Pressure Regulation

c ¢ no IHX B IHXa IHXb =<=Preg
<
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Figure 4-15: Pressure regulation curve with the ampressor suction and discharge data points. The
curve Preg corresponds to the user-specified presguregulation curve. Points above
the line correspond to maximum displacement and pois on or below the line
correspond to cases where the internal control subtodel modifies the displacement to
regulate the suction pressure.
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Figure 4-16: Experimental results for the coefficiat of performance (COP) as a function of the
compressor compression ratio from the SAE paper. fle co-axial heat exchanger line of

best fit is the dark black line, since the correldbn is very close to two other internal
heat exchanger (IHX) geometries studied in [13].
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Figure 4-17: Simulation results for the steady-stat coefficient of performance (COP) as a function of
the compressor compression ratio from the SAE paperThe six points circled in black
correspond to the operating points with a compressespeed of 900RPM. The two
outlier points, just below the black circle are a esult of the internal regulation
compressor control of the user-specified pressureegulation curve in Figure 4-15. The
simulation results are compared to the experimentabnes from Figure 4-16.
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Figure 4-16 and Figure 4-17 display the coefficiginperformance (COP) vs. the
compression ratio. Both figures show an inversgeabesing relationship between the two
variables. Similar to the results from Figure 4-thv operating points with a 900RPM
compressor speed are represented by the three poicied in black. They have the
lowest compression ratio and highest COP, whewahgpressor is operating at
maximum displacement. Similar to Figure 4-14,tthe outlier points correspond to
25°C/80% RH/2500 RPM & Z%&/80% RH/4000 RPM conditions, which are located jus
below the black circle in the top left corner ofjiiie 4-17. These are two low loading
conditions for the AC system with high compresgmrexls. For a mechanically
connected compressor, its speed is directly prapa@t to the engine speed. For steady-
state operation, higher engine speed correspontugher vehicle speed. In this
condition, the air mass flow rate passing throughedvaporator is much greater, so there
is a greater capacity for the refrigerant flowihgough the evaporator to absorb heat
from the passing air. Therefore, the compressat mecrease the volumetric
displacement per stroke and maintain suction aschdrger pressures according to the

user-specified pressure regulation curve.
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Figure 4-18: Experimental results for the compressodischarge temperature of the steady-state
operating points from the SAE paper. High compress discharge temperatures can
cause damage and decrease the life-span of the cosgsor. The co-axial internal heat
exchanger (IHX) results are the first column of eale operating point [13].
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Steady-State Compressor Discharge Temperature
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Figure 4-19: System level tests for compressor disarge temperature. The horizontal axis label
correspond to the conditions specified in Table 3-fom Section 3.6.2. As an example,
the first operating point corresponds to a temperatre of 4FC, a relative humidity of
40% and a compressor speed of 4850 RPM.

Note that the operating points 12-14 in Figure 4aB8e not included in the simulations.
Therefore, the results from Figure 4-19 correspamig to the first 11 operating points in
Figure 4-18.

The discharge temperatures from the simulationlteate significantly higher than the
experimental measurements from the SAE paper.théoiHXb configuration, all of the
temperatures are 25 or more than the experimental measurements, rmesten larger
difference is present with the IHXa configuratiofhe difference can be attributed to the
comparison of the IHX capacities for the experimaérgsults in Figure 4-5 and the
simulation results in Figure 4-6. The IHX for tA€ model in AMESim transfers more

heat than the IHX from the SAE paper, which coroes}s to higher refrigerant
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temperature at the suction and discharge siddseafdmpressor. The difference can also

be attributed to the differing components betwdwentivo AC systems.

The IHXb compressor discharge temperature is Idign IHXa due to the location of
the thermal sensing bulb (TSB). The TSB sensemtneased superheat of the
refrigerant exiting the suction side of the IHXetafore there should be little difference
between the discharge temperatures of an AC sysitraut an IHX compared to IHXb.
This is explored in further detail in the next ssdetion by Figure 4-25, which compares
IHXa and IHXb to an AC system without an IHX.

In summary, the AC compressor model response téHKentroduction is similar to the
experimental results. There is an inverse incngaslationship for the volumetric
efficiency and an inverse decreasing relationshiglfe COP as a function of the
compression ratio for both of the AC systems. therSAE experimental AC system and
the IHXa configuration there is a significant diface in the compressor discharge
temperatures. The AMESIim model predict a dischteg®gerature that is approximately
20°C than the SAE paper.

4.2.3 [HXa vs. IHXb—System Performance Comparison

The section above compares AC performance to thdtseobtained from an SAE paper.
This comparison method determined, in absence pdraxental data, if the AMESIm
model displayed similar results for steady-staterapon, and responded appropriately to
the IHX introduction. No experimental data for A@stem bench tests with and without
an IHX was available from Fiat, and a comparisoithmoe was required to make sure that
the results were within reasonable ranges andwelibtrends to similar AC systems.
Remember that Section 3.6.3 explains the differ&eteeen the two suction line
configurations, IHXa and IHXb.

The results from this sub-section will comparecstyithe results from the simulations in
the present thesis. The comparison uses an A€msysithout an IHX as the baseline to
compare the IHXa and IHXb configuration. The siatidns compare the results from

the steady-state operating points. All result®wedill be compared to the baseline AC
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system without an IHX and will correspond to thedpkrating poits outlined by Table

3-4 in Section 3.6.2Thecomparisons included in this sub-sectara as follow:

= Heat tansferred by the IH

= Suction line pressure drc

=  Compressor powe

» Evaporator capaci

= Coefficient of Performan( (COP)
= Compressor discharge tempera
= Absolute efficiency rati

The performance of the two configurations in tl@st®n are compared to a baseline
system wihout an IHX. Calculating the percent differenaanirthe AC system withol
an IHX creates aormalized comparis(, whichthe difference between the t
configurations more clearly than presenting ongydbsolute performance values. -
percent differeace calculation, previously shown Equation ( 3.4jrom Section 3.6.4s
displayed below for the reader’s convenier

IHXa and IHXb Capacities

B |HXa
IHXDb

QIHX [W]

Temp [°C] / Rel. Hum. [%] / Comp. Speed [RPM

Figure 4-20: IHX capacity for the different steady-state operating points fromTable 3-4. The IHXb
configuration yields a much hgher capacity than IHXa.
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From Figure 4-20, the IHXb configuration transfersre heat to the suction side
compared to IHXa. This is the case because wahHEXb configuration, the thermal
sensing bulb (TSB) location is downstream of thetisa side of the IHX. Thus, the
TXV treats the heat exchanged by the IHX as annsxba of the evaporator
performance. Therefore, for the IHXb configuratitre refrigerant may leave the
evaporator in a saturated state, allowing for atgrecapacity to absorb heat from the
liquid side. The energy required for a substanaghainge its state is much greater than
the energy required to increase the temperatutieecsubstance in a single phase state.
Other results in this sub-section will provide atheguments for the IHX capacity
differences between the two configurations. Vdealsuch as the mass flow rate through
the suction side and the temperature gradient leetiree refrigerant and the ambient air
also affect the ability of the suction side to abdoeat from the liquid side. These
variables and their influence on the evaporatoeapored in further detail in Section
4.2.6.

Suction Line Pressure Drop with nolHX as baseline

Percent Difference [%]

Temp [degC] / Rel. Hum. [%] / Comp. Speed [RPM]

Figure 4-21: Suction line pressure difference compad to baseline AC system without an IHX for the
different steady-state operating points from Table3-4. The percent difference is

calculated according to Equation ( 3.4).
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From the results in Figure 4-21, the IHXb configiga results in higher suction line
pressure drops compared to IHXa. The TSB temprerddu IHXb is greater since it
includes the combined heat transfer of the evapoeatd the IHX. The increased
refrigerant superheat exerts a greater pressutieeonSB, which increases the force
acting on the ball valve, increasing the valve lifthis increases the cross-sectional area
and refrigerant mass flow rate through the TXV balve. The increased mass flow rate
results in a greater pressure drop in the suctnendf IHXb as compared to IHXa.

Recall that the TXV operation was previously disagsin Section 3.2.6 which includes a
diagram in Figure F-12. From Equation ( 2.1), pnessure drop is directly proportional
to the square of the fluid velocity. Higher re&rgnt velocity coincides with higher mass

flow rate.

Another explanation for the pressure drop diffeesiscthe differences in densities of the
refrigerant for both configurations. Figure N-Zdfigure 4-8, previously shown, display
the pressure drop in the suction line of the IHXY #me entire suction side, respectively.
By comparing the magnitudes of the pressure dréyesdrom these two figures, the
majority of the suction side pressure drop occuithé evaporator rather than the IHX.
The temperature of the refrigerant exiting the ewvator is lower for IHXb than IHXa,
meaning that the density of the refrigerant for HiX greater than IHXa. Recall from
Equation ( 2.1) that a direct linear relationshipsts between the pressure drop of a fluid
along a pipe and the fluid’s density. Therefolne, higher density of the refrigerant in
IHXb, due to the lower temperature of the refrigtraxiting the evaporator, will lead to a
greater pressure drop through the evaporator. i$lsother explanation for the larger

suction side pressure drop of IHXb compared to IHXa

As an aside note, do not confuse this concept tivélitemperature difference sensed by
the TSB. At this location, the refrigerant superthef IHXa is lower than IHXDb, since the
refrigerant has already passed through the IHXenlatter case. So, the refrigerant
temperature for the IHXb configuration is lowetla evaporator outlet and higher at the
TSB compared to IHXa. An explanation of the terapae differences for the two IHX

configurations is located after Figure 4-22, below.
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The increased pressure drop in the IHXb configaratiould potentially lead to greater
compressor power consumption, since the compréssoto work harder to compress the
refrigerant to the required discharge value. Towgy consumption for the two
configurations is explored in Figure 4-23.

Evaporator Capacity with nolHX as baseline
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Figure 4-22: Evaporator capacity difference compard to baseline AC system without an IHX for the
different steady-state operating points from Table3-4. The percent difference is
calculated according to Equation ( 3.4).

The steady-state tests in this sub-section doomita the condensing and evaporating
temperatures of the refrigerant. This allows theperator capacity to vary over the
different operating points. This is an effectivaywto highlight how the evaporator
capacity responds to the introduction of an IHXguFe 4-22 displays the percent
difference between the two IHX configurations andAC system without an IHX. IHXb

yields higher evaporator capacity than IHXa.

The reason for the evaporator capacity differerate/en the two configurations is again
attributed to the TXV operation. Previously esigtied, the IHXb configuration has
higher refrigerant mass flow rates on the suctida,due to the larger TXV ball valve

lift. The higher refrigerant mass flow rate waldd to overall increased evaporator
capacity, however a discrete quantity of refrigeraass absorbs less heat since it spends

less time in contact with the structural tubing.
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Another benefit of the higher refrigerant mass fiate is that the temperature of the
refrigerant exiting the evaporator in the IHXb dgafation will be lower than IHXa.
This means the heat transfer process is more@atticiue to the larger temperature
difference between the refrigerant and the amlaeriieing cooled.

From Figure 97, the refrigerant superheat exitirgggvaporator is much higher for IHXa
than IHXb due to the TSB location. In the casesmslihe refrigerant exits the
evaporator in a two-phase state, liquid and gasuraxthe quality of the refrigerant is
higher for IHXa than IHXb. The amount of energpatbed or released during a phase
change process is much greater than the energyedda increase or decrease the
temperature of that substance in a single-phase s&nce the refrigerant passing
through the evaporator remains in a saturated-matate for IHXb more than IHXa,
this is the reason for the evaporator capacityekfice between the two configurations.
Recall that the quality, or vapour mass fractisrthe ratio of the mass of vapour to the

total mass of the refrigerant, previously discusseSection 2.2.

Compressor Power Consumption with nolHX as
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Figure 4-23: Compressor power consumption compareth baseline AC system without an IHX. For
the operating point 35/40/4000 the compressor poweifference for IHXb is 19.2. The
ordinate axis is cut-off at 9% to show the differenes between the two configurations for
the other operating points more clearly. The percet difference is calculated according

to Equation ( 3.4).
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The compressor accounts for a significant portibtine total power consumption of an
AC system. The results from Figure 4-23 displa/¢bmpressor power consumption
compared to an AC system without an IHX. For &lihe steady-state operating points,
the IHXb configuration increases the compressorgga@ensumption. The IHXa
configuration increases the power consumption 8ligbr the high load conditions, high
ambient temperature combination, but decreasgsaiver consumption slightly for low

load conditions, low ambient temperature operatmmdition.

COP with nolHX as baseline
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Figure 4-24: COP compared to baseline AC system viibut an IHX for the different steady-state
operating points from Table 3-4. The COP percentifference for the operating point
35/40/4000 is -7%. The ordinate axis is cut-off aB% to show the differences between
the two configurations for the other operating poiris more clearly. The percent
difference is calculated according to Equation ( 3).

Figure 4-24 displays the change of the coefficadmerformance (COP) compared to an
AC system without an IHX. The IHXa configuratioields increased COP for all of the
operating points. The IHXb configuration for thajority of the operating points
increases the COP, but there is a decrease for gbthe higher compressor speeds. The
improvement in the COP from introducing the IHXdss than 3%, when the evaporator

capacity is allowed to vary.
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Compressor Discharge Temperature Comparison
for IHXa and IHXb
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Figure 4-25: Compressor discharge temperature copared to baseline AC system without an IHX
for the steady-state operating conditions from Tald 3-4. The percent difference is
calculated according to Equation ( 3.4).

The results for Figure 4-25 serve to supplementtmepressor discharge temperature
results previously shown in Figure 4-19. This figdisplays the change in the
compressor discharge temperature due to the inttimuof the IHX rather than the
absolute discharge temperature values. Similtreaesults from Figure 4-19, the IHXa
configuration significantly increases the dischaeyaperatures, especially for high load
conditions. Due to the placement of the TSB doreash of the IHX in the IHXb
configuration, the compressor discharge temperatamease only slightly compared to
the AC system without an IHX.
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Absolute Efficiency Ratio for steady state IHXa and
IHXb configuraitons
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Figure 4-26: Absolute efficiency ratio for IHXa andIHXb using the complete suction line pressure
drop. The testing conditions correspond to the sgely-state operating conditions from
Table 3-4. The percent difference is calculated aording to Equation ( 3.4).

Figure 4-26 supplements the results previously shiowFigure 4-10. Instead of showing
the absolute efficiency ratio as a function of tiiess flow rate, it is shown as a function
of the different operating points. From Figure@tBe IHX has a higher A.E.R. in the
IHXb configuration.

The IHXb configuration improves the evaporator #i¥ capacity much more than the
IHXa configuration. Also with the IHXb configuratn the compressor discharge
temperatures are similar to an AC system without&fitherefore there is no need to
worry about possible compressor damage from tméiguaration. The benefits of
increased capacity to the drawbacks of high suside pressure drops are greater for the
IHXb configuration as well.

However, based on the goals of the present thésidiHXa configuration yields lower
compressor power consumption and increased COPaov&C system without an IHX.
The main goal of the present thesis is to inveitiae extent to which an IHX may

reduce the overall AC power consumption for bodady-state and transient test cycles.
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Towards this end, the IHXa configuration perfornestér than the IHXb configuration.
The next sub-section investigates the ambiennéiirance for the IHXa configuration

only.

4.2.4 Evaporator Capacity Response

This section will discuss the changes in evaponaoformance due to the introduction of
the IHX. This information included in this sectiprovides supplemental data for the
explanations given in Section 4.2.3, for the ACfgenance of the two IHX

configuration. The graphs displayed in this suttisa include information for IHXa,
IHXb and/or nolHX. The refrigerant superheat exgtthe evaporator will shown for the
cases IHXa, IHXb and nolHX. The effect of the suetine plumbing on the refrigerant
mass flow rate and ball valve opening of the TXW & explored as well. Finally, the
point where heat transfer with superheated refaigiewithin the evaporator is explored to
show why it is necessary to tune the AC systenr afteoducing the IHX. As with the

other steady-state investigations, the IHX lengteOOmm.

Evaporator Superheat Outlet
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Figure 4-27: Refrigerant superheat exiting the evaprator for AC system without an IHX, IHXa and
IHXb. The cases where no value appears for IHXb iicates that the refrigerant leaves
the evaporator as a saturated mixture rather than ssuperheated vapour. This is
desirable since it maximizes evaporator capacity ahthe refrigerant will be
superheated as it passes through the IHX before esring the compressor.

84



The results from Figure 4-27 above is includedhiovws how the suction line plumbing
configurations greatly affect the refrigerant singatt exiting the evaporators. The results
from the cases nolHX and IHXa yield very similafrigerant superheat values. Since
the TXV does not “see” the superheat increasearstlction line of the IHX this

response from the simulations is expected. Fordithére is a significant difference in
the exiting refrigerant superheat. In this case, TXV treats the evaporator and IHX as a
single evaporator. Many of the operating pointgehzero (0) superheat for IHXb,
indicating that the refrigerant leaves the evamoras a saturated mixture. Compressor
speeds of 900RPM are the only three operating parhere the refrigerant leaves the
evaporator superheated. This is because theesnghas a longer time period to absorb

heat from the ambient air since the mass flowisalewest for this operating point.

Figure 4-28 displays the refrigerant mass flowgdte the steady-state operating points.
The IHXa mass flow rates decrease from the AC aystéh no IHX because of the

TXV ball valve lift decreasing. This occurs duehe lower superheat values shown
previously in Figure 4-27 and consequently fromdowSB temperatures. The mass
flow rate of IHXb increases from the base AC sysb&tause the refrigerant temperature
entering the TSB is higher. Again, because in IH¥devaporator and IHX are treated
as a single, fictitious evaporator by the TXV. Thsults from Figure 4-29 support this
statement. Due to the increased capacity of tigidius evaporator, the TXV operation

differs from IHXa and nolHX. This will be exploraed Figure 4-29 and Figure N-6.
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Refrigerant Mass Flow Rate
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Figure 4-28: Refrigerant mass flow rate for steadystate operating points previously shown in Table
3-4.

Figure N-6 compares the ball valve lift percentagfethe TXV IHXa and IHXb. The

larger valve lift percentage explains why the evapw capacity increase for IHXb is
much larger than IHXa. The higher refrigerant shpat temperature for IHXb causes

the force exerted on the lift rod by the TSB tar@ase. This increases the cross sectional
area the refrigerant flows through, thereby inareathe mass flow rate. The increased
mass flow rate allows for increased evaporator capa
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TXV Valve Opening Percentage

Eno IHX
IHXa
S1HXb

SSSSSSNSSSSW |

Valve Opening Percentage [%]

Q Q Q Q \} \} Q Q
\ ‘oQQ Q\QQ q,c7Q b&QQ QQQ q,cDQ b&QQ
P N S S
S L R o

Temp [degC] / Rel. Hum. [%] / Comp. Speed [RPNV

Figure 4-29 TXV opening percentage forthe no IHX, IHXa and IHXb configurations. This
information serves to validate the simulation resub previously shown inFigure 4-27
and Figure 4-28.

Figure 4-30, Figure 4-3and Figure 4-3below display the evolution of the refriger:
gas mass fraction as it passes through the evaporeihe information in these figur
serves to complimeriigure4-27, Figure 4-28 and Figure 4-pgeviously shown in thi
subsection. Only three of the eleven operating pdimtshe steady simulations &
compared, which include: °C/25% RH/4000RPM, 2&/25% RH/4000RPM, an
35°C/2%% RH/4000RPM.Recall that the definition of the refrigerant qtialEquation (
2.12) from Section 2,2vhich corresponds to the refrigerant gas 1 fraction.

Thereforethe former term will be used as opposed to thera

There are a couple observations that can be taken from these threessgbelow.
First, as the ambient temperature increases, tioaiginof flash gas entering tl
evaporator increases. The sudden drop in presgyndicantly decreases the saturat
temperature and alvs for rapid expansion of the refrigerant. Flgah refers to th
amount of refrigerant that is vaporized after isges through the TXV. It is important

reduce the amount of flash gas since it signifigasiiminishes the evaporator capac
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Second, the AC system without an IHX has the higrefsgerant quality throughout all
of the refrigerant passes, with the exception effturth pass. This effect increases with
increasing ambient temperature. This finding ispsutive with Figure 4-22 in Section
4.2.3, which displayed the percent difference efeliaporator capacity of IHXa and
IHXb compared to an AC system without an IHX. Timdy two cases that resulted in a
decrease in evaporator capacity were for the opgrabints 28C/80%/2500RPM and
25°C/80%/4000RPM for IHXa. From Figure 4-32, the igdrant quality for IHXa is

very similar to nolHX and is slightly higher forghhird pass. These figures also display
why the refrigerant exiting the evaporator has &hhigher superheat value for nolHX
and IHXa compared to IHXb. The refrigerant exitthg evaporator in IHXb is either
slightly superheated or a saturated mixture. alse indicates why the IHX capacity,
from Figure 4-20, is larger for IHXb than IHXa. &kemperature difference of the

suction line refrigerant and liquid line refrigetas greater for IHXb than IHXa.

45°C; 25% RH; 4000 RPM
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Passes of the Evaporator

Figure 4-30:  Refrigerant quality for the different passes of the evaporator. The evaporator is
operating during steady-state where the boundary auditions imposed on the AC
system are 48C, 25% RH and 4000 RPM.
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35°C ; 40% RH; 4000RPM

=

Eno IHX
AlHXa

o
©

o
o

o
N

¥
AN

evap inlet 1st pass 2nd pass 3rd pass 4th pass

Refrigerant Gas Mass Fraction [%)]
o
o IS

Evaporator Pass

Figure 4-31: Refrigerant quality for the different passes of the evaporator. The evaporator is
operating during steady-state where the boundary awitions imposed on the AC
system are 358C, 40% RH and 4000 RPM.
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Figure 4-32: Refrigerant quality for the different passes of the evaporator. The evaporator is
operating during steady-state where the boundary awitions imposed on the AC
system are 28C, 80% RH and 4000 RPM.
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4.2.5 IHXa—Influence of the Ambient Conditions

This subsection investigates how the ambient canmditinfluence IHX performance.

The investigation will vary the relative humiditiRil) and temperature of the ambient air
only, as the atmospheric pressure only changesaltitide. First, the relative humidity
is varied from 0% to 100% at a constant ambienptature of 48C. Second, the
ambient temperature is varied from 25 t6@#n increments of 1C. The naming
convention for the operating points is temperatetafive humidity. For example 40/0
corresponds to an ambient air temperature 8€4hd 0% relative humidity.

All of the simulations in this sub-section haveaanpressor speed of 4850 RPM,
condenser air inlet velocity of 4 m/s and an evafmrair mass flow rate of 520 kg/h.
These operating points were selected because ¢pegsent AC performance under high
load conditions. These values correspond to teedperating point for the steady-state
investigations. From the discussion in the previsubsection, only the results from
IHXa configuration will be shown due to its perfante superiority for the compressor
power consumption and COP over the entire operatinge versus the IHXb
configuration. Also, the purpose of this sectismot to compare the functioning
differences between the two configurations, buhtestigate the IHX response to the

changing ambient conditions. The four performgpex@meters of interest include:

« Compressor power consumption;
» Evaporator capacity;

« COP;

* [HX capacity.
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Compressor Power Consumption for varying
ambient RH and temperature
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Figure 4-33: Compressor power consumption for variion in ambient relative humidity and
temperature. The percent difference is calculatedccording to Equation ( 3.4).

The results for the constant temperature and vgmglative humidity in Figure 4-33
indicate that the compressor power consumptiohgbtly affected by the relative
humidity. The highest power consumption value osai 25% relative humidity
however it is only an increase of 3%. With theiidd of the IHX, the change in relative
humidity appears to affect the compressor poweswaption. However, there is not a
discernable pattern as the relative humidity ineesaor the ambient temperature

increases.

From the results of Figure 4-34, there is no disable relationship with the ambient
relative humidity and the change in the evaporeamacity. However, there is a clear
relationship with the ambient temperature. For3€ and 458C cases, change in
evaporator capacity increases with increasing amibégnperature. For the %5 case,

the change in evaporator capacity is negativestilistays true to the pattern.
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Evaporator Capacity for varying ambient RH and
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Figure 4-34: Evaporator capacity for variation in ambient relative humidity and temperature. The
percent difference is calculated according to Equatn ( 3.4).

COP for varying ambient RH and temperature
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Figure 4-35: COP for variation in ambient relative humidity and temperature. The percent
difference is calculated according to Equation ( 3).

From the results of Figure 4-35, again there iglisoernable relationship with the

ambient relative humidity and the change in thepevator capacity. There is only one
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operating point, 40/25, where the IHX decrease<O® for the AC system. There is a

direct relationship between the change in COP hedinbient temperature.

IHX capacity for varying ambient RH and
temperature
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Figure 4-36: IHX capacity for variation in ambient relative humidity and temperature. The percent
difference is calculated according to Equation ( 3).

Figure 4-36 above, displays the performance ofti¥a configuration for the ambient
operating points. For the varying ambient relativenidity there appears to be a
saturation point at 25%. An increase or decreéfieeaelative humidity from this point
results in a smaller IHX capacity. As the ambiemperature of the IHX increases, the

IHX capacity increases.

Figure 4-37, shows the COP as a function of amlenperature for different
compressor speeds. These results to provide dderevith another way to see how
varying the compressor speed affects the AC pedoom under different ambient
temperature conditions. This graph also served@snparison to a study by, Mathur,
2011, which investigated the COP of an AC systeth am IHX for the refrigerant HFO-
1234yf [17]. The relationship of the COP with #mabient temperature and compressor

speed was similar to the experimental findings ftbis SAE paper.

As with the other results in this sub-section, ahly IHXa configuration simulations are
displayed. Figure 4-38 also shows the percenease in COP with the inclusion of an

IHX, in order to compliment the results from Figdr&7. The baseline comparison is an
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AC system without an IHX. All of the tests for thesults irFigure 437 and Figure 4-38
have an ambient relative humidity of 40%, a condeag inlet velocity of 4m/s and ¢

evaporator air mass florate of 520 kg/h.

From Figure 4-37as the compressor speed increases, the COP ACtsgsten
decreases. Also at equivalent compressor spee COP decreases as the amb
temperature increases. Recall from Equeg( 2.2), that the COP is the ratio of t
evaporator capacity to the compior input power. Thus for increasing compres
speeds and ambient temperatures, which both repineseeased load on the AC syste
the increase in compressor power consumption etgréhan the increase in t

evaporator capacity.

From the supplemealtresults irFigure 4-38there is no discernable pattern with
change in COP as a function of the ambient temperand compressor speed. A
special note, do not confuse the results fFigure 4-3&o the previously shown CC
results from Figure 4-24vith the exception of the °C, 40% relative humidity
4000RPM case. With all of the other operating inFigure 4-38there will be

variations in the condenser air face vely, refrigerant mass flow rate or the relat

humidity.
COP as a function of ambient temperature for different
compressor RPM
5
4 W 900rpm
900rpm w/IHX
a 3
o [ 2500rpm
(&) 2 - — .
\ & 2500rpm w/IHX
1 - \ | : N ]
] N\ —| [4000rpm
0 I » T T —

o 4000rpm w/IHX
25 35 45

Ambient Temperature [°C]

Figure 4-37 COP as a function of ambient temperature. AC syem with and without an IHX are
shown for different compressor RPM at each ambientemperature
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COP for varying ambient temperature comparison
with nolHX as baseline
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Figure 4-38: COP percent difference as a functionf@ambient temperature. The difference is
calculated based on the results from Figure 4-37.

4.3 New European Driving Cycle (NEDC) with Internal Heat Exchanger (I1HX)

This section will show the results for the transidEDC with an IHX. Figure 4-39
displays how significantly the compressor, blowed &n influence the power
consumption of an AC system. This figure was gateer from an NEDC test for an AC
system without an IHX, however the percentageslghoat be significantly influenced
by the introduction of an IHX. Figure 4-39 showattthe compressor power
consumption contributes 84% of the total consunmptibus decreasing the power

consumption will lead to results that are more igicgmnt.
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NEDC Power Consumption Breakdown 28°C &
S 50%RH

& Compressor
Fan

&t Blower

Figure 4-39: Breakdown of the compressor, blower and condenser iacontributions to the overall
AC power consumptior

Figure 4-40, Figure 4-42@nd Figure 4-44 show the individyadwer consumption for tk
compressor, fan and blower, respectin Figure 4-41shows the percent difference
the compressor power consumption frFigure 4-40 For the low load case, both IH:
and IHXb lead toricreased power consumpticFor the compressor power consumg,
for IHXa is better than IHXb. Howey, in Figure 4-41 and Figure 4-4there is a larger
power consumption decrease for IHXFor the 28C and 35C cases, IHXa decreases
power consumption where as IHXb only decreasepdier consumption for the °C

case.



Compressor Power Consumption
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Figure 4-40: Compressor power consumption for nolHXIHXa and IHXb.
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Figure 4-41: Percent difference for the compress power consumption from the results of Figure
4-40. An AC system without an IHX is used as thedseline comparison.

Figure 4-43 shows the percent difference of thepiamer consumption from Figure
4-42. There is a significant increase in the fawgr consumption as the temperature of
the ambient air increases for Figure 4-42. Thesilisasonable response since an increase

in air temperature will require an increase indiranass flow rate to maintain equivalent
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heat transfer capability. In Figure 4-43, IHXb cexses the power consumption more
than IHXa for the 2& and 35C cases.

Fan Power Consumption
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Figure 4-42: Fan power consumption for nolHX, IHXaand IHXb.
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Figure 4-43: Percent difference of the fan powetonsumption. An AC system without an IHX is
used as the baseline comparison.
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Figure 4-45 shows the percent difference of thevblgpower consumption from Figure
4-44. There is a significant increase in the fawgr consumption as the temperature of
the ambient air increases for Figure 4-44. Thesiisasonable response since an increase
in air temperature will require an increase indiremass flow rate to maintain equivalent

heat transfer capability. For the blower powerstonption IHXa outperforms IHXb.

Blower Power Consumption
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Figure 4-44: Blower power consumption for nolHX, IHXa and IHXb.
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Figure 4-45: Percent difference for the blower pwer consumption. An AC system without an IHX
is used as the baseline comparison.
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Overall Power Consumption Comparison
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Figure 4-46: Overall power consumption compariso for three NEDC simulations. The baseline
for the comparison is an AC system without an IHX

Figure 4-46 shows the change in overall AC powa&samption due to the introduction
of an IHX. For an ambient temperature of@%here is an increase in power
consumption, while a power reduction for IHXa i thther two tests. There is only an
overall power reduction for IHXb in the 35 ambient temperature. The improvements
in power consumption are not as much as thosetexpor the literature, however the
power consumption decreases for IHXa are very ambil those from the steady-state
simulation [11] [14] [16] [17].
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CHAPTER 5
CONCLUSIONS

5.1 Inclusion and Analysisof Internal Heat Exchanger in Mobile Air Conditioning
System

The internal heat exchanger model predicts thesustde pressure drop with up to 20%
error and the liquid side pressure drop with up%error. Since the prediction of the
suction side pressure drop was of greater impoet#éman the capacity prediction, due to
the findings from various literature studies, timea®s model was used to conduct all
steady-state and transient simulations.

The steady state simulations yielded similar redolthe data presented in the study
conducted by Seybold et al [13]. The relationshifgsnot exactly similar since the
components for the simulation and experimentalesysare not identical. However, the
relationships between the variables of the ordinatkabscissa axes are similar for the

simulation and experimental results.

The IHXa configuration outperformed the IHXb configtion for the change in
compressor power consumption, coefficient of penfamce (COP) and suction line
pressure drop. For mobile air conditioning (MA@¥tems where the compressor
discharge temperature is a concern, using IHXbyielld similar temperatures to a MAC
system based on the simulation results presentiusithesis. The IHXb configuration
also yielded higher increases in IHX capacity, evafr capacity and system level
absolute efficiency ratios. However, the perforoeresponse of the suction line
pressure drop, COP and compressor power consumpéanof greater importance to

the author of this thesis.

The calibration of the simulation using the calmoledown experimental results from

Fiat, showed an average error of less than 3.2%éfollowing parameters:

» Evaporator outlet pressure
» Evaporator outlet temperature
» Condenser inlet pressure
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» Condenser outlet temperature

* Vent air outlet temperature

* Recirculation air temperature

» Cabin cool-down temperature curve
The only parameter outside of the 3.2% error ramgethe condenser inlet temperature
with an error of 23.3%. This is a very large ertmut the author was not responsible for
the calibration of the AMESim model, only the cadition of the IHX model.

For the NEDC transient cycle, the simulations stobwe to a 3% decrease in AC power
consumption for ambient temperatures ofGand 45C. For the ambient temperature
case of 2%C, there was an increase in AC power consumpfidrus the inclusion of an
IHX is only beneficial for higher ambient tempenawonditions based on the simulation

results in the present thesis.

5.2 Recommendations for Future Work

* To calibrate the cabin model, it would be besirst perform steady-state testing
with the three tests in the list below.
1. A cool-down test with no solar loading, while thehicle is idle
= This enables the determination of the internal haaisfer between
all of the cabin components without the influenésalar heat
being transmitted, absorbed and reflected by thgssgl
2. A cool-down test for steady-state vehicle velowgiith no solar loading.
= This will help calibrate the external heat transferdels between
the ambient and the exterior of the vehicle. Editlg solar
radiation eliminates another set of parametersréwtire
calibration
3. A cool-down for steady-state vehicle velocity wathlar loading.
* With the majority of automotive manufacturers shitgy to HFO-1234yf creating
a model with this refrigerant would be very beniafic This would require more
experimental data for a vehicle using this refrager

» Steady-state experimental data to help with thibredion of the AMESIm model.
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APPENDIX A Cabin Model Thermal Mass Significance
Version Description Experimental )
Avg Error (degC) Val Metric
VO Original Fiat model 3.1 0.969
recreation of original Fiat model 3.5 0.965
V2 Cut complete roof/roof liner 4.5 0.955
V2a Cut conduction & roof liner 5.5 0.946
e
V3 Cut complete Fwind/Dash 13.7 0.864
V3a Cut Fwind 7 0.93
V3b Cut Dash convection 4.7 0.954
V3c Cut Dash radiation 5.6 0.944
V3d Cut complete Dash 7.8 0.922
.
V4 Cut complete Swind/Fseat 18.1 0.821
Vda Cut Swind 9.9 0.902
V4b Cut Fseat convection 4.4 0.957
V4ac Cut Fseat radiation 3.6 0.964
Vad Cut complete Fseat 8 0.92
[
V5 Cut complete Rwind/Rseat 7.2 0.928
V5a Cut Rwind 4.6 0.954
V5b Cut Rseat convection 3.8 0.962
V5¢ Cut Rseat radiation 4.6 0.954
V5d Cut complete Rseat 4.7 0.953
e
V6 Cut complete underbody/floor 4.2 0.958
V6a Cut conduction & carpet floor 10.8 0.893
)
V7 Cut complete door/door panel 5.4 0.946
V7a Cut air gap & door panel 20.2 0.803
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APPENDIX B NEDC Airflow File

# Table format: 3D

#Car speed [km/h]
#Activation Level [-]
#External Temperature [°C]
#Air Flow [kg/s]

14

3

2

0.0005.00010.000 15.000 20.000 25.000

36.000 40.000 50.000 64.000
96.000 120.000
0 50 100

25 35

0 0.0010.0740.1190.1570.1960.2360.2860.32 0.
0.8411.078

0.3140.3170.3250.3390.3590.3990.4380.4780.5
0.9711.209

0.5470.5490.5540.5630.5760.5910.6110.6390.6
1.1011.314

0 0.0010.0710.1140.1510.1880.2270.2790.3070
0.8091.037

0.3020.3050.3130.3270.3460.3850.4220.46 0.48
0.9341.163

0.5270.5290.5340.5430.5550.57 0.5880.6150.63
1.06 1.265
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30.000
80.000

4070.5350.685

050.5750.6840.822

610.75 0.8510.97

.3910.5140.659

50.5530.6580.79

70.7240.82 0.935



APPENDIX C IHX 500mm supplier data information

Tl
AUTOMOTIVE

Internal Heat Exchanger Laboratory
Measurement

R134a, 900mm, AE0313
Oil ND8 < 1%

Temp. IN High Pressure °C 25 70 50 45 50
Pressure IN High Pressure bar 7.5 25 16 13 16
Temp. IN Low Pressure °C 15 10 15 11 11
Pressure IN Low Pressure bar 3.5 3.5 3.5 3 3
Mass Flow g/s 10 28 28 45 65

spez. Enthalpie IN Low ki/k 406. | 410.
Pressure g 410.7 2 8 408.3 408.3

Temp.OUTlowPressue | | "C | 196 |353/295| 244 | 258 |

Pressure DROP Low Pressure r 2 20 19 61 138

Enthalpiedelta Low Pressure g 4.3 23 | 134 12.3 14

spez. Enthalpie IN High ki/k 305. | 272.
Pressure g 235 3 5 264.8 272.5
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Temp. OUT High Pressure °C 22 56 | 41.3 37 41.1

Pressure Drop High Pressure r 2 13 12 28 56

Enthalpiedelta High Pressure 4.2 23.3 | 134 12.2 13.7

ki/k 462. | 443
Theoretical spez. Enthalpie g 420 6 4 439.6 444 .4
Theoretical isobare spez. kJ/k 429. | 424.
Enthalpie g 415 5 2 420.5 421.8
Exchange (Enthalpie) - 0.46 0.41 | 041 0.39 0.38
Exchange (Temperature) - 0.46 0.42 | 041 0.39 0.38

Temperature delta IN Low

Pressure K 7.1 46 | 26.3 26 30.1
Temperature delta IN High

Pressure K 54 34.8 | 20.5 20.6 24.2
Temperature delta average K 6.2 40.4 | 234 23.3 27.1
kxA - Value W/K 6.8 16.2 | 16.1 23.7 32.8
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APPENDIX D Compressor Map Information

AMESIm requires a specific format for the isentmand volumetric efficiency maps.
The first line of the ASCII specifies the numbercompressor speed data points and their
corresponding compressor ratio values. The selioadpecifies the compressor speed
data points and the third line specifies the pnesgatio data points. All of the
subsequent lines specify the isentropic or voluimefficiency values as a matrix of the
compressor speed and pressure ratio values. Barme, the fourth line specifies the
efficiency for the different pressure ratio valdiesthe first compressor speed, the fifth
line specified the efficiency for the different pseire ratio values for the second
compressor speed and so forth.

Compressor Isentropic Efficiency Map

55

1000 2000 3000 4000 5000
4566.46.7 10

0.738 0.612 0.510 0.448 0.393
0.701 0.635 0.560 0.496 0.444
0.677 0.595 0.520 0.465 0.422
0.689 0.627 0.550 0.492 0.431
0.630 0.582 0.536 0.491 0.448

Compressor Volumetric Efficiency Map

55

1000 2000 3000 4000 5000
4566.46.7 10

0.868 0.792 0.678 0.572 0.471
0.789 0.736 0.654 0.559 0.452
0.773 0.713 0.615 0.520 0.440
0.753 0.713 0.619 0.526 0.433
0.629 0.584 0.517 0.445 0.376
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APPENDIX E Relevant AMESIim Libraries

There are numerous libraries within AMESIim thattedm pre-established sub-models.

The model for this thesis utilizes four differeffuraries.

Two-Phase Flow (TPF)

Thermal

Air Conditioning

Heat Exchanger Assembly Tool (HEAT)

0N PE

A brief description of each of the libraries, thgéneral capabilities, and their
incorporation into the components of the full ACdrbare explained below. All of the
descriptions below, summarize the documentatioplsegphby AMESim regarding the
four libraries [28-31].

The two-phase flow library utilizes a lumped traméiheat transfer approach. This
library models heat transfer between the refrigeaad the walls of the ducts in which
the refrigerant is flowing. There are pre-builbgqmonents which include capabilities for
modeling boundary conditions, sensors, ducts, predesses and internal and external

flow. The capabilities of this library enable tirger to model:[28]

* Energy transport;

* Internal convective heat exchange for condensanahboiling;

» External convective heat exchange;

» Pressure losses, temperature levels, mass flow; iatd enthalpy flow rates;
* Gas mass fraction of the fluid within the system;

* Mass transfer between the vapour and liquid phases.

The models in the present thesis utilize the Twadeh-low (TPF) library for the
refrigerant piping in the AC system, specifying te&igerant material properties,
modeling the fins of the evaporator and incorpoasensors to measure pressures,
enthalpy differences and temperatures within thesg§lem. For the AC refrigerant
piping there are no bends included in the moddy; stnaight line paths. The list below
highlights the major assumptions for this libra2g]:
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* The refrigerant modeling is based on a homogentwidsmodel. When there
are two phases present, the model assumes tha$levsingle phase
possessing mean fluid properties. There is naogipveen the two phases and
there is thermodynamic equilibrium between the phas’hermodynamic
equilibrium means that at the interface of the bmandaries the temperatures
of the two states are equivalent;

* Internal flow is one-dimensional;

» Gravity is neglected for the calculation;

» External flow is zero-dimensional. The mass flates and their distributions
are imposed with user-specified values and majs dnsures that the model

considers only the variation along the flow direnti

The Thermal Library models heat transfer betwedid seaterials using the traditional
heat transfer methods including conduction, fresdfanced convection and radiation.
Modelling capabilities include transient heat tfanss well as the temperature evolution
when exposed to a thermal source. There are tyaor miab-model types in the thermal
library, thermal capacity and heat transfer sub-@edThe thermal capacity sub-models
calculate the temperature variation as a functiche simulation time and are
representative of the mass of a material. Thersktge of sub-models calculate the

energy transfer from traditional heat transfer mdghdue to a temperature difference.
The following list below highlights the major assptins for this library: [29]

* Heat flow is one-dimensional where the model cal@d variation in the fluid
flow direction;

» All solid materials are isotropic, meaning unifopmoperties in all
orientations;

* The temperature in the thermal capacity sub-madddiemogeneous.

Included in the Thermal Library is the modeling &hitity for environmental moist air.
The air for these sub-models are zero-dimensiaodahe user specifies the mass flow
rates and no pressure drops are computed. The @dd¢he modeling is on the evaluation
of the heat transfer between the solid materidlsese sub-models interact with the heat
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transfer sub-models representing the fins of tteerator [29]. See Section 3.2.6 for a

more detailed description.

The Air Conditioning library contains pre-estabéshsub-models for major AC
components including the compressor, condenser,, BXW evaporator. There is a sub-
model to specify the type of refrigerant, which haany pre-built refrigerant material
models including R134a, R1234yf, génd HO. The AC library has the capability of
conducting transient and steady-state analysesiating for the heat transfer of the
refrigerant and the solid wall capacities. The #aGdel for the present thesis includes
only the compressor, internal regulation contro{VT condenser geometry and

refrigerant material sub-models [30].

The Heat Exchanger Assembly Tool (HEAT) library\pdes the ability to model heat
exchanger interactions within a closed environméitr example, this library allows the
user to study the affect of the heat exchangekistgdn the front end of a vehicle. The
amount of heat exchanged by the radiator is a teféect of the capabilities of the trans-
oil cooler, charge air cooler and condenser. Themodels in this library have the
capability of showing the 3D temperature distribatalong the frontal area of the heat
exchanger. The AC loop only includes the condesgkrmodel from this library. By
incorporating this sub-model, the automotive conggare able to use the AC model of
the present thesis to study the effects of theamditioning system coupled with the

other front end heat exchangers [31].
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APPENDIX F Air Conditioning Component Sub-Models

Studying the influence of an internal heat exchaifig#£X) on a system level, requires a
calibrated and functional AC model. Using AMEStms AC model is capable of
simulating single and two-phase flow, steady-staie transient processes, as well as heat
transfer by conduction, convection and radiatidhe complete AC loop consists of the
material models, compressor, condenser, TXV, exdpnriHX, air recirculation model,

vent model and the cabin model.

G.1 Rl134aMaterial Modd

The refrigerant properties in the two-phase librangy pre-established and the user does
not have the ability to generate their own fluiogerties. Figure F-1 shows the sub-

model icon for TPF_FPO01, which specifies the typeerigerant for the AC model.

Figure F-1: AMESIim icon for sub-model TPF_FPO01.This icon is required when running
simulations with two- phase materials. This sub-mael contains all the refrigerant
property data for all of the simulations in the present thesis.

AMESIm uses the 32 coefficient Modified BenedictddeRubin (MBWR) equations of
state model to calculate the refrigerant R134a¢mtags [28]. To determine the initial

fluid state of the simulation AMESim offers the ugeur different options. By selecting
one of the options listed below and specifyingrtkaiues, AMESim is able to calculate

the initial refrigerant state for each componenthef two-phase flow library.

* Pressure and specific enthalpy
* Pressure and temperature
* Pressure and gas mass fraction

» Pressure and superheat/sub-cooling

111



Ensuring the correct refrigerant charge and tenipexdnelps reduce simulation time and
unexpected results. For the refrigerant sub-mahkelpption “use load and temperature”
offers two methods to specify the refrigerant clkeaagd temperature. Specifying “no”,
AMESIim initializes the refrigerant independently &ach two-phase flow sub-model in
the system. All simulations for this thesis uge tption for initializing the refrigerant

state in the AC system.

For the sake of future AMESIm users, if “yes” isested, the user specifies the
refrigerant charge and initializing temperatureMBSim calculates the system volume
from all of the individual components and uses Waie to determine the refrigerant
density. AMESIm uses the initializing temperatto@etermine the initial pressure by

assuming saturated liquid refrigerant properties.

Thermodynamic plots specify the refrigerant matgmaperties within AMESim. These
plots are used to determine the thermodynamic efdtee refrigerant during the
simulation. All of the plots involve different vations for pressure, temperature,
enthalpy and specific volume variables at liquid &apour saturation states for various

temperatures, pressures and gas mass fractions.

G.2  Aluminum Material Modél

Aluminum material represents the structural makefithe heat exchangers. Defining
the material for thermal calculations requiresdbasity, specific heat and thermal
conductivity. AMESIm has the capability of defigithese properties with respect to
temperature using d%degree polynomial. However, the material caraitisell

simulations has density remaining constant fotestiperature values.

The reference temperature, density and specificdres2 ?C, 2702 kg/m and 903 J/kg-

K, respectively.
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G.3 Compressor

All simulations, both steady-state and transieaveha variable displacement compressor
with an internal control. The experimental AC gystused an axial piston swash-plate
compressor. Figure F-2, obtained from referencesii®ws a cross section as well as

labelling for the important components for thiseyaf compressor.
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Figure F-2: Cross section of a double acting axigliston swash-plate driven compressor [22]. This
schematic is for a fixed displacement compressor,hereas the compressor in the present
thesis has an internal regulation valve which chares the angle of the swash plate.
Increasing the angle increases the refrigerant vohaetric displacement per revolution and
decreasing does the opposite.
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Within AMESIim, the sub-model ACVDICCOMPOO coupledmthe internal control
sub-model ACVALVEOQO, from the AC library, represé¢hé compressor for the
simulations. It is necessary to include thesedamponents together in order to have a

variable displacement compressor with internal i@nt

Figure F-3 and Figure F-4 represent the inlet aritttbparameters for
ACVDICCOMPOO0 and ACVALVEDOO, respectively.

T w
1 kafs
l bara
I, kgim™3
1 tofrul
b hiar
el 111
3 | e L
g [ ITH
o A

koj=

barA
kgim™3
tofnull

el A el e

Figure F-3: Schematic representing the input andutput parameters to the sub-model
ACVDICCOMPOQO, the variable displacement compressor.The blue icon represents the
sub-model as it appears within AMESim. The greenraows represent outgoing
information to attached sub-models and the red arras represent incoming information
to represent sub-model ACVDICCOMPOQO. The variabléV represents the
measurement Watts as the enthalpy flow rate is exelmged with the connecting sub-
models [24].
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Figure F-4: Schematic representing the sub-mod@CVALVEOQO representing the internal control
valve for the variable displacement compressor sulbrodel. The blue icon represents
the sub-model as it appears within AMESim. The gren arrow represents outgoing
information to attached sub-models and the red arras represent incoming information
to the sub-models ACVALVEQO [24].

The components from the two-phase flow (TPF) andiBfries exchange a special
variable calledpfnull. This variable ensures that all of the componargsusing the
same refrigerant index, for example R134a. Evaloaif the system volume and
specific fluid properties are also sent to all s$hb-models via this communication
variable. This variable has no bearing on the traasfer or the enthalpy flow rate of the

refrigerant passed between the different sub-models

The compressor sub-model has built-in start-st@alsgities. This feature is not utilized
in the simulations of the present thesis, howewa@iny incorporated this sub-model into
the AC system enables possible future analysegetucles with these capabilities. For
example, incorporating this sub-model allows theras study the effect of AC usage on
vehicle fuel economy or the ability of the AC syst® keep the cabin within
comfortable temperatures when the compressor sfiuts

Normally, the regulation valve varies the forcedoale acting on the swash plate to
change the displacement of refrigerant. The siffoat the sub-model ACVALVEOO
regulates the suction pressure of the compressfoiloywing a user-specified regulation
curve. The internal control sends a signal tocttrapressor, ACVDICCOMPOO0, with a
value ranging between zero and one. The varia@disprepresents the internal control
signal sent from ACVALVEDOQO, the internal controllve, to ACVDICCOMPOO, the
compressor.
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The sub-model ACVALVEOQO calculates the reduced ldisgment using the compressor

suction and discharge pressures and four userfigaeconstants define the regulation

curve for the suction pressure. Figure F-5, tdkem the AMESIm help files provides a

graphic representation of the regulation curvethaediser-specified constants.

* Xa corresponds to the critical compressor dischargssure where the

compressor displacement varies. Before this yaheesuction pressure

remains constant and after the suction pressureases linearly as the

discharge pressure continues to increase.

* VY. the maximum average suction pressure value.riesponds to the suction

pressure during minimum displacement operation.

e Kk slope of the line relating suction pressure sxklarge pressure once the

discharge pressure exceeds thspecification.

« dp the allowable pressure differential toleranaeaftceptable deviation

above and below the user-specified pressure réguileurve.

Psuc

A PR Al
YA 77777777 . .

S Minimum
’4 ,/, displacement
displacement

Reduced
displacement

Pdis

Figure F-5: Physical representation of the pressa regulation curve and user-specified parameters
for the sub-model ACVALVEOQO [24]. The AMESim software uses Equation ( F.1), to
calculate this curve. The parameterdp, represents the pressure regulation offset. Once
the pressure falls outside of this range, above telow the pressure regulation curve, a
signal is sent to change the compressor displacenten
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Equation ( F.1) shows the equation describing tiesgure regulation curve defined
within AMESim. The list below displays the pressuegulation curve parameters used

for all simulations in the present thesis.

Preg = Ya — k- (Pais — Xa) (F.1)

* Xa= 10.79 barA

* Vo= 2.914 barA

« k = 0.0491
 dp= 0.2451/8 barA

Calibration of the compressor sub-model involvesc#ging the volumetric, isentropic
and mechanical efficiencies. For all three efficies, zero and one are the lowest and
highest possible values respectively. The voluimeird isentropic efficiencies are input
as functions of the compressor rotary speed. Pleas Appendix D for the input map
files for the volumetric and isentropic efficiengiand their corresponding formatting to
meet the input requirements for the compressomsottel. The mechanical efficiency

remains constant for all simulations, with a vabfi®.9.

The displacement signal sent from ACVALVEOQO to toenpressor sub-model,
represented by the varialdigy within the AMESiIm equations, enables the calcalai

for the compressor volumetric efficiency, displaestnand consequently the refrigerant

mass flow rate. Equation ( F.2) shows the volumefificiency whereye ;. is the

user-specified volumetric efficiency at mininumplecement antjyq), .. is the

maximum volumetric efficiency as specified in theérican Standard Code for
Information Interchange (ASCII) file in Appendix Dl'he variablesig, a normalized
volumetric displacement, is obtained from the ACAE00 sub-model. The user-

specified values for the variablgs,; ... andn,, . represent the minimum and

maximum volumetric efficiency of the compressoritiWthe volumetric efficiency, the
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sub-model calculates the refrigerant mass flow ttateugh the compressor, shown in
Equation ( F.3).

Nvol = (1 = sig) *Nyolyyiy + SI8 " NMvolyay (F.2)

Mgis = Nyol *Psuc "NV (F.3)

The compressor displacement calculated by Equétios) is shown below and the

values are within the range of the minimum and mmaxn compressor displacement.

V = sig * (Vimax — Vmin) + Vinin (F.4)

AMESIm uses the isentropic efficiency map to cadteithe enthalpy difference between
the compressor outlet and inlet, representedsdy im Equation ( F.5). The calculation

for the isentropic discharge enthalpy,, uses the discharge pressure and the suction

enthalpy of the refrigerant. The variablegs &nd k,, represent the discharge and
suction enthalpy of the compressor, respectiviiyltiplying the enthalpy difference by
the mass flow rate gives the compressor power copsan. The user-specified

compressor efficiency map files are located in Agujpe D.

hds — hsuc (F.5)

Ns=7——F
® hdis - hsuc

Finally, the compressor sub-model calculates thegu®with the user-specified
mechanical efficiency. Equation ( F.6) represshisws the equation used to calculate

the compressor torque. The units of this equatrerN-m/revolution.
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Y R h . _h
T = mgis*(Rdis—Nsuc) (F.6)
Ns'N

G.4  Condenser Geometry

All simulations in the present thesis model a pardlow tube and fin condenser. Figure
F-6, obtained from reference 21, shows a crossoseitr such a condenser along with
labels for the important condenser parameters.reléie three passes for the condenser
shown in Figure F-6. They are the superheatinggdensing and sub-cooling passes.
The convention, first pass, second pass, etc. peilised instead for the explanations in
the present thesis. The condenser for the sinonkitias a built in receiver/dryer, which
helps reduce and simplify the system packagingireauents.
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Figure F-6: Representation of a parallel flow microchannel condenser. The measurements in this
figure are not relevant to the present thesis. Thkifigure only serves to illustrate the
concept of a parallel flow condenser with micro chanel tubing for the refrigerant.
Although not discussed in the present thesis, lougd fins serve to increase the turbulence
of air flowing through the condenser, thus improvirg the condenser heat transfer
capability[26]. On the left side of the figure, land O represent the inlet and outlet of the
refrigerant flowing through the condenser. L. and H. represent the width and height of
the condenser. The measurements for the fins in¢hbottom right corner of the figure are
not important, since AMESIim has its own way of desting the fin geometry, which will
be discussed in detail later on in this section.

As discussed in Section 3.1.2, the condenser suleimeas selected based on its

compatibility with the engine related heat exchasgathin AMESim. This allows for
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easier integration with a model of the engine capBystem. Specifying the condenser
location in 3D space allows for a thermal analgdithe air flow and cooling ability of
the complete front end heat exchanger system.cdhmponents include the charge air
cooler, transmission oil cooler, condenser andatadi The following sections describe
the modeling of the condenser geometry within AMBSan explanation of the sub-

models required and the modeling equations.

Figure F-7 and Figure F-8 show the parameters septiag the condenser geometry as
they are defined within AMESIim. The simulation siseese parameters to determine
liquid and air side cross-sectional areas and lwdrdiameters. Determining the
Nusselt number, whose importance is discussedatidbe3.2.5, requires the knowledge
of the air side cross-sectional area. The collemtoss-sectional area is given by the

supplier data sheet for the condenser sub-model.
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Figure F-7: AMESiIim model geometry specifications foa tube and fin condenser. This figure shows
the structural configuration of the condenser and e parameters used by the commercial
software, AMESIim, to define the elementary geometry Liquid refrigerant flows through
the microchanneled tubes exchanging heat with therdlowing through the spaces

between the fins. The top and bottom tubing repremt two passes [24].
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Air side cross-sectional
o area per fin and per tube
Air side
hydraulic diameter

Fin length «—

Fin pitch

Fin thickness

Figure F-8: AMESiIim model geometry specifications fothe fins of a tube and fin condenser. This
figure isolates the parameters used to describe tHm geometry from the rest of the
condenser shown in Figure F-7. Note that AMESim dimes the fin pitch differently from
the normal convention [24].

A description of the parameters from Figure F-7 Bigiire F-8 is included in the list
below.

* Hr external tube height, which represents the vértiegght of one tube.

* Hg fin length, measured as the distance betweenleyahd a peak of a fin,
along the fin edge. This is an approximation,dug to the small size of the fin,
the error is very small.

e La tube depth, which is equivalent to the depth efdbndenser unit. The
names tube depth, condenser depth and condendandbls are interchangeable.

e Ly tube length or tube width. This neglects theangth due to the

collectors.
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o Ar air side cross-sectional area per fin per tubgurg F-8 shows this
measurement more clearly than Figure F-7. Thigeva obtained by multiplying
the vertical height of the fins between two tubed the fin pitch. The vertical
distance is obtained using the Pythagorean thewiémthe fin pitch and vertical
fin height forming two sides of the right triangle.

°* pPr fin pitch. By standard convention, the distanoaf the centerline of one
fin to another defines the fin pitch. However, &AMESIim convention uses half
the value of the standard convention.

* & fin thickness

» A refrigerant cross-sectional area per tube. Inenmodeat exchangers, the
refrigerant tubing is made up of many micro chasntelincrease the heat transfer
rate. The sum of the microchannel cross-sectiaress for one tube constitutes

the total refrigerant cross-sectional area per.tube

G.5 Condenser Sub-modds

This section focuses on the various sub-modelsnedjto model the condenser within
AMESIm. The discussion includes information ongmaeter specifications, important
background equations as well as assumptions inhieréme sub models. Modeling of
the condenser sub-model requires five different AWk sub-models, which will be
discussed below. The naming convention corresptmtiee name of the sub-models as
they appear within AMESIm.

1. HEATO1

The sub-model, HEATO1, controls the external flilidv interactions for the components
from the Heat Exchangers Assembly Tool (HEAT) Iigrawhen using components
from the library, the external fluid flow conneat®are not visible. Despite there only
being one component from the HEAT library, the usobn of this model is mandatory.

Figure F-9 displays the icon for the sub-modek appears within AMESIim.
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Figure F-9: Icon for the sub-model HEATO1 from theHeat Exchanger Assembly Tool Library. This
sub-model is mandatory when using the pre-establisid AMESim sub-models.

2. TP_AIR

The second sub-model, PNGDO004, specifies the ptiepaf the external air passing
through the condenser. The components from the Hlibkary require the properties of
dry air with zero humidity. The gas is completdbfined using the perfect gas constant
and three polynomial functions giving the absoluseosity, the specific heat at constant
pressure and the thermal conductivity [24]. Figew®0 displays the icon for the sub-

model as it appears within AMESim.

Figure F-10: Icon for the sub-model PNGDO004 fromhe Pneumatic library. This defines the
properties of dry air assuming it behaves as an idé or semi-perfect gas.

3. HEATPFHEOQO2

Modeling of the condenser requires geometricalrmétdion of the refrigerant flow, the

air flow and the solid walls and fins. Single @and-phase flow correlations are also
essential as they influence the heat transfer lzaloas for the condenser. The third sub-
model, HEATPFHEO2, contains the global geometrcal flow correlation information
necessary to model the condenser passes. Fidgltalisplays the icon for the sub-

model as it appears within AMESim.

condenser

global data
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Figure F-11: Icon for the sub-model HEATPFHEO2 fromthe air conditioning library. This sub-
model contains the condenser geometrical data ansd iesponsible for calculating the
internal and external pressure losses and internalonvective heat exchange.

This sub-model is responsible for calculating thterinal and external pressure losses and
internal convective heat exchange. These calongiliffer for the refrigerant depending
on its state, that is, single or two-phased statee following paragraphs and tables
discuss the input parameters for this sub-modei;hwére separated into the categories:

internal, external and structural dimensions oftthees and fins.

The collector contains a volume of refrigeranta end of the condenser. Here the
refrigerant collects after flowing through one pasthe condenser. From Figure F-6 it
can be seen that the collector is a cylinder witinoss-sectional area plane parallel to the
refrigerant tubes. All simulations assume zersoélie roughness for the internal tubes
of the condenser. For further clarification regagdhe condenser geometry, please refer
back to Section 3.2.4. Table F-1 summarizes tee ggecified parameters for
HEATPFHEO2.

Table F-1: Displays the internal flow and convectie heat exchange parameters for the sub-model

HEATPFHEO2.
INTERNAL FLOW PARAMETERS
PARAMETER VALUE NOTES
Absolute roughness of the 0.0 mm assumes the internal tube surface is
internal tube surface ' completely smooth
Tube hydraulic diameter 0.81 mm none
. sum of the cross-sectional areas of the
Tube cross-sectional area 10.9 mm? . .
micro channels in one tube

Collector cross-sectional

415.48 mm® none
area

. McAdams . . I
Two-phase flow frictional Formulation calculating the friction
) homogeneous .

pressure drop correlation factor for this type of flow

flow model

Shah computes the internal convective heat
Condensation correlation . flow when the refrigerant is in the two-

formulation o

phase condition
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Boiling correlation

VDI Heat Atlas
for horizontal

computes the internal convective heat
flow for two-phase conditions and

number

tubes
. boiling of the refrigerant
formulation 8 g
Refrigerant side single value for a square cross-section,
phase laminar Nusselt Nu =2.976 representing the micro channels, for

laminar flow regime

The external flow and convective heat exchangemnpaters for HEATPFHEO2 are

shown in the Table F-2 below. These three parasieteable the computation of the

external convective heat transfer and the airsidssesectional areas. Refer back to

Figure F-7 and Figure F-8, which provide a grapiepresentation of the condenser

geometries. The hydraulic diameter is calculatethfthe rectangular crosshatched area

shown in Figure F-8. The correlation for the hydiadiameter of a rectangular duct is

shown in Equation ( F.7). The calculation to deiiee the fin height is explained for the

variable A in Figure F-6.

Table F-2: Displays the external flow parameters fothe sub-model HEATPFHEO2

EXTERNAL FLOW PARAMETERS
PARAMETER VALUE
Air side cross-sectional area per fin and per tube 12.37 mm?
Air side hydraulic diameter 2.59 mm
Condenser and fin thickness 16 mm
_ 4 finpitch - fin height (F.7)

D, =
" 7 2(fin pitch + fin height)

The parameters shown below are used to calculags avolumes and hydraulic

diameters of the tubes and fin material. Detemgrihe mass of the material is

necessary to compute the thermal capacity of the walls. Having these dimensions

allows AMESIim to calculate the Reynolds and Prandthber for the external air flow.

Table F-3 below, summarizes the tube and fin geoca¢tata, as they are defined

within AMESim.

126



Table F-3: Displays the geometry values for the tuband fin for the sub-model HEATPFHEOQ2.

TUBE AND FIN GEOMETRIES

PARAMETER VALUE NOTES
Tube height 1.6 mm none
Tube length 622 mm equivalent to the condenser length/width
Tube depth 16 mm equivalent to the condenser depth/thickness

Recall AMESIim defines the fin pitch has half the

Fin pitch 3.2/2 mm value of the conventional definition. Refer back
to Figure F-8

Fin thickness 0.07 mm none

Fin length 7.96mm none

The outputs of the HEATPFHEO2 sub-model include:

» Condenser frontal area (external side)

» Condenser cross-sectional area (external side)
» Condenser heat exchange area (external side)
» Global heat flow rate (external side)

» Refrigerant volume

* Fin and tubing mass

4 & 5. HEATCONDREF120 & HEATCONDTOP120

The final two sub-models, HEATCONDREF120 and HEATMIDI OP120, represent

the passes of the condenser. Within the HEAT fihranly parallel cross-flow heat
exchangers with “dry-air” as the external fluid amnsidered. HEATREF120 includes
the geometrical data and boundary conditions, veseHEATCONDTOP120 only
specifies that there is a second pass of the ceedersimilar to the HEATPFHEO2 sub-
model, the AMESim condenser sub-model consideesnat flow, external flow and

solid walls and fins. Table F-4 shows a list oportant user-specified parameters for the

reference condenser sub-model.

Table F-4: Summary of the user-specified parameterfor HEATCONDREF120. When discussing
global heat exchanger dimensions the terms width @nength are interchangeable for the

horizontal measure of the front face. The term defh is interchangeable for condenser

127



thickness. The height (vertical distance) and widit (horizontal distance) represent the

frontal dimensions of the condenser. Refer back tBigure F-6 for further clarification.

PARAMETER VALUE NOTES
Height 0.2982m  None
Width 0.622 m None
Thickness 0.016 m None
Inlet position up and left None
Number of tubes in first pass 27 None
Number of tubes in second pass 6 None

user-specified 2D data file for the air
velocity along the condenser frontal area
user-specified 2D data file for the air
Temperature boundary conditioMap file = temperature along the condenser frontal
area

Velocity boundary condition Map file

AMESIim offers the user various options for specifyihe velocity and temperature of
the air side boundary conditions for the condersenoted in Table F-4 above. The map
file format contains information along the frontncienser profile for the air temperature
and velocity in an ASCII file format. This optiamutilized for the Cabin Cool-down
(CCD) test cycle, discussed in Sections 1.1 and 3.7

The homogeneous constant option is used for tlaelgtstate simulations discussed in
Section 3.6. Here, the air temperature and veloerain at a constant user-specified
value along the front condenser face. The valuesent to the HEATCONDREF120
sub-model via signal sources pre-existing withmn AMESim libraries.

The NEDC, uses the homogeneous variable optiome the air temperature and velocity
are uniform along the front condenser face, but tr@ues change as a function of
simulation time utilizing a user-specified curvehe air temperature and velocity
parameters are sent to the HEATCONDREF120 via sgmaces that pre-exist within
the AMESIm libraries.

The following discussion of equations considers/ahé refrigerant side calculations.
The two condenser sub-models, HEATCONDREF120 andA HEONDTOP120, are

responsible for the refrigerant side calculatiombe pressure losses are computed using
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correlations in the literature. The models useGharchill friction factor correlation for
the single phase refrigerant state, shown in Equ4tF.8) below. Knowledge of the
friction coefficient allows the determination oktinefrigerant pressure drop along a pipe
for laminar and turbulent flow. Note thfain this formula corresponds to the friction
factor found on a Moody Chart. The variabdesdD represent the mean surface

roughness and hydraulic diameter of the flow chBmaspectively.

1/12

—
—

(F.8)

12
8 1
(_) T 372
Re

| oG] e

For a refrigerant in a two-phase state, the mosie$ the McAdams correlation. Recall
the assumption of a homogeneous fluid model asaegd in Section 3.1.2, which
applies here. As a result, the two-phase refrigaraxture is treated as a well-mixed
pseudo-single-phase fluid with homogeneous mixtleresity and viscosity [32]. An in-
depth discussion of the McAdams and other cormatiodels can be found in
references [33] [34]. The McAdams correlation,w8han Equation ( F.9), calculates the
equivalent viscosity of the two-phase refrigerahhis correlation assumes a
homogeneous fluid model. AMESIm calculates thetitsh factor and corresponding
pressure drop along the piping from the two-phagevalent viscosity. This enables the
simulation software to calculate the Reynolds numnipietion factor and pressure loss

along the refrigerant piping.

1 x 1—x (F.9)
_|_
HTpr My 28]
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In Equation ( F.9), the variablecorresponds to the refrigerant mass quality, eefias
the ratio of the vapour mass to the total mixtuessa Quality has significance for
saturated mixtures only. Its value ranges betvieand 1 corresponding to saturated

liquid and saturated vapour, respectively.

For the transient simulations, the boundary coodgiof the condenser temperature and
velocity are non-homogeneous. In other words,@tbe front face of the condenser,
uniform velocity and temperature distribution aom+existent. Therefore, the user
provides temperature and velocity profile mapsafaliscretized front condenser face.
These conditions are specified in AMESIm with miggst The origin of the frontal area
coordinate system is located at the bottom lefbeoof the condenser. The temperature

and velocity values are considered as cell-centered

The refrigerant mass flow rate, shown in EquatiéinlQ), is derived from the Bernoulli

formulation. The calculation dfdepends on the type of flow, which includes:

Laminar regime
Turbulent regime

Single-phase flow

w0 NP

Two-phase flow

. 2A
mg =p- f *Across * =L (F.10)

The enthalpy flow rate, equivalent to the capacftthe condenser, is calculated using
the refrigerant mass flow rate and the specifib&ipty difference between the outlet and
the inlet of the condenser. AMESIm calculatesgbecific enthalpy at the inlet and
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outlet using temperature and density to defina¢frggerant state. Recall, the

explanation given in Section 3.2.1 discussing tideutation of the refrigerant properties.

The external convective heat exchange is calcufabed Equation ( F.11). In this
equation, the air thermal conductivity, air-sideltaulic diameter and external Nusselt
number are used to calculate the external heaegehcoefficient, & Aex sur
represents the external surface heat exchange AMBRSIm conducts this calculation
for each discretized section of one pass. Theduime heat from one pass, and
consequently all the other passes constituteotheheat exchange from the external
side of the condenser.

Qext = hext ’ Aex_sur ’ (Tair - Twall) (F.11)

The internal heat exchange is calculated from EgudtF.12) below. Determining the
value of the convection coefficierty;, experimentally is complex due to the refrigerant
condensing process as it flows through the condenbes. The internal surface
exchange area,if sus represents the internal surface area of all ticeonchannels that
make up the condenser tubing. The process fouledileg the total heat exchange from

the internal side of the condenser is the sambeasxternal side.

Qint = hipe Aint_sur ' (Tref - Twall) (F.12)

As stated in the previous caption, the calculatibthe internal convection coefficient,
hin is difficult due to the condensing process witthia condenser. During single-phase

flow, the model considers two flow conditions:

1: Laminar regime

2: Turbulent regime
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In the laminar regime, the Nusselt number is a-gpecified constant value. Due to the
microchannels, a Nusselt number of 3.66 was selec®nce the heat transferred as the
refrigerant flows through the passes is transthig,value is difficult to specify with
exact certainty. For the turbulent flow regime, BBim uses the Gnielinski correlation
shown in Equation ( F.13). The friction factor m@ponds to the Churchill correlation
previously shown in Equation ( F.8). The variatibgsand k represent the hydraulic
diameter (a characteristic length) and thermal aohdity of the refrigerant,

respectively.

(£)-(Re-1000)-Pr K

. |L _ Dn
1+12.7J;(Pr2/3 1)

Rine = (F.13)

During two-phase refrigerant flow, the model coessdtwo flow conditions:

1. Condensation

2. Boiling

An explanation of the correlations calculating tefigerant convection coefficienty,f
is beyond the scope of the present thesis. ThenAdel uses the Shah [35] and VDI
Heat Atlas (horizontal tube) correlations to caltelthe convection coefficient during
condensation and boiling, respectively. For furihiormation regarding the VDI

boiling correlation, please see references [36][8{

G.6 Thermal Expansion Valve (TXV)

The purpose of a TXV is to regulate the refrigeisugerheat leaving the evaporator. In a
standard MAC system, the refrigerant exiting thaparator passes through a feedback
loop where it enters the thermal sensing bulb (T&Bhe TXV. There is fluid in the

bulb, called the power fluid, which partially filtke TSB in Figure F-12. The pressure of
the power fluid applies a force to the top of thegptiragm and the evaporator pressure
applies a force on the bottom of the diaphragm.insrease in the refrigerant superheat,

increases the temperature and pressure of the glas TSB. The pressure increase
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causes the ball valve to open against the retutngspncreasing the refrigerant flow rate
through the evaporator. The increase in refrigegsaperheat is usually an indication of
either a decrease in the air velocity passing tindhe evaporator or an increase in the
ambient air temperature. By increasing the refagemass flow rate, this causes a
discrete quantity of refrigerant to exchange le=at lwith the passing air as it passes
through the evaporator. This reduces the refrigegaiting temperature if it is
superheated and the refrigerant quality if it ekita saturated mixture state. However,
overall the amount of heat transferred will inceeasce more refrigerant is passing
through the evaporator. The refrigerant exitingaaturated mixture will only occur
when the IHX is introduced into the AC system beeailne compressor is not designed

to handle a saturated mixture.

Figure F-12 displays a cross-sectional diagram™X¥ and includes labelling of the
important components. In the figure, the outlehponent screws into the main housing
providing a method to calibrate the TXV. Screwihg outlet component up or down
will change the super heat spring tension, thusging the opening and max opening
points of the ball valve. The super heat springpigorated to open at a specific
refrigerant pressure from the evaporator outleotatrol the temperature of the liquid
refrigerant entering the evaporator. It is cruthiat the temperature of the refrigerant is
firstly low enough to be able to meet the cooliaguirements of the refrigerated space,

and secondly not too high which would deterioraed¢ompressor life.

A sample of the refrigerant exiting the evaporasdsrought to the TXV through the inlet
feed from the sensing bulb. As the superheatet)esfint temperature increases, the
pressure applied to the diaphragm increases. fotuss the diaphragm to push the
diaphragm stem down, consequently opening thevbbie orifice. Further opening of
the ball valve orifice decreases the pressure @nag,increases the refrigerant mass flow
rate through the evaporator. The temperatureeofdfrigerant increases slightly from
the decreased pressure drop. However as mentiortliee beginning paragraph of this
section, the overall amount of heat transferretlingrease since more refrigerant is

passing through the evaporator.
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The screen serves to help clean the refrigeraabpimpurities before it passes through
the valve orifice. It is crucial that only liquréfrigerant passes through the valve due to
the extreme pressure change after the refrigeas#gs through. If there is any vapour
particles in the refrigerant, they will change th&igerant volume passing through the
valve and the TXV will not be able to regulate te&igerant flow through the
evaporator. As discussed in Section 1.1, the vedeiryer serves to clean the refrigerant

of impurities, remove water and ensure that omjyil refrigerant flows to the TXV.
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Figure F-12: Schematic of TXV cross-section. Theefrigerant that enters the inlet feed from the
sensing bulb acts to change the pressure acting tre diaphragm. The refrigerant
enters the TXV in a liquid state and exits in a safrated liquid-vapour state. Itis
important that the amount of vapour exiting the TXV is limited, as this will decrease the
evaporator capacity.
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Sometimes the engineering schematic of a compaluead not provide a complete
understanding of how it works. Therefore, Figurg3Hs included to compliment the
schematic shown previously and provides the reathra different perspective to assist
in better understanding how a TXV functions.

Figure F-13: Cutaway of an actual TXV. The TXV gemetry does not correspond directly to Figure
F-12, but it serves to compliment the schematic pwously shown.

The TXV sub-model within AMESim acts to mimic therformance of a real TXV with
an internal TSB. Figure F-14 shows the TXV sub-sipACTEVSBO0O, used for the AC
model. Ports four and one represent the refrigeratering the evaporator and ports two
and three represent the refrigerant flowing pastiiSB. TXV manufacturers normally
provide TXV performance in the form of a four-quaxr graph with the following
relationships [24]:
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1. The refrigerant saturation curve and saturationewof the thermal sensing bulb
fluid

2. The evaporator outlet pressure as a function ovéhee lift for different constant
sub-cooling values

3. The evolution of the reference mass flow rate amation of the valve lift

4. The evolution of the reference mass flow rate amation of the evaporator

outlet temperature.

d= hard, — W

= /"3 = |0/s
d== tpfrinill St bard,
— g ™3
= k0 —ir == tpfrill
S - — —

= L0/ =% gz
- Dard, 1|4 bard,
|0/ a0/ 3
wp tpfriLill s tpfLl|

Figure F-14: AMESIm TXV sub-model showing the inconng and outgoing parameters in the four
ports. The green and red arrows represent outgoingnd incoming information
exchange. Ports 2 and 3 represent the refrigeraifiowing into the thermal sensing bulb.
Ports 4 and 1 represent the refrigerant flowing though the ball valve of the TXV and
into the evaporator. Recall from Figure F-3 and Fgure F-4, the explanation for the
variables W and tpfnull [24].

With this TXV sub-model, the user specifies theisation pressure curve of the bulb gas
as well as the opening and full-opening temperatiiee following discussion will
highlight the equations that govern the TXV modéhim AMESim. The model
considers the pressure acting on the TSB, the ngagiithe ball valve orifice and the

refrigerant mass flow rate that passes througlvahee.

The user-specified values for this sub-model aspldyed in Table F-5 below:
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Table F-5: Parameters that specify the AMESIim themal expansion valve sub-model. The
significant variables such as the critical flow nurber and them coefficient are explained
in the discussion that follows.

TXV PARAMETERS
PARAMETER VALUE NOTES
Maximum hydraulic diameter 2.05 mm

Another way to express
the Reynolds number. It
is a function of the
Critical flow number 1000 hydraulic diameter and
pressure drop across the
flow path. See Equation
(F.22).

0.1 kg/s None

Maximum mass flow rate at reference

conditions
m coefficient 1 See Equation ( F.26).
Bulb saturation pressure at 0°C 3.013 barA None
Bulb saturation pressure at 10°C S'SOB None
arA
Reference pressure 30 barA None
Valve opening temperature aj-£ 5°C None
Valve full-opening temperature atdt 35°C None
Reference sub-cooling 5°C None
Accounts for the delay in
Time constant 3s TXV response due to
inertia

Equation ( F.14) calculates the bulb pressureefytis. B, Pio and T represent the gas
pressure at €, C and the refrigerant temperature exiting the exatpo, respectively.

Ps represents the bulb pressure.

Teva
Pp = Py + Op * (Pygoc + Poec) (F.19)

1

Equation ( F.15) calculates the displacement ofadldecontrolling the opening of the ball
valve previously shown in Figure F-12. The equatsgiven as a function of the
refrigerant temperature and pressure exiting tlapenator. The parameteksk, |, andh
represent the cross-sectional area of the rodsgheg stiffness, length of the spring with
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no load and the rod displacement, respectively. ES\n calculates the rod displacement
as a percentage of the maximum valve opening, septed by the variableyx

A Teva
X%(Tevap; Pevap) = P (PO°C - Pevap + Tp ' [P10°C - PO°C]) =l ( F.15)

Setting Equation ( F.15) to the valve opening coodi(To,, Poec) and fully opened
condition (T, Poec) allows for the determination of the normalizedveadisplacement,
represented by the temm,/ xmax The parametersyJand T, represent the temperature
values at the open and full opened valve positiespectively. Note that the valve
opening and fully opened conditions correspondhémalues zero (0) anax
respectively. The resulting two equations are shbelow as Equation ( F.16) and
Equation ( F.17), respectively:

A To
0= ;(Pooc — Pooc + 1_0p' (Prooc — P0°c)> — 1o (F.16)

A T,
Xmax — ;(Pof’c — Pyoc + 1_01' (Prooc — PO"C)) =l (F.17)

The normalized valve displacement is obtained tsf fierforming two equation
subtractions {( F.15)-( F.16) and {( F.17)-( F.16)%econd, perform a division of the
equations {( F.15)-( F.16) }/ {( F.17)-( F.16)Equation ( F.18) shows the result of the

equation manipulation.

x =% = ZevapTop 4 1 (P°°C_Pevap) : < - ) (F.18)
Xmax Te1—Top P1o°c—Pocec Te1—Top ’

Equation ( F.19) presents the refrigerant mass fae through the TXV. This equation
is very similar to Equation 2.1, however the cadtioin for the friction factorC, is
different for the TXV than the friction factdrfor the internal flow. AMESim calculates
the mass flow rate as a normalized value with r&sjeethe maximum mass flow rate at
reference conditions. The max flow rate at refeeezonditions, shown in Equation (

F.20), is computed by inserting the values of theables at reference conditions into
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Equation ( F.19). The user specifies the refergmessure &' at a reference sub-
cooling temperature. This value is obtained frown éxperimental testing conducted by
the manufacturer supplying the TXV to the autom®tivanufacturer. The variablg C
represents the flow coefficient of the flow througle ball orifice valve.

. 2-AP
m=p-Cq-A- /T (F.19)

2. Pcref_P
A, |28 —Po) ( F.20)

Mmax = Pref * Cqmax Pref

The following two equations show the calculation@ as well as an important
assumption relating A to#x The parametedsandii; in Equation ( F.21), represent
the flow number calculated by the TXV sub-model #ralcritical flow number specified
by the user, respectively. The critical flow numbpecifies when the transition of
laminar to turbulent flow occurs [28]. EquatioR.@1) serves to relate the flow
coefficient, G, to the flow number), thereby reducing the number of variables in
Equation ( F.27). In doing so, AMESim replacesarpirically determined value with a
variable that depends on the hydraulic diameterpmasisure drop of the flow through the

ball valve orifice.

21
Cq = Cqmax . tanh( ) (F.21)

Acrit

The flow number is another way of expressing thgnRkls number of the flow through
the ball valve orifice and is dependent upon tharaylic diameter and pressure drop. It
relates the pressure drop across the ball valtieeof XV to the refrigerant flow rate.
Within the TPF library, singular pressure drop comgnts, such as the TXV, the
pressure drop and laminar-turbulent transitionexi@essed by the friction coefficient, K,

and the critical Reynolds number,Re These two variables are related to the maximum
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flow coefficient and critical flow number [28]. €hHour equations below describe the
relationship between the friction coefficient, kKow coefficient, G, Reynolds number,

Re, and the flow numbek,

C _ 1
qmax = g (F.22)

Recrit = Cgmax * Acrie (F.23)

Consequently, from the definitions shown in Equafié¢-.22) and Equation ( F.23), the
relationship between the Reynolds number and flomlrer can be expressed by
Equation ( F.24). This relationship was previousiplained in the paragraph above, and
is a consequence of the relationship in Equatier28). The flow number is a way of
describing the type of flow through the ball vabfehe TXV [28].

Re=C4 A (F.24)

Equation ( F.25) displaying the calculation for fleav number, shows how the flow
number is another expression of the Reynolds numlbés a ratio of the pressure drop to
the flow rate across the ball valve of the TXV [28]he term AP/p is the velocity of the
fluid squared. By comparing Equation ( F.25) tau#tipn ( 2.7), it is clear that the same

calculation is being conducted, but in a differemly.

_ by, [28P
A== P (F.25)

In Equation ( F.26), the power varialterepresents a correlation parameter relating the
normalized rod displacement, Equation ( F.18)htortormalized flow cross-sectional
area. The parameterpelow, represents the normalized displacemeriieof/alve rod as
derived by Equation ( F.8).
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A
= xM

(F.26)

Amax

Equation ( F.27), shows the final equation fornlemalized mass flow rate. The
normalized mass flow rate is a function of the nalired rod displacement, flow
number, and pressure drop across the ball valfieeriTo obtain this equation, perform
the equation division ( F.19)/( F.20) and substif{tF.25)} and {( F.26)}.

m g, 2)( p ) AP pref
= x" - tanh (AC Py (F.27)

Mmax Pref p

G.7  Evaporator

Unlike the compressor, TXV and condenser sub-maatelgiously described, the
evaporator does not use a pre-established AMESidemd he model was developed by
Fiat to predict the performance of a four passie@rtube and fin evaporator with micro

channels.

The model concept treats the evaporator as a gpdmprism discretized into four
passes, with each pass discretized by a user-gukeoiimber. The tube and air side
equations are designed to account for differenteesyof discretization. Figure F-15
shows a conceptual representation of the evapadegoretization, including the
refrigerant and air flow paths. In Figure F-15ckeaolumn represents one pass of the
evaporator and the number of rows shows the dexjréiscretization for each pass. The

degree of discretization refers to the number efrttal masses representing one pass.
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Figure F-15: Representation of the discretized evagator model. This figure demonstrates how the
AMESIim evaporator model was organized and construetd. This model mimics a four
pass vertical tube and fin evaporator with the plag¢s and collectors treated separately.
The air transfers heat to the plates containing satated liquid-vapour and possibly
superheated mixture. In this figure, the plates ag discretized into four thermal masses;
the red box, bottom right corner of the figure, hichlights one discretized cell.
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Figure F-15 shows the full evaporator model createeMESim. The black and purple
circled portions represent one pass for the rafaigieand one discretized cell,
respectively. An explanation of the sub-modelgiuserepresent one evaporator pass
will follow in the next section. For further infaration regarding the appropriate degree

of discretization for the evaporator model, plesse Appendix K.
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Figure F-16: AMESIim evaporator model created from he conceptual model shown in Figure F-15.
The black and purple circled portions represent ongyass for the refrigerant and one
discretized cell, respectively. This evaporator niel has four refrigerant passes with a
degree of discretization of two for each pass. S@&m 4.4 provides a further explanation
for the chosen degree of discretization.
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Tube Side Modeling - Evapor ator

The tube side modeling consists of three sub-mo@&BHEO001 to model a pipe for
two-phase flow, and TPFCHO000 and TPFPINOO for miadehe collectors. The former

is a pipe capable of handling two-phase flow antharging heat with a thermal mass.

The methods AMESIm uses for calculating the fluidgerties depends on the refrigerant
phase. Recall from Section 1.3 that the calcutat@re based on a homogeneous fluid
model and the two phases, liquid and vapour, aadd as a single phase possessing
mean fluid properties. AMESIm uses the state Wempressure and density when

determining the refrigerant phase, which was prgsilipdiscussed in Section 3.2.1.

The calculation of the pressure drop and heat fearesl within the pipe sub-model
TPFHEOOO1 depends on the refrigerant phase. glesphase flow the Churchhill
correlation, previously described in Section 3.%5%)sed to calculate the friction
coefficient of the inner pipe surface. The coni@cttoefficient is calculated from the
Nusselt number for laminar flow, 3.66, and the Gngki correlation, Equation ( F.13),
for the turbulent regime. In two phase flow thietfon coefficient is calculated using the
McAdams correlation, see Equation ( 2.13), homoges&orrelation model.

AMESIim uses different convection coefficient coatedns depending on whether the
refrigerant is boiling or condensing within the &b This is determined by checking the
sign of the temperature difference between the pitket, for one discretized cell, and
the wall temperature of the same discretized déthe sign is negative, AMESIim uses
the VDI for vertical tube boiling correlation anidpiositive the Shah condensation
correlation [24]. Figure F-17 displays the AMESuoon for the two-phase flow (TPF)
pipe, previously labelled in Figure F-16.

144



P

W denlC
i = haph
bl Au e =g kg/m*a
= bat, [ Tl foiul
- fodm -
w= trfrLill bl A5 [

Figure F-17: Icon representing the two-phase pipeub-model, TPFHEO0001, within AMESIim. Port 3
and 1 represent the entrance and exit of the pipeespectively. The heat transfer
between the pipe and thermal mass occurs at port 2ZThe green and red arrows
represent outgoing and incoming information to thesub-model, respectively. See
Figure F-3 and Figure F-4 for the explanation of fothe variables W and tpfnull [24].

The sub-model TPFCHOOO is an adiabatic chambereprésents volumes where the
refrigerant collects before flowing through the sedpuent evaporator passes. The
purpose of this sub-model is to calculate the presand density time derivatives. The
coupling of TPFCHOOO with the TPF pipe sub-mod&FHEOO001, dictates the transient
system behaviour. The adiabatic chamber sub-msdel element which has energy
storage of a fluid volume. The TPF pipe sub-maslah element which computes
energy dissipation, typically in the form of a e loss [28]. The last sub-model,
TPFPINOQO is present only as a connection betweepifte and chamber sub-models
previously mentioned [24]. Figure F-18 and Figkf#9 display the AMESim icons for

the adiabatic chamber and pipe connection.

= bz, st bard,

o= lg/m ™3 e |og/m™3
e fiEy B

o= totnull |2} o L |== tpbrll

— i

— g/ 4= ki/s

Figure F-18: Icon representing the adiabatic chamhesub-model, TPFCHO00O0, within AMESim. The
green and red arrows represent outgoing and incomipinformation to the sub-model,
respectively [24]
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Figure F-19: Icon representing the pipe connectiosub-model, TPFPINOO. The green and red
arrows represent outgoing and incoming informationto the sub-model, respectively[24].

Air Side Modeling

The air side modeling incorporates one sub-mod@FEAQVMAFWO0O01, which simulates
the thermal convective heat exchange between raioiahd a finned wall. Figure F-20
and Figure F-21, obtained from the AMESiIm helpsfilshow the fin geometry

definitions for the evaporator [24]. These defonts are very similar to the condenser
geometry specifications in Figure F-6 and Figuré. FRRecall that the fin pitch definition
within AMESim is half the value of the conventiorfinition. The two figures below
show a horizontal tube and fin configuration, ettesugh the experiments used a vertical
tube and fin evaporator. Appropriate consideratiere made when specifying the

evaporator width, height and correlations for \aaittube layouts.
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Figure F-20: Fin geometry specifications for the dormodel TPFCVMAFO001 [24]. The fin pitch
definition within AMESim is half the value of the conventional definition. The fin
length is equivalent to the evaporator depth or thikness.

In Figure F-21, the variables represent the follgilimensions:

D evaporator depth, also called the evaporatokii@ss
e W evaporator width, also called the evaporatortieng
H evaporator height

L the distance between the bottom and top surfalcee upper and lower
refrigerant pipes, respectively.
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oA S

Moist air channels Refrigerant pipes
Figure F-21: Overall evaporator dimensions for thesub-model TPFCVMAF001 [24]. Specification
of the evaporator width, height and correlations casider a vertical tube and fin layout

contrary to the setup shown in the figure above. fAe number of microchannels is a
user-specified value, and is not limited to only tw.

The heat transfer between the moist air and thparator fins is affected by
condensation of the cooled air. By comparing ihééet absolute humidity (af) to the
saturation absolute humidity of air at the wall parature (alsa) AMESIm determines

whether condensation occurs. Condensation octtirs following relation is true:

ah < ah;,

Wsat

The capacity of the evaporator is measured usiagflev sensors placed between the
aluminum mass, representing the fin and tubing,thadir side convection model. The

sum of the heat flow from all of the passes reprssthe evaporator capacity.
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Table F-6 below displays the parameters for th@eszor model. Thé, BandC

coefficients for the Nusselt equation are calilataising optimization simulation

software within AMESim. AMESIm determines theséues by ensuring that the

simulation error of the evaporator capacity angguee drop is minimal compared to the

experimental values.

Table F-6: Tube and fin evaporator parameters. Thee values correspond to one discretized cell
using one pass. In the case of the evaporator ihe present thesis, the final evaporator

model has four passes and two discretized cells pgass.

PARAMETER VALUE | UNIT | NOTES
TUBE SIDE PARAMETERS
Length 0.0925 mm | None
Cross-sectional area 196.67 | mm’ | None
Hydraulic diameter 0.9865 mm | None
Absolute roughness 0 --- None
Regular pressure drop gain 1 --- None
Heat transfer gain 1 - None
Single-phase laminar Nusselt number | 3.66 - None

ALUMINUM MATERIAL PROPERTIES

mass 0.129 kg None
AIR SIDE PARAMETERS
Convective exchange area 257250 | mm?* | None
Cross-sectional area 7075.58 | mm® | None
Ratio cross-sectional to frontal area | 0.759 --- None
Characteristic length of the exchange | 3.252 mm | None
Relative finned area 83.6 % None
Fin length 29 mm | parallel to the air flow
Fin height 10 mm | perpendicular to the air flow
Fin thickness 0.08 mm | None
A coefficient 0.96 --- | These three parmameters relate to
C coefficient 0.4 --- | HEATPFHEO2 in Section 3.2.5.
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APPENDIX G Cabin Model Description

Since the complete AC loop was calibrated usinglil€Cool-Down (CCD) test, the
ability to predict the heat transfer processesiwithe cabin is critical. The other
transient test cycles use the feedback cabin mipéeature to control the volume flow
rate of fresh air through the blower model. Thhs,cabin model is an important
component, and requires accurate calibration tdigréhe air temperature profile. The
development of the cabin model follows the Lumpegh&zitance Method described in
the literature [38-41]. Figure G-1 shows the AMEBSnodel for the cabin. A breakdown
of each lumped mass will follow in the discussiorptovide a complete understanding of
the model development. The current model inclubdedollowing lumped masses: roof,
front windshield, dashboard, side windows, reardsirield, front seats, doors and side

paneling.
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3-Polypropylene  4-Glass  5-Rock wool ~ 6-Paper  7-Carpet
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Figure G-1: AMESIim cabin model. This uses the Lumed Capacitance Method, which treats the lumped mass for averaged state variables. The
model is broken down into the following lumped masss, from left to right in the figure above: roof.front windshield and dashboard, side
windows and seats, rear windshield and seats, anaars and interior plastic paneling. The lumped mases transfer heat to the moist cabin
air independently of one another. The green arrowwiith a circle represent the user-specified velogitprofile of the vehicle for constant
ambient conditions. The cabin model is very impodnt as the operational controls for other AC compoants in the transient simulations

utilize the value of the cabin air feedback temperare.
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The air is treated as a single lumped mass, withgaties at the average interior air
temperature. Normally the air temperature vaniesffront to rear, side to side and top
to bottom within the cabin, however this effeciggored with this model. All of the
lumped masses transfer heat to or from the intairorEach heat transfer process is

calculated in parallel, so each case acts indeperde¢he others.

In theory, adding more lumped masses to the modetases the prediction accuracy.
However, this increases the complexity of the maahel the number of unknown
parameter values such as convection coefficiehtsacteristic lengths and heat transfer
areas. Thus, the engineer must decide betweemgizgtance of minimal simulation

error and large computation times.

Appendix A contains a table showing the signifieant each thermal mass of the cabin
model. Thus in the following sub-sections, for g@yeral statements regarding the

significance of a specific sub-model, please seedbults of Appendix A.

G.1 Roof System

The roof accounts for a significant portion of tb&al heat transferred to the cabin. The

model consists of the following heat transfer peses:

solar radiation for opaque materials;
external convection;

internal convection;

P w0 DN

an ambient temperature source.

The roof model is simplified to simulate the heansfer of a flat plate; the heat transfer
effects of the interior roof liner are not include@ihe roof material uses the default steel
properties of AMESim. The heat transfer processssciated with the roof liner are

ignored since it was found to have a negligible&fbn the model’s ability to predict the

experimental cabin air temperature. The opaque satliation model accounts only for
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the absorptivity and reflectivity of the roof masdr Figure G-2 displays the heat transfer

processes considered in the roof system.

Solar radiation

Reflected
v radiation
QOutside convection K <

Steel roof K
b J" Tro

— Conduction

Inside convection Absorbed

radiation

Figure G-2: Conceptual representation of the roof kat transfer system.

G.2 Front Windshield and Dashboard

The front windshield is another area of the vehigden which a large amount of heat

enters the cabin. The model consists of the foligvheat transfer processes:

solar radiation for transparent materials;
external convection;
internal convection for the front windshield andhlboard;

internal radiation heat transfer:;

a bk w0 N

an ambient temperature source.

Due to the configuration of the solar lamps intdsing chamber, the model assumes all
solar radiation transmitted from the front windsthis absorbed by the dashboard. See
Section 3.7.1 for further clarification. The dashld material uses the default properties

of polypropylene within AMESim.
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Any heat transfer between the cabin air and thblutzesd is represented by radiation heat

exchange sub-model occurring between two surfaths effect of this sub-model on

the CCD calibration is considerable toward the ehithe simulation. By neglecting
radiation heat transfer between the interior s@daaf the vehicle with the cabin air, the
model predicts a much cooler cabin air temperaititee end of the test. However, the
parameters of this radiation exchange sub-modalmrertain and thus depend highly on
calibration with the CCD test. See Appendix Atloe significance of the radiation heat

transfer from the front and rear seats. Figure dsBlays the heat transfer processes
considered in the front windshield and dashboastesy.

Solar radiation

; Reflected
radiation
External convection | 1
Front h /
Windshield [~ [ Trwind,o
. - %— Conduction
— .\ \ Tewindi
Absorbed \
radiation \___ | Transmitted
Internal convection '._‘ radiation
w "_‘ 2____________ Radiation heat
P o to the cabin air
A e e e g
St / ___________________________________________

Figure G-3: Conceptual representation of the frontwindshield and dashboard system. This figure
complimentsError! Reference source not found.

G.3 Side Windows and Seats

The heat exchange processes of the side windowseats are identical to ones used for

the front windshield and dashboard. The modelistssf the following heat transfer
processes:
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1. solar radiation for transparent materials;
2. external convection;
3.

internal convection for the side windows and seats;
4.

internal radiation heat transfer:;

5. an ambient temperature source.

Despite the configuration of the solar lamps re&ato the vehicle, the model assumes
that the seats absorb all of the heat transmitted the side windows and rear

windshield. The side windows and seats are repteddy two thermal capacity sub-
models.

Solar radiation

- Reflected
radiation

External convection A
Side k-
Windows [~ ,,” Tsuind,o

o - %— Conduction

— w \ T swing,i

Absorbed \
radiation \___| Transmitted

Internal convection v

\ radiation

Radiation heat
g____________
Front and /

to the cabin air
Rear Seats

Figure G-4: Conceptual representation of the side imdows and seats system. This figure
compliments

G.4 Rear Windshield

As with the front windshield and side windows, tieat transfer processes of the rear
windshield are identical. Absorbed radiation by tbar windshield transfers heat to the

cabin via an internal convection sub-model, andgmaitted radiation is absorbed by the
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seats. The seats also emit radiation heat toahie cPlease refer back to Figure G-3 and
Figure G-4 for the heat transfer processes coresid@nd the model created in AMESIm.

The seat parameters are the same for this systéraramot repeated in the appendix.

G.5 Doorsand Interior Side Paneling

Due to the large surface area, the doors contrigigteficantly to the heat transferred to

and from the interior. The model consists of thiéfving heat transfer processes:

solar radiation for opaque materials;
external convection;
convection heat transfer for a small enclosuredap);

internal convection;

a bk 0N

an ambient temperature source.

The third heat transfer process models free cororeof an air gap. Neglecting this
process significantly alters the simulated inteawrtemperature curve. The air gap acts
as a layer of insulation between the steel doodstlaa plastic paneling of the interior.
The geometry of this area is very complex due ¢éovirying side paneling shapes,
electronic equipment and exterior profiling. Thasimplified heat transfer process is

considered where a continuous air gap is assuntectée the doors and the paneling.

The calculated heat transfer is dependent upoNtisselt number shown in

Equation ( G.1). The variables C, n, m and p Hreatibration coefficients to
approximate the real Nusselt number and are depéngen the aspect ratih. The
variablet andl represent the thickness and length of the enclgapd The accuracy of
the Nusselt number directly affects the accuraapefconvection heat transfer

coefficient and the model’s ability to predict theat transfer process.

Nu=C * Ra™-Pr™- G)p (G.1)
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Figure G-4 displays the heat transfer processesidered in the side windows and seats

system.
Solar radiation
< Reflected
radiation
External convection | 4
\ o
Doors &- Tdooro
!
7 — Conduction
_— w Adr gap free convection Tassia
Absorbed
radiation Tpaneto
Conduction

Interior side
paneling

/

~

Internal convection

Tpanel,i

Figure G-5: Conceptual representation of the doorand side paneling system. This figure

compliments.
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APPENDIXH  Vent Model Setup

This model is located between the air outlet ofat@porator and the air inlet of the
cabin. It simulates the temperature change oéihas it travels through the plastic
pathways of the heating, ventilation and air candihg (HVAC) system of the vehicle.
The air temperature increases as it flows throbghpathways since the temperature of
the evaporator air outlet would be uncomfortablepfassengers. Figure H-1 shows the
vent model created in AMESIm.

Moist air
chamber

Internal free and
forced convection
model

Polypropylene
material model

External forced
convection
model

Ambient temperature
heat source

Figure H-1: AMESim HVAC venting system. This systen represents the flow of air that exits the
evaporator and travels through the HVAC channels tahe cabin model. As the air
travels through the channels it is heated slightlypecause there is a large temperature
difference between the air just exiting the evapoitar and the ambient/underhood air
temperatures.

From Figure H-1, the vent system is divided into tveat transfer processes with two
different ambient temperatures. The first prodgegslves internal convection,

accounting for forced and free convection heatstfiembetween the air exiting the
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evaporator and the plastic channelling. Therdsis an external free convection model
between the ambient air and the plastic channellifige volume of the plastic
channelling, labelled in Figure H-1 as the moisthiamber, is 0.01 T This sub-model
computes the temperature and absolute humiditigeo&ir within the volume. The water
production rate for this sub-model is zero (0) glthe temperature of the air outside the

plastic channelling is set to the ambient air terapge of the climatic test chamber.

The second heat transfer process is similar téirste The only difference lies in the
characteristic length of heat exchange, whereghgth is half of the first heat transfer

process.

Table H-1 displays the parameter values for the Awticgenerated internal and external
convection sub-models for the first heat transfecpss. These models are specifically
for moist air processes since the relative humiditthe air leaving the evaporator is
usually close to 100%.

Table H-1: Parameters for the internal and externalAMESim convection sub-models for the first
heat transfer process of the venting system.

PARAMETER VALUE | UNIT | NOTES

MOIST AIR CHAMBER

Chamber volume 0.01 n

Water production 0 g/h

INTERNAL FORCED AND FREE CONVECTION

Convection heat exchange area 3.50E{+0BnT

This value is 25mm for|
the second heat transf

D
—_

Characteristic length of heat exchange 50 :
process, see Figure H41
for further clarification

Cross-sectional area 1.00E+p4mn? | None

Free convection inclination angle 0 deg None

Gain of heat forced convection coefficiert None

Gain of heat free convection coefficient 1 --- o

Forced Nusselt number Nugorceq = 0.037 - Re(©8+02) . pp033

0.67 - (Pr - Gr)**
Nup,, = 0,68 + 007 (P GT) ™)
free 4/9
0.492\%/16
Free Nusselt number <1 +( = ) )
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EXTERNAL FREE CONVECTION

117

Convective heat exchange area 5.00Ef+GBM® | None
Characteristic heat exchange length 25 mm  None
Wall inclination angle 0 deg| w.r.tthe horizontal
. set to ambient pressur
fluid pressure 1.03 barA of the climatic chambe
set to ambient relative
Moist air relative humidity 30 % | humidity of the
climatic chamber
0.67 - (Pr - Gr)%25
Nugree = 0.68 + ( (Pr - G7) 4)9
0.492\%/16\"
Free Nusselt number 1 +( > )
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APPENDIX | Blower and Air Recirculation Model Setup

This model is located between the cabin systentlamdvaporator. To make the
explanation of this model easier, it is broken damto four different sections. Please see

Figure I-1 for further clarification.

The first section calculates the temperature, presselative humidity and volume flow
rate of fresh air brought into the car by the blaw€&he fresh air intake depends on the
value of the recirculation signal source, labelle&igure I-1. The signal source curve is
specified by the user. The volumetric flow ratehed blower ranges from zero to 400
m°h. The user also specifies this signal souramtrespond to the experimental blower

volumetric rates.

The air mass flow rate of the blower, and consetjyéme air that flows over the
evaporator, is shown in Equation ( 1.1) below. Ti&del uses this equation to calculate
the mass flow rate of the fresh air intake. Thenar and air recirculation model also
uses this equation to calculate the relative hugaid temperature of the re-

circulated/fresh air mixture in the third section.

(1.1)

Tfl _ " z +x*100—z
b =Y * 00 100

In the equation above&,represents the mass flow rate of freshyaigpresents a cabin air
property and represents the recirculation percentage. Initeedart of the blower and
air recirculation model, the value pis zero. The reason for the inclusion of thealale
y, is because this equation is used in the thirtigdahe blower and air recirculation
model. The variablgis redundant in Equation ( 1.1). The sub-modeitaming the

function that performs this calculation is labellad~igure I-1.
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and temperature signal
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‘ source
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Feedback air .
density sensor i
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: User-specified recirculation
flow rate
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and temperature signal
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Engine temperature
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Figure I-1: Blower and Air Recirculation model as t appears within AMESim.
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The second stage of the model, simulates heatféraiosthe fresh air from the engine,
vehicle velocity at ambient air temperature, arsdlar radiation source. The air mixture
and plastic intake channels exchange heat viatamid convection sub-model. The
thermal mass for the plastic intake channels usB®mpylene material properties. An
external convection sub-model simulates the haasfer due to the vehicle velocity in
ambient air. An internal convection sub-model dates the heat transfer from the
engine to the external air intake, in an effontrionic the heat transfer process under the
vehicle hood. Table I-1 summarizes important patans for the second stage of the

blower and air recirculation model.

Table I-1: Parameters for the internal and externalconvection sub-models in the second stage.

PARAMETER VALUE UNIT NOTES

VEHICLE VELOCITY IN AMBIENT AIR

Convective heat exchange area 400000 ’mm None

Characteristic length of the heat exchange 10 mm oneN
Gain of forced heat convection coefficient 1 ---| None
Nugorceq = 0.037 - Re(08+02) . py033

Forced Nusselt number

0.67 - (Pr - Gr)%2>
Nugree = 0.68 + ( ( )

4/9
Free Nusselt number <1 + (0'322)9/16>
SOLAR RADIATION SOURCE
Heat Flow 90 W | None
ENGINE HEAT SOURCE
Convective heat exchange area 2000000  ?mm None
Charactistic length of heat exchange 5 mm None
Wall inclination angle 0 deg w.r.t. the horizontal

(0.67 - (Pr - Gr)°2%)

Nup,., = 0.68 +
Hree 0.492,%/16\*/°
1+ ( )

Free Nusselt number Pr

POLYPROPYLENE THERMAL MASS
Mass 10 kg None
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Moist air property sensors send the temperatureelatve humidity for re-circulated air
and fresh air to the third stage of the model. eH#re re-circulated/fresh air mixture
properties are calculated using the same form astieo ( 1.1). However, instead of
calculating the mass flow rate, the equation calesl the relative humidity and the
temperature of the fresh/re-circulated air mixtuféwe variabley represents the feedback
signal for the cabin air temperature and relativenidity. The variableg andz

represent the fresh air properties and recirculgtercentage, respectively.

Finally, the air properties are sent to the fosttge of the model. Similar to the method
used in the vent model (refer back to Section Bid)air is heated or cooled as it travels
from the blower to the evaporator. Table I-2 bekawnmarizes important parameters for

the internal and external convection sub-modelshfedast stage of this model.
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Table 1-2: Parameters for the internal and extern&convection sub-models in the fourth stage of the
blower sub-model

PARAMETER VALUE UNIT | NOTES
EXTERNAL CONVECTION
Convective heat exchange area 1.50E+06 2mm None
Characteristic length of heat exchange 50 mm None
Wall inclination angle 0 deg None
. . 0.25
Free Nusselt number Nufree = 0.68 + W
POLYPROPYLENE THERMAL MASS
Mass 5.07 kg | None
INTERNAL CONVECTION
Convective heat exchange area 1.50E+06 2mm None
Characteristic length of heat exchange 25 mm None
Cross-sectional area 2000 mm | None

w.r.t. the horizontal

wall inclination angle 0 deg for free convection

Gain of forced convection coefficient 1 None

Gain of free convection coefficient 1 None

Forced Nusselt number Nugyreeq = 0.037 - Re(©8402) . py-033

025

Free Nusselt number Nugree = 0.68 + W
MOIST AIR CHAMBER

Chamber volume 0.01 mm | None

Water production 0 g/h None
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APPENDIX J Cabin Cool-down (CCD) Test Cycle

The vehicle velocity is a controlled input paramete a function of the simulation time.
Since the compressor is mechanically connecteldet@mgine, it is proportional to the
engine revolutions per minute (RPM) and vehicleogiy. The pulley ratio for the
compressor is 1.277. The compressor revolutionsnpeute (RPM) map is a user-
controlled input as a piecewise signal source.s Timp corresponds to the experimental
compressor RPM map. Note from Figure J-1, thaetfext of changing gears on the
compressor RPM map is not included for this testiyge. This is a transient testing
cycle since the cabin air temperature is being oredsas a function of time, however
each vehicle and compressor RPM setting is confdaidng intervals.

DO - 4000

- 3500
_ 88 pmm | - 3000 =
= o
=R I N NN N N S - 2500 &
£ 5
> - 2000 @
§ /17 R USSR SSSSHN S [, N N— . 1500 GEJ_
o S
5o |.==velocity [km/h] . fF——1 . - 1000 3

——COmpressor Spee - 500

0 : 0
0 1800 3600 5400 7200 9000 10800
time [s]

Figure J-1: Vehicle velocity and compressor RPM majfor the cabin cool-down (CCD) test cycle.
The left ordinate axis corresponds to the vehicleelocity and the right ordinate axis
corresponds to the compressor RPM. This is a usepecified input curve, and does not
account for acceleration times, or fluctuation in ompressor RPM from gear changing.

There is a secondary control for the compressprdgent ice formation from moisture
condensing out of the cooled air. Once the aipinature entering the vents drops
below the minimum allowable value, set t6G2the compressor shuts off. Figure J-2
below highlights the two compressor controls.
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Figure J-2: compressor control for the CCD model.

Simulation of the vehicle velocity in the climatbamber occurs by blowing air over an
idle vehicle. The vehicle speeds for the Fiat expent differ slightly from the standard
vehicle speed schedule outlined by the test praeedlable J-1 below, displays the
standard and experimental interval times for tha-down cycle. For the first 7200
seconds the air conditioning is in 100% recircolatmode and in 100% fresh air mode
for the last 3600 seconds of the cycle.

Table J-1: Comparison of the vehicle speed interv@imes for the Fiat experiment and the standard

schedule.
Vehicle Speed Range [km/h] \ Standard Time [s] | Actual Time [s]
100% Recirculation
32 1800 1800
64 1800 1820
96 1800 1810
10 1800 1810
100% Fresh Air Mode
32 1800 1810
10 1800 1260

During the experimental test conducted at Fiagraor was made which influenced the
cool-down air temperature curve. This error ocediduring last two phases of the CCD
test, where the AC operates in fresh air modehdrexperiment conducted by Fiat the

switch from recirculation to fresh air mode did wotur at the second last cycle. Instead
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of making the switch from recirculation to fresh ai 7240 seconds, the operator made
the switch at 8660 seconds. This difference incthreduction of the experiment is

mimicked by the AC model for the CCD simulation

Previously described in Section 3.2.5, the impletagon of the AMESIm condenser
model allows for different ways of specifying thelacity and temperature data. For the
CCD test, velocity and temperature maps of the enser frontal area are inputted into
the reference condenser sub-model, HEATCONDREF120.

The blower inlet conditions, shown in Table J-2 deéned by the temperature, pressure,
relative humidity and mass flow rate of the inletaent air. The recirculation is set to
100% for 7260 seconds and 0% for the remainddreoCD test. The volumetric air
flow rate is set to the maximum capacity for thérerCCD test. The input is a
volumetric air flow rate which is converted intareass flow rate based on the density of

the incoming air.

Table J-2: Cabin Cool Down (CCD) inlet air conditims for the blower.

Parameter Value Constant or Variable
Temperature 43C Constant
Pressure 1.01 kPa Constant
Relative Humidity 30% Constant
Mass Flow rate 400 Th Constant

The vehicle test took place in a climatic contrdldhhamber, however the ambient
conditions vary slightly with respect to time. &ig J-3 displays the variation of the
ambient relative humidity for the experimental itr@gt This curve is an input to the
blower and air recirculation model using a pre-#xgssignal source within the AMESIim
library. This signal source is located in sectime of the blower and air recirculation

model shown previously in Figure I-1.
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Figure J-3: Relative humidity of the inlet air to the blower for the CCD test cycle.

The other user-specified inputs to the CCD moddlihe the vehicle speed, compressor

isentropic efficiency map and compressor volumaetdfiiciency map. The model uses

the vehicle speed signal in the cabin, referenoelenser and the blower and air

recirculation models. The isentropic and volumegfficiencies are defined by two-

dimensional ASCII file formats and are a functidritee compressor RPM.

Verification shows how closely the simulated CCBules match experimental data.

Measurement of the following parameters by Fiatrduthe CCD test allows for

verification of the simulation model:

* Low-pressure line entering the compressor

* High-pressure line exiting the compressor

* Inlet refrigerant temperature entering the condense

» Outlet refrigerant temperature exiting the condense

» Outlet refrigerant temperature exiting the evapmrat

» Air temperature exiting the vents

* Lumped average air temperature of the cabin

» Air temperature entering the evaporator
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Ideally, when creating a model, each componenteated and calibrated to experimental
data. This process is conducted by the suppliarm@jor automotive company.
Automotive companies use this experimental dataisselt the equivalent computer
model and conduct a series of simulations. Thiggss helps the automotive
manufacturer select the most suitable componeraisd helps to piece together a
simulation model from component level data to misystem level performance. This
system is not practical for the cabin model duth&ocomplex geometries of the vehicle
and the variety of materials that make up the Jehmterior. Thus a simplified cabin
model, previously discussed in Section 3.3 is eeand calibrated using the CCD test.

Calibrating the cabin model from a transient cyslaot necessarily the most accurate
method due to unknown material properties, geosgtwindow glazing and solar
radiation interaction, inertial thermal load of th@aked materials, and heat transfer
coefficients. Calibrating the parameters requinesy different steady-state tests, such
as cool-down tests with no solar load, occupamtsA@ operation, and full recirculation
mode. This would allow the engineer to tune spepidrameters related to each specific
steady-state test. This would result in an aceurabin model, however this method is
not practical in the automotive industry as theststare very expensive, and other
vehicle systems require the climatic chamber taloochhigher priority tests. For these
reasons the CCD test provides a cabin model thdtsyand is able to predict the
performance with minimal error. This test allowatFand any other automotive
company to calibrate the vehicle cabin model. Thisssential when determining if the
cabin temperature is within the comfortable rargetie passengers as well as modeling

the AC in recirculation mode.

The test also ensures that the calibration of t@espstem coupled with the cabin model.
Comparing the pressure and temperature of theyezémnt before the main AC
components ensures that the model accurately tetlee experimental measurements.
Comparing the air entering the evaporator and tepthe vents shows that the model is

accurately predicting the evaporator capacity.sTata is shown in Appendix K.
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APPENDIX K Cabin Cool-Down (CCD) Calibration

The calibrated parameters for the CCD test aréaflmving:

» Evaporator R134a outlet pressure

» Evaporator R134a outlet temperature

» Condenser R134a inlet pressure

» Condenser R134a inlet temperature

» Condenser R134a outlet temperature

* Vent air outlet temperature

» Recirculation air temperature (air entering thepewator inlet)

e Cabin cool-down curve

In an effort to describe the agreement betweerdhgutational results and
experimental data, two calculations are includethis section. The first calculation is
the average relative error between the simulatr@hthe experiment. Equation ( K.1)
below shows the calculation for the average ersherey andY correspond to the
simulation and experiment values at a specific titmeThis value is a dimensionless
number, but if the calculation is for a temperatem®r, the final value corresponds to the

temperature error.

. _ 1 t]y()-Y(t)
Average Relative Error = " fo | Y (K.1)

The second calculation is a measure of the agredméneen the computational results
and the experimental data in such a way that pesitnd negative errors cannot cancel
[42]. Itis a validation metric model proposed®@gerkampf et al. and is given by

Equation ( K.2) below.

—1-_1rt y()-Y(t)
V=1 tfotanh| Yo (K2)
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The choice of théanhfunction for the metric sets the value to be umityen perfect
agreement is attained and an exponential decreased zero for very poor agreement
of the computational results and the experimerdatd 42]. Figure K-1 shows how the
validation metric given by Equation ( K.2) variesafunction of constant values of the
relative error from Equation ( K.1). The validatimetric values for the calibration
parameters in this sub-section may not necessanhgspond to the curve outlined in
Figure K-1 because the average relative errorlaitzed rather than just the absolute
value of the relative error.

0.8 Ny

06 ——— — : B

04 b, %

Validation Metric, vV
/_r"'

0.2 | J =

0 0.5 1 1.5 2

wx)— Yix)

Relative Error, -
Yix)

Figure K-1: Relationship between a constant vakifor the relative error and the corresponding
validation metric value. This curve is calculatecased on Equation ( K.2) [42].

172



pressure [bard|
o

Figure K-2:

el el S I S TR SR N CA B

o T e I o T T v T Y R R WY

Temperature |* C]

Figure K-3:

Evaporator R134a outlet pressure

calibration
—Rl134a Pm"-ap orator

——R134a Pevaporator
outlet [barA] sim

1720 3440 5160 6880 8600 10320
simulation time [s]

Calibration curve for the refrigerant pressure at the evaporator outlet. While
operating in recirculation mode, the model predictghe pressure with acceptable
accuracy, however at the switch from recirculatiorto fresh air mode there is a large
deviation from the experimental data. The averageelative error and the validation
metric values are located in Table K-1.

Evaporator R134a outlet
temperature calibration

— Ri34a Teéa.p_ﬂramr
outlet [degC] exp

— R134a Tevaporator
outlet [desC] sim

1720 34490 5160 6880 500 10320

simulation time [5]

Calibration curve for the refrigerant temperature at the evaporator outlet. The
simulation does not do a good job predicting the ske in the refrigerant temperature
when the AC system is switch from recirculation tdresh air mode. The average
relative error and the validation metric values arelocated in Table K-1.
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Condenser R134a inlet pressure

calibration
35 - _ )
30
< 25
=
= 2
L=
{ -
: Is ——— 1344 Peonidenser
E 10 inlet [harA] exp
5 .—R1343_Pcnmi{_tnaﬂ
a inlet [barA] sim
0 1720 3440 5160 6880 8600 10320

simulation time |[s]

Figure K-4: Calibration curve for the refrigerant pressure at the condenser inlet. The average
relative error and the validation metric values arelocated in Table K-1.

Condenser R134a inlet temperature
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Figure K-5:  Calibration curve for the refrigerant temperature at the condenser inlet. There is a
significant difference for the refrigerant temperature entering the condenser.
However, this difference remains relatively constainover the entire test time. The
average relative error and the validation metric vdues are located in Table K-1.
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Condenser R134a outlet
temperature calibration
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Figure K-6: Calibration curve for the refrigerant temperature at the condenser outlet. The
average relative error and the validation metric vdues are located in Table K-1.

Vent air outlet temperature
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Figure K-7: Calibration curve for the air temperature at the outlet of the vents. This is the
temperature of the air that enters the cabin from he HVAC system. The average
relative error and the validation metric values arelocated in Table K-1.
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Recirc air temperature calibration
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Figure K-8: Calibration curve for the air recirc ulation temperature that enters into the blower
sub-model. It is important that the model correcty predicts this value correctly to

ensure the model’s ability to handle AC operationn recirculation mode. The average
relative error and the validation metric values arelocated in Table K-1.

Cabin cool-down curve calibration
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Figure K-9: Calibration curve for the cabin air temperature. The simulation shows good
agreement with the experimental results. There isome slight deviation in the air
temperature while the AC is operating in fresh airmode. The average relative error
and the validation metric values are located in Tale K-1.
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Table K-1: Values for the relative error and validation metric for the cabin cool-down test
calibration. These values in the table correspontb the results shown from Figure K-2 to
Figure K-9, respectively.

CALIBRATED PARAMETER AVERAGE ERROR [%] VALIDATION METRIC
Evaporator R134a outlet pressure 0.227 0.9394
Evaporator R134a outlet temperature 2.27 0.6311
Condenser R134a inlet pressure 1.20 0.946
Condenser R134a inlet temperature 233 0.758
Condenser R134a outlet temperature 3.19 0.944
Vent air outlet temperature 1.19 0.898
Recirc air temperature 1.4 0.97
cabin cool-down curve 0.589 0.979

With the CCD test, the most important calibrati@mgmeter is the cabin cool-down
curve. From the curve in Figure K-9 as well asdherage error and validation metric
values from Table K-1 the AC model predicts thikieavithin an acceptable level. The
simulation underpedicts the cabin air temperaturdewoperating in fresh air mode, from
the time interval 8665 to 10320 seconds. Thisraran be attributed to the model’s error
in modeling the thermal mass of all the internahponents of the cabin. By increasing
the thermal mass of the cabin model, the amouimesfial heat released by these
internal components will increase, thus increadivegcabin air temperature. However,
increasing this value too much will result in aadaurate prediction of the initial stages
of the cabin air temperature. The air temperatuitng the vents sub-model and the
recirculation air temperature also have low erugs, with high validation metric
values. This indicates that the simulation predike experimental data within a
acceptable accuracy and there is a general agrébdetgreen the simulation and

experimental values.

The CCD results show that the model predicts thregerant condenser inlet temperature
with very poor accuracy. The average error betwikersimulation and the experiment is
23.3 degC. This will significantly affect the ermwith the condenser capacity, however
it does not change the other calibrated temperatamd pressures.
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Another important calibration parameter is theigefrant pressure at the evaporator
outlet. From the literature, the suction line prge significantly affects the compressor
power consumption. A larger pressure drop meamsdimpressor will have to work
harder to compress the liquid and reach the redyligaid line pressure. The results
from Figure F-5 and the error results from Tabl2 iBdicate that the AC model predicts

this value within with acceptable accuracy.
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APPENDIX L Condenser Heat Transfer Analysis

The condenser sub-model in AMESIm requires theiBpation of the condenser type
and size. With this information the condenser swdalel calculates the heat transfer rate
and the outlet temperatures of the air and refaigier Since the outlet temperatures are
not known, there exists a simple method to caleuta¢ heat exchanger performance.
This method is known as the Number of Transfer &Jmiethod, or more commonly, the

effectiveness-NTU method.

To calculate the heat transfer, the NTU-method irequhe definition of a dimensionless

parameter called the heat transfer effectiversgsiefined in Equation ( L.1) below.

Q Actual heat transfer rate (L.2)

8 = = ==
Qmax Maximum possible heat transfer rate

The actual heat transfer rate is defined by Eqodtio2). The variables fand G
represent the heat capacity rate of the air angyeslnt, which are determined by

Equation ( L.3). In Equation ( L.3), the varialojgis the constant pressure specific heat.

Q = Ca(Ta,out - Ta,in) = Cref (Tref,out - Tref,in) (L.2)

Cq = macp,a ) Cref = mrefcp,ref (L.3)

Equation ( L.2) and Equation ( L.3) presents a wemnyortant concept with respect to the
heat transfer process between the two fluids. flline with the smaller heat capacity
rate will experience a larger temperature change tlaus it will be the first to experience
the maximum temperature, at which point the heatstier will come to a halt [25].
Therefore, the maximum possible heat transferinaéeheat exchanger is given by
Equation ( L.4), below. The heat transfer wittstequation assumes a heat exchanger

efficiency of 100% or an effectiveness of 100%.

(L.4)
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Qmax = min(Th,in - Tc,in)

The actual heat transfer rate is determined by aumdpEquation ( L.1) and Equation (
L.4). Therefore, the knowledge of the heat exckaedfectiveness enables the
determination of the actual heat transfer ratee &ffiectiveness is a function of the
geometry of the heat exchanger, as well as the filatir of the refrigerant through the
heat exchanger. A dimensionless quantity callechtimber of transfer units (NTU)
allows for effectiveness relations of the heat exajer for certain capacity ratios. The
NTU and capacity ratio are given by Equation ( laByl Equation ( L.6). With these two
dimensionless parameters, the effectiveness isndieted from charts previously
established for specific heat exchanger geometries.

UAs UAs (L.5)

Cimin ) (mcp)min

NTU =

c= Cmin (L.6)

Cm ax
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APPENDIX M Evaporator Discretization

There is always a balance between the desiredamcof the simulation and the time
required to complete the calculation. In most sadeere is a trade-off between these
two desirable outputs from a simulation. The @&igvaporator model used to calibrate
the AC system with the Cabin Cool-down (CCD) teagized four degrees of
discretization for each pass. Recall that theed@uir passes for the evaporator in the
present thesis. This degree of discretizatioridddnger simulation times, thus an
investigation was conducted to see if the evaporatwlel could be simplified without

sacrificing the model accuracy.

This investigation compares the evaporator capacitythe temperature of the air
exiting the evaporator to the original calibrateddal with four degrees of discretization.
Similar to the naming convention for the IHX didezation degree study, Section 4.1,
three other models with three, two then one diszaBbn degree(s) are compared with
the names 3mass, 2mass and 1mass, respectivedyevaporator is calibrated based on
seven operating points outlined in Table M-1 belovhe refrigerant exiting pressure and
specific enthalpy are kept constant at 3.6 barA408157 kg/m for all of the operating
points.

Table M-1: Operating conditions for the AMESim evgorator degree of discretization comparison.
These operating points are used in the calibrationf the evaporator model.

Air Mass Flow | Refrigerant Mass | Refrigerant Refrigerant Inlet
Rate [kg/s] Flow Rate [kg/h] Inlet Quality Pressure [barA]
200 110.24 0.43 4.152
250 129.69 0.42 4.325
300 150.77 0.41 4.54
350 168.6 0.4 4.74
400 181.57 0.4 4.9
450 192.92 0.39 5.05
500 204.27 0.38 5.2

Figure M-1 and Figure M-2 display the results & tomparison to the 4mass evaporator
model. Recall that the percent difference betwberlHX configurations is calculated

using the results from the 4mass model as thedmsparison. The percent difference
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calculation is given by Equation ( M.1) below, whdhe variabl€&enrepresents any
possible general variable comparison.

. _ Gen4mass - Genithmass % (Ml)
% Dif ference = Geny 100
0.6 . 31
S \ S
‘%‘ 05 § § §: y m3mass | 5 %‘
§ § % % Z ¥ 2mass §
£, 04 ¥\ /. 29 £
-E @ % % % % N 1mass -E
2% 0s | \ VR s § 8
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Figure M-1: Comparison of the evaporator capacity 6the 3mass, 2mass and 1mass evaporator
models to the 4mass model. The comparison is baseulthe percent difference from
the 4mass model. The left ordinate axis corresposdo the 2mass and 3mass results.
The right ordinate axis corresponds to the 1mass seilts.
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Figure M-2: Comparison of the air outlet temperature of the 3mass, 2mass and 1mass evaporator
models to the 4mass model. The comparison is basenl the percent difference from
the 4mass model. The left ordinate axis corresposdo the 2mass and 3mass results.
The right ordinate axis corresponds to the 1mass seilts.

The results from Figure M-1 and Figure M-2 showt tiath the 3mass and 2mass
models yield an evaporator capacity and air oteleiperature that are within 1% of the
4mass model. The error associated with the 1masielns very large showing that this
degree of discretization is too small. The averagailation time of all the operating

points for each model is shown in Table M-2 below.

Table M-2: Simulation time for all of the discretized evaporator models. This highlights the
relationship between the increasing complexity of anodel and the increasing simulation

time.
Model Simulation Time (seconds)
4mass 30.1
3mass 23
2mass 18
Imass 15.3
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From Table M-2, it is clear that as the degreeisérétization increases, the simulation
time increases. The times are small because balgwaporator model is considered in
this sub-section. When this model is introduced the full AC loop, the effect of the
extra discretization is compounded. An examplé balincluded in Section 4.6.1, to
highlight this effect.

Based on the results of this investigation, the s3maodel is implemented for the steady-
state and transient tests in the following sectiofisis degree of discretization offers
performance that is within 1% of the 4mass modéhwaisimulation time reduction of
40%.
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APPENDIX N Internal Heat Exchanger Length

N.1  Effect of Internal Heat Exchanger (IHX) LenfithComponent Level Testing
The IHX is a trade-off between the benefit of tdditional heat transfer from the HP to
the LP line and the detriment due to increased@ubihe pressure drop. This
component level simulation investigates the IHXgénthat provides the best heat
transfer to IHX suction side pressure drop rafibis ratio was previously shown in
Equation ( 2.4) as the component level Absolutéckeificy Ratio. This allows for a
comparison of different IHX types and geometriesaorormalized basis. Figure N-1

below shows the heat transferred by the IHX wipezt to IHX length.

IHX capacity vs. IHX length
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Figure N-1: IHX capacity vs. length for componentevel simulations at five different loading
conditions.

As the IHX length increases so does the amouneaf transferred from the HP to LP
side. However, the heat transfer is a decreasingtibn with the IHX length. That is to
say that increasing the IHX length leads to dintiatsincreases in the corresponding
heat transfer capability. The Low Load conditiamsfers the least amount of heat,
rendering the impact of an IHX on the AC systemtfas operating condition to be

negligible. Low Load is equivalent to the use nfA&C system for cooler ambient
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conditions, while it is not in idle condition. Tleéfect of ambient conditions is explored

in further detail in Section 4.2.4.

Figure N-2 below shows the pressure drop on theitl® as a function of increasing the
IHX length. From Figure N-2 there is a linear telaship between the LP pressure drop
and the IHX length. This is an expected result tude direct linear relationship
between the pressure drop along a pipe and thdemgéh. For further clarification,

refer back to Equation ( 2.1). The pressure dsggguivalent for the idling conditions
since the mass flow rate is the same for both dipgraoints. The parameters of the
IHX experimental tests conducted by the OEM arenshim Appendix C.

Suction line (LP) pressure drop vs. IHX length
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Figure N-2: IHX LP pressure drop vs. length for @mponent level simulations at five different
loading conditions

Another point of interest for Figure N-2 is therieased pressure drop with increasing
load as evidenced by the increased line slope et increase in load demand. From
Figure N-1 the IHX capacity increases with IHX I&mg@nd load condition and from
Figure N-2 the suction line pressure drop increastsincreasing IHX length and load
condition. This is because the high load condgicorrespond with increased
compressor speeds and refrigerant mass flow réteseasing the mass flow rate

corresponds to increased heat transfer and inatgaessure drop. For the IHX to have
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a positive impact, the increase in heat transfestrna greater than the relative increase

in the suction side pressure drop.

Liquid line (HP) pressure drop vs. IHX length

6
E 5 Bt
8— 4 QR
S —
o 3
2 0
g 2 e
E B 7771L77//,"(7777777777{.‘
e 1 A - |
0+ —— —— +- —— —
500 600 700 800 900 1000
IHX Length [mm]
=o—low load -#=idle idle Il =>¢=highload =#=high load Il

Figure N-3: IHX HP pressure drop vs. length for omponent level simulations at five different
loading conditions

Figure N-3 above, displays the HP pressure drapfaaction of increasing IHX length.
This parameter does not significantly influence A& power consumption; however, it
is interesting to note the pressure drop differéreteveen the IHX liquid and suction
sides due to the two different refrigerant phasesgnt in the two lines. Specifically,
that the suction line pressure drop is approxingatelible the magnitude of the liquid
line pressure drop. The liquid side pressure degpires consideration to ensure that
none of the sub-cooled refrigerant vaporizes befotering the thermal expansion valve
(TXV). The TXV is not able to operate properly wgas present in the refrigerant due
to its compressibility, which will affect the press drop across the TXV.

From these simulations, only three parametersimfllience the pressure drop

differences between the liquid and suction sidesrefrigerant density, pipe diameter
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and friction factor. The liquid side refrigerardrsity and pipe diameter values are both
larger than the suction side, which leaves the orilyencing parameter to be the friction
factor. From Equation ( F.8), representing therChill correlation for the friction

factor, the only influencing parameter is the Rdgiamumber, (Re). Finally, from
Equation ( 2.7) describing the Reynolds numberetien significant difference between
the absolute viscosities of the two refrigerantesta As an example, for the High Load
operating point, the liquid and suction densit@pe diameters and absolute viscosities
are shown in Table N-1 below. The densities arsblaibe viscosities are averaged

between the inlet and exit values for the HP andides.

Table N-1: Table showing the liquid and suction desities, pipe diameters and absolute viscosities for
the liquid (high pressure) side and suction (low pgssure) side of the internal heat

exchanger
LIQUID SIDE

PARAMETER INLET OUTLET UNITS
Density 1105.1 1145.7 kg/m3
Pipe Diameter 2.05 mm
Dynamic Viscosity 1.43E-04 1.61E-04 kg/m-s
Re 14082.5 12907.5

SUCTION SIDE

Density 146 131 kg/m3
Pipe Diameter 9.3 mm
Dynamic Viscosity 1.12 1.18 kg/m-s
Re 440158 422523

The key parameter from Table N-1 is the Reynoldslmer. The suction side Reynolds
number is significantly higher than the liquid siteading to a much higher friction
factor, explained by the Churchill correlation iguation ( F.8).

Figure N-4 below shows the absolute efficiencyoras a function of IHX length. From
Figure N-4, the efficiency of the IHX is highestidie and high load conditions. The
efficiency is very low for low load AC conditiongzrom Figure N-4 an IHX length of
700mm or more negligibly changes the absoluteiefiy ratio. It is difficult to see the

relative change of the Absolute Efficiency Ratidlzes IHX length changes. Therefore,
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the percent difference is displayed in Figure Nvbich shows the percent difference of

the IHX absolute efficiency ratios using the 900X as the baseline for the

comparison.
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Figure N-4:

Absolute Efficiency Ratio vs. IHX length
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IHX Absolute Efficiency Ratio vs. lemyth for component level simulations at five

different loading conditions

From Figure N-5, as the IHX length increases p@6nmm, the increased benefits

become negligible. After 800mm, increasing the lldXgth yields little benefits in
terms of the Absolute Efficiency Ratio, relativetb@ baseline 900mm IHX. The

equation for the percent difference calculationfmure N-5 is given in Equation ( N.1)

below.

% Dif ference =

AER. @ IHX|engtn—AE.R. @ IHX900mm
AER. @ IHX900mm

%100 (N.1)
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Absolute Efficiency Ratio comparison using 900mm
IHX as baseline
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Figure N-5: Absolute Efficiency Ratio percent diference vs. IHX length for component level
simulations at five different loading conditions. 900mm IHX is the baseline for the
comparisons

From the results of component level testing of Feg-5, the steady-state AC and
transient tests will also study the effect of aiXWith lengths of 500mm and 700mm.
There is no experimental data available for thebélengths, however the model is
already calibrated for the 900mm IHX length. Thegwse is to understand how
changing the IHX length, with the same calibratedrgetries, will affect the system
performance. A shorter IHX length that provides ame improvement in system
performance, will make packaging and implementagiasier for automotive

manufacturers.

N.2  Effect of Internal Heat Exchanger Length fost8gn Level Testing

This section investigates the effect of the IHXg#mon the AC system level
performance. Only the IHXa configuration is corse&tl for this investigation, because
based on the desired requirements of reduced cesgrpower consumption in the
present thesis, IHXa outperformed IHXb. Firstévaporator capacity ratio is plotted
against the compressor power ratio. This servesvésual aid to see the benefit of

increased evaporator capacity to the drawbackaréased compressor power
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consumption. Second, the variation in compressahdrge temperature for the three
IHX lengths for the eleven operating points fronblEa3-4.

Evaporator ratio as a function of compressor
power ratio for steady state
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Figure N-6: Evaporator capacity ratio vs. compresor power ratio for different IHX lengths. The

points correspond to the steady-state operating cditions from Table 3-4 in Section
3.7.2.

Figure N-6 displays the system response of theaasqr capacity relative to the
compressor power consumption due to the introdaafaan IHX. The ideal scenario
from the introduction of an IHX is increased evaior capacity with decreased
compressor power consumption. The results fromr€i§N-6 display that the
compressor power consumption increases with ingrga@&vaporator capacity.
Increasing the IHX length leads to decreased cossprgpower consumption, with
similar evaporator capacity magnitudes.

The points with a low compressor power ratio avd éwvaporator capacity ratio
correspond to the operating conditions witi@&ambient temperature at 2500 and 4000
RPMs. The points in the top right hand cornerigtife N-6, with high compressor
power and evaporator capacity ratios corresportdg@perating condition of

45/25/6000. For the rest of the steady-state dipgraonditions, the compressor power

191



consumption remains relatively unchanged comparekle increase in the evaporator
capacity.

Figure N-7 displays the compressor discharge teatyer difference for the three
different IHX lengths. For this figure, the AC g9 without an IHX is used as the base
comparison. As the IHX length increases, the disgh temperature increases. Also,
increased compressor speeds drastically increlasesfrigerant discharge temperature.
An exception to this case is the operating poitd@8000, however, the internal valve
engages during this test so the compressor ispeyatng at maximum displacement.
The magnitude of the increasing refrigerant tenmpeeavith increasing compressor
speeds is influenced by the ambient air temperature

Compressor Discharge Temperature

g B B 500mm

700mm

B 900mm

TcompyoutDiﬁerence PC]

Temp [degC] / Rel. Hum. [%] / Comp. Speed [RPM]

Figure N-7: Effect of IHX length on compressor dicharge temperature for an IHXa AC
configuration. The compressor discharge temperatwe of an AC system without an
IHX is subtracted from the discharge temperature ofthe IHXa configuration. With
increasing IHX length the compressor discharge tengrature increases. This effect
stacks as the ambient air temperature increases.

The next six figures, Figure N-8, Figure N-9, FiggiN-10, Figure N-11, Figure N-12,
and Figure N-13 will investigate the evaporatorazty, compressor power

consumption, COP, suction line pressure drop asdlate efficiency ratio (A.E.R.).
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Figure N-8 shows a plot of the evaporator capdottylifferent compressor speeds as a
function of the IHX length. For the three highentgpressor RPM cases, there are
diminishing returns as the IHX length is increas€dr the low loading condition, there

is a weak linear relationship between the evaporcatpacity and the IHX length.

Evaporator capacity vs. IHX length for 45°C & 25% RH
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Figure N-8: Effect of the internal heat exchange(IHX) length on evaporator capacity for an IHXa
configuration. An air conditioning system withoutan IHX is used as the baseline
comparison. With increasing IHX length and compresor speed the IHXa evaporator
capacity increases.

From Figure N-9 the compressor power consumptioreases for all of the operating
conditions due to the introduction of an IHX. Ir@stingly, there is a slight decrease as
the IHX length increases. This relationship isdpgosite from the expected result. As
the IHX length increases, it will increase the steat of the refrigerant entering the
compressor. Increasing the superheat, decreasesftigerant density and consequently

the amount of refrigerant the compressor is abliigplace per revolution.
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Compressor power vs. IHX length for 458C & 25% RH
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Figure N-9:  Effect of the internal heat exchange(IHX) length on compressor power consumption
for an IHXa configuration. An air conditioning system without an IHX is used as the
baseline comparison. With increasing IHX length, lte compressor power
consumption decreases slightly. As the compressgpeed increases the power
consumption increases.

Figure N-10 displays the COP as a function of IleKdth for different compressor
speeds. Figure N-10 demonstrates that increalsentHX length increases the AC
system COP. There is a linear relationship betvieersystem COP and the IHX length.
The system is most efficient for a compressor spé@H00 RPM and least efficient at
900 RPM. At an IHX of 500mm, the cases 45/25/48080 45/25/6000 have low COP
values due to the high compressor power consumpiative to the evaporator capacity.
The results from Figure N-10 indicate that incregghe IHX length does not correspond
with diminishing system efficiency. From this r@laly small IHX length sample size,
there is no saturation point showing an optimal lleXgth.
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COP vs. IHX length for 45°C & 25% RH
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Figure N-10: Effect of the internal heat exchangr (IHX) length on the air conditioning (AC)
coefficient of performance (COP) for an IHXa configiration. An air conditioning
system without an IHX is used as the baseline compson. With increasing IHX
length the COP increases.

Figure N-11 and Figure N-12 show the suction lirespure drop and refrigerant mass
flow rate as a function of the IHX length for difést compressor speeds. The results
from the steady-state simulations do not followekpected pressure drop relationship
with the IHX length. The suction line pressuremravhich spans from the evaporator
inlet to the compressor inlet, decreases with eirey IHX length. For the operating
point 45/25/900 there is a saturation point an leixgth of 700mm, after which, the

there is a slight pressure drop increase for tlder®0 length. The pressure drop decrease
from the baseline AC system without an IHX is muich the higher compressor speed

operating points

The unexpected result for the suction line presdusp can be explained by the
refrigerant mass flow rates from Figure N-12. Tékeigerant mass flow rate decreases
with increasing IHX length. The decrease is duth&increased cooling capacity of the
AC system with the IHX, recall the results from g N-8 as well as Figure 4-22 from
Section 4.2.3. The higher compressor speed opgrptiints experience a significant

decrease in the mass flow rate compared to thdR®0 case. From Equation ( 2.1) in
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Chapter 2, the pressure drop is proportional testhare of the fluid velocity. Therefore
the effect of the lower refrigerant mass flow rafuences the suction line pressure drop

greater than the increase in the IHX length.

Suction line pressure vs. IHX length for 45°C & 25% RH
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Figure N-11: Effect of the internal heat exchangr (IHX) length on the suction line pressure drop
for an IHXa configuration. An air conditioning system without an IHX is used as the
baseline comparison. With increasing IHX length tle suction line pressure drop
decreases.

Refrigerant mass flow rate vs. IHX length for 45°C

& 25% RH
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Figure N-12: Effect of the internal heat exchange(IHX) length on the refrigerant mass flow rate for
an IHXa configuration. An air conditioning systemwithout an IHX is used as the
baseline comparison. The refrigerant mass flow rat directly affects the results for the
suction line pressure drop in Figure N-11.
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Figure N-13 shows the system level absolute effyeratio (A.E.R.) as a function of
IHX length for different compressor speeds. Thagpears to be a weak decreasing
guadratic relationship between the A.E.R. and ith¢ length, however a linear
relationship seems more realistic. The 900 RPMeagpces little change with
increasing IHX length. This result can be attrdslito the low evaporator capacity from

Figure N-8 and the high suction line pressure drom Figure N-11.

Absolute Efficiency Ratio vs. IHX
length for 45°C & 25% RH
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Figure N-13: Effect of the internal heat exchange(IHX) length on the system level absolute
efficiency ratio (A.E.R.) for an IHXa configuration. An air conditioning system without
an IHX is used as the baseline comparison. With aneasing IHX length and
compressor speed the system A.E.R. increases.

The folling four figures, Figure N-14, Figure N-1&gure N-16, and Figure N-17

display the evaporator capacity, compressor poatey,rsuction line pressure drop and
refrigerant mass flow rate for steady-state openatiith ambient air at 2& and 80%

RH. These four figures serve to highlight the A&fprmance under different ambient

air conditions. They reinforce the relationshipween the suction line pressure drop and
the refrigerant mass flow rate for different opergiconditions previously shown for
Figure N-11 and Figure N-12.

The internal compressor control is engaged fotwteoperating points 25/80/2500 and
25/80/4000. The reason for this occurring for ¢hiego operating points has been
previously discussed in Section 4.2.2. The redwodaimetric displacement for these
operating points significantly affects the evaporatapacity. In Figure N-8 the
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evaporator capacity increased with increasing cesgar speed, however this is not the

case in Figure N-14.

Evaporator capacity vs. IHX length for 25°C & 80% RH

X 04 o . 1

g 02

S 00

;E’ 0.2

a8 -04

T 06 Soe—

Q

S 08 —

Q

a  -1.0 .
500 700 900

IHX Length (mm)

—4—25/80/900
=-25/80/2500
25/80/4000

Figure N-14: Effect of the internal heat exchange(IHX) length on evaporator capacity for an IHXa
configuration. An air conditioning system withoutan IHX is used as the baseline
comparison. The engagement of the internal comprssr valve control changes the
evaporator capacity response pattern previously shwan in Figure N-8.

The engagement of the internal control valve asal$ to decreased compressor power

consumption as seen in Figure N-15. This res@ksected since the compressor is not

operating to its full capacity. The results inUHig N-16 and Figure N-17 display the

relationship between the suction line pressure drapthe refrigerant mass flow rate. A

smaller refrigerant mass flow rate correspondssmaller suction line pressure drop.
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Compressor power ratio vs. IHX length for 25°C

& 80% RH
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Figure N-15: Effect of the internal heat exchange(IHX) length on compressor power consumption
for an IHXa configuration. An air conditioning system without an IHX is used as the
baseline comparison. With increasing IHX length,lhte compressor power consumption
decreases slightly. The engagement of the internempressor valve control changes
the power consumption response pattern previouslyh®wn in Figure N-9.

Suction line pressure vs. IHX length for 25°C &

80% RH
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Figure N-16: Effect of the internal heat exchange(IHX) length on the suction line pressure drop for
an IHXa configuration. An air conditioning systemwithout an IHX is used as the
baseline comparison.
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Refrigerant mass flow rate vs. IHX length for 25°C
& 25% RH
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Figure N-17: Effect of the internal heat exchange(IHX) length on the refrigerant mass flow rate for
an IHXa configuration. An air conditioning systemwithout an IHX is used as the
baseline comparison. The refrigerant mass flow rat directly affects the results for the
suction line pressure drop in Figure N-16.

This section outlines the benefits and drawbackearéasing the IHX length. One
parameter that is not considered is the effech@increased IHX length on packaging
constraints. This issue is unique to every velitd utilizes the IHX technology in its
HVAC system.

Increasing the IHX length increases the compredischarger temperature, evaporator
capacity, COP and system level A.E.R. The comprgsswer consumption, suction
line pressure drop and refrigerant mass flow ratgehse with increasing length as well.
For all three of the lengths investigated, it appélat increasing the IHX length further
will continue to improve the AC system performanddie 900mm IHX outperforms the
500mm and 700mm lengths.
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