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In this study, we propose a tribo-dynamic model of slipper bearings in axial piston pumps
and motors. We construct a unified model that considers the interaction between tribolog-
ical behavior and dynamic performance. A niche genetic algorithm method is used to solve
the model. The effects of cylinder speed, loading pressure, and oil viscosity on the behavior
of the slipper are outlined. A test bench is established for the measurement of the slipper
film thickness. We demonstrate that the elastic deformation, wearing profile, and hydrody-
namic effect should be considered in the model. A high loading pressure and low speed
with low viscosity will result in a low film thickness and severe tilting.

� 2014 Elsevier Inc. All rights reserved.
1. Introduction

Slipper bearings are essential design elements in axial piston pumps and motors, especially to meet the demand for
higher efficiency and higher power density [1]. The tribological behavior of the slipper–swashplate interface is complex.
Numerous motions and forces have a combined impact on the slippers. Both the tribological and dynamic behaviors have
important effects on the lubrication characteristics.

This study focuses on the effects of the operating conditions on the lubrication behaviors of slipper bearings. Much
research has been conducted in this field, where studies have typically focused on either the dynamic model or the tribolog-
ical model, whereas the other model was evaluated using mathematical coefficients or equations. Koc [2–4] analyzed the
effects of the orifice size, offset, and overclamp ratio on the lubrication of slipper bearings based on experimental research,
where the measurement of the oil film thickness was discontinuous. Yamaguchi [5,6] presented a compliant model of the
motions and forces on the slipper, which was analyzed experimentally and theoretically. Hooke and Li [7,8] concluded that
the profile at the bottom is an important factor in hydrodynamic bearing based on an analysis of three types of profiles.
Experimental results were obtained with different centrifugal loads using the same operating conditions. Ivantysynova
[9,10] built a slipper-swash plate model that considered the wear of the slipper and the swash plate. The model could cal-
culate the solid body pressure deformation, which was fixed in this case. Canbulut [11,12] used artificial neural networks to
analyze the performance of slipper bearings, which included experimental results and a consideration of the elastohydro-
static problem. Manring [13] experimentally investigated the performance of slippers using different assumed socket geom-
etries at low speed. The results showed that the leakage and capacity were affected by elastic deformation. Nie [14] built a
wearing test system for hydrostatic slipper bearings to investigate the frictional properties of various materials. The reaction
forces of the bearing in a water hydraulic axial piston motor were investigated without measuring the film thickness.
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List of symbols

As area of the slipper bottom (mm2)
dp diameter of the piston chamber (mm)
Fd shared friction force of the oil film (N)
FN oil pressure force of piston chamber (N)
Ffit fitness of the individual (–)
hp wear height on the point B of slipper (lm)
hm elastic deformation (lm)
h oil film thickness (lm)
ho central film thickness (lm)
hmin minimum film thickness (lm)
lh distance between the slipper bottom and the ball center (mm)
lg length between the slipper center of mass and the ball center (mm)
Mf moment of the oil film (N m)
Mq simplified overturning moment (N m)
Md shared friction moment of the oil film (N m)
ms mass of the slipper (kg)
N size of the population (–)
n rotation speed of cylinder (r min�1)
p pressure at an arbitrary point (Pa)
pp piston chamber pressure (Pa)
ps pocket pressure (Pa)
Pi position of sorting (–)
Qin inlet flow rate (L min�1)
Qout outlet flow rate (L min�1)
Rcp radius of the pitch circle (mm)
r radius of the point B of slipper (mm)
Ri inner radius of the sealing belt (mm)
Re outer radius of the sealing belt (mm)
Wfz carrying force of oil film (N)
z pressure-viscosity index
a tilting angle (�)
b angle of the swash plate (�)
/ directional angle of point B on the slipper (�)
u directional angle of the slipper on the swash plate (�)
g viscosity of oil (Pa s)
g0 viscosity at ambient pressure
h directional angle of point B on the slipper (�)
xs angular rate of the spin (rad s�1)
x angular rate of cylinder (rad s�1)
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Bergada [15] investigated the hydrodynamic behavior of a slipper with grooves. Analytical, experimental, and CFD methods
were used in their study. The niche genetic algorithm (NGA) method was introduced for the calculation of slipper lubrication
performance by Liu [16]. The slipper characteristics in a steady state condition were reported.

A unified tribo-dynamic model that considers the interaction between tribological behavior and dynamical performance
is introduced in a simulation of slipper bearings in the present study. The tribo-dynamic model has been used most fre-
quently in studies of multi-body dynamics [17–20]. Recently, this model was introduced into a simulation of gear pairs.
De la Cruz [21] built a tribo-dynamic model of gears as a part of a full model to study mixed thermo-elasto hydrodynamic
lubrication in multi-speed transmissions. The essence and the universality of the model were not expounded in detail. De la
Cruz [22] also used a transient tribo-dynamic model that considered the thermo-elastic effect in their study of compliant
piston skirts.

In the present study, a tribo-dynamic model is produced that considers the fluid–solid coupling to accurately describe the
behavior of slippers. The behavior of the slipper is affected by factors such as the pressure field, slipper profile, the nonuni-
form gap between the slipper and the swash plate, external forces and motions, and elastic deformation. These factors can be
divided into tribological and dynamical components, b many parameters participate in the interactive computation between
these two parts. The model is solved using the NGA method. A test bench is built for the slipper oil film. The effects of
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cylinder speed, loading pressure, and the viscosity of oil on the slipper are studied. The characteristics of the oil film are eval-
uated, such as the central thickness, minimum film thickness, tilting angle, and pressure field. The tribo-dynamic approach
used in this study is based on previous research, but the novel aspect of our study is the integration of NGA optimization.

2. Theory

In the tribo-dynamic model shown in Fig. 1, the slipper profile influences the pressure field, which is also affected by the
squeezing effect of the slipper. The pressure distribution results in a change in the gap between the slipper and the swash
plate. The external forces and motions provide boundary conditions for calculating the pressure and they produce hydraulic
forces on the outside of the slipper. Both the contact forces coming from the slipper bearing and the elastic deformation of
the slipper affect the film shape. The wearing profile caused by the tilting contact also changes the film thickness. A coupled
simulation that includes these interaction effects is needed for the model.

2.1. Tribological submodel

The slipper is supported by the fluid film in the nonuniform gap between the slipper bottom and the swash plate. The film
pressure is generated by the pocket pressure and the hydrodynamic effect. A cylindrical coordinate system is used in the
tribological submodel, which is based on the Reynolds equation.

Fig. 2 shows the tilting state description of the slipper oil film. When the slipper is tilted, the oil film at arbitrary point B
(r,h) can be described by the tilting angle a, the directional angle /, and the central film thickness ho:
h ¼ ho þ ar cosðh� /Þ þ hp þ hm; Ri 6 r 6 Re; ð1Þ
where hp is the wear height on point B of the slipper. The wearing profile data were determined experimentally and the
arc shape of the sealing belt was described by fitting an equation. hm is the elastic deformation obtained by a finite element
modeling method, which changes over time in the simulation.

The squeezing effect can be ignored when the slipper is always under high loading pressure and the change in the extra
load is slight. The analysis is carried out isothermally. The pressure governing equation is as follows:
Pressure field Squeezing effect

Oil film shape

Elastic deformation

Un-uniform gap

External forces 
& motions

wear

Boundary conditionsHydraulic forces

Contact forces

Tribological part
Dynamical part
Tribo-dynamic model

Fig. 1. Tribo-dynamic model of slipper bearings.

Fig. 2. Tilting state description of the slipper oil film.
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where p is the pressure at an arbitrary point, g is the viscosity of oil, xs is the angular rate of the spin, x is the angular rate of
the cylinder, and R is the radius of the pitch circle.

The Reynolds pressure boundary condition is used in the present analysis. The oil film pressure is equal to the atmo-
spheric pressure in the cavitation:
pðh;RiÞ ¼ ps; pðh;ReÞ ¼ 0; ð3Þ
where ps is the pocket pressure. The geometric characteristics of the sealing belt affect the pressure periodically, thus the
periodic pressure boundary condition is as follows.
pð0; rÞ ¼ pð2p; rÞ: ð4Þ
For isothermal conditions, Roelands’ equation reduces to:
g ¼ g0 exp ln g0 þ 9:67ð Þ 1þ 5:1� 10�9p
� �z

� 1
h in o

; ð5Þ
where g0 is the viscosity at ambient pressure and z is the pressure-viscosity index. The index of z ranges from approximately
0.1–1.5 for various lubricants.

2.2. Simplified dynamical submodel

The pressure field of the slipper film is related to the forces/torques and motions. The slipper can be simplified as a thrust
bearing, which slides on the swash plate at high speed. Several forces act on the slipper, including the impacting force FN

from the oil pressure of the piston chamber,
FN ¼
pd2

ppp

4 cos b
; ð6Þ
the carrying force Wfz,
Wfz ¼
X

i;j

pijrjDrDhþ ppsAs; ð7Þ
the torque of the oil film Mf,
Mfx ¼
X

i;j

pi;jr
2
j sin hiDrDh; ð8Þ

Mfy ¼
X

i;j

� pi;jr
2
j cos hiDrDh; ð9Þ
the simplified overturning torque Mq:
Mqx ¼ msRcp

ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi
1þ tan2 b cos2 u

q
cos bx

cos2 uþcos2 b sin2 u

� �2
lg

Mqy ¼ 0

8<
: ð10Þ
and the friction torque Md caused by oil-film sharing:
Fig. 3. Simplified mechanical model of the slipper.
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Mdx ¼ 0
Mdy ¼ �lhFd

	
: ð11Þ
The mechanical model is shown in Fig. 3.
Three balance conditions must be satisfied in the analysis: an equilibrium condition, a flow balance condition, and an

extra torques balance condition. To obtain a computational model that is comparable with the experimental results, the
mechanical model must be corrected. First, the tilting along the x axis caused by centrifugal load can be ignored. The tilting
in the test results was attributable primarily to the shear stress in the oil. The tribo-dynamic characteristics of the slipper
under the effects of spin and centrifugal loads are analyzed in the present study.

The mathematical model of the oil film shape is given as follows.
FN �Wfzðho;a;/;pÞ ¼ 0
Mfxðho;a;/;prÞ þMqx þMdx ¼ 0
Mfyðho;a;/; prÞ þMqy þMdy ¼ 0
Q outðho;a;/; pÞ � Q inðpÞ ¼ 0

8>>><
>>>:

: ð12Þ
The shape of the oil film can be calculated using the equations above, but these highly nonlinear equations are difficult to
solve directly. First, the Discrete Newton Algorithm is used to solve the central film thickness ho and the pocket pressure
ps, which satisfies the balance conditions described above.
Let gða;/Þ ¼ jMfx þMqx þMdxj þ jMfy þMqy þMdyj ¼ 0: ð13Þ
When the torques of the slipper are balanced, the equation above has a minimum value of zero. The solution of the film
shape is simplified to an optimization problem as follows:
min gða;/Þ ¼ jMfx þMqx þMdxj þ jMfy þMqy þMdyj
s:t: 0 6 a 6 amax; 0 6 / 6 2p; FN �Wfz ¼ 0; Q out � Q in ¼ 0;

	
ð14Þ
where g(a,/) is the objective function and the decision variables are a and /. Analytical, stochastic, and exhaustive methods
are traditional methods used to solve optimization problems, but they have low efficiency and they are limited by the objec-
tive function. Thus, the NGA method is used to solve the optimization problem described above with high efficiency.

3. Solution method

3.1. NGA method

A genetic algorithm (GA) is a random search algorithm, which is loosely based on the processes of biological evolution,
natural selection, and genetic mechanisms. Compared with other optimization methods, GA has a higher capacity for global
optimization and it is independent of the objective function. GA is highly suitable for solving complex nonlinear problems in
the field of fluid machinery [23,24]. The basic idea of the GA is to code the problem and then generate a population of a spe-
cific size. A reasonable fitness function is used to assess the performance of the gene in the population, before reproduction,
crossover, and mutation are conducted as described in previous studies.

In the GA method, the ‘individual’ indicates a solution and the ‘population’ indicates a group of solutions that can be
selected. ‘Fitness’ is the evaluation metric used to assess the performance of a gene. The ‘gene’ indicates the characteristic
of every component of the solution.

3.2. GA parameters

(1) Decision variables:
a and /. Because the tilting angle of the slipper is always very small, the constraint conditions are
0 6 a 6 0:1�;0 6 / 6 2p. The equality constraint is as follows.
FN �W ¼ 0; Qout � Q in ¼ 0: ð15Þ
(2) Coding mode and the individual quantity of the population:
There are two genes in every chromosome. Similar to the optimization problem for hydraulic machines, the real-value
encryption mode is suitable. The size of the population is 20.

(3) The individual fitness function:
The target of the problem is the minimum value of the function, thus an individual with a smaller target value corre-
sponds to a higher fitness value. After sorting the data in order of descending target values, the fitness values of every
individual is given by the following equation:
Ffit ¼ 2
Pi � 1
N � 1

; ð16Þ
where Ffit is the fitness, Pi is the position of sorting, and N is the population size.



Fig. 4. Flowchart of the complete simulation.
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(4) Define the GA operator:
The random ergodic sampling method is used to select the operation and the middle recombinant operator is used in
the crossover operation. The nonuniform mutation operator is used in the mutation operation.

(5) The convergence conditions:
The iterations stop when the minimum value of an individual is less than 0.01.

3.3. Coupling simulation of tribo-dynamic model

Fig. 4 shows a flowchart of the complete simulation. The simulation begins with the initial parameters used as inputs,
such as the working conditions, structure parameters, and initial film thickness. Next, the pressure field of the oil film is
given and the film shape equation is established. The normal force governing equation is used to obtain the oil film force.
The wearing profile and the deformation participate in the simulation. If the residual is sufficiently small, the lubrication
characteristics are obtained. In this process, numerical integrations are used circularly. Thermal effects and roughness are
not included in this coupling simulation, but it is recommended that these effects should be investigated in future studies.

4. Experimental procedures

Based on the conditions used in the simulation described above, a test bench of slipper bearings was built. The bench
included a pump station, oil film testing system, driving motor, and data logging system. The test bench is shown in Fig. 5.

There are several differences between the testing system and the original pump to facilitate the acquisition of more suit-
able measurements.

(1) The cylinder was fixed and the swash plate could rotate.
(2) The high-low pressure transformer was canceled and oil at the same pressure was introduced into the symmetric

piston chambers.



Fig. 5. Schematic (top) and photograph (below) of the test bench system.
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(3) A position limiting device was installed outside the slipper to limit the spin movement.
(4) The measurement points were set outside the slipper to protect the sealing belt and the film thickness was measured

indirectly.
(5) Three electric eddy displacement sensors were distributed uniformly on a ring to obtain three point oil film

measurements.

The eddy sensors with wires might have been damaged by the spin of the slipper, thus a position limiting pin was used to
restrain the spin motion, but without affecting the tilting. The corresponding modifications of the mathematical model were
as described in Section 3. Hooke [25] showed experimentally that the tilt generated by centrifugal loads on the slipper and by
the friction between the ball and its cup occurs mainly along the radial direction. This tilt does not have substantial effects on
the hydrodynamic effect or the film thickness but it can change the film shape. The corresponding modification of the math-
ematical model was made as described in Section 3.3. In real pumps, the spin rate of the slipper increases slowly with the
speed of the cylinder and the spin rate decreases at a high working pressure. For these reasons, the limitations of the slipper
on a test bench under high speed and high pressure were deemed acceptable.

The oil film shape was described by a three-point method in the test and it could be transformed into the tilting descrip-
tion using a numerical method. The actual structure is shown in Fig. 6.



Fig. 6. Oil film thickness continuous measurement system.
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5. Results and discussion

The factors that influence the slipper include the operating conditions and structural parameters. The operating condi-
tions that can be changed included the cylinder rotating speed, oil temperature, swash plate angle, and the structure of
the slipper. In the ideal state, the slipper is well lubricated and it has a long working life with low friction and low leakage.
The lubrication properties have a substantial effect on performance.

The characteristics of the minimum film thickness and the central thickness are of most interest. The minimum film
thickness determines the lubrication state and wearing conditions of the sealing belt, while the central film thickness reflects
on the average film thickness, which is related to the anti-overturning performance. The tilting angle can be calculated from
the film thickness. This angle influences the hydrodynamic effect, carrying capacity, leakage, and friction torque.

The construction data for the slipper-piston parts are given in Fig. 7.
5.1. Effects of speed on the central film thickness

Fig. 8 shows the variation in the central film thickness with rotation speed at different loading pressures with an oil
dynamic viscosity of 0.025 Pa s. The red dashed lines represent the results of simulations and the black solid lines are the
test results. It is noteworthy that the speed in the simulation refers to the rotational speed of cylinder, but it refers to the
speed of the swash plate in the test. These two terms are equal.

With a certain swash plate angle b, the central film thickness increased with speed. This is because the hydrodynamic
effects increase with high speed. Fig. 8 illustrates the trend in the decreasing central thickness with increasing working pres-
sure. Hydrodynamic effects also strengthen with increasing working pressure. The central thickness is inversely proportional
Fig. 7. Cross-section of the slipper used in the test.



556 S. Lin, J. Hu / Applied Mathematical Modelling 39 (2015) 548–558
to the capacity for tilting resistance. At the same time, the leakage increases with the central thickness. The film thickness
determined from this model can be used to calculate parameters such as the carrying capacity, oil film torque, and leakage.

There were small differences between the simulated and experimental results. The thickness in the experiment was
approximately 1 lm larger than that in the calculation. The test results also exhibited slight discontinuity, which may be
due to test errors, possibly attributable to the friction of the wires and vibration in the system. These effects were observed
in all of the situations evaluated.
5.2. Effects of speed on the minimum film thickness

Fig. 9 shows the variation in the minimum thickness with speed and loading pressure. The black solid lines represent the
test results and the red dashed lines are the simulation results.

The general trends in the minimum film thickness were similar to those in the central thickness, which was also due to
the hydrodynamic effect. Both the simulated and experimental results showed that the minimum thickness was at a very
low level when the speed was low and in some conditions, hmin was even lower than 1 lm. In the design of a piston pump,
the roughness of the swash plate and slipper bottom is up to 0.4 lm. This means that the slipper pair is in a mixed lubrica-
tion state when the working condition is at a low speed and a high pressure, which may cause severe outer cylinder wear.
The frictional power loss is affected by this lubrication state. To reach the full-film lubrication state, the speed must be accel-
erated to a certain level to increase the hydrodynamic effect for overclamped slippers.
5.3. Effects of loading pressure on the minimum film thickness

The minimum film thicknesses with difference loading pressures are shown in Fig. 10. The black solid lines represent the
test results and the red dashed lines are the simulation results. The decrease in the film thickness was approximately linearly
as the pressure increased. This was because the overclamped slipper had an overclamp ratio of 1.021 when the swash plate
angle was zero. This indicates that 97.94% of the oil pressure force was balanced by the maximum hydrostatic thrust force,
whereas the other 2.06% of the force was carried by the hydrodynamic force. When the oil pressure increased, the unbal-
anced overclamp force became larger. The oil film thickness decreased to enhance the hydrodynamic effect and the carrying
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force reached a new balance. A higher speed caused a larger central thickness but less film stiffness. For these reasons, the
slope of the minimum film thickness vs the pressure curve was greater at high speeds.

5.4. Viscosity of oil

Fig. 11 shows that the minimum film thickness decreased as the temperature increased in a linear manner. All of the
results were obtained at a speed of 1000 rpm. The simulation results represented by red dashed lines correspond to the trend
in the test results denoted by the black solid line. Thus, the simulated results agree well with the experimental values. The
absolute values of the minimum thickness decreased as the supply pressure increased. The slopes of the lines were approx-
imately equal. The viscosity influenced the hydrodynamics effects greatly; therefore, overclamped slippers are more sensi-
tive to oil temperature than underclamped slippers.

6. Conclusions

Based on our mathematical and experimental study, the following conclusions can be made.

1. The tribo-dynamic model is a unified model that couples tribological and dynamical behaviors. The model can describe
the complex behavior of both overclamped and underclamped slipper bearings. Based on the model, the effects of the
operating conditions and structures on slipper bearings can be analyzed theoretically. Related problems may be
addressed in the future by building on the tribo-dynamic model.

2. The NGA method is effective for the tribo-dynamic modeling of slippers because of the nonlinear characteristics of the
equations. However, various solution methods can be used for different types of model. For example, the finite volume
method was used in a previous study of sealing rings based on a tribo-dynamic model.

3. The hydrodynamic effect caused by rotation speed is the key factor that balances the overclamped force. The oil film
forms at the same time. Both central film thickness and the minimum thickness increase with speed. The lubrication state
improves as the speed increases but leakage also increases. The wearing profile and elastic deformation have substantial
effects on the lubrication characteristics.
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4. Both the central and minimum film thicknesses are inversely related to the loading pressure. Overclamped slippers are
sensitive to the oil viscosity, thus the structural parameters should be designed well to maintain a full film state at low
speed and high pressure.
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